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An nancabiinilil of Flow Through Screens 


By W. D. BAINES! ano E. G. 


Analytical and experimental studies on the three princi- 
pal aspects of flow through screens are described: (a) 
The relative drop in pressure as a function of screen form 
and solidity ratio; (6) the capacity of screens to modify 
the velocity distribution; and, (c) the characteristics of 
the turbulence which screens produce. Because of their 
frequent hydraulic application, primary attention is given 
to relatively coarse lattices and perforated plates. Re- 
sults are presented in dimensionless graphs which are 
immediately usable for design purposes. 


NOMENCLATURE 

The following nomenclature is used in the paper: Ae. rb 2 


= total area of screen 
open area of screen 
bar width 

width of flow section 
coefficient of jet contraction : 


hole diameter 

interna! energy per unit volume 
height of flow section 


scale of turbulence 5 

mesh length or bar spacing 7 ‘ 


temporal mean pressure at any point 


ressure drop across screen 


pressure on upstream face of screen 

screen Reynolds number (R = Vob/v) 
solidity ratio of a screen ; 
instantaneous excess of the velocity above V 
temporal mean velocity at any point Pima 
spatial mean velocity 
distance downstream from mid-plane of screen 
horizontal distance in plane of screen his 
vertical distance in plane of screen 
general differences in x, y, 2 
diffusion coefficient dane 
microscale of turbulence 


INTRODUCTION 
Paradoxically, screens are used in fluid motion either for 
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it for which close approximations are available. 


rections. 
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the production or for the reduction of turbulence, and either 
for the creation or for the elimination of large-scale velocity or 
pressure nonuniformities. In the first dual category falls the 
introduction of screens to increase the mixing capacity of a given 
flow, and their opposite application in wind tunnels to obtain flow 
with minimum turbulence. The second includes the artificial 
simulation of boundary-layer velocity gradients on the one hand, 
and the prevention of separation in divergent flow on the other 
hand. The desired results invariably are accompanied by a loss 
of energy at a rate which is proportional to the drop in pressure 
across the screen. As this energy loss frequently limits the ef- 
fectiveness of the installation, it is a factor of primary importance. 
Hence the ultimate goal of a general investigation must be the 


_ determination of the effect of screen geometry upon (a) the pres- 


sure drop across the screen, (b) the modification of the velocity 
distribution caused by the screen, and (c) the characteristics of 
the induced turbulence. 

In 1945, investigations of flow through screens at the Iowa 
Institute of Hydraulic Research began with the compilation of a 
-memorandum “Review of Experimental and Theoretical Studies 
of Flow Behind Grids” (1).* This survey strengthened the im- 
pression that further experimental observations would be needed 
if the effects of the relatively coarse screens commonly used in 
hydraulic research were to be predicted. As a result, an experi- 
mental study was undertaken in January, 1946, and an interim 
report (2) was submitted to the Bureau of Ships in April, 1947. 
Since then the measuring techniques have been improved and 
-more detailed investigations completed. All of the results that 
have been obtained will be found in a report of July, 1949, to the 
Bureau of Ships and the Office of Naval Research (3), on which 


the present paper is based. 


THEORETICAL BACKGROUND 


A rigorous mathematical investigation of flow through screens 
is not possible at the present time, but there are certain phases of 
It is possible, 
as will be shown, to obtain expressions for the pressure drop, 
velocity modification, and turbulence parameters as influenced 
by the screen geometry. 

The geometry of screens, in general, may be varied by changing 
either the relative dimensions of the pattern elements or the pat- 
tern itself. The most common pattern is the square-mesh 
lattice formed of straight bars or wires evenly spaced in both di- 
Minor variations in this pattern result from using 
round or square bars, and from arranging the two rectilinear sys- 
tems in one or two planes. The woven-wire screens commonly 
used in industry are intermediate between the single- and bi- 
plane types. Another simple pattern in frequent use is repre- 
sented by the perforated plate. The relative scale of any pat- 
tern is best described by the solidity ratio, the fractional degree 
to which the screen obstructs the flow. The range of solidity 
ratio is from zero for no screen at all to unity for a solid plate. 
The full range is important, although the two limits have no 
practical significance. 

The pressure drop, i.e., the energy change through the screen, 
is evaluated by the pressure-drop coefficient k, defined by 


* Numbers in parentheses refer to the Bibliography at the end of 


be, 


+ 
r 
4 
= 
7 | 
A 
| 
1 
A 
| 
ape 


TRANSACTIONS 


where S = 1 — A,/A, is the solidity ratio and R = Vob/v is the 
Se Reynolds number of the screen. For large Reynolds numbers, 
rt in which case experiments show that k is independent of R, a 
theoretical expression for k in terms of the solidity ratio can be 
found. Thus, if the screen is imagined to produce a series of jets 
which coalesceJgradually in the downstream direction, Fig. 1, 


+. 
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conditions at three sections may be compared: (a) A cross section 
of the free stream well ahead of the screen, (b) the cross sec- 
tion at which the jets issuing from the holes are fully contracted 
but still essentially undiffused, and (c) a cross section of the free 
stream well beyond the screen. Between sections 1 and 2 it may 
be assumed that potential flow exists, while between sections 2 
and 3 conditions similar to those at any abrupt expansion may be 
assumed to prevail. Combination of the energy and momentum 
equations then yields 


= ps — pVA V2 — Vs)...... [3] 


_ Which may be written as 


Ags V; is the velocity in the contracted jets, and Ap is the drop in 
pressure — ps between sections 1 and 3. 


Tf the coefficient of contraction of the jets is denoted by C,, 


the equation of continuity can be written in terms of the open 
and total areas A, and A, as 


or, since S = 1— A,/A, : a 

Cii—S8) 
Equation [3] then becomes 


Ap ( 1 wees 1 
\C’—8) 

When the velocity of the approaching flow is not the same at 
all points in a cross section, the effect of the screen is to modify 
the velocity distribution, usually in such a way as to reduce the 
unevenness. Several investigators have studied the effects of 
sereens or velocity distributions in which the velocity differences 
from the average are small. Prandtl (4) and Collar (5) derived 
approximate expressions and Taylor and Batchelor (6) derived an 
expression very closely describing the flow in this case. When 
the velocity differences are not smal] compared to the average, 
a detailed evaluation may be obtained in the following manner: 
The momentum equation is written between sections 1 and 3 of 
the elementary longitudinal section shown in Fig. 1. After 
algebraic reduction the equation has the form 


Ap — D = + pf,, VV'dA’ 


where D is the total drag force of the screen which, expressed in 
terms of the pressure on the upstream face of the screen p, and 
the pressure on the downstream face p., is equal to S(p, — pr). 
The integral over A’, the side area of the cylindrical element, may 
be approximated by multiplying the average value of V’ = V, — 
V; by the mean of V; and V; or (V; + V3)/2. It should be noted 
that the resulting expression for the integral does not satisfy the 
momentum equation written for the entire cross section between 
sections 1 and 3, but no better approximation has been found 
which does so. Equation [8] can thus be written 


Ap — S(p, — = £ (V8 — 


Since it is known from experiment that the local pressure drop 
Ap is essentially the same for any velocity distribution, the only 
term to be evaluated before a definite relationship between V, and 
V; is obtained is p, — p2. To this end the expressions for the flow 
energy at the several points are considered. Measurements of 
p, and p, made on a 1-in-bar, 4-in-mesh screen in a flow with an 
even velocity distribution indicated that the upstream energy 
equation may be written 


. 


and the downstream energy equation 


k pV;? 
—p={1—— -——... 


k\ pVs? 
n—m= (1-4) 


The test results were such that either Equation [11] or Equation 
[12] described the conditions equally well. Combining Equa- 
tions [10] and [11] with Equation [9] yields the velocity-modi- 
fication equation 


> 
Vo 


{12) 


k + (Vi/Vo)* 


pV.t/2 
Hf From a dimensional analysis it follows that . 
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The usual (4, 5) form of expressing this relationship is (V;/Vo 
— 1) as a function of (V;/Vo — 1). Equation [13] can be so 
expressed by expanding it in a Taylor series about the point 
Vi/Vo=1. This gives 


Vo k+1\Vo 
1 (5k — 1) 
12 (k + 1)? 


Prandtl’s expression for the velocity modification (4) is simply on 


the first term of this series 


The rigorous analysis of Taylor and Batchelor (6) for small 
velocity differences gives the velocity-modification equation 


1 +a—ak 


l+a+k 
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This quantity is a third-degree second-order tensor, and all nine 
components must generally be taken into account. Only the 
most important components are considered herein. If the z- 
direction is taken along the mean flow, then the most important 
correlation coefficients are 


Vai’ 


Vez 

where the points 1 and 3 have the same y and z-co-ordinates and 
lie the distance X apart in the z-direction, and similar definitions 
apply to points 1 and 2, and points 1 and 4. Using these cor- 
relation coefficients, the longitudinal, horizontal, and vertical 
scales of turbulence at a point are, respectively, defined as 


Dryden and Schubauer (6) have verified this equation in experi- hs 


ments at the National Bureau of Standards and have deter- 
mined @ empirically as 


Ll 


Collar’s (5) expression 

+k 
is similar to Equation [16} in that it too indicates an overcorrec- 
tion downstream from the screen when S is greater than 0.4, that 
is, when V,/V> < 1, V3/Ve > 1; similarly, when V,/V> > 1, 
then V;/V» < 1, or points of below-average velocity upstream 
become points of above-average velocity downstream, and 
vice versa. 

Another velocity-modification equation results from the com- 
bination of Equations [10] and [12] with Equation [9]. This is 
+ (1 8) (Vi/Vo? 


k+(1—S) 


Which of the several equally reasonable velocity-modification 
equations is actually the best can be decided only on the basis of 
experimental results. 

The foregoing formulas consider mean flow conditions only, 
and do not apply to the random irregular motion of the fluid, 
known as turbulence. The instantaneous velocity and pressure 
at a point as functions of time would be the ideal properties to 
evaluate. However, this is not practicable, because of the com- 
plexity of the motion. As a result, statistical parameters of the 
velocity record are most useful. The root-mean-square of the in- 
stantaneous velocity fluctuations in excess of the mean velocity 
at a point is commonly known as the intensity. Thus defining 
the instantaneous velocity excess by » and its components by 
v,,v,, and», 

all of which are scalar quantities. 

If two points in a flow are considered, a correlation coefficient 
may be written involving one turbulent-velocity component at 


The microscale of turbulence A is defined in terms of the radius 
of curvature of the curve of correlation versus distance as the dis- 
tance between the points approaches zero (7). It is usually ob- 
tained by fitting a parabola to the curve at this point and is con- 
sidered to be a measure of the size of the smallest eddies. 

In the Eulerian system the turbulence properties of a flow can 
thus be described by the spatial variation of the intensity, scale, 
and microscale of the secondary motion. In the Lagrangian 
system the diffusive capacity of a flow is of great importance. 
The relation between the diffusivity € and the foregoing flow 
properties is not now known, although it may someday be de- 
rived. Consequently, the only means of evaluating € is through 
Taylor’s theory of diffusion by continuous movements (7). The 
distribution curves of any quantity (such as suspended material 
or heat) undergoing diffusion, tend to follow the normal error law, 
so that the root-meau-square ¢ of the lateral distance through which 
the quantity has been diffused may be determined directly from 
a semilogarithmic plot of the concentration of the quantity 
against the square of the lateral distance. For uniform isotropic 
flow the in inte nsity ea diffusivity are given by 


= Vim — 


and, for large values of x 


Flow through a screen has been represented as a number of 
jets which form independently and then gradually spread and 
coalesce with neighboring jets. Energy of the mean flow is thus 
converted into energy of turbulence by the eddies produced in the 
zone of intense shear surrounding each jet. These eddies imme- 
diately begin to decay, their energy thereby changing into heat. 
The zone of flow in which the turbulence is created can be an- 
alyzed only qualitatively, but much theoretical study has been 
given to the region of turbulence decay. 

If conditions are considered on the center line of one of these 
jets, Fig. 2, the velocity is seen to increase until the minimum he) 
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nolds number called the critical, separation and the onset of 
turbulence result, even though flow in the fore part of the screen 
is still laminar. This effect has been measured by Schubauer 
(12) for woven screens of circular wires. As the Reynolds num- 
ber increases, the laminar boundary layer becomes turbulent and 
the separation pockets behind the screen elements become stable. 
By comparison with the flow around elementary obstacles, it is 
to be expected that for large Reynolds numbers the effect will 
be independent of R for any type of screen element. This expec- 
tation has been verified by experiments. 


T 


EXPERIMENTAL EQuirpMENT AND TECHNIQUES 


Since the foregoing analysis is applicable to both liquids and 
gases at comparable values of the Reynolds number, it should 
make no difference which type of medium is used for experimental 
confirmation of the results. Air rather than water was used in 


Fic. Conversion or Enercy THrouGH a ScrREEN 
(Biplane lattice, M = 4in., b = 1 in.) 

cross section (the vena contracta) is reached, and then to decrease 
toward the velocity of the mean flow as a limit. Considering the 
turbulence in the upstream flow, the effect of this contraction 
and expansion is to decrease and increase the intensity of turbu- 
lence in accordance with the theory advanced by Prandtl (4). 
Furthermore, measurements of turbulence in a single free jet 
(8) are at hand from which a good approximation of the intensity 
in the region of eddy formation can be made. 

Downstream from the establishment region the turbulence 
approaches the isotropic condition, i.e., the intensity becomes the 
same in each of the three co-ordinate directions. As a result, the 
equations of motion and the correlation tensor may be greatly 
simplified. The basic laws of such flow have been established 
by von Karman (9), Frenkiel (10), and others, who have pointed 
out these simplifications, the most significant of which is that 
the iateral scales of turbulence L, and L, are equal, and each is 
exactly half the longitudinal scale L,. The effect of isotropy is 
best illustrated by noting the change of intensity and scale of 
turbulence with distance downstream from the screen. Von 
Karman (9), Frenkiel (10), and Batchelor and Townsend (11) 

each made tacit assumptions (none of which has yet been veri- 
fied) and derived expressions for the foregoing quantities. The 
expressions are all different, but each is in accord with the ex- 
-—perimentally known fact that the intensity decreases and the 


- gseale increases with increasing distance downstream from the 


The foregoing discussion has not mentioned the effect of the 
Reynolds number R = Vob/v, which should also be considered. 
At very low Reynolds numbers, not only is the flow laminar 

re bat inertial effects (such as separation) are negligible. When 
this is the case, no turbulence is produced, and the pressure re- 
_ duction is caused entirely by viscous shear. At a certain Rey- 


Iowa experiments not only because of its greater convenience but 
due as well to the availability of turbulence instruments for 
gaseous rather than liquid media. 

All investigations were conducted in a nonree irculating air 
tunnel at the Iowa Institute of Hydraulic Research. The plenum 
chamber of the tunnel was 18 ft wide and 11 ft high, and had 
three sets of stilling lattices to eliminate large-scale disturbances 
before the air entered the tunnel proper. At the entrance of the 
test section immediately downstream from the contraction was a 
15-in. honeycomb with square openings 0.2 ft from center to 
center. The test section was 6 ft wide and 4 ft high with a usable 
length of 18 ft; tracks fastened to the ceiling supported a carriage, 
facilitating easy motion and adjustment of instruments in any 
of the three co-ordinate directions. A Clarage fan located im- 
mediately downstream from the test section was driven by a 
7'/-hp electric motor. A rheostat on the motor and a bank of 
adjustable louvers at the exit of the test section gave a sensitive 
control of the air velocity from 1 to 25 fps. 

The basic set of screens studied were a series of five biplane lat- 
tices made of square 1-in. bars with square meshes 1'/:, 2, 22/;, 
4, and 8 in. in size, Fig. 1. Two other lattices were made of 
'/, and 3-in. bars and 1'/; and 12-in. meshes, respectively. These 
lattices thus represented a fivefold variation in M/b with 6 
constant, and a ninefold variation in b with M/b constant. One 
single-plane lattice made of 1-in. bars with 2-in. mesh was made 
for comparison with the biplane lattice of the same dimensions. 
For a different geometrical configuration, three perforated plates 
were made of */,-in. hardboard with holes in a hexagonal 
pattern 2, 4, and 8 in. on center, respectively; the corresponding 
hole diameters were 1.04, 3.14, and 7.40 in., so that the solidity 
ratios were the same as those for the 2, 4, and 8-in. lattices. 

The pressure drop across the screens was measured by a series 
of 6 piezometer openings installed on 2-ft centers in the floor of 
the tunnel. The pressures at these openings were determined 
by a sensitive Wahlen-type differential gage reading to the near- 
est 0.001 in. of alcohol. For the measurement of mean velocity, 
the same gage was used with two Prandtl-type Pitot tubes '/s and 
3/, in. diam, respectively. Two piezometers installed at the be- 
ginning and end of the bell mouth permitted a continuous indi- 
cation of the total flow in the tunnel, since the differential pres- 
sure between them was proportional to the square of the average 
velocity in the test section. 

The hot-wire type of anemometer was used to measure the in- 
tensity of turbulence v,’/V, the lateral correlation coefficient 
Ry, and, consequently, the lateral scale L,. The intensity was 
measured using a tungsten wire 0.10 in. long and 0.00031 in. 
diam in conjunction with an electronic amplifier, the constant- 
temperature principle of operation being adopted throughout. 
The complete electric circuit and method of operation are 
presented in references (13) and (14). In the measurement sail 
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the correlation coefficient, two wires were placed an adjustable 
distance apart as described in reference (15). 

For purposes of comparison, the intensity of turbulence in the 
regions of uniform velocity was also measured by the diffusion of 
heat and of sulphur dioxide. In the sulphur-dioxide tests a fine 
hypodermic needle, 0.05 in. OD and located various distances 
downstream from the screen, emitted gas at the same velocity as 
that of the ambient air. At successive sections downstream from 
the source a continuous sample of the air-gas mixture was drawn 
into another hypodermic needle and thence into the helix of a 
conductivity meter, where it was combined with an equal volume 
of redistilled water to absorb the sulphur dioxide. As the water 
passed two platinum electrodes, the resistance of the solution— 
and hence the amount of sulphur dioxide present—was measured 
by a voltmeter. From lateral traverses with this equipment at 
different positions, a series of gas-distribution curves were obtained. 
For the heat tests, the source was a nickel-alloy wire 0.004 in. 
diam and 12 in. long, supported horizontally in the air stream and 
supplied with electric current from storage batteries. Trans- 
verse temperature traverses were made with a copper-constantan 
thermocouple 0.01 in. diam located at various sections down- 
stream from the heatingwire. Thus heat-distribution curves simi- 
lar to the afore-mentioned gas-disiribution curves were obtained. 


INTERPRETATION OF RESULTS 


Energy Transformation. Computation of the theoretical pres- 
sure drop through a screen depends upon proper evaluation of 
the contraction coefficient. The amount of contraction depends 
in turn upon the approach conditions, the transverse and longi- 
tudinal geometry of the screen, and the degree of rounding of the 
upstream edges of the holes. With sharp upstream edges and a 
small longitudinal thickness of the screen, the contraction may 
be approximated by using the coefficients determined theo- 
retically by von Mises for two-dimensional flow, which have been 
found to be closely indicative of three-dimensional flow as well 
(16). For well-rounded edges and a relatively thick screen, 
however, the contracted area will approach that of the hole itself, 
corresponding to a contraction coefficient of unity. The curves 
representing these limiting conditions in Fig. 3 are labeled I for 
the sharp edge and II for the rounded edge. 

As would be expected, the experimental pressure-loss data for 
flow through the perforated plates closely follow curve I, since 
the plates were all relatively thin and the perforations sharp- 
edged. On the other hand, although the lattice bars also had 
relatively sharp upstream edges, their longitudinal thickness 
was the same as their transverse width. For relatively 
smal] solidity ratios this should have little influence, but for larger 
solidity ratios the thickness of the bars approaches the width of 
the holes and thereby gives a short-tube effect; such conditions 
are further accentuated by the fact that the vertical and horizontal 
edges are displaced the longitudinal distance b, because of the 
simple lap construction. The trend of curve III, drawn through 
the experimental points for the lattice-type screens, is in agree- 
ment with this reasoning, as it meets curve I for small values of 
solidity ratio but departs therefrom for larger values. It is sig- 
nificant that two of the points in Fig. 3 were obtained with flow- 
ing water, one for a perforated plate and the other for a lattice; 
agreement of data for the two fluids was found to be excellent. 

Curve IV represents data for round-bar screens presented by 
Eckert and Pfliiger (17). For relatively large solidity ratios the 
upstream edges of each hole are so well rounded that the jet con- 
traction is negligible, the flow thereby approaching the pattern 
assumed for curve II. As the solidity ratio decreases, however, 
the relative effect of the rounding becomes smaller, the function 
approaching the same limit as that for the sharp upstream edge 
assumed in curve I. 
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The Reynolds number in all of these tests was in the range of 
10° to 10‘ and no variation of k with R was observed. A varia- 
tion has been noted by Schubauer (12), but in this case the Reyn- 
olds numbers were less than 100. 

There are several interesting conclusions which may be drawn 
from a closer investigation of the energy change through a screen. 
If conditions along a streamline are studied with reference to 
conditions at a given point, then the following equation may be 
written 

+ + 0," + 0,") +h = const. .. (26) 
The first two terms represent the energy of the mean flow, the 
third the energy of turbulence, and the fourth the internal energy 
(heat), per unit volume. This is the Bernoulli equation for 
the steady flow of a fluid whose density is assumed to be constant. 
It merely illustrates the fact that along a streamline iu steady 
flow the energy per unit volume may be converted from one form 
to another but that the sum of the several forms is always con- 
stant. 

A more convenient version of Equation [26] is obtained by 
writing it for two points, one far upstream from the screen repre- 
sented by the subscript 0, and the other a general point. At the 
upstream point the turbulence is negligible and the pressure, ve- 
locity, and internal energy are the same on every streamline. 
Writing p — po = Ap and h — ho = Ah and dividing the entire 
equation by gives the dimensionless form 


Ap Vv \: v," v,’ v 
want + (FY + (HE) + 
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-< The terms of Equation [27] which can be measured exper- 
mentally are presented in Fig. 2 for the streamline which passes 
through the center of a hole in a lattice of M = 4 in. and b = 1 
The curves which result are generally typical of those ob- 
tained for any screen along a similar streamline. In the same 
figure, the internal energy computed by Equation [27] is also 
presented for comparison. It should be noted that, for the energy 
of turbulence, measurements of (v,’/Vo) only were available, so 
that as a first approximation, it was assumed that the two re- 
maining terms were the same. From other investigations (18), 
it is known that these terms are smaller than (v,’/V») and hence 
the calculated turbulence energy is too high. However, com- 
parison of the size of the turbulence energy to that of the other 
forms shows that this error is negligible. 

Several fundamental features of the conversion from mechani- 
eal energy into heat are illustrated by the plotted curves. Pri- 
marily, although the rate at which the mean-flow energy de- 
creases is large, the gradient of the mean velocity is too small for 
the viscous shear of the mean flow to play more than a minor 
role in the conversion process; in other words, most of the energy 
lost by the mean flow is evidently first transformed into energy of 
turbulence. Then too, the fact that the maximum rate of in- 
crease of Ah occurs at the section of maximum turbulence 
points to the turbulence itself as the primary mechanism of 
energy dissipation. Finally, the comparatively low value of 
the turbulence energy indicates that the viscous shear produced 
by the turbulence is very great and that the conversion of me- 
chanical energy into heat by this process is very rapid. 

Modification of Velocity Distribution. The method of investi- 
gating the effect of a screen on the distribution of mean velocity 
was to create an arbitrary velocity distribution upstream from a 
screen and measure the resulting downstream velocity profile. 
The profiles predicted from Equations [10-19] were then com- 
pared with the true profile. Such an investigation.was conducted 
for velocity distributions varying in both one and two directions 
over the cross section. 

For the one-directional tests, wooden bars 7/s in. deep, '/, in. 
wide, and 4 ft long were mounted on three '/,;in. rods 6 ft long 
in such a manner that the spacing between bars could be varied. 
This grid was mounted in the upstream portion of the test sec- 
tion, and the bar spacing adjusted so that the velocity varied 
approximately linearly from one side of the tunnel to the other. 
The transverse velocity gradient thus obtained remained essen- 
tially constant over the entire length of the test section in the 
absence of additional screens. Each screen tested was placed in 
this flow and velocity distributions were measured a sufficient dis- 
tance downstream from it to be out of the region affected by the 
individual jets. 

Typical results of this series are presented in Fig. 4(a, b, c), to- 
gether with theoretical downstream profiles computed for the 
experimental upstream distributions using Equation [15]. This 
equation is used in preference to Equations [13] and [19], be- 
cause it is much simpler in form. Although the results of com- 
puting the velocity corrections by the other equations are not 
shown, several points should be noted. For all solidity ratios 
Equations [13], [15], and [19] give results differing less than 2 per 
cent. All equations appear to fit the experimental points at 
low solidity ratios. For large solidity ratios Equations [16] and 
[18] are greatly in error; although Equations [13], [15], and [19] 
give a result of the right order, they indicate only roughly the 


general trend of the data. 


At low solidity ratios, the agreement between theory and ex- 
periment was quite satisfactory. As the solidity ratio of the 
screen was increased, however, the velocity began to deviate ap- 
preciably from the linear distribution given to the flow by the 
variable grid. For ratios greater than 0.5, in fact, the deviation 
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was so great that it entirely obliterated the modifying effect 
which the screen was expected to have. The reason for this 
phenomenon probably lies in the slight difference in pressure be- 
tween the jets and the surrounding fluid involved in the entrain- 
ment process. For low solidity ratios this plays a negligible 
role, and each jet remains a stable entity until the diffusion is 
complete. For high solidity ratios, on the other hand, minute 
variations in bar size or spacing apparently lead to sufficient 
variation in velocity and pressure from one jet to the next to 
cause neighboring jets either to diverge or to coalesce. The 
flow thus becomes unstable, individual jets combining to form 
local zones of high and low velocity at quite unpredictable loca- 
tions. Corrsin (19) and von Bohl (20) have observed the same 
phenomenon downstream from two-dimensional grids. This 
effect is clearly shown in Fig. 5 which presents the transverse 
velocity distribution downstream from the lattice for which 
M = 2in., and b = 1 in. (S = 0.75) under uniform upstream 
conditions. It should be noted he’ 
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lengths were all within 1 per cent of the nominal size. The agree- 
ment of the downstream velocity traverses in Figs. 4(a) and 5 
indicates that the upstream velocity variation has little effect 
upon the flow downstream from this screen. 

A region of low velocity similar to that in the wake of a body 
was produced in the test section by placing four circular 16-mesh 
screens of 0.014-in. wire which had diameters of '/, ft, 1 ft, 
1'/, ft, and 2 ft concentrically on each other on the upstream face 
of the inlet honeycomb. Using Equation [15], comparisons of 
the actual and theoretical velocity distributions downstream 
from the screens were made, typical results of which are shown 
in Fig. 6(a, b, c). Traverses on the lateral center line are pre- 
sented, these being representative of the flow. Here aguin the 
unstable flow was apparent downstream from the screens of large 
solidity ratio. However, for values of S below 0.5 there was 
reasonable agreement between the actual and theoretical velocity 
distributions. 
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A third series of experiments were conducted with a high-veloc- 
ity region in the center of the tunnel, obtained by efflux from a 
3/,-in. jet immediately downstream from the honeycomb. The 
screens were inserted in the tunnel 10 ft downstream from the jet. 
Upstream velocity traverses wore made at a section 1 ft before 
the screen. Preliminary measurements in the clear tunnel indi- 
cated that the reduction of the center-line velocity in the 1-ft 
distance between the point of measurement and the screen was 
only 5 per cent; this reduction was taken into account, however, 
in computing the theoretical downstream velocities, and the 
corrected upstream traverse is presented. As before, velocity 
traverses were taken a sufficient distance downstream to be out 
of the region affected by the individual jets. For nearly all 
memes os modification of the velocity distribution was ¢ eater 
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than predicted by Equation [15], as seen from the typical curves 
plotted in Fig. 7(a,b,c). (For the cases in which the continuity 
relationship does not appear to be satisfied, the discrepancy is due 
to asymmetrical flow downstream from the screens.) In these 
tests, the positions of the bars in the screens of intermediate solid- 
ity ratio were found to have a great effect, the upstream bars of 
the screen guiding the flow along their length and restricting its 
movement laterally. The screen of greatest solidity ratio (M = 
1'/, in., 6 = 1 in.), and the one of smallest solidity ratio (M 
= 8 in., 6 = 1 in.) did not show as great a guiding tendency. As 
was to be expected, a single-plane lattice for which M = 2 in. 
and 6 = 1 in. showed no tendency to change the flow pattern in 
this manner, although the flow downstream from it was as un- 
stable as that downstream from the biplane lattice of the same 
dimensions. 

A rather strange phenomenon was observed when the pevfo- 
rated plate with M = 2 in. and D = 1.04 in. was tested in the 
circular jet and wake, the flow downstream being just the reverse 
of that predicted by Equation [15]. An effect of this type but 
of much larger order is indicated by Equations [17] and [18]. 
No reason for the behavior of this single screen is apparent, 

Intensity of Turbulence. As in any case of jet diffusion (8), the 
flow downstream from a screen displays two successive regions of 
quite different characteristics. The first is that of flow estab- 
lishment, in which the anisotropic turbulence generated around 
each jet periphery diffuses inward toward the center line and out- 
ward toward the neighboring jets. The other is a region of es- 
tablished flow in which the process is predominantly that of iso- 
tropic turbulence decay. The common limit of the two sections 
evidently depends primarily upon the mesh length of the screen, 
since this is a measure of the relative jet geometry. 

Experiments indicate that a distance of 5 to = mesh lengths 
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Unfortunately, no theoretical analysis is known 
for conditions in this region. 

There is obviously considerable scatter of the 
data in all regions of Fig. 8. That to the right 


of the maximum is quite systematic, however, 
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since—as first predicted by von Karman (21)— 
in the region of isotropic turbulence decay it is 
the bar size b rather than the mesh size M which 
is the significant reference length. Figs. 9 and 
10 show the corresponding plots in terms of the 
bar size for the biplane lattices and the perforated 
plates, the quantity b being replaced by its 
counterpart M — 0.952 D (the average width of 
the solid portion between perforations) in the lat- 
ter case. The fact that the data from the 
lattices and the perforated plates coincide for 
large values of x/b is significant, indicating that 
the influence of the screen geometry on the in- 
tensity extends only a relatively short distance 
downstream. It was not possible to take meas- 
urements for the 8-in. perforated plate at large 
enough values of z/b to be out of the region 
of turbulence establishment, so that these meas- 
urements do not fall on the same line. 
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downstream from any screen is necessary to insure reasonably 
good flow establishment. The maximum intensity of turbu- 
— lence along the center line of a jet, on the other hand, is reached 
within 2 or 3 mesh lengths from the screen, as evidenced by the 
data for biplane screens plotted with reference to the mesh length 
in Fig. 8, and is roughly proportional to the ratio b/M. The 
same function was found to apply to the one single-plane lattice 


in the case of perforated plates; however, the latter data dis- 
played too great a scatter for definite conclusions to be drawn. 


The data presented for large values of z/b fit the decay law de- 
rived by Frenkiel (10) much better than the one derived by 
Batchelor and Townsend (11). The Reynolds number of the 
' L,/v at z/M = 40 is between 500 and 
800 for all screens investigated; by Frenkiel’s reasoning it is, 
therefore, large, and the following approximate relation 


turbulence defined as rv, 
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in which the subscript 0 denotes conditions at an arbitrary start- 
ing point, should therefore apply. Because of the short range of 
z/b for which the data follow the —5/; slope, the law cannot be 
verified completely, but a strong indication is obtained. For 
comparison, the data on the decay of turbulence from references 
(15) and (18) are also plotted in Fig. 9. These follow the same 
line as the data obtained at the Iowa Institute. 

Fig. 11 presents the results of measuring the intensity of turbu- 
lence by the heat-diffusion and gas-diffusion methods previously 
described. The data from these methods show much more scat- 
ter than those taken with the hot-wire anemometer but cluster 
about the same line. This fact may be used as an indication of 
the isotropy of the turbulence, since the heat-diffusion method 
measures either v,’ or v,’ and the gas-diffusion method a radial 
intensity of turbulence related tov,’ and 2,’. 

Correlation Coefficient and Scale of Turbulence. The correla- 
tion coefficient defined by Equation [22b] was measured with 
the constant-temperature hot-wire anemometer and the system 
used in reference (15). Because of the fact that this method 
gives correct results only when the velocity and intensity do not 
vary with y, the range in which Ry measurements were made was 
much smaller than the range covered in the velocity and intensity 
measurements. A typical dimensionless plot of a correlation 
curve is given in Fig. 12 for the biplane lattice with M = 8 in., 
b = 1 in., and a fourfold variation in z/b. The theories of von 
Karman (9) and Frenkiel (10) cannot be substantiated because of 
the short range, although there is no appreciable change in the 
shape of the curve in the range investigated. No negative cor- 
relation was apparent in the region Y/L, > 4, although such 
has been noted by other observers. 

The lateral scale of turbulence defined by Equation [236] was 
computed from the measurements of Ry for both the biplane 
lattices and the perforated plates. The resulting values are 
plotted in Fig. 13, together with measurements of Corrsin (18), 
and the best-fit curve of the Bureau of Standards (15) for refer- 
ence. The results from references (15) and (18) were obtained 
under conditions similar to those at the Iowa Institute. The 
straight line in this figure indicates that L, varies directly with 
(z/b)" (the exponent n is between 0.53 and 0.56), but is not a 
yee of z/b only, as is the intensity. No definite trend of 

we with eRe or R, the aes number of the screen, has 
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been noted. The of ing the scale will have to be 
improved and the range of z/b extended before further conclusions 
can be drawn. 


Summary CoNcCLUSIONS 


This paper covers investigations of the effects of relatively 
coarse lattices and perforated plates placed perpendicular to a 
fluid flow. The effects investigated were dictated by the uses 
made of screens and were divided into three main categories, 
i.e., the pressure drop across the screen, the modification of the 
velocity distribution caused by the screen, and the turbulence 
resulting downstream from the screen. The investigations, all 
of which were conducted in air at high screen Reynolds numbers, 
may be summarized as follows: 


1 The pressure drop was evaluated both theoretically and 


experimentally for various screen types and solidity ratios 
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Good agreement between theory and experiment was obtained. 
2 The modification of the velocity distribution in which the 
variations are large was investigated Sy an approximate theoret- 
ical treatment and by experiments. Satisfactory agreement be- 
tween theory and experiment was obtained for screens having 
solidity ratios less than 0.5, whereas screens with solidity ratios 
greater than 0.5 were found to yield unstable flow downstream. 

3 The establishment and decay of turbulence downstream 
from screens were investigated experimentally and the decay com- 
pared to theoretical expressions derived by other investigators. 
It was found that the approximate expression of Frenkiel (10) 
most closely represents the true decay. The resulting curves can 
be used in practical design to predict the turbulence downstream 
from a screen if the screen Reynolds number exceeds 100. 


_ 4 The variation of the lateral scale of turbulence in the iso- 
tropic region downstream from a screen was investigated over a 


proximate accord with the trend of data obtained elsewhere for 
greater distances downstream. 


To be concluded from these studies is the fact that there is a 
particular combination of screen characteristics which is most 
efficient for a particular type of screen application. For ex- 
ample, a single screen made of large bars is more effective in the 
creation of turbulence, whereas several screens made of smal] bars 
are preferable in the dissipation of turbulence. For the elimina- 
tion of variations in the velocity distribution, a series of uniform 
screens of low to moderate solidity ratio is indicated; on the 
other hand, for the production of velocity variations, a single 
screen of correspondingly varied solidity ratio may be used. If a 
considerable dissipation of energy, i.e., reduction of pressure, is 
required, this may be obtained with a single screen of high solidity 
ratio—but at the expense of evenness in the velocity distribu- 
tion. Far to be preferred is a series of screens of moderate solidity 
ratio. In all cases the shape of the screen elements is of secondary 


x a 


importance, in that it influences the energy loss but not the 
general distribution of velocity and turbulence. In no case is a 
solidity ratio greater than 0.5 to be recommended, owing to the 
instability which oecurs at higher values. By means of the rela- 
tionships presented in this paper, quantitative predictions may be 
made of the flow modifications to be expected in any such screen 
application, provided the screen Reynolds number is above 
100. 
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Discussion 


Puiturp Ersenpera.* For purposes of application of screens 
for modification of velocity profiles, it is of much interest to know 
how far downstream from the screen one must go before the pro- 
file becomes stabilized. Another point of interest is in connection 
with the statement that some experiments were conducted to de- 
termine velocity profiles behind a screen extending only partially 
into the windstream. Such a device has been used for the creation 
of artificial boundary layers. However, it is not clear that the 
conditions (shear distribution, etc.) in such “boundary layers” 
are the same as in actual boundary layers having the same veloc- 
ity profile; nor is it clear that such boundary layers will continue 
to grow like boundary layers starting from the leading edge of a 
plate or body. Were measurements taken during the latter ex- 
periments which would tend to answer these questions? 


F. N. Frenxrev.* Prof. Th. von Karmdén often says that 
hydraulics is a science of variable constants. Investigations 
similar to those made by the authors help to change this situa- 
tion. 

The understanding of turbulence phenomena, is, or at least 
should be, of great interest to the hydraulician. Problems of 
sedimentation and erosion wil] not be explained completely with- 


‘out the study of turbulence. Mixing processes and dispersion in 


fluids are directly dependent upon it. Almost all flows with 
which the hydraulician is concerned are turbulent. It seems that 
the results which are reported in the paper will give some of the 
data which are needed for applications. Those data are certainly 
of importance to the basic understanding of turbulence phenom- 
ena for a fluid dynamicist. 

The authors mention that the relation between the diffusivity 
and the characteristics of turbulence which they are using is not 
known at the present time. The writer agrees with this state- 
ment but he would like to emphasize its significance. As the 
authors indicate in the nomenclature, the diffusivity is defined by 
e = v’'L. In this relation L is the Lagrangian scale of turbulence 
L R(h)dh; R(h) is the Lagrangian coefficient of correlation 
This correlation coefficient is obtained by considering the V-com- 
ponents of the velocity of the “same turbulent particle” at two 
instants separated by an interval of time h. The correlation cc- 
efficients R,, R,, R, used by the authors are Eulerian space corre- 
lations and are computed with the components of the “simultane- 
ous” velocities at “two points” of the fluid. The writer hopes 
with the authors that the relation between the Eulerian and 
Lagrangian correlation coefficients will be found in the near 
future. 

There is considerable interest in the decay of turbulence. Vari- 
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ous theories were suggested, and there is need for good experi- 
mental results to check the limits of the validity of those theories. 
The authors have compared their experimental results to the 
theoretical equations for the decay of turbulence. The writer is 
glad to see that they conclude that the relations which he gave 
some time ago fit their experiments rather well. It would be of 
great interest to continue the experimental measurements at 
various conditions, more particularly at higher Reynolds numbers, 
in order to find when and if other decay laws can be approached 
experimentally. It is hoped that the Iowa Institute of Hydraulic 
Research which has contributed already so much to hydraulics 
will continue to transform what was till not very long ago an art, 


into a science of constant constants. 


J. F. Roserrs.* This paper presents valuable data which will 
enable interested parties to determine the losses through screens 
and baffles. This is of value both to those who are measuring the 
losses in air and to those who are using water as a medium. An- 
other type of baffle for smoothing out flow has been used success- 
fully where the water discharged from a pipe in an open pit must 
be measured over a weir. These conditions exist both in our 
pump-testing laboratory and in the laboratory where we test 
model turbines. We have found that perforated plates of '/,-in. 
metal with '/; or 5/s-in. openings punched as close as possible and 
with the two plates supported about 4 to 6 in. apart, and with the 
space in between filled with a gravel about twice the diameter of 
the perforations in the plates, makes an excellent baffle. 

In order te smooth out the concentrated flow discharging from 
the pump or turbine and make it approach the weir evenly dis- 
tributed and without disturbances, we find it necessary to main- 
tain a definite head drop of from 4 to 8 in. through these gravel 
baffles. When such head drops are maintained, the results are 
quite satisfactory, and reliable weir measurements can be ob- 
tained. 

Where we use Venturi meters for measuring flow, then some 
form of baffle which tends to straighten out the whirls in the pipe 
is desirable. 
length about equal to the diameter of the pipe and divide the pipe 
into about six or eight pie-shaped pieces. Such whirl-straighten- 
ing pieces are desirable ahead of the Venturi meter, especially 
where elbows and turns are used in the pipe. 


G. B. Scuusaver.’ This paper clarifies a subject on which 
there is considerable practical interest, namely, the effects pro- 
duced by coarse grids in confined streams. Questions such as the 
following have frequently been raised in the past and could not be 
answered because the information was not available: (a) What is 
the maximum intensity of uniformly distributed turbulence that 
can be expected from the use of a grid? (6) What is the effect of 
the geometry of the grid; should the bars be square or round, or 
is there some special advantage in using a perforated plate? (c) 
What unwanted effects are likely to appear? This paper provides 
most of the answers. Question (a) has not been fully answered 
because no tests appear to have been made for lateral variations 
in the intensity of the turbulence. 

The work done at the National Bureau of Standards on the use 


of fine screens to reduce turbulence in wind tunnels is given in a 


paper by H. L. Dryden and the writer,® and in a later contribu- 
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tion to this subject,® including the effect on spatial variations. 
The results given in the latter paper show the reduction of spatial 
variations to agree best with Equation [16] of the present paper. 
The reversal predicted by this formula was definitely found. 

It is interesting to note that certain phenomena associated with 
fine screens (perhaps more appropriately called wire cloth) closely 
parallel those associated with the coarse grids. An apparent 
coalescing of jets occurs under similar circumstances. Solidities 
greater than 0.5 are likely to produce large spatial variations in 
velocity, and these are sometimes accompanied by time variations 
having the character of a high turbulence. Just as with the coarse 
grids, fine screens usually perform well when the solidity is low 
and generally perform poorly when the solidity is high, with the 
dividing line about 50 per cent solidity. 


T. T. Stao.'® In this paper the authors give us an analysis of 
the pressure drop in flow through a screen spanning the entire 
section of a conduit or channel. The assumption that the pres- 
sure drop through a screen with a multitude of openings is the 
same as that through a plate with a single opening, provided that 
the openings of both are of the same geometrical proportions, is 
reasonable. Certainly, the pattern of flow through a screen is 
simply a multiple of that for a single opening, considering that the 
center lines of the bars composing the screen merely represent 
axes of symmetry of the over-all flow. The authors’ further as- 
sumption that a partial constriction in the form of a plate com- 
bines the features of an orifice and an abrupt enlargement, and 
hence is subject to simple, one-dimensional analysis, is equally 
plausible. The soundness of the resulting equation 


[ 1 2 
—S) ] 
is best reflected by its close agreement with the authors’ experi- 
mental results for screens of solidity ratio S > 0.24. 

The pressure drop through a screen must be defined as the 
difference of the pressures at a section upstream from the screen, 
just before the flow becomes nonuniform, and at a section down- 
stream from the screen, where the flow becomes uniform again. 
The pressure drop times the cross-sectional area A, of the con- 
duit, however, must be balanced by the drag force of the screen, 
neglecting the resistance along the tunnel walls and other forces 
of secondary importance between the two sections. Defining the 
drag coefficient Cp of a body as the ratio of the drag to the prod- 
uct of the dynamic pressure pV,?/2 and the projected (or solid) 
area A, of the body, we have from Equation [29] the drag coeffi- 


cient for the screen 
l 2 
= [ 1 
Cl — 8) 8 


For the particular case of a screen composed of round bars, 
Cis then essentially equal to unity, and Equation [30] reduces to 


[29] 


ApA, 
pV.tA,/2 


Ap 


9 [30] 


S 
Since the foregoing analysis is based on the usual one-dimen- 
sional simplifications of closed-conduit flow, Equations [30] and 
{31] may be expected to apply only so long as such flow condi- 
tions are realized. When the solidity ratio of a sereen is small. 
on the contrary, the pattern reduces to that of flow around a serie. 
of essentially isolated (though continuous) elementary forms. 


Cp = 
I {31] 


* “Aerodynamic Characteristics of Damping Screens,” by G. B. 
Schubauer, W. G. Spangenberg, and P. 8S. Klebanoff, NACA Techni- 
cal Note 2001, 1950. 
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The screen must then be regarded as an immersed body rather 
than a conduit constriction. This should be apparent from the 
fact that both Equations [30] and [31] require Cp to approach 
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ference between the two branches of the pressure curve is seen 
to be quite marked. 


Hunter Rouse." Because of the rapidity with which de- 
velopments have occurred in the field of screens research, suc- 
cessive delays in the publication of this paper may seem to have 
robbed it of a certain degree of timeliness. The fact remains, 
however, that it was prepared specifically for use in the various 
phases of hydraulics, and to this branch of the fluids profession it 
should continue to be timely for many years tocome. Hydraulic 
engineers are only slowly becoming faced with the necessity of 
producing flow conditions long since demanded of aerodynamic 
installations: high recovery in regions of flow expansion, con- 
stant velocity across particular sections, and either minimum 
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zero with decreasing values of S, which is far from true. For the 
same reason, Equation [30] cannot be correct at small solidity 
ratios, even though it correctly indicates that Ap/(pVo?/2) = 0 
when S = 0. For example, as the solidity ratio approaches zero, 
a lattice screen takes the limiting form of a series of bars which 
are infinitely far apart; if the bars are round, the limiting value of 
Cp will be about 1.2, and if flat (a first approximation to square, 
for which data are not at hand), Cp will be about 2.0. As S—0, 
therefore, Equation [29] must be modified according to the true 
limits of Equations [30] and {31}. 

On the assumption that the pressure-drop coefficient fo a 
given solidity ratio can be determined from the drag coefficient 
through multiplication of the latter by 1/S, the writer has sought 
to correct the authors’ pressure curves in the region of low solid- 
ity. Curves for pressure drops and drag coefficients for screens 
of both the thin-plate and the round-bar type were first con- 
structed, as shown in Fig. 14, in accordance with Equations 
{29}, [30], and [31]. With the guide that the drag coefficient 
for the two types of screens must approach 2.0 and 1.2, respec- 
tively, as S approaches zero, the curves for the drag coefficient 
were modified by eye (guided by the one available point deter- 
mined by the authors in this region). Then by a simple con- 
version of the modified drag coefficient to the pressure drop the 
modified curves for the latter were obtained. In the case of 
round bars (for which the correction is the less accurate), the dif- 


I 


turk or a turbulence intensity of predetermined magnitude. 
The information presented in this paper should be of lasting value 
in permitting such conditions to be realized. 

One feature which the authors treat only indirectly is more 
fully discussed in a paper from the Bureau of Standards to which 
they refer’? and the results might well be noted herein for the 
sake of completeness. This is the matter of reducing the turbu- 
lence of any flow to a desired minimum through use of successive 
screens, the number of which is an essential design factor. As 
found by Dryden and Schubauer 


in which r is the reduction factor, & is the pressure-drop coeffi- 
cient per screen, and n is the number of screens. If the screen 
Reynolds number is greater than 100, the bar size will play a 
predominant role in determining the distance downstream to the 
section at which the turbulence reaches a particular intensity, 
since each screen in itself then adds locally to the turbulence of 
flow (though at a greatly redaced scale). An intensity of even 
1 per cent—high for a wind-tunnel test section, but probably far 
lower than that of most water tunnels or channels—is seen from 
the authors’ Fig. 9 to require a distance of some 750 bar diameters 
from the last screen, while an intensity of 0.1 per cent—which is 
still high for ‘low”’-turbulence research—requires nearly 20,000. 
Since few hydraulic installations use water of sufficient purity to 
prevent the rapid clogging of fine screens, and since hydraulic 
forces are of far greater magnitude than those encountered in air 
at comparable Reynolds numbers, it is obvious that considerable 
planning will be necessary to approach comparable flow condi- 


A matter which does not appear to have been given serious 
thought in the use of screens as flow controls is the fact that a 
screen placed at an angle to the flow tends to deflect the flow 
toward the normal. This is due to the fact that the local re- 
sistance is a minimum when the flow is at right angles to the 
plane of the screen. The authors indicate the use of superposed 
screens of various areas to produce desired velocity distribu- 
tions. Evidently, the same effect could be produced by means of 
screens having the form of warped surfaces. For example, a 
screen so curved as to be tangent to a conduit wall and normal to 
the axis at the center line, with the concave side downstream, 
would have an effect approximating that of a considerable length 
of rough boundary, whereas such a screen with concave side up- 
stream would have the reverse effect. Schubauer and Spangen- 
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berg'* have proposed the use of screens normal to the axis of 
wind-angle diffusers to prevent separation; it would appear that 
such screens might well be more efficient if given the form of 
overwarped surfaces with concave side upstream. 

Since the use of screens is beginning to have the aspect of a 
rather refined technique of flow correction, the hydraulic engi- 
neer may well question the practice of installing the customary 
crushed-rock baffle at head of a laboratory flume. In other 
words, if a screen with a solidity ratio greater than 50 per cent 
will make a good flow worse, how can a baffle with the extremely 
high solidity ratio of crushed rock be of any use? The fact is that 
a baffle with even a maximum solidity ratio shows a definite limit 
in the velocity irregularities which it produces in the flow down- 
stream. If the oncoming flow is good to begin with, such a 
baffle will do that amount of harm. If, on the other hand, the 
oncoming flow is very bad (such as that produced by outflow from 
a pipe into a head tank), the net change will be a decided im- 
provement. Under the latter circumstances, a single screen of 
high solidity ratio will probably be just as effective as (and far 
more ¢¢ t and ecc ical than) a series of screens of low 
solidity ratio. The real question in such cases is not so much a 
matter of baffling very poor conditions of flow but of avoiding 
such conditions in the first place by means of branching or ex- 
panding pipe sections prior to discharge into the head tank of the 
flume. The Iowa Institute of Hydraulic Research has recently 
produced very satisfactory stilling of free-surface flow for bound- 
ary-layer studies on steep slopes by using in series a flared inlet 
pipe, guide vanes, a coarse wooden grid of square bars, a fine 
wooden grid of rectangular bars, and three wire/screens. 


Avutuors’ CLOSURE 


The authors are pleased by the quality as well as the number of 
discussions of this paper; they are sure that these have added 
much to its content and understanding. Several questions have 
been raised and points discussed which were not considered at the 
time of writing. As a result, the following brief « comments should 
be made. 

Mr. Eisenberg’s questions are very practical ones in the de- 
sign and use of screen installations. Although no detailed 
investigations were made of the distance downstream from the 
screen at which the profile was stabilized, all results indicated that 
five mesh lengths were sufficient for the bar wakes to disappear. 
This value would vary with the solidity ratio of the screen, the 
figure quoted being conservative for most installations. In dis- 
cussing the artificial boundary layer, it should be mentioned that 
this was not part of the original investigation. However, recent 
studies at the National Bureau of Standards" have indicated 
that an artificially produced boundary layer has the same prop- 
erties as a natural one provided measurements are made some 
distance downstream from the producing mechanism. This dis- 


13 “Effect of Screens in Wide-Angle Diffusers”, by G. B. Schu- 
bauer and W. J. Spangenberg, NACA Report 949, 1949. 

4 “Some Features of Artifically Thickened Fully Developed Tur- 
bulent Boundary Layers With Zero Pressure Gradient,” by P. 8. 
Klebanoff and Z. W. Diehl, National Bureau of Standards Report, 
September 15, 1950. 


OF THE ASME 
tance is required for the turbulence of the stimulator (the 
screen, in this case) to be dissipated. The Bureau of Standards’ 
measurements further indicated that the agreement of the ve- 
locity distributions was sufficient proof of agreement between 
the artificial and the natural boundary layer in all respects. 

Dr. Frenkiel and Dr. Shubauer, in their discussions, have in- 
dicated the uncertainties and approximations involved in the 
measurements of the turbulence properties. “So little is known 
about the fundamentals of turbulence that many approximations 
are required in correlating the various properties. It is to be 
hoped that this situation can be resolved in the near future. The 
velocity-modification experiments to which Dr. Schubauer refers 
(12) definitely indicated that, for smal] nonuniformities in the 
flow, Equation [16] provides better agreement with the results 
than Equation [15]. However, as noted in the paper, the non- 
uniformities in the velocity distributions of the Iowa investiga- 
tions were large and, hence, a different result is possible. All 
of the velocity-modification equations involved approximations 
which could vary in accuracy with the amount of unevenness in 
the flow. It is pleasing to note that he has found that a solidity 
ratio of 0.5 is critical in the velocity modification. Above this 
value the flow downstream from a screen is definitely intermittent 
in character, i.e., is similar to low-frequency high-intensity tur- 
bulence. 

Mr. Siao has pointed out a discrepancy in the pressure-drop 
equation which had not been noticed by the authors. He proves, 
by introduction of the drag coefficient for a screen, that the pres- 
sure-drop coefficient does not decrease in the right manner as the 
solidity of the screen approaches zero. He has shown that k/S 
must approach a finite value as S approaches zero rather than the 
zero value indicated by Equation [7]. In reviewing the deriva- 
tion of this equation, it is noted that the most probable source 
of this error would be in the momentum equation written for 
Sections 2 and 3. At both of these sections it was assumed that 
the velocity was uniformly distributed. 
velocity between these sections was large, i.e., for large S, the 
nonuniformity had little effect. However, when the change is _ 
small, the correction could be of the same order as the velocity 
change. This would indicate a greater pressure drop between 2 
and 3, and hence a larger k at the same value of S. Thus, Mr. 
Siao’s correction to the curves on Fig. 3 is surely in the right di- — 
rection and very probably is of the order he shows. Detailed 
measurements should be made at low solidity ratios to check this 
effect. 

Dr. Rouse’s discussion is a very good contribution to the 
paper. He has explained several points which were lightly 
treated and has introduced the turbulence reduction factor. 
These add to the usefulness of the paper by explaining and ampli- 
fying the analysis of screens and hydraulic installations. A good 
explanation of the action of gravel baffles is given in this discus- 
As Dr. Rouse has indicated, gravel baffles will probably 
improve a very bad velocity distribution, However, the energy 
loss in the gravel is so high that the same improvement could 
have been obtained with screens at a lower loss. In many hy- 
draulic installations this is not an important factor, but it 
should be recognized in any case. 


sion. 


Where the change * 


\ 


Index Testing of Hydraulic Turbines 


By G. H. VOADEN, 


The object of this paper is (a) to bring to the attention 
of operating companies the benefits derived from index 
tests of hydraulic turbines, and especially those of the ad- 
justable-blade propeller or Kaplan type; (6) to enumerate 
and discuss the presently known methods of determining 
relative discharge and hence relative efficiency; (c) to 
present an example of an index test of an adjustable-blade 
propeller turbine in sufficient detail to provide a guide for 
the conduct of such a test. 


N index test of a hydroelectric unit is a means of determin- 
ing the efficiency of the unit over its full range of gate open- 
ing or output, this efficiency being relative to an assumed or 

estimated peak efficiency. This relative efficiency may be that of 
the turbine alone or of the complete unit, whichever is desired. 
A comparison of the nature of each of the measured and derived 


TABLE 1 COMPARISON OF (NDEs TEST WITH ACCEPTANCE 
ASME 
test 
code 
Net or gross 
Turbine hp 


Relative cfs 
ative 


Generator kw 
Relative cfs 
Relative 


Turbine hp 
Absolute cfs 
Absolute 


quantities for index testing and also for an acceptance test in ac- 
cordance with the ASME Power Test Code is given in Table 1. 


Benerits Derivep From Inpex TesTInG 


The principal specific benefits derived from the results of an 
index test are as follows: 


1 The gate opening and load at which peak efficiency is ob- 
tained are determined, and also the relative efficiencies at other 
gate openings and loads, thereby permitting the most economical] 
use of water and distribution of load among the units on a system 
(within the limits that such use and distribution are restricted by 
other factors). 

For practical reasons, it is seldom that a turbine is installed in a 
setting fully homologous with that of the laboratory model upon 
which its expected performance is based. This is particularly 
true where new turbines are installed in existing structures or ex- 
tensions of powerhouses already constructed, since the shape and 
size of the water passages, such as intake, case, and draft tube 
are usually restricted. The output and efficiency of the proto- 
type will, in nearly all such cases, vary from that stepped up for 
size and head from the model in the conventional setting. 

An example of the type of data obtained on a Francis turbine 
by index testing is shown in Fig. 1. 

In distribution of a given load between two or more units the 
most economical operation is obtained when the units are oper- 
ated at loads such that the slopes of the output versus Q curves 


1 Assistant Chief Engineer, S. Morgan Smith Company. Mem. 
ASME. 

Contributed by the Hydraulic Division and presented at the 
Annual Meeting, New York, N. Y., November 26—December 1, 1950, 
of Tue American Society oF MecHANICAL ENGINEERS. 

Nore: Statements and opinions advanced in papers are to be 
understood as individual expressions of their authors and not those 
of the Society. Manuscript received at ASME Headquarters, 
August 1950. Paper 


4 


~ 


N TORE. PA. 


| 
+ 


GOVERNOR SCALE % 


Topo 


AP 
Fie. 1 Exampce or Data Ostainep From Inpex Test or Francis 
TURBINE 


are equal.? This information may be provided by index testing. 
If a powerhouse contains units which are not duplicates, it is im- 
portant that one of each size or type be tested. 

Generally, the higher the specific speed of the turbine the 
greater is the slope of the efficiency versus gate-opening curve 
over the usual operating load range, and the narrower is the range 
of gate opening at which best efficiency is obtained. It follows 
that the higher the specific speed of a turbine, the more valuable 
the information obtainable by index testing becomes from the 
standpoint of economical load distribution. 

Index tests have been made on 34 units of types other than 
Kaplan manufactured by the company which the author repre- 
sents. 

2 In the case of Kaplan turbines, in addition to (1), an index 
test is a means of determining whether the blade-gate relationship 
is such as to produce the best efficiency obtainable through the 
full range of load. If it is not, the index test provides the informa- 
tion necessary to make the proper changes on that particular unit 
to obtain the best blade-gate relationship. In practically all cases 
where index tests have been run on this type of turbine, it has 
been found that by changing the gate-blade relationship as indi- 
cated by the test data, the output per unit of discharge has been 
increased—in some cases appreciably. 

A typical example of the improved performance resulting from 
an index test of a Kaplan turbine is shown in Fig. 2. 

The turbine manufacturer which the author represents, has, as 
as of June 1, 1950, 162 turbines of the Kaplan type in operation. 
Of these, 43 units have been tested by the index method and 8 
more are scheduled to be tested within the next few months. 

3 Data are provided for the relative rating of a permanently 

2 “Inter-Relation of Operation and Design of Hydraulic Turbines,” 
by F. H. Rogers and L. F. Moody, Engineers and Engineering, vol. 
42, July, 1925, pp. 169-187. 
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installed flowmeter, Thus the flowmeter may thereafter be used 
either continually or periodically to measure the total effects on 
efficiency of various changes in the unit, such as increase of runner 
or gate clearances, pitting, erosion, and the like. The effects of 
these may then be evaluated and the advantages, and proper 
timing and extent of repairs weighed on a sound economic basis. 

An example of this ajyplication of index testing is shown in 
Fig. 3. 

4 When the unit is so set with respect to tail water as to be in- 
fluenced by cavitation, the effects upon power and efficiency 
may be shown, and safe operating !inuts determined. An example 


a ea of this application is shown in Figs. 4 and 5. 


INTERPRETATION OF TEsT DaTA 
The series of individual curves in Fig. 4 show the data ob- 
tained at each of several fixed blade angles of an adjustable-blade 
propeller turbine, the output varying with gate opening. The 


curve is the obtained with the proper blade 
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angle center-gate opening relationship. It will be noted that the 
performance suffers appreciably in both output and efficiency when 
the blade angle is increased from 28 to 32 deg. This is the effect 
of cavitation as will be seen from the following. 

The full heavy lines in Fig. 5 show the performance obtained 
during an index test of the prototype unit (derived from the same 
information as shown in Fig. 4, during which tests the plant sigma 
was 0.68). The light full lines are the outputs which would be 
obtained if the turbine setting were such that no cavitation were 
involved (i.e., at a much higher value of sigma), as determined 
from a laboratory test of a homologous model. The dashed 
lines are the outputs of the same model with an elevational setting 
corresponding with that of the prototype, that is, at sigma 
0.68. 

It will be noted that at 22 deg blade angle, no loss was caused 
on the prototype by cavitation; in fact, there was an increase of 
about 6 per cent in output over that of the model runner. With 
28 deg blade angle, at the lower gate openings, the same increase 
is noted, but at larger gate openings the prototype performance 
approaches the model performance more closely. At 32 deg 
blade angle, there was still an increase in output over the model at 
the lower gate openings, but, above 67 per cent gate-operating- 
ring stroke, both the model and the prototype drop off in power 
from the unrestricted performance curve very materially because 
of cavitation. Correspondingly, there is also a very large drop in 
efficiency under this condition for the same reason. 

Thus, referring to Fig. 4, the index test showed up the effect of 
cavitation. Where the efficiency and power drop off in a manner 
not indicated in tests on a cavitation-free model, it shows that the 
unit is operating beyond the cavitation limit and by comparison 
with the model tests, a safe operating limit may be set. 


Metnops or DereawininG Revative DiscHarcEe 


The several methods of determining relative discharge of a 
hydraulic turbine are with one exception modifications of well- 
known methods of measuring absolute values as covered by the 
ASME Power Test Code for Hydraulic Prime Movers. They are 
based upon sound basic hydraulic principles but are subject to 
the same limitations and requirements in their respective fields of 
use as the absolute methods. There is one very important addi- 
tional requirement of the relative method, namely, that the flow 
pattern remain practically constant throughout the full range of 
flow to be measured. 

Briefly, the several methods are as follows: 


By Pitot Tube. In the ASME Power Test Code, the conditions 
for use of Pitot tubes in acceptance tests are, in part, as follows: 


we 
ie 


JULY, 1951 
| | 4 Y | 
| 
oe | = 
| 
= 
4 
\ 
—- 


VOADEN—INDEX TESTING OF HYDRAULIC TURBINES: 


"The measuring section shall be located in a straight run of 
closed penstock at a distance equal to at least ten pipe diameters 
from any upstream and at least five pipe diameters from any 
downstream bend, elbow, Y-branch pipe, valve, intake, or any 
obstruction to smooth flow.” 

For an absolute flow measurement at least two complete tra- 
verses are made at right angles to one another, whereas for index 
testing a measurement at one point only is made for each test run. 
Therefore, for index testing it is even more important that the 
flow be consistent in direction at the one point of measurement. 

By Current Meter. Relative discharge of a turbine may be de- 
termined by a single current meter of any type in either an open 
or closed conduit, provided the flow pattern is consistent at the 
peint of measurement over the full range of discharge to be 
metered. This condition is rarely encountered in an open chan- 
nel, and it is very difficult to be certain whether it is or not. 
Furthermore, this method requires more time for the runs than 
the others. There may be a few instances, however, where this 
method may be used to advantage. 

Friction Loss and Velocity-Head Method. This method is de- 
pendent for accuracy upon there being considerable head Joss in 
the closed conduit to the turbine. The difference in pressure at 
the inlet to the turbine and that at some point in the penstock 
upstream, or at the forebay, should be at least 3 ft at the rated 
output of the turbine. This difference represents the sum of the 
losses between the two points and the difference in velocity head, 
ifany. Both the velocity head and the losses are directly propor- 
tional? to and hence to Q?. Therefore, = K —he, where 
h, and hy are the pressures in feet of water at the upper and lower 
measuring points, respectively. If the friction losses in a con- 
duit vary with time, as is usually the case, this method may not 
be used to indicate periodically the effects of wear, pitting, and 
the like, on the efficiency of the turbine. This is the method which 
is not a modification of an accepted method for measuring ab- 
solute discharge. 

Venturi-Section Method. If the turbine has a closed conduit 
with a straight run containing a standard Venturi tube, or any 
converging section having a similar effect, this may be used to in- 
dicate relative discharge. The difference in pressure between a 
point in a straight section of uniform-diameter conduit immedi- 
ately upstream of the convergence and a point at the throat 
should be at least 3 ft at rated output of the turbine for dependa- 
ble results. 

Methods Depending Upon Venturi Principle. The difference in 
pressure between any two points of the turbine itself or of its case, 
one at high pressure and low velocity, the other at low pressure 
and high velocity, may be used to indicate relative discharge, 
provided the flow is consistent in direction and the difference in 
pressure is adequate. There are today, two well-known methods 
of applying this principle, namely, the Winter-Kennedy and that 
of Joseph A. Peck. Each of these methods has been proved to 
give consistent relative discharge values by comparison with ab- 
solute discharge measurements run concurrently. 

The originators of these two methods have by theoretical com- 
putations, aided by laboratory tests and field experience, been 
able to predict with remarkable accuracy in recent years the value 


of K in the formula Q = K Vh, — hz for their respective methods. 

The Winter-Kennedy Method.* Pressure differences existing in 
the conventional turbine spiral or semispiral case set up by ac- 
celeration of the water from the outer to the inner water surface 
are utilized in this method. The means of measuring these dif- 


* “An Engineering Concept of Flow in Pipes,” by C. W. Harris, 
Proceedings of the ASCE, vol. 75, May, 1949, pp. 555-577. 

‘ “Improved Type of Flow Meter for Hydraulic Turbines,” by I. A. 
Winter, Proceedings of the —, vol. 59, April, 1933, pp. nates 


ferences are flush piezometers located as indicated in Fig. 6. 
Laboratory tests on a 16-in. turbine model have shown this 
method to give consistent results with a pressure difference of 
only 9 in. of water at full gate of the turbine and that this con- 
sistency is independent of gate opening and head. The same has 
been proved for lage turbines many times as, for example, on the 
Bonneville Station Service unit which is rated at 5000 hp, 50 ft 
head, 257 rpm, and has an 81-in. adjustable-blade propeller-type 
runner. Acceptance tests were run on this unit at heads of 29, 40, 
50, and 56 ft, with the flow measured by the Allen salt-velocity 
method. Concurrently, permanently installed piezometers 
located according to the Winter-Kennedy principle were cali- 
brated so that they could be used at later dates for absolute 
measurement of flow. Fig. 7 shows log D versus log Q to be a 
straight line with slope such that Q = D-” where Q = absolute 
quantities measured by Allen salt-velocity method, and D = dif- 
ferential pressure as indicated by the Winter-Kennedy piezome- 
ters 


J. A. Peck Method. Two piezometer orifices are located on one 
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of the stay vanes between which the water passes on its way from 
the case to the wicket gates and thence to the turbine runner 
(see Fig. 8). The pressure at the leading edge of the vane is less 
than static by only the small percentage of velocity head not re- 
covered by impact, while the pressure on the side of the vane is 
less than static by the full velocity head. The pressure difference 
obtained is directly proportional to V? and hence to Q?. This 
method was first tried out by Mr. Peck at the laboratory of the 
author’s company in connection with model tests for what was 
then the Fifteen Mile Falls Development of the New England 
Power Company on the Connecticut River. The results checked 
with the absolute measurements made by the laboratory weir. 
The pressure differential at full gate and 10 ft head was 18 in. 
of water. 

At Swinging Bridge No. 1 plant of the Rockland Light and 
Power Company, near Port Jervis, N. Y., the absolute discharge 
of a Francis turbine rated at 7200 hp, 118 ft head, 300 rpm was 
measured concurrently by the Allen salt-velocity method and the 
Pitot tube method; also, the differential deflection of the Peck 
piezometers. Fig. 9 shows log D versus log Q to be a straight line 
with slope such that Q = 141.3 D-® where Q = absolute quanti- 
ties in cfs, and D = differential pressure as indicated by the Peck 
piezometers. It will be noted that all the points are very close to 
the line. 

Other Methods. In this category are many possible variations 
in location of the piezometer taps. In most turbines built during 
the last 10 years, provisions have been made by the manufacturer 
and/or the purchaser for piezometers and piping to an accessible 
location for index testing. This is particularly’ true in the case of 
adjustable-blade propeller turbines where the index tests may be 
used to adjust or check the cam controlling the blade-gate rela- 
tion to assure that the maximum possible efficiency is being ob- 
tained from the unit. However, when these provisions have not 
been made, it has always been found possible, in the author’s 
experience, to install some temporary piezometers for this pur- 
pose. Examples of the many possible locations are.shown in Fig. 
10 (a, b, and c). 

In some instances two or three different locations of the low- 
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pressure piezometer were used simultaneously on the same tur- 
bine. Whenever the values \/ D did not fall in a smooth curve 
when plotted against gate opening, this indicated that one of 
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these piezometers was being affected by change in flow direction 
_ or turbulence and that set of readings was discarded in favor of a 
more consistent set. All of the locations shown in Fig. 10 have 
been used by the author and found to give consistent values. 


_ They were not used simultaneously with any absolute method of 
Water measurement. 
_ ¢changed in accordance with the results of the tests, an increase 


However, after the blade-gate cam was 


in power output per unit of piezometer deflection was observed 
_ showing that some increase in efficiency had been obtained. 


Examp.e or an Inpex Test on an ApsusTaBLe-BLapE Pro- 


PELLER TURBINE 


Description of Unit. The turbine, which has a 127-in-diam, 
_ five-blade runner, operates at gross heads from 38 to 52 ft, is rated 
— at 9000 hp at 44 ft head, 163.6 rpm, and is direct-connected to a 
- 9500 kva, 0.7 pf, 3-phase, 60-cycle generator. Under normal 
_ flow conditions, head-water level is quite constant, and tail-water 
level varies several feet due to tide. The elevation of the center 


a5 line of the distributor is +2.5 ft, and the center line of the runner 
is —1.4 ft. 


: The turbine is set in a concrete semispiral case and 
discharges through an elbow draft tube. The general arrange- 
ment is shown in Fig. 11. 
Under the conditions at this station, the accuracy of absolute 


2, discharge measurements by any of the presently known methods 


would be open to question. 

Piezometers and Manometer. Provision for two piezometers was 
- made at the time the semispiral case was constructed, orifice 
_ plates having been set flush in the concrete, and '/-in. piping 
having been laid to an accessible location. The orifices were 


plugged to prevent damage and stoppage. The location of the 


piezometers is as shown in Fig. 11. 

Immediately prior to the test, the orifices were inspected, the 
plates ground smooth, and the plugs removed. Also at that time 
the p‘ezometer piping was extended by plastic tubing to a dif- 
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ferential manometer, in the form of an inverted U-tube, so ar- 
ranged that the water level could be depressed an equal distance 
for both legs of the manometer by means of compressed air, to a 
level convenient for reading. This is permissible because the ab- 
solute pressures in the individual legs of the manometer are not 
important, only the differential pressure is necessary for index 
testing. (In some plants the pressures are too low to be read on a 
manometer accessibly located, in which case the air in the top of 
the manometer may be rarified by means of a bicycle pump with 
plunger reversed until the level in the manometers is visible.) 
The importance of getting all the air out of the tubing by bleeding 
of the manometers prior to the tests cannot be emphasized too 
greatly. 
Inspection of Turbine and Calibrations: 


1 The water passages of the turbine were examined for any 
signs of pitting, corrosion, erosion, or defects. 

2 All debris was removed from the turbine, intake passages, 
and trash racks, 

3 Clearances top and bottom of wicket gates were measured 
and recorded. 

4 With gates closed, the gates were checked for tightness; 
any that were open were adjusted by means of eccentric gate 
pins. 

5 The openings between each pair of gates were measured 
at about 75 per cent of full opening, averaged, and one pair se- 
lected between which the opening was nearest the average. The 
opening between this pair was calibrated against governor servo- 
motor stroke from 0 to 100 per cent stroke at each 10 per cent 
stroke. 

6 The blade-angle indicator on the generator floor was cali- 
brated against blade-angle indications on the runner hub. Also, 
at each blade position, the travel of the upper end of the inner oil 
pipe relative to a fixed point on the oi] head was measured. (In 
the case of blade operation other than hydraulic, obtain some 
other external, mechanical, and definite indication of blade 
angle.) This provision is necessary in case it is desired to dup- 
licate the blade-angle positions for further tests at a later date. 

7 Clearances at the periphery of each blade at the center line 
of blade rotation were measured. 


Conduct of Test. During the index tests, the cam controlling the 
blade angle was removed from the control valve and the blade 
positions were set manually at five, successive, fixed blade angles, 
8, 12, 16, 22, and 28.deg. Test runs were made at six different 
positions of the wicket gates for each of these blade angles, the 
positions being selected at and on each side of what was expected 
to be the most efficient position for the particular blade angle. 
These positions were determined from the manufacturer’s cam- 
curve (see Fig. 15). Each run required about 5 min. f 

The observations during the tests were as follows: 


Blade Angle and Gate Opening. Care was taken in setting the 
runner blades and wicket gates to always come up to the desired 
settings so that all lost motion due to clearances was taken up in 
the same direction. This insured consistency in these settings and 
provided for accurate reproduction at a later date. Since the 
blade-angle scale had parts which were removable and might be 
replaced improperly, the distance between the end of the inner 
oil pipe and the underside of the oil-head cover was measured at 
each blade angle as an additional precaution. 

Head. Throughout the test, readings of headwater and tail- 
water elevations were taken on staff gages at 5-min intervals. 
The differences of these elevations, the gross head, varied from 
39.0 to 43.4 ft during the test owing to the effect of tide upon the 
tail water (Table 2, columns 4, 5, and 6). The gross head of 41 ft 
was selected as a common basis for the test because it was one of 
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the heads at which turbine guarantees had been made and also 

_ because it was close to the average head during the test. For the 

__ purpose intended, it was considered unnecessary to determine the 
net head since the head losses would be very low. 

Relative Discharge. Ten pairs of readings of the differential 

- manometer were taken during each run at 15-sec intervals. Since 

_ the levels in the two legs of the manometer usually fluctuate 

slightly, it is important that an observer be assigned to each leg 

and that they read simultaneously. The average differential D 

for each run, Table 2, column 7, was computed and Vv D,column8, 

uncorrected for head, was plotted against governor scale as the 

test proceeded, Fig. 12. Thus any irregular points, as would be 

. is caused by air in the manometer tubing or by erroneous readings, 

would have been immediately evident and the condition produc- 

ing them remedied. 


After the test was run and head readings became available VD 

_ values were corrected to the common gross head of 41 ft. Since 

VDi is a measure of discharge, it is directly proportional to VH. 

These corrected values of ¥/ D, column 9, Table 2, are also shown 
in curve form in Fig. 12. 

Power. During each run, three readings of about 1 min each 
were taken of the revolutions of the integrating watthour meter. | +- Pe er a 
An even number of revolutions of the meter disk were timed with } z 
a stop watch. These individual readings were averaged and the porta: ‘ana 
output in kilowatts computed from the formula 


“4 


Kw= K X revolutions per sec 


3600 
K = 1000 X PT ratio X CT ratio meter constant 


= 28,800 for this particular meter Fig. 12) Retative Discharce D, Uncorrecrep anp CorRecTEep 
To 41 Fr Common Gross Heap 
To the generator output, column 10, Table 2, for each run was 


added the sum of the generator losses and the exciter input, 
column 11, obtaining the turbine output in kilowatts, column 12, 4 ate 
and in horsepower, column 13. The values of turbine horsepower 
were then corrected by the ratio of H‘/* to a common head of 41 
ft and plotted against governor scale, Fig, -13. ~The generator 
manufacturer’s guarantees of efficiency were used in determining 
the generator losses. The direct-connected exciter input was 
taken as its measured output, from readings taken during the 
test, divided by its efficiency, also as given by the manufac- 
turer. 

Applying the Test Data. The values of horsepower, column 14, 
divided by VD, column 9, are a measure of the relative efficienc y 
of the turbine. These values, column 15, plotted on turbine out- 
put are shown in Fig. 14. 


It will be seen that the maximum value of Hp/V/ D, namely, 
1974, and, therefore, maximum efficiency, occurred at an output 
of 6660 hp. It was assumed that the maximum turbine efficiency 
for this head was 91 per cent as per the manufacturer’s “ex- 
perience curve.” The relative efficiency at other points was then 
proportioned directly, column 16, Table 2, and an efficiency scale 
added to Fig. 14. Also, on the basis of this assumption, the rela- 


tive discharge (at Hp/ WD = 1974) is 


550 x hp _ 3.815 x 6660 = 1574 ef os 
“@24XHXE 41 X 910 
TURBINE OUTPUT 

rz. AT COMMON HEAD OF 41 FT. 
Also, since Q = KV D 


i 


a Relative ae at the other runs was then figured from 


Fie. 13 Tursing Output, Correctep To 41 Fr Common Gross 
26 2 Q=K VD, using VDi in column 9, Table 2,and noted in column Heap ; . 
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17 and plotted in Fig. 14. Thus Fig. 14 was developed from the 
test results into a form directly comparable with the ‘experience 
curve” originally furnished by the turbine manufacturer as part 
of his proposal specification. 
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artes unit tested is shown in Fig. 15. 


Correcting Blade-Gate Cam. It will be remembered that the 
blade-gate cam was removed at the beginning of the test. The 
efficiency envelope curve, therefore, represents the optimum per- 
formance obtainable, not necessarily that with the cam in place. 
In Fig. 15 is indicated the blade-gate relationship produced by 
the “initial cam.” 

Transferring this relationship to the individual blade-angle 
curves in Fig. 14, the relative performance envelope with the 
initial cam was obtained. The difference between the two en- 
velope curves in Fig. 14 marked “with initial cam” and “with 
optimum cam”’ represents the improvement possible by altering 
the shape of the cam surface. 

During the actual running of the test, the original steel cam was 
duplicated in hardwood by a mechanic. Now the hardwood cam 
was altered by saw and rasp to produce the optimum relationship 
indicated in Fig. 14. It was then installed in the control valve, 
and the mechanism actuated through a full stroke to check 
whether it produced the desired blade-gate relationship. Minor 
changes were then made to the wooden cam as found necessary 
and, when it was finally correct, the metal cam was machined to 
duplicate it. 

The comparison of the initial and optimum cams for the 


| 3 _| 7 “| | | 
| 2902 | 2422 | 475 | 2/8 | __ 
2668 | 4000 | | | 190 | 099 | 
2582 | | 2/2 | 900 | 
1.840 | 2/98 | 1630 | 752 | 
1434 (687 | 186 (652 | %2 | 
| 43 | 4686 | 2088 | /90 1779 | 820 | 
| 48 1795 | 2405 | /94 /868 | | 
20 | | | (97 
22 ai77 | | 199 | 70% 
| 3065 | 4085 | 2% | 
| | 4400 | 222 | 900 | | 
226 910 | 1560 
3490 227 10.6 | 625 
3.653 | 230 | 7708 
| 3886 226 | 
| 4.300 244 8190 | $78 | 2007 
| 4466 260 8640 292 | 2087 
| 4.630 | 268 8970 630 | 2/60 | 
| 4.758 | 256 9060 a4 | 
4.98 | 268 3260 a67 | 2285 
“4, ns + > + 
4.780 234 7550 729 | 2230 
| £360 260 9350 wi | 
5566 | 272 20130 | 2597 
5.810 10750 | | 
|| 4360 | | | 46 | 2777 | 
6220 1200 | 2903 
| | | i 
000 = | : ! 
| ] | | || 
Fic 14 HeVD, Retarive Errictency Discnarce Curves 


TRANSACTIONS oe THE ASM 


ConcLusIon 


Much useful information can be obtained economically from an 
index test of a reaction turbine. Such a test may be conducted in 
all respects, except for the measurement of discharge, in accord- 
ance with the ASME Power Test Code. There is no definite as- 


Fie. 15 Comparison or “Design” anp “Optimum” Cam SHAPES 
surance that the best possible efficiency is being obtained from an 
adjustable-blade propeller turbine unless a field check of the 
blade-gate relationship is made. An index test is a relatively in- 
expensive means of determining the optimum blade-gate rela- 
tionship. It is recommended that all reaction turbines, and es- 


pecially adjustable-blade propeller turbines be tested by the in- 
dex method where absolute methods are considered inadvisable 
because of some unusual condition or because of the expense in- 


volved. 


Discussion 

Hvueu J. Davis. The author has made a very worth-while con- 
tribution to this hitherto neglected topic, and is to be commended 
for the scope of presentation as well as thoroughness of detail em- 
bodied in his paper. 

It is the intent of this discussion to offer additional remarks and 
supporting data, based mostly upon the writer’s own experience, 
which, in effect, supplement the analysis presented by the author. 

* Formerly, Supervisor of Hydraulic Turbine Laboratory Baldwin- 
Lima-Hamilton Corporation, Eddystone, Pa. Currently, Co-ordina- 
= oe neering, Roots-Connersville Blower Corporation, Conners- 
ville, ind. 


Ae 
Ft. Loudoun No. 2 
As Chickamauga No. 3 
Holeombe 
Holcombe No, 2 
Bonneville service unit 
Bonneville Nos. 1 & : 
Bonneville Nos. 3-6 
Rio Negro Nos. 1 & 2 


Jouglas No. 1 
dan Dam Nos. 1-4 


() (2) (3) 


Rated Test 


Project head, ft. (net) ft 


Ft. Loudoun No. 1 


J Douglas No. 3 
Narrows No. | 
Ocoee No. 5 
Tokette, Ore. 


e * Data obtained from author before adjustment. 
Adjusted to net head from gross head. 
: Adjusted to 100 per cent gate from part gate. 
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It is believed that this additional information will be of assistance 
primarily to those who desire to become versed in the technique 
of turbine index testing. 

Since the principles underlying index testing are well estab- 
lished, successful execution necessarily hinges upon the manner in 
which the detailed conduct of the test is carried out. For this 
reason the writer would like to discuss in some detail the four main 
types of measurements required, which may be listed as follows: 


1 Relative discharge measurements. 

2 Head determination: (a) Tail-water elevation measure- 
ments; (6) headwater elevation measurements; (c) casing intake 
pressure measurements. 

3 Power measurements. 

4 Other measurements. 


Relative Discharge Measurements. These measurements consist 
of obtaining the average of fluctuating manometer readings, the 
manometers being connected to carefully installed piezometer 
taps which measure an arbitrary differential head theoretically 
proportional to the square of the discharge. 

The author has indicated the various locations where these 
piezometer taps may be placed to advantage. The writer has had 
experience with only one of these, the Winter-Kennedy type, and 
Table 3 of this discussion is offered as an aid in predicting the 
maximum deflection to be expected for a proposed installation 
utilizing this method of measuring relative discharge. 

The installations referred to in Table 3 are sites which are per- 
sonally familiar either to the writer or to the author (as indicated 
by footnote), and have been selected because of the clear-cut ap- 
plication of the Winter-Kennedy principle. The variation be- 
tween values presented in the percentage column are felt to be 
significantly smal] when the following factors are contemplated: 


(a) The range of head and type of plant considered. 

(b) In the Winter-Kennedy system there are usually one 
high-pressure and three low-pressure taps. The optional low- 
pressure (higher velocity) piezometers are located relatively close 
to one another but at variable radii, all four openings normally 
being located in the same radial plane. (Reference is made to the 
author’s Fig. 6 which shows the general location of the high-and 
low-pressure stations.) The final decision as to which one of the 
three low-pressure piezometers is to be paired with the high-pres- 
sure tap to obtain the desired deflection is often governed by con- 
sistency of results, but sometimes by the requirement of maximum 
permissible deflection. 

(c) The maximum gate (and blade) opening for a given in- 


TABLE 3 MAXIMUM DEFLECTION EXPECTED FOR PROPOSED INSTALLATION 
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stallation is a matter of judgment based on the rationalization of 
several design factors. 


Therefore it may be concluded that for turbines whose intakes 


are designed along orthodox lines and whose relative-discharge 
taps are located according to the Winter-Kennedy system, the 
- maximum manometer deflection in feet of water to be expected 
at full gate will probably not be over about 10 per cent of the 
actual head during the test. A margin of at least 2 ft (of water) 


over the maximum computed deflection is recommended in de- 


termining the size of the manometer board, in order to allow for 
fluctuations, displacement resulting from air leakage, and safety 
‘margin. 


Since the head on the majority of propeller-type turbines is 
under 60 or 70 ft, a water manometer of the inverted multiple U- 
tube type is usually the most convenient for these insta!lations. 
When four piezometer openings are provided, the manometer 
board should be furnished with 4 glass tubes (preferably backed 
with cross-section paper, 10 divisions to the inch), with the lower 
ends connected to the individual taps, and the upper ends to a 


horizontal manifold which constitutes the top side of the inverted 


U. One end of this manifold should be connected to a drain for 
thorough and periodic flushing out of all air pockets, and the other 
end to an air-pressure supply for depressing the water-column 
levels to the desired elevation. In the event the manometer sta- 
tion has been located too near headwater level, other less reliable 
means may be utilized for flushing, such as circulating water 
through the tubing and out by way of the orifice opening. As the 
author indicated, in cases such as these a vacuum line rather than 
an air-pressure line is needed for connection to the manifold. It 
is strongly recommended, however, that whenever feasible the 
manometer station be located at an elevation low enough to insure 
maximum ease of manipulation and reliability of measured 
data. 

Rapid fluctuation of the manometer column is a frequent char- 
acteristic of this type of measurement. In order to reduce this 
motion and to facilitate making the required observations, valves 
in the individual piezometer lines are sometimes utilized to throt- 
tle the free surging of the measuring fluid. It is felt by some 
authorities that undue throttling of a manometer line is at times 
responsible for the average of a set of readings to reflect incor- 
rectly the true average of the quantity being measured. This 
might be true if the coefficient of discharge of the throttled valve 
were not identical in both directions, and also if the cycle of 
change taking place was a relatively gradual one. A method rec- 
ommended by the writer which eliminates possible introduction 
of error, and at the same time increases greatly the ease of making 
observations is to make use of a simple, foot-operated clamping 
device. The rubber hoses connecting the manometers to the 
piezometer-tubing outlets may be threaded through the clamp in 
such a manner that at any desired instant circulation, and there- 
fore fluctuations, can be totally eliminated instantaneously in 
each line. The only precaution is to so design the clamp that the 
same volumetric change takes place in each tube when pinched. 
This is easily checked, when the turbine gates are closed, by 
making certain that the slight meniscus rise resulting from the 
operation of the clamp is equal in each tube. 

When the head on the plant is such as to make the value of the 
water deflection larger than it is practical to measure, such as is 
often the case with Francis-type turbines, recourse is made to the 
use of mercury as a measuring fluid. The manometer in this case 
takes the form of a simple U-tube. A refinement is sometimes 
made by using a pot-type single-leg manometer which eliminates 
one of the readings, and possibly also reduces the magnitude of 
column fluctuations. This type, however, requires careful cali- 


bration and handling. For installations where deflections are 


large enough to require the use of mercury, the need of installing 3 
low-pressure taps is reduced, as the effect of erratic piezometer 
action on the end result should be lessened. Provisions for peri- 
odic flushing out of all trapped air as well as air separating out 
from solution are, of course, as imperative as before. 

Figs. 7 and 9 of the paper indicate graphically that the ex- 
ponent n in the equation Q = KD*(D being the manometer de- 
flection, Q the discharge, and K a coefficient) results in values of 
0.489 for the Winter-Kennedy system and 0.50 for the Peck 
method, when evaluated experimentally. The writer would like 
to offer an additional empirical check on this exponent by pre- 
senting Fig. 16. 

The data shown in Fig. 16 were obtained recently for a 
Francis installation tested under a head of about 144 ft, the 
absolute discharge values being obtained by one of the generally 
accepted methods. In this case the calibration curve, shown 
as a continuous straight line in Fig. 16, may be given as Q = 
2 

ot 
fey, 
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KD**. However, another curve may also be drawn which 
would satisfy the experimental points equally well, and whose 
equation could be written as Q = KD*-* for the major upper por- 
tion, and Q = KD* for the lower curved portion, z being a varia- 
ble, gradually increasing from its minimum value of '/;. The 
justification for the foregoing analysis is that in this particular 
case the lower two points can be shown to lie just inside the 
“transition zone’ where complete turbulence is not a character- 
istic of the flow, and where energy conversions should not be ex- 
pected to be exactly proportional to the square of the discharge. 
This particular example has been cited merely to focus attention 
on the possibility that in any given instance the foregoing con- 
cepts may be applicable. 

Another factor which should be considered in this connection is 
the experimental errors which of course are ever present in any 
type of measurement, including absolute-discharge determina- 
tions, especially in the lower ranges. This may have a bearing on 
the apparent discrepancies attributed :o the piezometer results. 

The writer’s conclusion, therefore, based on the analysis of the 
field data which have come to his attention, is that the assumption, 
making n = 0.50 in the relative-discharge equation (for turbulent 
flow), has been empirically confirmed well within the limits of ex- 
perimental error. 

Head Determination. On some plants, such as on most Francis- 
turbine installations, the gross head may be considerably higher 
than the net turbine head, mostly as a result of penstock losses. 
On other plants, such as on many propeller-type turbines, the 
gross head may be nearly equal to the turbine net head, trash- 
rack mapssem ies being the only measurable difference between 
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In the former case it is desirable to obtain measurements of the 
gross head as well as the net head since the operators are inter- 
ested in the performance of the over-all plant as well as the tur- 
bine proper. In the latter case it is good practice to inspect the 
trash racks to insure that the head joss at this point is not ex- 
cessive as a result of collection of debris, ice, or other obstruc- 
tion. 

For each type of plant, therefore, it is usually necessary to 
measure both tail-water and headwater elevations during an in- 
dex test. In the plant with penstock losses it is necessary, in ad- 
dition, to obtain a pressure measurement at a point near the 
casing intake, at which location it will usually be found that the 
turbine manufacturer has provided piezometer taps for this pur- 
pose. 


Tail-water elevation measurements: Since in the usual case 


b ia the turbine manufacturer has power guarantees to meet, it is de- 


sirable that tailwater elevations be measured in a manner which 
fulfills the requirements of the ASME “Power Test Codes— 
Hydraulie Prime Movers,” revised and adopted May 6, 1949. 
As these conditions are somewhat rigid, it may be stated that 
measuring the tailrace elevation at a single location for a plant 
housing several units is usually not satisfactory. A carefully 
located staff gage, or stilling-box piezometer, may be required for 
each unit tested. If a temporary board staff is used, the divisions 
should be in feet and tenths of a foot, and large enough to be read 
easily from the nearest vantage point. The importance of giving 
tailwater measurements careful consideration cannot be over- 
emphasized, especially for the lower head pldnts where the per- 
centage error becomes rather critical. 

The occurrence of cavitation in the turbine is closely related to 
tailwater elevation. Since the incidence of the cavitation phenom- 
ena is often accompanied by a measurable change in the turbine 
performance, it is essential that the tail-water elevation during the 
test should not attain a value smaller than the guaranteed mini- 
mum. In this connection it is also well to insure-that the plant 
sigma under the actual test conditions falls within design limits. 

(b) Headwater elevation measurements: These measurements 
offer a minimum of difficulty as the average water surface eleva- 
tion is usually considerably more uniform than in the tailrace. A 
single location for the entire plant is usually satisfactory, the gage 
often consisting of either a board or tile staff. 

(c) Casing-intake pressure measurements: As mentioned, these 
measurements are sometimes needed to obtain the net turbine 
head. In this type of plant the headwater pressure is usually 
high enough to preclude the use of a water manometer. Gages 
commonly utilized for this purpose are mercury U-tube manome- 
ters, deadweight gage testers, or calibrated Bourdon gages. 

Power Measurements. It is the writer’s experience that in 
measuring output better results are obtained by making use of the 
generating unit integrating watthour meter than by attempting 
to average fluctuating values read from an indicating wattmeter. 
The advantage of the first method, even under the questionable 
assumption that both instruments are equally reliable, is that it 


automatically produces a correctly averaged power output during 


upon the output and also upon the meter. 


a specific time interval. The chances for undetected reading er- 
“ay rors are also considerably greater in the second method. 
_ The watthour-meter method consists of timing accurately by 
means of a stop watch an arbitrary number of whole revolutions 
_ of the revolving meter disk, which are tallied and later counted. 
The number of disk turns may vary from 10 to 50, depending 
In the event readings 
on an indicating meter are not recorded simultaneously, it is ad- 
visable to obtain a rough output check by making a second deter- 
mination for a much shorter time interval, say, 3 to 10 revolutions. 
The intent should be to record the output over a time interval 
approximately concurrent with the obse nee being made at 
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the various other stations. Under normal conditions a time in- 
terval of 3 to 4 mins for each run should provide ample time to ob- 
tain reliable averages of the various quantities being measured. 

Additional comparative readings on an indicating wattmeter 
are desirable for the following reasons: 


(a) Asa rough check on the kilowatthour-meter results. 

(b) To obtain data on possible power “swings,” i.e., by re- 
cording maximum and minimum values during each run. 

(c) To furnish the operator a relative calibration of the two 
meters. 


Power-factor observations should also be made at periodic in- 
tervals since generator efficiencies, which are usually furnished in 
terms of electric output and power factor, are needed to com- 
pute turbine output. 

Other Measurements. In order to ascertain the detailed per- 
formance of a turbine in connection with an index test, additional 
measurements are made, some of these being essential and others 
optional. In the author’s presentation of the actual example of 
an index test on a Kaplan turbine, the following essential measure- 
ments or observations were described: 


(a) Correlation between servomotor stroke and guide-vane 
opening (prior to test). 

(b) Correlation between stroke of the Kaplan-head inner oil 
pipe and blade-angle indicator (prior to test). 

(ec) Measurement of guide-vane and runner clearances and 
inspection of all piezometer openings (prior to test). 

(d) Governor gate-dial indicator and Kaplan-head blade- 
angle indicator (during test). 

Other desirable measurements, intimated but not specifically 
mentioned in the author’s paper, are as follows: 

(e) Servomotor-stroke measurements: Accurate servomotor- 
stroke positions should be measured at intervals during each test 
run. Readings taken on a machinist’s scale between machined 
surfaces is usually the most expedient. The immediate impor- 
tance of these measurements is that it provides an accurate parame- 
ter against which may be plotted other variables while the test 
is in progress, thus providing information as to which of the 
measured data is possibly erratic. 

(f) Pilot-valve lift measurements: Micrometer measurements 
of the “lift” on the pilot valve controlling the blade-gate rela- 
tionship on a Kaplan turbine should be taken. As was pointed 
out by the author, the cam normally governing the lift on this 
valve is removed during the major portion of the index test. In 
order to determine readily the desired shape of the revised cam, 
accurate determinations of the pilot-valve lift must be made for 
each arbitrary setting of the runner blade angle. 

There are other considerations which should be mentioned in 
connection with reference to the blade-gate cam. Many of these 
cams are furnished by the manufacturer with graduations in the 
form of a head scale, and provisions for rotating the cam so as to 
obtain a reading on the cam corresponding to the head on the 
plant. Before starting the index test, it is imperative that the 
cam be set for the estimeted average head on the turbine during 
the period of the test. When this cam is replaced, after removal 
and reshaping, care must be used that it is oriented with respect 
to the gate-restoring mechanism exactly in its initial position, as 
well as in resetting it correctly with respect to head. If these pre- 
cautions are not taken, a check test of the new cam profile may 
yield disappointing results. 

The following additional measurements are optional, although 
often quite desirable, and are included for the sake of complete- 
ness: 

(g) Aitr-admission measurements: It is at times desirable to ob- 
tain information regarding the relative quantity of air being ad- 
mitted to the turbine over the range of gate openings. The effect 
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of air admission at various locations of the flow passage on the 
discharge, power, and efficiency characteristics of the turbine is 
beyond reliable prediction. It is well to determine this effect as 
part of the index test, particularly in the event that air is being 
admitted for gate openings which correspond to the normal oper- 
ating range of the turbine. A simple U-tube water manometer 
may be used for this purpose. 

(h) Servomotor-pressure measurements: Even though these 
measurements are not actually an integral part of the index test, 
they are usually considered supplementary to such a test as they 
furnish valuable data as to whether or not the gate or blade 
mechanism is functioning as intended. Calibrated Bourdon-gage 
readings are taken over the full stroke in both the opening and 
closing direction with the piston moving slowly but uniformly 
throughout each stroke. Because of the nature of this test it is 
usually made independently of other measurements, and in the 
case where the unit generating capacity is not a relatively minor 
portion of the system load, it is essential that the power dis- 
patcher is fully informed of the proposed test, particularly as to 
time of execution. It is sometimes possible to avoid system dis- 
turbance either by employing a water rheostat to dissipate the 
energy generated, or by utilizing a sister unit in the same plant to 
reject or accept load in the converse manner from the unit being 
tested. 

In order to present the necessary perspective regarding the 
numerous measurements discussed, the writer would like to close 
this discussion by making a few remarks pertaining to the actual 
procedure which may be followed in performing this type of test. 
The author has made a valuable presentation of many details of 
such a procedure in connection with a specific Kaplan installation. 
The following remarks are intended to supplement and also 
parallel in a more general manner this phase of the paper. 

Geueral Index Test Procedure. A test of this type which involves 
unusually costly equipment should be under the direct supervision 
of a qualified engineer who necessarily must assume full responsi- 
bility as to methods and results. As is often the case, the oper- 
ating company may request the turbine manufacturer to execute 
such a test. In that event the manufacturer’s representative 
should have recognized authority to make the measurements 
which are deemed desirable, and to operate the unit at his best 
discretion so as to provide the required information. In order to 
facilitate delegating this authority in the field, it is advisable that 
there be present at the site an operating company official who has 
jurisdiction over the plant personnel, and whose authority will 
also be recognized by the power dispatcher when requests are 
made regarding the operation of the unit to be tested. 

Since field conditions often do not lend themselves readily to 
the somewhat unusual requirements of an index test, it is usually 
desirable for the test engineer to arrive on the site a day or so 
prior to the date scheduled for the test. This will allow time for 
observation of the plant in operation as well as for inspection of 
gages, tubing, and instruments, and to recommend any possible 
alterations or additions. 

The personnel required consists of a number of observers sta- 
tioned at the various measuring points, an operator at the gover- 
nor panel, and a calculator who makes various plots from the 
measured data while the test is in progress. The total number 
of participants may be as high as ten or twelve, and it is good 
practice to brief this personnel prior to the test on the general 
procedure and to issue individual instructions. It is particularly 
essential to be entirely specific as to the manner of taking and re- 
cording the various observations. 

As many test runs should be taken as are needed to define 
satisfactorily the performance characteristics of the unit. This 
number will vary depending upon the judgment of the calculator 
(who may at times be the engineer in charge of the test), the con- 


OF HYDRAULIC TURBINES 


sistency of the plotted points, and the type of turbine under test. 
Typical intervals between gate openings may be given as either 
10 per cent or 5 per cent, depending on the portion of the effi- 
ciency curve being defined. The over-all time required for the 
test may vary from 3 to 4 hr for a Francis turbine to 8 to 10 hr 
for a Kaplan wheel. In the latter case another 2 or 3 hr of testing 
time may be needed to obtain a confirming check on the final cam 
profile. Longer over-all times will of course be needed if it is not 
possible to obtain clearance from the power dispatcher for a 
period suffidient to complete the entire test in one attempt. 

Each test run should last long enough to allow the observers to 
obtain as many readings as will result in a reliable average. An 
average is reliable, of course, only when it contains a reasonably 
probable error and the value of this error may be unfavorably 
affected by many uncontrollable factors. For example, such 
factors as severe wave action, or air entrainment accompanying 
turbulent flow, in the tailrace, will require a relatively long period 
of observation—or at least a larger number of observations than 
would be needed if conditions were more favorable. The same 
type of consideration should be given particularly to the manome- 
ter deflections which measure relative discharge, since the na- 
ture of these readings makes them susceptible to relatively large 
percentage errors. 

Without attempting to set a definite rule, a typical run may last 
3 to 5 mm, during which time 10 periodically spaced readings of 
all fluctuating values may be taken. Twenty readings, how- 
ever, are sometimes preferable on some measurements, such as the 
Winter-Kennedy deflections, if erratic results indicate such a 
need. 

The writer feels that it is important to make an attempt to ob- 
tain all the observations relating to a specific test run approxi- 
mately concurrently with respect to time. In the author's illus- 
tration of a specific test on a Kaplan installation, mention was 
made of tailwater elevations being taken on a staff gage at 5-min 
intervals. In this instance apparently the primary factor af- 
fecting the tailrace elevation was the gradual tidal effect. In 
order to provide the actual example of a markedly different 
situation the curves shown in Fig. 17, herewith, are presented. 
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Fie. 17) Tan-Water Variation, INSTALLATION 


These curves represent the fluctuation of tail-water elevations 
against time for two large-capacity propeller-type turbines in the 


same plant. Each point plotted is the average of ten readings 
taken at 30-sec intervals on a staff gage. The figures shown ad- 
jacent to each point represent percentage gate opening. It is 
clear that in this case tail-water level is unusually sensitive to tur- 
bine discharge, and that an accurate head determination could 
not be made without correlating tail-water readings with other 
measured data. Since head on this plant was 
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41 ft during the test, an error in tail-water elevation of 0.2 ft 


would result in an error of about '/; per cent in efficiency and 


about #/, per cent in output. 
The problem of correlating the measurements of the participat- 
ing personnel, located as they usually are at remote stations 
throughout the plant, may be solved in various ways. In the 
foregoing example an outdoor siren was sounded for the begin- 

ning of each run, this signal being clearly audible throughout the 

powerhouse proper, as well as at the outdoor stations. Tele- 

phone communication was available between the calculator’s 
table, the turbine pit, and the governor floor. When all of the 
- data from the previous run had been supplied to the calculator 
for plotting, phone instructions were given to the operator at the 
governor panel for the next gate setting, and for sounding the 
siren signaling the subsequent test run. 

In conclusion it should be emphasized that the foregoing re- 
marks are intended as a supplement to the author’s fine paper, 
with the intent of disseminating whatever additional information 
the writer may have acquired from field experience. It is hoped 
that other authors will add to what has already been written. 


W. B. Hess.* Although considerable economies have been 
achieved in the operation of hydroplants, as related to their load 
characteristics, the system requirements, available river flows, 
and the optimum utilization of storage, there is generally inade- 
quate knowledge of the actual operating efficiency of individual 
hydro units and too little appreciation of the potential gains that 
can be achieved from such information. In many cases the entire 
knowledge of unit efficiencies may be based on data obtained from 
stepped-up model tests or field acceptance tests made at or near 
rated head. The model efficiency data may be reasonably indica- 
tive of prototype efficiency near the peak efficiency range; 
but experience has shown it to be very inaccurate at the high 
load ranges, particularly when the unit is operating in or near the 
critical cavitation zone. 

Field acceptance tests are usually conducted at only one value 
of head and are made shortly after initial installation. For such 
tests the water passages are smooth, the shaft alignment good, and 
all operating conditions are held as constant as possible. These 
conditions are not representative of those encountered in subse- 
quent operation. Only continuous metering of turbine discharge 
or periodic checks of operating efficiency by a suitable index 
method will detect inefficiencies caused by trash on the intake 
screens, rust, and foreign-matter accumulations on the turbine 
and intake passages, pitting from cavitation, shaft eccentricity, or 
other change in physical condition. The varying load conditions 
resulting from frequency and load regulation may be further 
factors in reducing unit efficiencies, because when a unit is regu- 
lating frequency or load, the blades lag the motion of the gates 
so that best efficiency relationship of blades and gates is seldom 
obtained. 

Even though the losses from these several sources may some- 
times appear small percentagewise, the accumulated energy loss 
can attain a considerable magnitude. A loss of only 0.1 per cent 
in the efficiency and maximum output of the combined Safe 
Harbor anc Holtwood hydrostations would cause an avers ge loss 
of 1,500,000 kwhr annually. 

Although the author is familiar with the initial index and tur- 
bine field tests on the Safe Harbor units, it is believed that a brief 
discussion on the subsequent installation of turbine-discharge 
_ meters and the derivation therefrom of a continuous record of 
operating efficiency will add to the interest of the paper. 

There are installed in the Safe Harbor hydroelectric station 
seven main units with adjustable-blade (Kaplan) turbines and 
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two small service units with Francis-type turbines. The adjusta- 
ble-blade machines are rated 42,500 hp at 55 ft head; the Francis 
types are rated 3100 hp at the same head. All units have Winter- 
Kennedy scroll-case piezometer taps which have been calibrated 
on five main and one service unit by actual field tests using the 
two-type current-meter method and checked in two cases against 
Gibson tests. 

The scroll-case piezometers of each unit are connected to a 
Leads and Northrup Centrimax flowmeter to provide a continu- 
ous measure of individual unit discharge. Totalizing relays 
provide for indicating, integrating, and recording the discharge 
of the entire station. The hourly integration of the actual 
station draft, integrated generator output, and recorded average 
head provides all the data necessary for calculating station effi- 
ciency. These data are recorded every hour on a station log 
sheet; and comparison is made of the actual efficiency of station 
operation with the expected maximum for the prevailing condi- 
tions of operation. 

Daily checks of individual unit over-all efficiency are also made. 
On a number of occasions maladjustments of the blade-gate rela- 
tionship have been detected. These instances usually occur after 
a maintenance outage and sometimes following an adjustment 
for some abnormal operating condition, after which, due to chang- 
ing shift personnel, return to the proper setting is overlooked. 
On several occasions a drop in efficiency of as much as 4 per cent 
has been detected on the service (Francis) units. This loss is 
caused by the failure of a water seal around the turbine shaft; 
mud and dirt clog the water-supply lines making the seal ineffec- 
tive. 

At Safe Harbor it is conservatively estimated that an average 
annual gain of 5,000,000 kwhr (a little more than 0.5 per cent of 
the average annual output) is effected by the system of continu- 
ous-discharge metering and efficiency checks. 

The turbine-discharge metering provides, in addition, a method 
for conducting “one-man” efficiency tests on any unit. The 
turbine discharge is integrated by means of totalizing relays which 
indicate the amount of water on a five-digit counter. The revolu- 
tions of the integrating watthour meter are transferred to a simi- 
lar counter by means of a phototube and electronic relay. The 
two counters are started and stopped simultaneously; therefore, 
at constant head the ratio of the number of counts accumulated 
in the test period is a direct measure of relative efficiency. Dur- 
ing the test period, while the counts are accumulating, the test 
man records the head from accurately calibrated water-stage 
recorders, as well as other data necessary for a complete efficiency 
test run. 

The importance of testing in the maximum output range can- 
not be overemphasized. The effects of cavitation on the per- 
formance of the turbine in this range are very critical, and to ob- 
tain the maximum power with a minimum of pitting damage some 
measure of the severity of the action is advantageous. Since 
vibration is a measure of relative severity of cavitation, vibra- 
tion-sensitive elements have been installed on the draft-tube man- 
hole doors of the main units. The degree of vibration is indi- 
cated on meters located in the station control room and, during 
periods of wide-open operation, the unit outputs are limited to 
predetermined values of vibration. 

Index tests made at small increments of blade angle within the 
maximum output range have shown that optimum load, effi- 
ciency, and vibration are quite sensitive to the blade-angle set- 
ting. The results of a test are shown in Fig. 18, herewith. It 
will be noted that an increase of 125 kw is obtained for this par- 
ticular unit by decreasing the blade angle manually approxi- 
mately 1 deg. In this range of loading, the blades are normally 
wide open, or nearly so, while the load is varied entirely by gate 


opening, there being no corresponding moveme' 
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Since maximum loads are usually carried during periods when the 
river flow equals or exceeds maximum station draft, efficiency is 
not given too much consideration; however, the gain of 2.1 per 
cent in this case reduces the discharge 220 cfs per unit and, on the 
basis of the entire station, results in an additional gain of 30 kw 
from an increase in head due to less water entering the tailrace. 
These gains for the entire station amount to approximately 1000 
kw or about 1,300,000 kwhr annually during the high flow periods 
of an average year. 

The characteristics of the unit illustrated in Fig. 18 are typical 
of, and the gain shown is the average for, all units. Actually, even 
though the main units are of the same design, there are differences 
between individual units of such magnitude as to warrant detailed 
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testing on each machine. The optimum blade-gate relationship 
also varies at different operating heads. 

Installation or selection of a proper index should be given care- 
ful study. Combinations of scroll-case piezometers usually pro- 
vide consistent results; however, single-point current-meter or 
Pitot-tube indexes, due to changes in flow pattern, can produce 
erroneous and inconsistent results. During the initial turbine 
field tests at Safe Harbor, units adjacent to the one under test 
were held at constant load to minimize change in flow pattern, 
but even in this case the entire area of flow was traversed. 

The writer’s experience in making field acceptance tests on 
automatically adjustable-blade turbines indicates that max‘mum- 
efficiency capabilities can be obtained only by tests at fixed blade 
angles with test runs being taken at several gate openings through 
the peak range. Testing on the cam, due to play in the mecha- 
nism, lap in the valves, and so forth, usually does not produce 
the optimum blade-gate relation or conditions conducive to the 
absolute maximum efficiency. 


H. E. House.” Since 1945 over twenty different tests have 
been run on the Santeetlah, Cheoah, and Calderwood power 


_ gate setting are plotted as the test proceeds. 
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plants owned by subsidiaries of The Aluminum Company of 
America. All of the units tested are of the Francis type. 

A question concerning the cost of running an index test has 
been raised. The time required to obtain the test data is gener- 
ally 4to 5hr. It has been found convenient to establish servo- 
motor-piston settings using a 50 divisions per inch metal engineer’s 
scale. The man reading the scale has telephone communication 
with the man at the governor. The governor is blocked using 
the load limit. Plant load is held constant by the switchboard 
operator using a unit not under test. Five readings at 30-sec 
intervals have given good results. As soon as the five readings are 
taken, the man at the servomotor piston calls for the next point. 
Power output versus gate setting, and Venturi deflection versus 
Total engineering 

personnel man-hours will generally run 280 to obtain the data and 
prepare the test report. Twenty-four man-hours, mechanic's 
time, are required to set up the test equipment and remove it 
upon completion of the test. 


_ A four-stage mercury column for measurement of head has 


_ given consistent and accurate results. Each of the four U-tubes 
is 6 ft high and made of */s-in. Tenite tubing with steel compres- 
-_sion-type fittings. 
In addition to turbine-performance data, considerable worth- 
while information concerning tunnel and penstock losses has been 
obtained. 


The basic method of index testing given in the 
paper has been used by the Authority on some 60 units of 
the Francis, Kaplan, and fixed-blade propeller types. Of all the 
methods mentioned by the author for testing turbines, the index- 

_ testing method is the only one which can be made and repeated as 
often as necessary at very small cost. As stated, although the 
values are relative, the results leave no doubt in the operator’s 
mind as to how the unit should be operated to obtain the maxi- 
- mum power from the available water supply. 

The author has stated that for each blade-angle setting accu- 
rate measurements should be made so that the blade setting could 
be reproduced for check readings, if later found necessary. In the 
making of a great many tests the Authority has found that to 
reproduce a blade-angle setting is practically impossible. The 
better method is to plot all quantities as they are taken and, if 
necessary, take as many check readings as desired before moving 
to the next blade angle. In many cases, after the entire test has 
been completed, it will be found that additional readings are de- 
sired, in which case an entirely new set of readings should be 
taken for the blade-angle position in question. 

The author has covered the entire testing procedure in suffi- 
cient detail to enable engineers familiar with hydraulic turbines 
to conduct an index test, with one exception; this is reproducing 
on the new cam the path of the cam follower when passing 
through the peak of the individual blade-angle curves as repre- 
sented by the envelope curve when drawn through these peaks. 
This is shown by optimum cam in Fig. 14 of the paper. Before 
the cam is removed the uni should be operated through the entire 
range of blade movement. At each desired blade angle the posi- 
tion of the cam follower should be marked on the face of the 
cam, and for each blade position the vertical location of the fol- 
lower should be established with reference to a fixed point. 
With the cam removed and the test made for any given blade 
angle, obtain the vertical location of the follower. This dimen- 
sion, as compared with the previous dimension for this particular 
blade angle, will determine how much the cam is to be altered at 
that particular point. All of these measurements should be 
made and recorded carefully. Without these measurements. 
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which are required to be able to shape the new cam, the entire 
test would be valueless, 

One of the basic reasons for installing Kaplan turbines is the 
fact that the head variations are usually a large percentage of 
the rated head. In view of this it is necessary to have operating 
curves which show the characteristic of the turbine over the en- 
tire range of head. These curves should show efficiency, dis- 
charge, power, and gate-blade relation for all heads. These 
curves should, of course, be as accurate as possible. The index 
test is ideally suited to obtaining relative values for these quan- 
tities for the test head. In order to obtain the required values for 
other heads, it is necessary to run test at other heads since the 
relationship between power and heads does not vary as the 3/2 
power, owing to the characteristics of the runners. However, 
it is not always convenient or possible to obtain tests at the de- 
sired heads, in which case the test data should be reduced for other 
heads in accordance with the relation of the test data at the test 
head to the model test curves. 

In order to obtain the greatest possible power with installed 
equipment, every unit in every plant should have at least one 
index test performed. It is desirable to have tests at as many 
heads as possible, and, as stated by the author, for continuous 
efficient operation these tests should be repeated periodically. 


W. J. Ruercans.® This paper is quite timely, because 
ASME Committee No. 18 on Power Test /Codes for Hydraulic 
Prime Movers has been working for the past 3 or 4 years on a 
supplement on index testing to be added to the Hydraulic Prime 
Movers Test Code. The committee has recognized the impor- 
tance of index tests and the object of the supplement is to set 
standards for this type of test, similar to the way the main test 
code sets standards for acceptance tests. However, the object 
of the supplement will be to set forth the general limiting condi- 
tions for making index tests, and it will not be a textbook or man- 
ual on the subject. Therefore, a paper of the type presented by 
the author, which goes into the details of how to make such tests 
and gives actual examples of index tests is quite valuable. 

Unfortunately, the author does not go into much detail re- 
garding the measurement of head and power output for index 
tests. It should be emphasized that when making index tests 
it is not necessary to measure the head on the turbine or the gen- 
erator output with the degree of accuracy required by the Test 
Code for acceptance tests. Many short cuts can be taken to re- 
duce the cost of making the tests and to speed up the actual test- 
ing. For example, the pressure head, on a closed conduit to the 
turbine, can be measured with a pressure gage connected to a 
single piezometer, and the tailrace elevation can be measured on 
a staff gage located at some convenient point in the tailrace. 

The generator output can be obtained from the switchboard 
indicating meters, although the kilowatthour meter, such as 
used by the author in the example of the test cited, is usually 
preferable. The greatest saving in time and expense in meas- 
uring generator output during an index test is that the require- 
ment for calibrated instruments and instrument transformers is 
eliminated. 

The author did not mention the fact that the true net head 
on the turbine cannot be determined with an index test, because 
the absolute discharge is not measured and therefore the true 
velocity-head corrections cannot be made to the head measure- 
ments. However, the error is usually so small that it has very 
little influence on the results. 

The statement by the author that index tests will show the most 
economical use of units on a system is open to argument. It is 
true that an index test will show the most economical use of a 
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single unit or of a group of identical units, but, since it does not 
measure the true discharge of any of the units, the most economi- 
cal use of a combination of various types of units on a system 
cannot be determined accurately by means of such index tests. 

The author does not explain his statement that the mst eco- 
nomical operation is obtained when units are operated at loads 
such that the slopes of the output versus Q curves are equal. 
Although he makes a reference to a previous article on this sub- 
ject, it would seem that this is important enough to warrant a 
few words of explanation. 

Fig. 3 of the paper shows results of index tests made in 1941 
as compared to tests made in 1949. The author calls attention 
to the fact that some flowmeters using friction loss in the pen- 
stock are subject to change with time. The same is true of most 
flowmeters, including Venturi-tube types, and Winter-Kennedy 
taps. These methods are all subject to variation with time as 
has been demonstrated by accurate calibration. Therefore, too 
much reliance cannot be placed upon comparative index tests 
made over a long period of time. 

The author does not explain the Kw/+/D value used in Figs. 
1, 2, and 4, at the time he discusses these figures. 

The various methods of determining relative discharge men- 
tioned by the author correspond to the methods being proposed 
by Committee No. 18 for its supplement on index testing. How- 
ever, under Pitot tube, the supplement will also include the 
“Pitometer.” 

The supplement proposes to set a minimum limit of 1.5 ft of 
water differential at full turbine discharge at rated head for the 
Venturi section, the friction-head loss and velocity-head method, 
the Winter-Kennedy method, and the Peck method. The author 
has suggested 3 ft of water differential for these methods which 
would have a tendency to increase the accuracy of the tests. 


J. F. Roperts.'® This paper on the subject of index testing is 
very timely because it comes at the same time that the ASME 
Test Code Committee is reviewing this subject and is also in the 
process of drafting instructions so that index tests can be con- 
ducted properly and the greatest benefits obtained from the re- 
sults. Index testing, while it does not measure the quantity of 
water accurately, does measure the relative discharge at differ- 
ent outputs of the turbine. Most engineers agree that the effi- 
ciency at best point can be estimated within 2 to 5 per cent, so 
that the values of discharge can be computed at all other horse- 
power outputs within this same degree of accuracy. On the 
modern vertical-shaft units with a reasonably good setting, the 
estimate of best efficiency should be near the lower limit of 2 per 
cent, although on the older multiple-runner units, it might be 
difficult to agree on the estimates within the 5 per cent figure. 
Even with this variable, it is possible to keep records of discharge 
throughout the year, and such records are extremely valuable in 
future forecasting of power output properly. 

Attention should be called to a publication printed by the 
National Electric Light Association,'' which gives a great deal of 
useful information on the subject and is recommended as a refer- 
ence for anyone interested in the subject. 

Forrest Nagler was a strong advocate of index testing during 
all his years of activity in the hydroelectric field, and he has 
written several papers on this subject. During recent years our 
company has made index tests on a large number of plants, es- 
pecially Kaplan-turbine plants, and particularly almost every 
plant installed on the system of the Tennessee Valley Authority 
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Allis-Chalmers Manufactur- 
Mem. ASME. 
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Cheoah—Aluminum 
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k Table 4, herewith, lists some of the large plants that have been 
index-tested 


> TABLE 4 WRITER'S COMPANY PLANTS WHERE INDEX TESTS 
HAVE BEEN CONDUCTED 

Horse- 

No. of power 

units each 

44000 48 


Head 
Name of plant ft 
Kentucky, TVA.... 


‘Piekwiek, TVA... 


Rpm 
78.3 
81.8 

171'/2 Francis—plate case 

164 


Cal. Edison— 


Hoover—B of R.... 
Canadian Aluminum, 
Saguenay 


Calderwood——Alumi- 
num Company 


R. A. SurHercanp."? The author has given a clear description 
of the steps in index testing and makes out a good case for its use 
in all installations, particularly with adjustable-blade propeller 
turbines, It is well known that a complete efficiency test is in 
many cases very expensive, especially with low-head turbines, 
which is perhaps the main reason that such a test is not generally 
made, The index test gives information of great value to the 
operators, at much less expense than an absolute efficiency test, 
and, if this fact were more generally realized, the index 
test might become more general. In this connection, it would be 
useful if the author could give some indication of the cost of con- 
ducting such a test and reducing the test data to a usable form, 
and an indication of the approximate time that a machine must 
be taken out of regular service for the test. In many cases the 
loss of production would be a charge against the cost of the test. 

Referring to the author's Fig. 14, it is noted that at 8000 hp 
(to take an example), a zain of approximately 2 per cent in effi- 
ciency of a certain Kaplan wheel could be realized by a change of 
cam shape consequent on an index test. For a run of river unit, 
the increased output might be worth, roughly, $3000 per year or 
represent a capital gain, of, say, $30,000. 


I. A. Winter." The data presented are related primarily to 
the performance of adjustable-blade propeller-type turbines. 
The application of index testing to this type of installation is 
much broader than has been experienced with the fixed-blade 
propeller and Francis-type units. Considerable advantage can 
be had, however, through the use of index testing for improving 
the performance of the latter types. 

The practical use of the index method of testing hydraulic tur- 
bines includes optimum performance of units under variable-head 
conditions, which is an important phase of the Bureau of Reclama- 
tion’s operation, because of the requirement for the generation 
of electrical energ, from large quantities of stored water used 
primarily for irrigation purposes, thus producing wide fluctuations 
in reservoir levels. Advantages of index testing to be had under 
these conditions are comparable to those obtained with the ad- 
justable-blade propeller turbines as discussed by the author. 
Another important use of the method is to determine the effect on 
performance of units under varying tail-water conditions, where 
the sigma setting is considered to be critical. Also, there are 
numerous examples of the application of this technique to evalu- 

12 Hydraulic Engineer, Ebasco Services, Inc., New York, N. Y. 
Mem. ASME. 

18 Head, Hydraulic Machinery Division, Bureau of Reclamation, 
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ating the results of alterations to turbine runners, guide vanes, 
draft tubes, intakes, and other water passages which influence 
the hydraulic performance of the unit. 

The author has pointed out the difficulty of obtaining accurate 
pressure readings at the of the entrainment 
of air and other types of interference. To these cautions should 
be added the importance of avoiding low points in the pressure 
lines where mercury, inadvertently injected into the lines by 
faulty manipulation of the manometers, could accumulate and 
interfere with the proper deflections in the manometers. Ade- 
quate drain connections should be provided at low points if 
sufficient slope to assure freedom from this trouble cannot be 
provided. The effect of temperature on the surface elevation or 
pressures of water in piezometer lines having considerable vertical 
height should be appreciated fully; and, if the piezometer lines 
are to be exposed, means should be provided for continuous circu- 
lation of water through the lines except while measurements are 
actually being obtained. This will assure minimum error, due 
to a difference in specific gravity of the water in the penstocks 
and in the pressure lines. 

It is not necessary that the differential-pressure means be in- 
stalled initially in the turbine casing to be able to conduct a satis- 
factory index test involving the measurement of flow of water 
through the turbine. Many satisfactory installations of scroll- 
case differential-pressure taps have been made by inserting the 


vers 


| high-pressure piezometer line through the casing from within the 


turbine pit and tack-welding or clipping the pipe line around the 
casing to the outside horizontal center line where the high-pressure 
orifice is located. The inner or low-pressure connection can be 
installed from within the turbine pit by drilling and tapping the 
pressure orifice in the exposed portion of the speed ring. A recent 
installation of this type has been used successfully in Unit 1 of 
the Parker Power Plant of the Bureau of Reclamation for the 
purpose of investigating the effect of trimming the turbine-runner 
blades. 

Control of the wicket-gate position by means of the governor 
gate-limit device during the test is inadequate, as field experience 
has demonstrated that the most consistent electrical and hydraulic 
measurements are obtained when the turbine gates are blocked 
in a fixed position, using metal inserts between the collar on the 
servomotor piston and the servomotor cylinder head. These 
blocks are usually machined to represent increments of 2'/, 
per cent of the total servomotor stroke, and, by means of a suita- 
ble combination of stops of various thicknesses, it is possible to 
obtain a complete traverse of the turbine performance with rela- 
tively few blocks. 

Control of flow through the water passages of a hydraulic- 
turbine installation with the unit operating at constant head 
and speed is effected (a) by the position of the turbine wicket 
gates and (b) by the area of the runner vent. The relation be- 
tween the total orifice area of the wicket-gate opening is estab- 
lished readily by calibration with the casing empty and the ma- 
chined servomotor blocks in position. This makes it possible to 
translate servomotor-piston travel in inches accurately into 
orifice area in square feet during the test. The total orifice area 
of the runner vent can be determined by calibration in the shop, 
or after installation if necessary, to a very high degree of accu- 
racy. Thus the two controlling orifices of the water passage can 
be established. An example of the application of this tech- 
nique is shown in Table 5 on the following page. 

The purpose of the calibration is to permit the interpretation 
or extrapolation of a measured performance of one unit to several 
units of like design in a given plant. Interpretation of the effects 
of the difference in areas of runner vents for similar turbines in- 
volves indeterminate factors and for this reason it is desirable to 
specify turbines of like design to have vent areas within 1 per 
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TABLE 5 EXAMPLE OF RUNNER VENT AND WICKET GATE 
CALIBRATION 


Area runner Area wicket gates 


at 70 per cent open, 
sq ft 


115.9 
Not available 
116.9 


Not available 


cent in a group of identical units. This degree of accuracy may 
be questioned, however, but it is not necessary to obtain final 
dimensions in the original castings, as minor chipping of high 
places and building up of low spots by welding makes it feasible 
to obtain values within these limits. With like runner-vent 
areas, it may be concluded that the discharge values between 
identical units when stated in terms of the coefficient of dis- 
charge of the wicket gates will give results within 1 per cent of 
comparable values. An example of results obtained by this pro- 
cedure is shown in Fig. 19 of this discussion. 
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Fic. 19 Comparison or Erriciency or Lixg Units Usine Co- 
Erricient oF DiscHarce or as Basis 


Another important item in investigating the relative perform- 
ance of several units of similar design in a given power plant is the 
measurement of the electrical output. It is believed that best 
results are obtained by calibrating the individual watthour 
meters of the several units with a given standard and counting 
the revolutions of the meter disks throughout the test periods, 
utilizing a high-grade accurate timer. The advantage of the 
watthour meter over portable meters is the absence of errors in- 
herent in temporary hook-ups, meter calibrations, change of con- 
stants, transformers, and the like. The meters can be sealed to 
insure comparable results for subsequent tests in a continuous 
program of investigation. The use of electrical measurements 
as the prime mover for determining relative hydraulic perform- 
ance between like units is not recommended as it is believed the 
gate-area orifice-discharge coefficient is 5 more suitable parameter. 


AuTHor’s CLOSURE 


The suggestions, both general and detailed, offered by Mr. 
Davis regarding the conduct of an index test are interesting and 
are certainly a valuable addition to the paper. 

Mr. Davis, in calling attention to Figs. 7 and 9 of the paper, 
states tha’ they indicate that the exponent n in the equation Q = 
K D” is 0.489 for the Winter-Kennedy system and 0.50 for the 
Peck method. This, as Mr. Davis realizes, as indicated by his 
comments thereafter, was not the author’s intention. The ex- 
ponent n theoretically should be 0.50 for piezometers correctly 


- located by either of the systems mentioned, or by any others, 
and, where field tests have not or do not confirm this, something 


must be wrong with the piezometer locations or with the absolute- 


discharge measurement. 


TRANSACTIONS OF THE ASME 


The author in his presentation of the paper submitted addi- 
tional evidence that with the piezometers properly located, the 
exponent n=0.50. For the record, this additional evidence is pre- 
sented in Figs. 20 and 21, herewith. Fig. 20 shows log D 
versus log Q where Q was measured by the Gibson method on one 
of the main Kaplan turbines at the Safe Harbor Plant of Safe 
Harbor Water Power Corporation. A line with slope such that 
the exponent n = 0.50 certainly fits all the points. Fig. 21 shows 
the same data for one of the Francis Station service units in the 
same plant. In this case the absolute discharge was measured 


10 


(MEASURED BY GIBSOY METHOD 
K=2708 


@ MEASURED BY CURRENT METERS 
*=330 
PIEZOMETERS LOCATED 

h, ON PERIPHERY OF SPIRAL CASE 
h, ON UPPER OF SPIRAL CASE 


by current meters. Here again a line with slope n = 0.50 fits 
the points, with the exception of the two at the lowest discharge 
values. It was the opinion of the engineers concerned that the 
piezometers were located properly and that, at these very low 
velocities, it was the absolute measurements of discharge which 
were in error and not the relative discharge indicated by the 
piezometer differentials. 

Where index tests are to be run, it is essential that the piezome- 


ters be located correctly, and this should be done by one both 
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_ technically and practically qualified. When this is done, the 
exponent n definitely will be 0.50. 


Mr. House has given some data indicative of the man- 


=e ; hours required to conduct an index test. This partially answers 
Ba, the question brought up in Mr. Sutherland’s discussion regarding 


- cost. The loss of production from the turbine is chiefly a matter 
of the outage for inspection, a check on the wicket-gate adjust- 
ment and calibration, and, in the case of a Kaplan turbine, on the 
blade-angle calibration. Alt! of these normally can be performed 
in about 4 hr; however, if piezometer taps have not been in- 
stalled previously, this usually means an additional 4-hr outage. 
The operation during the test being nearly all at less than full 
_ load means an additional output loss, the amount of which de- 
pends upon the size of the unit. In nearly all instances, the 
- total loss can be kept to a minimum by so timing the test dates. 


sth _ One of the important advantages of an index test over an accept- 


- ance test is that it can be run on short notice whereas the accept- 
ance test requires lengthy preparation, and the availability of 
special instruments, especially ior the discharge measurements, 


does not always coincide with the most economically advantage- 


ous date for the test from the outage standpoint. 
Mr. Hess’ discussion has provided an outstanding example of 


_ the application of index-test data in securing continual efficiency 


indication and maximum efficiency of operation from a given unit 
under varying conditions of both hydraulic input and electrical 
output. In practically all operating companies there are engi- 
neers qualified to make similar applications to meet specific 
conditions. The expense necessary to plan and carry out such 
applications in most cases would be negligible, compared with the 
gain in yearly output resulting therefrom—as indicated by Mr. 
Hess’ discussion. 

Both Mr. Norris and Mr. Davis point out, in the case of a 
_ Kaplan turbine, the advisability of locating by measurement the 
position of the cam follower for each of several blade angles to 
facilitate alteration of the cam surface. This point was over- 
looked by the author because, although he actually has never 


AS 


x 


made such measurements, he has never failed to get the cam 
right on the second try. Either Mr. Norris or Mr. Davis could 
probably do the same. The aim is to correct the cam properly 
in the minimum possible time, and the great majority of test 
personnel could accomplish this end by making the measurements 
suggested. 

Mr. Rheingans has called attention to the fact that the author 
did not amplify his statement regarding the most economical dis- 
tribution of load between units. A ready reference to this sub- 
ject is available."* The author trusts that Mr. Rheingans’ re- 
marks regarding the accuracy of index tests will not be miscon- 
strued. They can be as accurate relatively as the acceptance 
tests are absolutely. However, frequently gross head can be used 
in place of net head and guaranteed generator and exciter effi- 
ciencies may be used where actual test results are not available. 

It is particularly interesting to note from Mr. Roberts’ discus- 
sion the number of large turbines, manufactured by his company, 
tested by the index method as listed in Table 4. The benefits de- 
rived from index-testing smal] units are, of course, equally im- 
portant to the owner. Once, the author, in testing a 50-in- 
diam Kaplan turbine in a vacuum setting under 8-[t head, was 
able to increase the output from 50 to 55 kw as a result of an index 
test. Three men did the whole job in 64 man-hours, including 
the report. The owner of that small turbine was certainly 
pleased; a gain of 5 kw represented quite a saving in purchased 
power in a year’s operation of his small business. 

As Mr. Winter was one of the pioneers of the index-testing 
method and is a foremost authority on the subject today, his 
comments are particularly valuable—as much for his general 
agreement with the author’s views as for his suggestions. It is 
most regrettable that one of the other great pioneers and propon- 
ents of index testing—Mr. Joseph A. Peck—is no longer among 
us to participate in the discussion. 

4 “Handbook of Applied Hydraulics,”” by C. V. Davis, MeGraw- 


Hill Book Company, Inc., New York N. Y., 1942, pp. 656-657; 
section 14 by L. F. Moody 
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Fic. 1 Crassirication or TursomMacninery Types 
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the Performance of 


The over-all duty of a turbomachine with respect to 
fluid-friction effects is measured by the machine Reynolds 
number, UD/v. Experimental data are presented for 
several types of turbomachines which show the variation 
in over-all efficiency with UD/v when all other dimension- 
less parameters are held constant. The results are con- 
clusive for the ranges of data reported, and should be use- 


ful to design, application, and operating engineers : 2 


fronted with unfamiliar UD/yv values. 


NOMENCLATURE 


The following nomenclature is used in the paper: 


= dimensions defining geometry of a flow 
machine, ft 


rotor outer diameter, ft 

= linear measure of absolute surface roughness, ft 
= total head of machine: total heat change; 
change, ft-lb/slug 

suction head of the machine, ft-lb/slug 
ratio of specific heats 


enthalpy 


Research and De- 
Jeannette, Pa. Jun. 
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velopment Department, Elliott Company, 
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: 
of turbomachinery are relatively unrecognized by the majority 


and commercial applications. 


machine Mach number 
exponent 
volume flow, cu ft per see 
gas constant, ft-lb/slug deg F abs 
machine Reynolds number 
absolute total temperature at inlet, deg F abs 
rotor peripheral speed at outer diameter, fps 

exponent 
machine efficiency (polytropic, hydraulic), per cent — 
kinematic viscosity of fluid, sq ft per sec ee 
density of fluid at inlet, slugs per cu ft inoy" 
flow coefficient; volume coefficient 
pressure coefficient; head coefficient; 
coefficient 


manometric 
INTRODUCTION 


The effects of Reynolds number on the over-all performance 


of designers and almost totally unknown to the users in industrial 
In an increasingly large number 


of cases, however, Reynolds-number effects are of considerable, 


even critical, significance. 

While there is a rather extensive background on this subject 
in the literature, it is generally in the form of isolated reports, 
and no general correlation and evaluation has, to the authors’ 
knowledge, been undertaken. Since the need for this is real, and 
is growing steadily, this paper has been prepared to assess the 
present knowledge of the subject and to point the way for future 
investigations. 

The term “turbomachinery” as used in this paper is meant 
to include all types of fluid-flow machines in which mechanical 
work is done on or by the fluid entirely as a result of momentum 
change. The classification of turbomachinery types is shown in 
Fig. 1. 

DIMENSIONAL ANALYSIS OF T URBOMACHINERY PERFORMANCE 

The dimensionless groups which are important and useful in 


The Influence of Reynolds Nuimbiss o 
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TABLE 1 PRELIMINARY LIST OF DIMENSIONLESS GROU 
describing the generalized performance of a machine are gener- AFFECTING TURBOMACHINERY PERFORMANCE 
ally well known to designers, but the majority of the users of ’ : 
such machines are unfamiliar with the interrelation of various Secondary quantity Gaseous fluids Liquid fluids 
quantities. Hence we will carry out the analysis leading to the Q ps * 


The variables affecting the steady-state performance of a single 
or multistage machine are as follows: 


Variable Units 
inlet volume flow, cu ft per see 
rotor peripheral speed at diameter D, fps _ 
L rotor outer diameter,‘ ft 
L*T-* total head of machine, ft-lb per slug (total 
heat change, enthalpy change ) 
L*T ‘gas constant, ft-lb per slug deg F abs (gase- 
ous working fluid) 
6 absolute total temperature at inlet deg F abs 
(gaseous working fluid) 
ratio of specific heats (gaseous working fluid) 
suction head, ft-lb per slug (liquid working 
fluid ) 
linear meanure of absolute roughness, TABLE 2, 
kinematic viscosity of fluid, sq ft per sec Description Symbol — Liquid 


inlet density of fluid, slugs per cu ft Flow coefficient z 4Q_ 
Volume coefficient 

Pressure coefficient 

other dimensions defining geometry of ma- Manometric coefficient 


chine, ft Machine Mach number 


Sls 


Ratio of specific heats 
Thoma cavitation parameter 


= 


Since there are four fundamental units, M, L, 7, and @ for 
machines handling gases, and three for -machines handling 
liquids, we may choose arbitrarily four quantities (or three, Pol wreaie efficiency 


as the case may be) as principal variables. We shall choose Mipcoaums elisioney 
Machine Reynolds number... 


Relative roughness ratio 


dle 


ca 


U, D, p and @ for machines handling gases 


and 
U, D, and p for machines handling liquids 


Shape factors 


Continuing with the case of gaseous fluids; we may form inde- 
pendent dimensionless products by multiplying indeterminate 
powers of the principal variables successively with each of the 
— variables, ene ot 0 time, and equating the total di- Since W and 7 are customarily regarded as the only dependent 
mensions to sero; hence variables, the generalized dimensionless performance may be ex- 
U™. p™. = dimensionless product pressed as 
for gases. . [3] 


.| 


(LT~1)™ L™ (ML-3)™ = 1 
Equating exponents of each unit, we have 
(L); a1 + a@—3a,+3=0 
(M); a =0 ) 
(T); —m —l=0 ) 


7 gd and the corresponding grouping is Q/D*U. The remaining groups 
bs are found by replacing Q in Equation [1] by H, R, ete., and the ; Feat wid 


D’ D*** 


for liquids. . [4] 


x 1 corresponding units in Equation [2], and successively solving 
: for the exponents of the dimensionless products. The groups  ... the case may be. 
which are found are given in Table 1. 3 : Specifically, we intend to discuss the effects of changes of Ry on 
Some of these groups become more familiar after being multi- n observed from reported test data. Ideally, the effects of Ry 
. B ee by a dimensionless constant, and the modified list is given on 7 can be determined only from multiple tests for which all the 
q in Table 2. other dimensionless groups are constant. This requirement is 
practically impossible to fulfill, but a very close approach is at- 


: ‘ ‘For a multistage hine: the di ter of the first stage is used. 
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tained in several sets of data reported in the literature and de- 


 seribed later in the paper. 

The tenor of this paper, then, is that the over-all machine 
Reynolds number Ry is an important and useful quantity which 
should register with both designers and users as the measure of 
the over-all duty of a machine with regard to fluid-friction effects. 
This usage of a Reynolds number differs from the more common 
form as used to indicate local friction effects at a flow section, or 

- along a surface. The local Reynolds number is frequently of 
interest to the designer who is faced with a particular flow phe- 
nomenon in the interior of a machine. However, for comparing 
and correlating Reynolds-number effects in geometrically similar 
machines, operating with the same values of the dimensionless 
coefficients given in the foregoing, changes in Ry necessarily 
correspond exactly to changes in all local Reynolds numbers. 

The absolute value of the machine Reynolds number is, of 
course, meaningless, the importance arising from the ratio of 
Reynolds numbers between two identical or geometrically simi- 
lar machines. Provided that there are sufficient experimental 
data to define the effects, we have a means of estimating the 
changes in performance arising from changes in Ry from familiar 
ranges to unfamiliar ones, and the comparison is one that can be 
made by the user of a machine who would be unable to make and 
interpret a local Reynolds number calculation. 

Naturally, the effects of frictional behavior can only be stud- 
ied with Ry as an index from experimental data in which Rp is 
the only independent variable which is not held constant. We 
must have sets of tests on machines having exact geometrical 
similarity, identical flow coefficients, and compressibility or 
cavitation effects, similar roughnesses, and so on. 


CorRELATION OF Reportep Data 

Considerable study of Reynolds-number effects on several 
types of turbomachines has been made, as evidenced by the 
number and variety of references found in the literature. 

For each reference, the data have been reworked for the 
presentation of individual curves of 9 against Ry. A composite 
plot of all the curves is shown in Fig. 2, with the code key given in 
Fig. 3. Each curve satisfies the condition that Ry is the only 
independent dimensionless variable, with a few minor exceptions 
described later. The efficiencies plotted are over-all efficiencies, 
based on either shaft power or total temperature rise. For ma- 
chines handling gases, the polytropic efficiency is used. In every 
ease, the efficiency used is the peak efficiency with respect to 
variations of the flow coefficient ¢. 

As shown in Fig. 3, most of the data presented were ob- 
tained by running the full performance curves of a single machine 
with several different values of fluid kinematic viscosity. In 
these cases there is no question concerning exact duplication of 
roughnesses, seal clearances, and similar details as there is when, 
say, a small model and a large prototype are compared. For the 
single test where U was changed with v and D constant, the 
value of My of course varied. However, since My was at most 
about 0.3, the fluid was essentially incompressible, and changes of 
My, have little effect. 

In the cases where size is changed, a question arises as to the 
effect of relative roughness and clear.nce ratio. It may be dif- 
ficult to keep the roughness and clearance ratios as small in « 
model as in a full-scale machine. Both of these deviations will 
make difficult the evaluation of the effect of Reynolds number 
itself. 

An example of this type of comparison is the hydraulic turbine. 
The development of model laws has been carried on over many 
years in this field. Wislicenus (1)* treats this subject at some 


* Numbers in parentheses refer to the Bibliography at the end of 
the paper. 


length, making use of the model law as given by Prof. L. F. 
Moody. This law expresses the ratio of the losses in two ma- 
chines with the efficiencies 7, and 9 as a function of the ratio of 
the linear dimensions of the machines compared as follows 


Obviously, for geometrically similar machines, including rela- 
tive roughness and clearances, operating with the same fluid under 
dynamically similar conditions, Ry could be substituted for D, 
and indeed should be. There is no reason in such cases for any 
changes in size to produce effects in a different manner from 
that of changes in Reynolds number. 

The thinking behind the derivation of the Moody law is some- 
what different from that of the present paper. It was derived by 
using the Darcy pipe-friction formula, and replacing the friction 
factor by a function of diameter. It may be noted that this 
gives a value of '/, for n in Equation [5]. -This is empirically 
modified to '/s. This modification is logical enough in any event, 
since not all the losses are simple friction losses. 

It is stated by Wislicenus that the exponent would become 
zero, i.e., the efficiency would be independent of size, if the rela- 
tive roughness and clearance ratio were constant. In other 
words, the size effect is considered not to be a Reynolds effect at 
all. This would appear to be in direct conflict with results 
such as those of Ippen who, using the identical machine with only 
viscosity varying, found differences in performance, and thereby 
clearly established the existence of a Reynolds effect (2). 

The apparent discrepancy may be reconciled by analogy from 
a study of the plot of friction factors for flow in pipes prepared by 
Moody and reproduced by Wislicenus. It will be noticed that 
in the range of rough pipes, the variation in friction factor with 
relative roughness is great, but the variation with Reynolds 
number is almost nonexistent. Considering the nature of a 
hydraulic turbine, which has accelerating flow, large local Reyn- 
olds numbers, and thus must have rather thin boundary layers, 
it is probable that mean roughness is larger than the boundary- 
layer thickness. The performance, therefore, is sensitive to 
changes in relative roughness, but not to Reynolds-number 
changes (size). Wislicenus calls such machines “hydraulically 
rough.” 

In the case of machines having rather thick boundary layers, 
such as many types of blowers and pumps (where the flow is de- 
celerating), the mean roughness is likely to be smaller than the 
boundary layer. This would correspond to the smooth-pipe 
region of the friction-factor curves, where relative roughness is 
not very influential, but where Reynolds number is. Wislicenus 
uses the term “hydraulically smooth” for machines falling in this 
category. 

Consideration of these factors leads to the conclusion that a 
negligible effect of Reynolds number is to be expected with 
machines having accelerating flow and a large Reynolds num- 
ber, while a major effect is to be expected with machines having 
decelerating flow and a low Reynolds number, At the same tine 
it‘may be noted that where Reynolds-number effects are appre- 
ciable, relative roughness is of lesser importance. 

The curves in Fig. 2 are plotted on log-log paper following the 
hypothesis that 
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The ordinate scale is labeled in terms of 9 for convenience. A 


straight line then indicates that + is constant in the foregoing 


formula, The types of turbomachine for which data are given 
are listed in Fig. 3, and are also shown by the bar graphs in 


Fig. 2. Each curve in Fig. 2 was plotted from as many points 


by Ry. 


as were found in the data; in general, each curve where v is the 
variable has at least five or six different test points. The test 
points are omitted from the figure to eliminate confusion. 

It is unfortunate that curves have not been plotted in Fig. 2 
for hydraulic turbines. For these large machines, it has been 
stated that there is no Reynolds-number effect, which in view of 
the foregoing discussion is altogether plausible. However, for 
every machine for which the data are plotted in Fig. 2, there is a 
definite slope to the curve. It may be expected that any of these 
machines would have no Reynolds effect if the value of Ry were 
sufficiently high. 

Fig. 4 shows the value of y in Equation [6] for each mathine 
shown in Fig. 2. There is an appreciable amount of scatter in 
the curves in Fig. 4, as might be expected. It will be seen that 
the behavior of centrifugal pumps, for example, is less sensitive to 
changes in Ry than are axial-flow compressors. Of course, it 
would not be expected that dissimilar types of turbomachines 
behave similarly on the plots in Figs. 2 and 4; indeed, an equal- 


neer a clearer realization of the magnitude and scope of Reynolds- 
number effects in all types of turbomachines. The range of Reyn- 
olds-number tests reported is great enough to show the trend 
unmistakably but there is considerable risk involved in extra- 
polating the data to higher values of Reynolds number. There 
is evidence that the effects of changes in Reynolds number dimin- 
ish as the value of the Reynolds number becomes large, i.e., 
in the 10’ to 10* range. There is a lack of quantitative data on 
large machines which could be used to extend the correlations 
to the ranges where some large machines operate. 
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ity in the numerical value of Ry for two different types of ma- 
chines has no significant interpretation. 

Perhaps the most significant observation to be made from 
Fig. 4 is that there is a definite trend toward lower ‘y-values 
with increasing Reynolds number. This corroborates, if only 
qualitatively, the statements about the nonexistence of Reynolds 
effects in large hydraulic turbines. It is of interest to note that 
the numerical values of y, shown in Fig. 4 are close to Moody’s 
value of n = '/, in Equation [5]. However, in the derivation 
of Equation [5] by Professor Moody, there was no condition of 
equal relative roughness and clearance ratios. 

The relation between 7 and Ry indicated by Equation [6] is 
somewhat oversimplified. It is evident that leakage losses affect 
the over-all efficiency, whereas they are probably not influenced 
Similarly, losses such as “leaving loss”’ or “diagram loss” 


in turbines are not affected by the Reynolds number. These 


. shortcomings in Equation [6] partially account for the scatter 


of lines in Fig. 4 for one machine type. 


Since it is difficult to 

re small changes in total losses in highly efficient machines, 
the scatter of data in Fig. 4 is not excessive, and in fact indicates 
the values and trend of 7 with Ry for each machine type with fair 
reliability. 


CONCLUSION 
18 that data shown present to the engi- 
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Discussion 


D. J. BLroomperc.£ Those of us in the turbine-design field 
have long recognized qualitatively the effect of Reynolds number 
on the turbine performance. Turbine design, like the design of 
any apparatus, represents a series of compromises. Some of these 
are based on quantitative knowledge, and others are based more 
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+ td ow or less on qualitative knowledge. In all of these compromises 


the 


we must give Reynolds-number effect due consideration. 

The authors deserve the appreciation of engineers in the tur- 
bine field for their splendid work in bringing out in the open the 
subject of the influence of Reynolds number on the performance 
of turbomachinery. 

In 1942, when the writer shifted his interest from steam-tur- 
- bine design to gas-turbine design, he was confronted with the 
—_—— of utilizing test information obtained with steam or 


air, in performance problems involving 


hot gases. Reynolds number was the key to this problem. It 
was feasible to utilize data obtained from air or steam tests on 
problems involving hot gases, provided the analysis properly 
accounted for velocity-diagram and volume-flow variations. 
No method of taking into account Reynolds-number effects was 


available. 


is 


Two methods of approach to the problem of Reynolds-number 
effect on turbine performance are available. The most common 
method is to run performance test on units with a wide range of 
Reynolds numbers. Differences in efficiency are then cor- 
related with the differences in Reynolds-number values in an 
attempt to formulate and rationalize the results. 

The second method is to analyze from fundamentals the na- 
ture of the possible effects of Reynolds number and to determine 
why and how it should affect the turbine performance. 

The writer has utilized the latter method.; He has arrived at 
the conclusion that Reynolds number, supersaturation, and a 
number of other factors associated with the turbine perform- 
ance may be considered to influence the “availability of the en- 
ergy” supplied to the turbine, rather than the efficiency of the 
turbine. This approach, from the writer's point of view, permits 
a more accurate correlation of the engineering data with con- 
siderably less effort. 

It is common practice to plot nozzle-bucket efficiency against 
velocity ratio (bucket speed divided by the theoretical spout- 
ing velocity). In the analysis of test data, it is common practice 
to consider an energy loss as an efficiency loss. It is the intent of 
the writer to show how the latter practice can lead to confusing 
results. 

The error involved in charging an energy loss as an efficiency 
loss is illustrated in Fig. 5, herewith, which illustrates the ef- 
ficiency of a turbine stage operating at constant available energy 
and varying speed. 

The upper or basic efficiency curve typifies the case where a 
stage is operated with negligible Reynolds-number losses and the 
actual available energy is equal to the available energy read from 
the usual chart. 

The lower curve typifies a case where the same stage is oper- 
ated at a low Reynolds number, introducing a loss in available 
energy with respect to the chart energy. The actual 
available energy is 85 per cent of the chart energy. 

In the lower curve the efficiency is incorrectly interpreted in 
terms of the chart-energy input. The 15 per cent constant energy 
loss, when considered as an efficiency loss, is indicated as a loss 
that varies with speed. The magnitude of the loss is shown by 
the third curve, which gives the ratio of test efficiency to basic 


efficiency. 


Let us now come back to the thought that Reynolds number 


from “‘flow-c coefficient versus "Reynolds-number” tests on two 
simple flow orifices or nozzles, and to an “energy-factor versus 
Reynolds-number” curve (Fig. 6 of this discussion). The con- 
version was made by using an arbitrary assumption that the 
test-flow coefficient values represent the effect of Reynolds num- 
ber on the fluid velocity. Then the square of the velocity factor 
(flow coeffic font is equivalent to an energy factor. 
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Superimposed on this energy-factor curve is the performance 
variation reported by Dollin’ on a series of tests on a seven-stage 
full-reaction turbine planned specifically to determine Reynolds- 
number effects. The remarkable agreement is readily apparent. 

A wide range of Reynoldsynumber was obtained in the Dollin 
tests by introducing two widths of nozzle and bucket (5/j. in. 
and */, in.), and by testing with both steam and air. The 
test data were obtained at peak-efficiency speeds, and, since the 
efficiency level was high, the influence of losses of otber than those 
due to Reynolds number was small. The flow paths of both 
nozzles and buckets were nearly completely similar. 

The writer feels that further thought and action should be 


’ “Investigation of Steam Turbine Nozzle and Blade Efficiency,” 
by F. Dollin, 3 Se. AMI Mechanical Engineer, Messrs. C. A. Parsons 
and Company, Ltd., Heaton Works, Newcastle Upon Tyne, Eng- 
land, October 7, 1940. 
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applied to the concept of obtaining quantitative data on Reyn- 
olds-number effect by utilizing simple flow-coefficient tests on 
orifices, or probably better still, thrust-coefficient tests. 

This test program would entail use of a series of flow nozzles of 
varying size and flow area. These flow nozzles should be of the 
type that have basic flow coefficients near unity. 

Finally, the writer would like to emphasize the thought that 
turbine tests should be used to confirm a formulation rather than 
to derive it. 


H. D. Emmert, Jr.* The authors have made a notable at- 
tempt toward correlating continuous-flow machinery perform- 
ance with Reytiolds number. The writer is in general agreement 
with the statements regarding the significance of Reynolds- 
number effects, although it is believed that these effects are not 
as unrecognized by designers as inferred in the introduction to 
the paper. 

Strict similarity in Reynolds number requires geometric 
similarity. Since the designer frequently is faced with the prob- 
lem of accounting for changes in performance with changes in 
both geometry and size, the linear-dimension term in his calcula- 
tion of Reynolds number becomes a matter of experience ahd 
judgment. The authors’ “machine Reynolds number,” in 
which the rotor outer diameter is used as the significant variable, 
represents one such choice. Theoretically, it is probably the best 
choice, and changes in geometry should be satisfactorily ac- 
counted for by the series of linear-dimension ratio groups resulting 
from the dimensional analysis. 

The foregoing approach has serious limitations for bladed 
axial-flow machines. It assumes in effect that the flow pattern 
through an axial-flow machine is basically the same as that 
through a pipe, and that the presence of a rotor body along the 
axis of the pipe exerts a secondary and (in the authors’ correla- 
tion) negligible effect. 

There are several alternative approaches. It is the writer’s 
opinion that the one most in agreement with experience is the as- 
sumption that the flow through an axial machine is primarily 
similar to that between two surfaces represented by the inner 
and outer annular walls. In this case the significant dimension 
is the distance between the walls or the blade height, and the 
ratio of diameter to blade height exerts a secondary and fre- 
quently negligible effect. Turbine experience, in general, indi- 
cates that short blades depreciate efficiency, somewhat more than 
can be charged to clearance loss alone. On the other hand, tur- 
bine stages with identical blade heights but quite different diame- 
ters exhibit little change in efficiency, except when the diameter- 
height ratio becomes very small and adequate provisions are not 
made in the design of the blading. 

Comparisons of available data on the rate of change of ef- 
ficiency with Reynolds number for several turbines where the 
Reynolds number was altered by changing turbine-operating 
conditions, indicate wide variations in Reynolds-number effect. 
It can be concluded from these data that the exponent relating 
loss and Reynolds number is primarily a function of the internal 
design details of the machine. For instance, wide pitching of 
turbine blades seems to make the staging more susceptible to 
loss in efficiency as the Reynolds number is decreased. A pos- 
sible explanation is that the turbulence level in the staging is 
affected materially by the details of the blading. 

In considering the over-all effect of Reynolds number on axial- 
flow-machine performance, the general conclusion of most engi- 
neers associated with the design and test of axial compressors 
seems to be that there are appreciable Reynolds-number effects. 

* Engineer-in-Charge, Engineering Design, Turbo-Power Develop- 


ment Department, Allis~-Chalmers Manufacturing Company, Mil- 
 -waukee, Wis. Mem. ASME. 


There is not such a unanimity of opinion as regards turbines. 
The effect has been found in certain types of machines, as illus- 
trated by the single-stage impulse-turbine data quoted by the 
authors. However, most high-efficiency multistage gas turbines 
within the writer’s experience have shown performances that, 
within normal test accuracy, have been predictable using data 
derived from steam-turbine tests at appreciably higher calculated 
Reynolds numbers. This is not to say that there are no Reyn- 
olds-number effects present but rather to indicate that in such 
machines they must be masked by changes in other more power- 
ful factors such as clearance and shock losses which are not de- 
pendent upon Reynolds number. 


F. C. Grman.® The authors are to be thanked for trying to 
provide a simple guide to the changes in efficiency which may be 
expected in turbomachines when speed, or size of the machines, 
or kinematic viscosity of the working fluid, or any combination of 
these three is changed from tested values. It is the feeling of this 
writer, however, that the curves of this paper shown in Figs. 2 
and 4, do not provide any such guide. 

The paper is directed particularly to the operating engineer. 
This appears somewhat strange, unless there is a need to show 
prospective users of machines why efficiencies will be higher 
under some conditions and lower under others even for the same 
machines. 

There is no doubt, as Ippen and others have shown, that vis- 
cosity effects sometimes exist. However, the selection of the 
parameter UD/v would seem to be an unfortunate choice for the 
correlation of the test data. One value of this number will cover 
a wide range of detail configurations all the way from designs 
which are strongly influenced by viscosity changes on the one 
hand to rather open designs showing much less influence from 
viscosity. It is also debatable whether we should apply Reyn- 
olds’ name to this parameter even though it contains the same 
combination of units as his number. The Reynolds number of 
an established pipe flow tells us something definite about the 
relative importance of viscosity changes and surface roughness. 
The same can be said for the Reynolds number of a flat plate or 
airfoil immersed in a nonturbulent stream. The flow conditions 
within a turbomachine, on the other hand are the result of many 
varied influences in series. Turbulence does not correspond to 
that in a pipe of similar dimensions and velocities. 

The great majority of the resulte reported have kinematic 
viscosity v as the variable. Where this variation has been ob- 
tained without altering materially, the density of the fluid, as for 
instance, by Ippen with centrifugal pumps, there remains little 
question as to what is responsible for changes in efficiency. How- 
ever, where changes of kinematic viscosity have been achieved 
by changes of gas density, two questions arise: (a) As gas den- 
sity is reduced, the shaft mechanical losses of the machine con- 
sume a larger portion of the total input power. Of course this 
objection would not apply if input power has been determined 
by sufficiently accurate temperature-rise measurements. (b) 
A question which suggests itself is whether separation phenomena 
within the components of the machine are not more dependent 
on an entirely different parameter as wggested by Korvin- 
Kroukovsky.'® His parameter based upon tests of separation of 
air flow over spheres, reduces to L/R where L is the mean free 
path of the molecules and R is the radius of the sphere. For a 
given gas at constant temperature L/R is inversely proportional 
to the density and the linear seale. Separation increases with 


* Research Engineer, Worthington Pump and Machinery Cor- 
, Harrison, N. J. 


poration 
» “Air Flow Separation at High Speeds,”’ by B. V. Korvin-Krou- 
kovsky, Journal of The Franklin Institute, vol. 240, December, 1945, 
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sae increasing L/R over the entire range but most sharply at one 
eritical value. 
In this respect it is interesting to note that all but two of the 
- tests in Fig. 2 of the paper, which were run with liquids, show 
almost no effect of increasing machine Reynolds number from 
Ry = 10° and upward, while the tests using gases appear to be 
strongly influenced in this range. 
‘The curve from reference (11) of the paper is in contradiction 
<a to the statement just made but it is difficult to understand how 
this curve can be said to comply with the limitations laid down by 
the authors. It is derived from the familiar centrifugal-pump 
curve of efficiency versus specific speed for commercial pumps. 
Smaller pumps suffer from excessive relative roughness, high 
leakage losses and, in the past, from disproportionate shaft-seal 
friction. It is doubtful if a given large high-efficiency water 
pump, relieved of its stuffing box, would show much lower ef- 
ficiencies at the speeds corresponding to the capacity reductions 
shown. 

Another pump curve in Fig. 2 of the paper, which shows in- 

creasing efficiency with increasing machine Reynolds number, is 
the one from reference (10) (A). This composite curve" of 
Stepanoff's is plotted against a different machine Reynolds 
number defined as Q/(D.v). As pointed out by Stepanoff, this 
definition indirectly includes specific speed. It is well estab- 
lished that efficiencies are affected by specific-speed changes. It is 
interesting to notice that the head factor plotted" is unaffected 
by changes in Q/D,v from about the mid-poinf of the logarithmic 
range upward. This means that the changes in efficiency over 
this range are brought about by such specific-speed factors as 
proportional disk friction, seal and bearing friction, and percent- 
age of wearing-ring leakage, and not by changes to the flow in the 
active passages of the pump. 

The one curve in which the peripheral velocity U was the 
variable appears to cover a speed range of 8 to 1, which means a 
pressure difference or head range of about 64 to 1, and a horse- 
power range of around 512 to 1. The paper stites that M, in this 
test was not more than 0.3, so we can assume that U did not 
exceed 400 fps. In that case the U for the lowest test was not 
more than 50 fps. Can the authors measure the rate of energy 
input to the fluid under these circumstances with sufficient ac- 
curacy to justify the inclusion of the lower speed range of this 
curve? Between maximum speed and one-half maximum speed, 
the efficiency apparently varies from 76.5 to 75.5. Even in this 
part of the range the magnitude of power readings would change 
by a ratio of 8 to 1. 

It is suggested that the scatter of the curves in Fig. 4 of the 
paper can be reduced materially by eliminating from considera- 
tion those tests in which geometric similarity is not preserved. 
The fact that machines handling gases and those handling liquids 
respond differently at high machine Reynolds numbers seems to 
indicate that a different parameter is needed. 


L. F. Moopy.'? This is a useful paper, extending our know|- 
edge of the effects of viscosity to include the fields of steam tur- 
_ bines, axial-flow and centrifugal compressors, thus extending 
_ the data previously available for centrifugal pumps, pumping 
_ liquids, to include machines using gas or vapor. It is interesting 
_ tonote that the curves for compressors handling air, and for steam 
turbines, are similar to those for pumps not only in slope, but in 
_ the range of Reynolds numbers in which they fall and in the 

_ downward convexity of the curves. 
While the writer does not share the impressions expressed in 


™ Authors’ Bibliography reference (10), p. 317. 
12 Professor of Hydraulic Engineering, Emeritus, Princeton Uni- 
versity, Princeton, N. J. Fellow ASME. 


nized” or unknown among designers or users (my own impression 
is that among recent graduates it often seems to be the only di- 
mensionless number which they do know), and while he is criti- 
cal of the word “‘critical’’ as describing its effects, he is in sub- 
stantial] agreement with the objects and conclusions of the paper. 

The paper mentions “an apparent discrepancy” between its 
findings and previous conclusions, such as the writer’s empirical 
formula for hydraulic turbines, and he would like to add some 
comments to the explanation. The writer would emphasize the 
point that while a casual glance at the plotted curves might leave 
the impression that the efficiency of all turbomachinery is a func- 
tion of Reynolds number, this is true only in the sense that we 
might say pipe friction is a function of Reynolds number. We 
plot our pipe-friction factors versus R, and then we find that 
when R increases to a certain value in a fairly rough pipe the flow 
becomes completely turbulent and the curve becomes horizon- 
tal. Beyond this point the friction is not a function of Reynolds 
number. The paper duly notes: “It may be expected that any 
of these machines would have no Reynolds effect if the value of 
R,, were sufficiently high.” 

In discussing hydraulic turbines (and the discussion would 
also apply to fairly large centrifugal pumps of high or moderate 
specific speed) the paper says: “It is stated by Wislicenus 
that . . . . the efficiency would be independent of size, if the 
relative roughness and clearance ratio were constant. In other 
words, the size effect is considered not to be a Reynolds effect at 
all. This would appear to be in direct conflict with results such 
as those of Ippen who, using the identical machine with only 
viscosity varying, found differences in performance, and thereby 
clearly established the existence of a Reynolds effect.” It will be 
noticed, however, that Dr. Ippen’s curves flatten out and become 
practically horizontal when the viscosity drops to that of water. 
As Dr. Ippen reports: ‘The almost complete absence of viscous 
effects for the normal range of operation with water was indi- 
cated by all water runs, proving if it be necessary indeed, that 
the Reynolds numbers normally encountered with water are in 
the so-called rough flow zone.” 

The writer would like to emphasize the point mentioned in the 
paper that the exponential formula for efficiency change in hy- 
draulic turbines, published just 25 years ago, was directed not to 
an effect of Reynolds-number change but to change of size and 
head—from model to prototype—and that the diameter ratio 
was merely aratio of relative roughnesses; relative roughness being 
simply a ratio of two dimensions, like aspect ratio or thickness to 
chord length in airfoils. The formula was intended to cover the 
smal] degree of this geometrical dissimilarity usually encoun- 
tered. The Reynolds number was not forgotten; and at first a 
head ratio (H./H,)™ was included to care for it; but as more and 
more data were collected m dropped from 0.03 to 0.01 and finally 
became “‘the little man who wasn’t there.” In one extreme case a 
low, specific, speed model under 4.5 ft head, compared with its 
prototype under 900 ft head, showed no Reynolds-number effect. 

This is not surprising in view of the large passages of relatively 
rough surfaces in the turbine, with sets of vanes passing eavh 
other to add to the turbulence, and the relatively short length of 
the passages bringing them within the “smoothing length” 
at entrance to a conduit and providing little opportunity to 
build a laminar boundary layer. Most of these considerations 
also apply to pumps, except those of small size and low specific 
speed. The writer suspects that even in the last case the as- 
sumed effect of viscosity of the fluid may sometimes be that of 
viscosity or rubbing of the shaft stuffing-box, a mechanical 
rather than a hydraulic loss. The motion pictures from the 
Pasadena laboratory, shown here last year, did not leave 
much doubt as to the turbulent, or almost chaotic, character 
of the flow in that pump. 
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In hydraulic impulse turbines—Pelton wheels—there is such 
short contact between the high-velocity fluid and the boundary 
surfaces that friction, both turbulent and viscous, becomes in- 
significant. In such machines there is no increase whatever in 
efficiency with increase of Reynolds number—there is usually a 
slight decrease of efficiency in the prototype. The writer as- 
cribes this largely to the expansion of dissolved air and gas in the 


i ; jet—a function of the absolute pressure, requiring the considera- 


tion not of Reynolds number but of another dimensionless num- 
ber, the Thoma cavitation factor (a form of the so-called 
“Euler” or “Newton” number) to take account of the dispropor- 
tion between the atmospheric pressure and the head, which is a 
pressure difference. 

In searching for a general rule to apply to all turbomachinery, 
and to enable us to predict the probable effect of Reynolds num- 
ber on efficiency in a given case, it would appear to be necessary 
to take into account the type and specific speed of the machine. 
The writer would like to encourage the authors to continue with 
these studies, which evidently represent many extensive com- 
putations. 


A. J. Sreranorr." This paper represents an important step 
in generalization of performance of all turbomachinery. Besides 
the knowledge and familiarity with several types of machines, it 
takes some daring and optimism to undertake a problem of this 
kind, as difficulties and disappointments are numerous, consistent 
test data are scarce. The results as presented are rather gratify- 


1 Development _— Ingersoll Rand Company, Phillipsburg. 
N. J. Mem. ASME 


°° 


The writer would like to call attention to the following state- 
ment by the authors: “An equality in the numerical value of 
R,, for two different types of machines has no significant inter- 
pretation.” This is even more true than implied by the authors. 
Thus, even for the same types of machine, equality of the Reyn- 
olds number does not mean dynamic similarity of flow, as chan- 
nels are not similar geometrically and, in general, we know little 
or nothing about effect of Reynolds number on the flow through 
the curved, divergent, and convergent channels, comprising a 
turbomachine. However, a study like that by the authors shows 
that Reynolds number may be used advantageously for plot- 
ting performance characteristics of a turbomachine as a whole. 

There are several forms of Reynolds numbers in use to cor- 
relate the performance of turbomachinery (mostly centrifugal 
pumps), all derived by means of the dimensional analysis. A 
plot of the same test data against several Reynolds numbers 
shows a different degree of scattering of points. The authors 
use the impeller peripheral velocity U to represent the velocity 
term in their Reynolds number Ry. This term in no way is 
characteristic of the flow through the machine. Several impel- 
lers of the same diameter but covering a wide range of capacities 
(different width at impeller discharge) would have the same Reyn- 
olds number. In so far as efficiency is concerned, it is very well 
established in the field of centrifugal pumps and blowers that 
impellers of different width, being of different specific speed, will 
have different efficiencies, and thus should not plot as one point 
on the characteristics plot. In this form, Reynolds number rep- 
resents the effect of the disk friction only. The effect of flow is 
reflected by this Reynolds number Ry very indirectly, only be- 

cause disk-friction loss itself is a function of specific speed. 
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All this leads to the fact that in correlating performance or 
design data on turbomachines, specific speed (in one form or an- 
_ other) is an important criterion. For steam turbines “degree of 
_ reaction” serves the same purpose as specific speed. 

By trial of several forms of Reynolds numbers to evaluate ef- 
fects of viscosity on the performance of centrifugal pumps, the 


- where Q/D® is representing velocity of the flow through the 
It can be shown that (omitting the numerical con- 


: writer finally selected the form Rg = Q/Dv = Q/D*? X D/v 


pump.'* 
stants) 
Rg = Ry X 1, 


thus indicating that besides disk Reynolds number Rg reflects 
the specific speed of the impeller n,. 

Fig. 7 shows centrifugal-pump performance (efficiency and 
head and capacity corrective factors) for centrifugal pumps based 
upon viscous oil tests. The Reynolds number Rg is modified 
here by using the expression V ‘H./n instead of impeller diame- 
ter D to represent the impeller size. Here H,, is the head in feet 
when pumping water, and n = rpm. In this form the oil per- 
formance can be converted into water performance without 
knowing the impeller diameter. 

It is believed that the scatter of points will be reduced with 
the authors’ data using Reynolds number Ro, as the points 
representing the impulse steam turbine (low n,) would move 
to the left and axial-air-compressor point (high n,) would 
move to the right. 

When organizing his design data on centrifugal and axial 
pumps and blowers the writer has found that the plots become 
particularly simple if the “mean effective” diameter D,, is used 
instead of impeller outside diameter, or an average diameter for 
mixed-flow and axial-flow impellers. This is defined as 

ID2+ D2 
2 | 
where D, and D, are the diameters of the outer and inner impeller 
shrouds for mixed-flow impellers. For axial-flow impellers, D, is 
the hub diameter. 

To plot the attached chart of centrifugal-pump behavior when 
pumping oils, the writer had discarded perhaps as many pump 
tests as there are represented on the chart. The excessive leak- 
age is one of the reasons why so many pumps do not follow the 
general trend of efficiency variation. When viscosity is increased, 
leakage loss is reduced, which means that efficiency drop will be 
lower for such pumps than for those with normal running clear- 
ances. While those appearing on the chart show a definite regu- 
larity in individual slope of curves and several curves between 
themselves, among the discarded pumps no two pumps behaved 
alike. 

In view of such obstacles the results of the paper can be rated 
as very satisfactory, and the authors should be urged to con- 
tinue their analysis, and extend its scope to include the dimen- 


: __ sionless head and capacity, which together with the efficiency will 
: give complete characteristics of the rotor of a turbomachine. 


The writer notes with particular satisfaction that the authors 


“ use polytropic efficiency as equivalent to hydraulic efficiency for 


= turbomachines for their plot. It is not realized fre- 
quently that efficiency of a turbomachine, like that of any ma+ 


_ chinery, defined as output/input, is a fixed quantity depending 
ir upon the degree of perfection of hydrodynamic design. There 


is no direct way to measure it as there is no way to measure 
directly the head (output or input in ft-lb/lb) for compressible 
fluids. For gases, polytropic efficiency is the nearest to the 


“Centrifugal and Axial Flow Pumps,” by A. J. Stepanoff, John 
Wiley & Sons, Inc., New York, N. Y., 1948, p. 79 
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true output/input efficiency. varee basis for comparison of ma- 
chines of different make to meet a given set of conditions, adia- 
batic and isothermal efficiencies do show correctly the relative 
merits of several designs, but may differ by 5, 10, or more points 
from the true output /input efficiency. 


CLosURE 


The excellent response by discussers of this paper is pleasing to 
the authors who were expecting to find themselves in a hornet’s 
nest of controversy and were preparing to enjoy it. They have 
not been disappointed. 

When setting up the original outline for the paper, the authors 
decided to retain the greatest possible simplicity of principle, and 
to present data for turbomachinery in which the machine Reyn- 
olds number was the only variable. It was intended that the 
question of the effects of different geometry should not be allowed 
to obscure the presentation of the data, and no conclusions are 
made concerning Reynolds-number effects in machines that are 
not geometrically similar. This was considered to be a no-man’s 
land of compromise and controversy, and one into which Messrs. 
Emmert, Gilman, and Stepanoff are willing to project themselves. 
The discussions concerning the choice of rotor diameter D for the 
characteristic length are entirely irrelevant, since it is only used 
as a means of including the size for comparing models geometri- 
cally similar in all aspects, including roughness and clearances. If 
the authors were attempting to correlate Reynolds-number effects 
in machines differing in geometry, even by only ‘small’ amounts, 
then there is admittedly a serious question as to the suitability of 
D as a characteristic dimension, but this is beyond the scope of 
the present paper. 

Mr. Bloomberg suggests a reasonable approach for rationaliz- 
ing Reynolds number effects on an available-energy concept. It 
would seem that extreme care must be used in predicting effects 
with new designs on the basis of experience with other de- 
signs, and Mr. Bloomberg’s treatment suggests a basis for such 
analysis. 

Mr. Emmert discusses at length the effects of changes in 
geometry on axial-flow machines. These make it difficult indeed 
to separate the Reynolds-number effects from several other in- 
fluences. With regard to Reynolds-number effects in multistage 
gas turbines, the authors have seen data in several cases where 
there are effects of the same order of magnitude as those de- 
scribed in the paper. 

My. Gilman apparently misunderstood the intended use of the 
parameter UD/v. It was never expected to “cover a wide range 
of detail configurations . . . .” in a particular comparison. The 
authors see nothing fundamentally difficult or questionable about 
the use of a machine Reynolds number, any more so than the use 
of a Reynolds number for pipe flow. True, the manifestations 
are different, and with good reason, but only because the bound- 
ary conditions (in the mathematical sense) are different. Mr. 
Gilman objects to the use of Reynolds name in the authors’ paper 
since he says the effects in turbomavhinery are the results of in- 
fluences in series whereas effects in pipe flow are supposedly 
basically uncomplicated. Does Mr. Gilman think that the 
boundary-layer phenomena on a flat plate or airfoil are not also 
the result of influences in series? Are not the conditions at a 
point on an airfoil surface determined by the previous history of 
the flow along and near the surface? The statement is made that 
the Reynolds number of an established pipe flow tells us some- 
thing about the relative importance of viscosity changes and 
surface roughness, This is exactly the point the authors at- 
tempted to get across in terms of the machine Reynolds number. 
As the data become available, the authors do not see how the use 
of UD /v can fail to describe the effects of absolute viscosity, den- 
sity, size, ete. If the viscosity, density, size, etc, are granted to 
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have any effect at all, then UD/v is an entirely proper parameter 
for comparing geometrically similar machines. 

The authors are unfamiliar with the Korvin-Kroukovsky refer- 
ence cited by Mr. Gilman concerning the use of the mean free 
path and a scale dimension as a flow separation parameter. Is 
this an important parameter in the range where the radius of 
curvature of streamlines is many thousands of times larger than 
the mean free path? 

The curve from reference (11) of the paper was included be- 
cause it was believed that for one specific speed: (a) The various 
pumps were geometrically similar; and (b) the leakage and seal 
losses were not disproportionate between the various sizes for a 
fixed geometry varying in seale alone. If these premises are not 
correct, then this reference is basically misleading and the data 
should not have been included in the paper. 

The curve from reference (10) was used in such a manner that 
data were used for only one specific speed over the Reynolds 
number range, so that there is no confusion about the effect of 
changing the specific speed. Here again, it was believed that 
constancy of specific speed for peak efficiency points implies a 
fixed geometry, varying only in scale. 

The data for the curve in which U was the variable were ob- 
tained on a low-specific-speed radially bladed blower. In this 
case, the power input has been shown to vary precisely as the 
cube of the speed for one flow coefficient, and independently of 
the losses. Hence the delivered pressure may be used as a direct 
measure can then be measured with precision. 


The range of pressures measured was from about 48 in. of water 
to about 0.7 in. These are accurately measurable values with 
suitable manometers. 

The authors heartily agree with Dr. Stepanoff concerning the 
difficulties attendant upon the correlation of Reynolds number 
and specific speed or geometrical change. Apparently Dr. 
Stepanoff did not fully realize that the authors diligently at- 
tempted to avoid the complication of specific speed and 

cal changes and, even when using his own data, chose constant 
specific speed as an important condition for correlation. 

In attempting his more general correlation, Dr. Stepanoff has 
found remarkable success by using his parameter RQ to correlate 
pumps with varying geometry. However, since the authors in- 
clude machines entirely different from centrifugal pumps, it was 
thought that similar attempt at generalization would be confus- 
ing, even if one knew which elements should replace U and D in 
UD/v, for surely neither of these is appropriate when attempting 
correlation of different geometries. 

The authors appreciate Professor Moody’s interesting discus- 
sion of the background of the Moody formula. Our direction of 
the paper to the operating engineer stems from experiences where 
prospective users have not realized the effects of unusual machine 
Reynolds number requirements upon machine efficiency. 

In conclusion the authors wish to thank each of the discussers 
for their comments which have surely contributed to the clarifi- 
cation of several points and have thus considerably enhanced the 

) value of the authors’ work. 


~ 


= ie 


| 


A 


+ 
ss 
4 


Tes 4 


Nondimensional Study of Proportional-Plus- 
Reset Control of a Single-Capacity System 


By J. A. HRONES! ano J. B. RESWICK,* CAMBRIDGE, MASS. 


Many systems where the automatic regulation of one 
variable is an important problem may be considered 
single-capacity systems. In such systems the entire en- 
ergy (nearly) stored can be expressed quantitatively in 
terms of a single variable. Some examples of such sys- 
tems are shown in Fig. 1. As the dynamic behavior of all 
linear single-capacity systems can be described by the 
same relationships, a nondimensional study of the regu- 
lation of such a system is applicable to all single-capacity 
systems. To give physical reality to the discussion this 
study is developed around the problem of the speed gov- 
erning of a rotating disk in the presence of viscous damp- 
ing. 


NOMENCLATURE 
The following nomenclature is used in the paper: 


rotational damping constant, in-lb-sec 

regulator proportional constant, in-Ib-sec_ 

moment of inertia, in-lb-sec* 

system gain (C/B) 
manipulated variable--regulator output (torque), in-Ib 
load torque, in-Ib 

differential operator d /(dt) 

time, sec 

deviation, radians per sec 

change from initia] value 

= plant time constant (J/B), sec 

= regulator integra] time constant, sec 

= damping ratio, 

= output speed, radians per sec 

= desired value of output speed, radians per sec 

= undamped natural frequency of regulated system, radians 
per sec 


Roratine-Disk 


The plant to be placed under regulation is shown in Fig. 1(a). 
It consists of a disk of moment of inertia J, about its axis of rota- 
tion. 
disk rotates against an externally applied load torque M, and a 
damping torque Bw. The input torque is designated m. Con- 
trol of the speed w is to be obtained by manipulating the input 


torque m. Application of Newton’s law to the rotating disk 


vields the following relationship 


! Professor of Mechanical Engineering, M t 
of Technology. Mem. ASME. 

2 Assistant Professor of Mechanical Engineering, Massachusetts 
Institute of Technology. 

Contributed by the Industrial Instruments and Regulators Divi- 
sion and presented at the Annual Meeting, New York, N. Y., Novem- 
ber 26-December 1, 1950, of THe American Socrety or MecHant- 
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of the Society. Manuscript received at ASME Headquarters on 
August 18, 1950. Paper No. 50—A-42. 


The speed of rotation which is to be regulated is w. The © 


(d) 


Fic. 1 Puant Scuematic anp Brock Diagram oF System 


— Mz) = B(rp + 


Equations [1] to [4] are linear differential equations of first 
order and are characteristic of all linear single-capacity systems. 
Two such systems are shown in Fig. 2. The solution of Equa- 
tion [1] is well known to be exponential in form. 


Institute 


Fie. 2 Some Strote-Capacity Sysrems 


If with the system in equilibrium operating at a speed wp» in 
the presence of a net torque (m — Mrp — Bay) a step change in 
torque A M, occurs, the speed response is given by (see Fig. 3) 


ie 
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P that the ator lag is negligible. Equation [8] may be written 


Am = o(1 + 
From Equations [3] and [9] 
dtu du K d%Aw*) d(Aw*) 


ti 

59% 


u= 


< 


re + (1+ 


Fic. 3 Spgep Response or Sineie-Capacity System To STEP The characteristic equation of the regulated system is given 
Canoe Loap 


K 
7+(1+K 
in nondimensional form +{1+ K)p+ 


if 


The system is schematically shown in Fig. 1(b). The speed is 
measured and compared to the desired value of speed w*. It is 
assumed that the measuring lag is negligible compared to the 
plant lag of which 7 is a measure. The deviation of error u is 
available as an input to the regulator eS 


In this paper a regulator is used which produces a torque given 
by 


Am = Cu+—— fouat 


This is a proportional-plus-integral type of regulator sometimes A- System Gain 
referred to as proportional-plus-reset regulator. It is assumed .4 Variation ry Stapimuity Wits System Gain 
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ratio of 7/7, occurs at K = 1, 
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Equation [12] may be expressed in the following form 
(p? +25 + = 0 


A plot of ¢ V T/T, versus over-all system K is shown in Fig. 4. 
It will be noted that the minimum damping ratio for a constant 
Varying K above or below this 


_ value results in increased stability. 


The transient response of this system over wide ranges of gain 


; K, and time-constant ratio t/r; has been obtained by the use of 


G. A. Philbrick Researches Inc., analog computing equipment. 
The response curves were traced directly from a cathode-ray 
oscillograph by means of an “Oscillo-tracer.” The arrangement 
of analog equipment is shown in Fig. 5. 

Figs. 6 to 11, inclusive, show dimensionless deviation response 
u/(Aw*) to step changes in the desired value of the regulated 
quantity Aw*. Figs. 12 to 15, inclusive, show the values of manipu- 
lated quantity m for the same conditions. | 

Figs. 16 to 19, inclusive, show deviation responses (Bu)/(AM,) 
to step changes in load torque (AM). Figs. 20 to 23, inclusive, 
show values of the manipulated quantity m for the same ccndi- 
tions. 


Discussion 


N. B. Nicnots.* The single-capacity process represents one 
which can be easily controlled by a proportional controller since 
the proportional sensitivity or system gain theoretically can be 
made as large as desired without causing unstable control. 
Would the authors explain why the more complicated control is 
often used? 

In regard to the size of other time constants which may be 
neglected, it would seem that these time constants have to be 
small compared to rather than 


C. E. Mason.‘ The authors are to be complimented on this 
presentation. The method of nondimensional study of the be- 
havior of typical regulated systems utilizing the type of equip- 
ment employed by them, has much promise of becoming a highly 
practical means of co-ordinating valuable information useful to the 
industrial engineer in analyzing observed behaviors in his auto- 
matic-control problems. However, such related fainilies of curves, 
in nondimensional form, are very similar in appearance and must 
be analyzed with caution. Also they are highly suggestive of 
generalities which often are impractical in actual application to 
industrial process control. 

In order for such related families of curves to be of practical 


use in industrial process control, it is highly desirable that all 


nondimensional terms be clearly defined in terms familiar to the 
industrial-control engineer and it is most important that they be 
evaluated carefully. 

Like many of the present-day papers dealing with control, the 
authors have selected a mass-inertia problem involving a dif- 
ferential equation of the plant which is based on Newton’s laws of 
motion. 

Although the basic mathematics representing the regulation of 


+ Electrical Engineering Department, University of Minnesota, 
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such a plant may be identical with that of process control, it 
often becomes difficult for the process engineer to relate properly 
the various nondimensional terms commonly used in mass-inertia 
problems. 

The authors have touched lightly on the adaptation of this 
method to process control and it seems that the scope of 
the method could be broadened by clarifying some of the dis- 
tinctions between process control and mass-inertia problems. 

The authors’ characteristic Equation [12] is the complete 
Equation [10] in which it is assumed that the desired angular 
velocity (w*) and the torque load (M;) are constant following a 
change in the initial value of either and that both remain constant 
during the transient. This characteristic equation is identical 
with that of proportional-plus-reset control of an industrial process 
which correctly could be considered as having a single time con- 
stant. Also, it would be sufficiently accurate for the same type of 
control applied to an industrial process which is dominated by a 
single time constant, but this type of control would not be justi- 
fied. 

At the ASME Annual Meeting in 1939, George A. Philbrick 
and the writer presented a paper “Automatic Control in the 
Presence of Process Lags’’> in which we dealt with some phases of 
the mathematics of process control. The mathematical symbols 
used in this paper were made to conform more closely with logical 
concepts and accepted terminology of industrial process control 
and therefore differed somewhat from those of the present paper. 
Although higher-order differential equations were used, for 
reasons explained later, there were terms comparable with the 
present paper. Instead of capital K which the authors define as 
“system gain,” the previous paper used capital S and defined it as 
“regulating sensitivity.” S is a term used in some of the early 
automatic-control literature. Gain is an identical term used in 
servomechanism literature. 

In industrial process control, time constants are normally the 
products of conceivable capacitances and resistances. There 
would be very few instances where any time constants derived 
from inertia would not be dominated by the important time con- 
stants of the process. It seems logical to represent process capaci- 
tances and resistances by capitals C and R with identifying sub- 
scripts. Thus a process time constant becomes, for example, C:R; 
which can be substituted for the authors’ Greek letter tr. There 
are no conceivable terms in process control corresponding to the 
authors’ terms B and J. 

In process control “reset rate” has become a common term. 
Reset rate has the dimensions of 1/time, which is often spoken of 
as “repeats per minute” and is identical with 1/reset time con- 
stant. In any controller having the reset function (integral con- 
trol), there must be a capacitance and a resistance constituting 
atime constant. In the authors’ Equation [12], 7; represents this 
time constant and 1/7; is identical with reset rate r commonly 
used in the mathematics of process control. 

There is no logical concept of w,, the ‘“undamped natural fre- 
quency” in process control. The abstract mathematics itself is 
extremely flexible and it would be possible, in a differential equa- 
tion representing proportional-plus-reset control of a process, to 
make the coefficient of the first derivative term equal to zero. 
However, since capacitances and resistances must be positive, it 
would be necessary to conceive a controlling sensitivity equal to 
minus one (K = — 1) andanegative reset rate —1/r,;. Neither of 
these terms has a logical concept in process control, but in the 
mass-inertia problem it is logical to conceive that the damping 
constant B is equal to zero. 

In treating industrial process control it does not seem feasible to 
consider single time constant processes, because industry ex- 


| 
frequency of the regulated system 
| 
= 


_ periences no serious difficulty in controlling such processes with 
- almost any type of highly sensitive control mechanism. Early 
experience in industrial control proved to us that conventional 


on-off controls on single-capacity processes (batch processes) gave 
fp ay excellent. control results and often throttled the control valve. 


_ When such controllers gave abrupt and undesirable changes in 


_ the manipulated variable, some semblance of proportionality or 


crude forms of floating control (integral control) gave excellent re- 


_ sults on processes dominated by a single time constant. 


_ These simplifications of process control of single-capacity 
processes are due to the fact that the process time constants are 
relatively large compared to any undesirable time constants or 


discontinuities of the regulating mechanism itself. Although some 


_ present-day industrial processes may be considered as single- 
capacity processes, the advent of continuous processing intro- 


duced a vast majority of processes which must be considered as 
_ involving a number of effective time constants. These advance- 


ments in the methods of industrial processing were demanded by 

the economics of larger-scale production and at the same time 
_ required vast improvements in the functional operations of in- 
_ dustrial controllers as well as the combination of a variety of con- 

trol effects. 

In position controls or servomechanisms involving mass- 

inertia problems, these crude types of proportional controls are 


not practical even on pure single time constant systems because 
the dominating time constants of the system are often measured in 


seconds or fractions of a second. It thus becomes necessary and 


practical to use proportional-plus-reset control on a mass-inertia 


problem such as was selected by the authors, and the transients 


_ Figs. 6 to 23 apply to such a problem‘ 


Although it would not be necessary in actual practice, the 


3 _ families of curves presented by the authors would apply to a non- 
_ dimensional analysis of proportional-plus-reset control of any 


_ single-capacity industrial process, such as the level-control prob- 

_ Jem shown in Fig. 2, when the nondimensional terms are properly 
_ defined in process-control concepts. It is interesting to note that 
a good-quality proportional control would not cycle such a process 
and that cycling is produced only by the reset function. 


Limitations OF MATHEMATICS 


The practical process engineer should remain aware of the 
serious limitations of elementary mathematics in process control. 
The second-order differential equation lends itself to simple alge- 
braic solution and is therefore valuabie as an elementary introduc- 
tion to process contro] and servomechanisms. However, aside 
from being limited to a study of proportional control of a two- 
capacity system and to proportional-plus-reset control of a 
single-capacity process, its mathematica] manipulation can sug- 
gest many generalities which are impractical in actual industrial 
_ application. For example, the characteristic Equation [12] of 
the authors’ paper not only tells us that sustained oscillations can- 
not exist under steady-load conditions even with high sensitivities 
(gain), but tells us that for any selected proportional band, there 
would be a reset rate 1/7, which would give critical damping or 
any desired damping ratio (exponential decay). 

An industrial-control engineer would never experience such a 
relationship between proportional band and reset rate on any 
reasonably difficult application. This relationship is based on a 


*Nore: In checking the numerical values of r /7; and t/r of Figs. 6 
to 23 of the preprint (Paper No. 50—A-42),a error was 
discovered. The indicated values of r/r; should have been 40, 20, 10, 
7, 4, and 2 instead of .40, .20, ete., and the indicated values of t/r 
should have been 0 to 4. instead of 0 to 40. These errors » have been 
corrected by the authors in the present figures. 


second-order mathematical deduction and the apparent fallacy of 
its application is due to the fact that a system involving an indus- 
trial process which would justify proportional plus reset control, 
could not be represented by a second-order differential equation. 

An industrial process involving any appreciable degree of con- 
trol difficulty must involve at least two effective time constants, 
and proportional-plus-reset control of such a process must be ex- 
pressed by at least a third-order differential equation. Many of 
the mathematical deductions based on third-order differential 
equations closely approach practical application in industrial- 
process control. 

The necessity of including more effective time constants in- 
creases the order of the complete system equation, but the mathe- 
matical deductions of higher orders become involved with the 
exact structure of the process equation and become specific to a 
particular process. Thus generalities rapidly disappear and any 
mathematical deductions or observed relationships in a family of 
recovery transients often have practical value only in connection 
with the particular type of process structure being analyzed. 

One decided advantage of the analog equipment used by the 
authors is that, with additional computer components, it can be 
applied equally well and with few limitations to multiple-capacity 
processes of almost any desired structure. 

It is the writer’s sincere hope that the authors will make ad- 
ditional contributions of this type of analysis involving well-de- 

and classified multiple-capacity process structures, and thus 
furnish the industrial engineer, when and if possible, with practi- 
cal information on the aut tic-control requirements of a few 
typical and difficult industrial-process structures. 


Autuors’ CLosURE 


Few real physical systems are actually single capacity. It is 
convenient to treat systems in which the unregulated behavior is 
governed predominantly by a single-energy storage reservoir 
which is large relative to other energy reservoirs as a single- 
capacity system. In such systems it is often difficult to obtain 
the high values of controller gain C necessary to produce low 
steady-state deviations without serious oscillation. In such 
cases the use of integral compensation makes possible the realiza- 
tion of zero steady-state error at low values of gain C. 

Dr. Mason’s remarks relative to terminology are noted but the 
authors see no less logic in the use of B and J than they do in C 
and R. The intent was to present information in a nondimen- 
sional fashion having general applicability. J is a measure of a 
rigid body’s ability to store energy by virtue of its rotation just as 
C is a measure of the ability of a capacity to store energy. Bisa 
measure of the resistance to the flow of energy to and from the 
rigid body and hence is similar in character to R. 

The concept of undamped natural frequency has become 
firmly established in ¢ »nnection with the second-order differential 
equation. As Dr. Mason points out, very seldom is the damping 
in a real system zero and therefore a frequency of w, in a real sys- 
tem is rarely encountered exactly. 
quency is given by 


Vi—fe, 


for values of the damping ratio ¢ from 0 to 0.5 the actual fre- 
quency (w) differs from the undamped natural frequency w, by 


less than 14 per cent. It is therefore a simple and useful concept 
in all underdamped single-degree-of-freedom systems. The com- 
ments of Dr. Mason relative to multiple-capacity systems are well 


taken. The control of such — is covered i in a paper now in 
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An Analysis of Helicopter Propulsion Systems 


By J. A. JOHNSON! anp R. H. EUSTIS* 


This paper presents an analysis of several primary 
lightweight torque and jet-reaction systems which have 
been contemplated for propulsion power. These systems 
are compared with the conventional engine now in use. 
The comparison is made on the basis of hovering endurance 
and maximum range at a forward speed of 75 mph for 
helicopters having the same gross weight. 


NOMENCLATURE 
The following nomenclature is used in the er 


rotor disk area, sq ft 

constant 

rotor-tip !oss factor 

constant 

blade section-profile-drag coefficient 

rotor-shaft power coefficient, 550 P/}p(QR)*A 

rotor thrust coefficient, T/}p(QR)A 

fuel flow, Ib per h 

energy available by adiabatic expansion from gas genera- 
tor, Btu per lb 

energy equivalent to rotational velocity at rotor tip, Btu 
per Ib 

constant 

rotor power, hp 

full-load hovering power, hp 

blade-tip radius, ft 

rotor thrust, Ib 

time, hr 

jet velocity, fps 

gross weight of helicopter, Ib 

initial (fully loaded) gross weight of helicopter, Ib 

blade-profile angle of attack, radians 

blade-profile efficiency 

jet-wake efficiency 

density of air, slugs per cu ft 

rotor solidity based on chord at 0.75 blade radius 

rotor solidity based on chord at blade root 

rotor angular velocity, radians per sec 


ar? 


The development of aircraft power plants since the first pow- 
ered flight has been a principal factor contributing to the increase 
in the load-carrying capacity, speed, and range of all aircraft. 
With the advent of the helicopter, the power-plant problem has 
become even more difficult inasmuch as greater power is required 
for helicopter hovering performance than for intermediate-speed, 
forward flight conditions of either fixed or rotating-wing aircraft. 


INTRODUCTION 
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For the same load conditions, therefore, the power-plant weight 
must be reduced to a lower value. 

During the past 10 years, as the helicopter developed from a 
novelty to a useful flying machine, it has been principally pow- 
ered by the conventional reciprocating Otto-cycle engine. Dur- 
ing the same period the development of thermal power plants, 
including the lightweight gas turbine, had progressed sufficiently 
to enable successful application of this power plant to fixed-wing 


aircraft propelled by either propeller or reaction jets. As a con- 


or accomplishing two principal objectives: 


sequence, helicopter manufacturers naturally have become inter- 
ested in the application of cycles other than the Otto cycle to the 
_ Propulsion of lifting rotors. 

The proponents of the jet rotors generally list the possibilities 
(a) the helicopter 
-= be greatly simplified through the elimination of the torque 
reacting rotor with jet propulsion, and (b), the power-plant weight, 
which usually is a sizable portion of the weight of the aircraft, 
may be reduced substantially, or the performance of the aircraft 
improved. Therefore the jet-propelled rotor may be considered 
to replace the conventionally powered rotor for reasons other 
[than those corresponding to the similar case of the jet-propelled 

airplane, where jet power was developed to provide a lightweight 
power plant which was not subject to the propeller-efficiency 
limitations for high-speed flight. 

Lifting-rotor power plants generally may be divided into the 
following groups: 


1 Geared-engine power plants. 
2 Reaction jet supplied by fuselage-located gas generators. 
3 Jet engines located at the rotor-blade tips. 


Group | must now include the gas turbine as well as the recipro- 
- eating engine. Group 2 of the power cycles has generally in- 


cluded reciprocating and gas-turbine gas generators. Group 3 
includes various modifications of ram and pulsejet engines. 


The present paper will present an analysis of several promising 
lightweight torque and jet-reaction propulsion systems which 


a have been contemplated and will compare these systems with the 


- conventional engine now in use. The comparison is made on the 
basis of hovering endurance and maximum range at a forward 
eS of 75 mph for helicopters having the same gross weight. 
Three schematic arrangements to be discussed later are shown in 
Figs. 1, 2, and 3. 

Wherever possible, the engine performance data used in the 
computations for this paper have been taken from available ex- 
perimental values. The engines for which data are available 
include the reciprocating engine, gas turbine, pulsejet, and ram- 
jet 

For the pressure-jet systems, no applicable data were available; 
therefore the expected performance is estimated from conserva- 
tive thermodynamic analyses. In the case of gas-turbine gas 
generators, the component efficiencies are the same as for the 
geared gas-turbine power plant for which performance informa- 
tion is available. Size and weight estimates were made from 
design layouts. For the pressure system with tip-burning, com- 
putations were made using combustion efficiencies obtained in 
recently developed high-velocity burners. 

The airframe-weight estimates necessary to the flight evalua- 
tion of the various power plants are an average weight based 
upon the recently licensed reciprocating-engine-driven helicopters. 
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Fic. 1 Dvucrep Jet Gas Generator 
The following component weights are tabulated as a proportion 
of the gross helicopter weight: 

Power-plant weight 


Structural weight. 
Useful load 


: Of the foregoing structural weight, it is estimated that 0.05 W 


is an additional weight required by the torque-reacting rotor 
above that required by directional control surfaces in a jet- 
propelled rotor. Therefore, in the following analysis the jet- 
propelled helicopter weight has been reduced by the 0.05 factor. 


POWER-PLANT ANALYSIS 
Gearep EnGInes 


Because of the low peripheral speed and lange thrust and diame- 
ter for a conventionally powered lifting rotor, a high rotor 
torque is necessary which directly affects the size and weight of 
the driving transmission system. 

The transmission system for a helicopter rotor usually includes 
a centrifugal clutch, universal joints, slip joint, overrunning 
clutch, gear train, and shafting. These are eliminated in a jet 
rotor as well as the conventional torque-reacting rotor with its 
complexity, weight, and power loss. It may be observed from a 
dimensional analysis, as for other large rotating machines, that 
the weight of the transmission increases at a greater rate than 
the rotor thrust. It is believed that the increase in transmission 
weight with increased capacity more than offsets the reduction in 
specific engine weight, at least for sing'e lifting-rotor helicopters. 
It will become apparent from later weight estimates that the 
helicopter transmission becomes a very large part of the weight 
as well as cost of the power plant. 

_ Reciprocating-Engine Power Plant. Typical specific weights 
- for a reciprocating-engine power plant in the 150 to 500-hp range 
a - are given in Table 1. These weights are based on rotor horse- 


RECIPROCATING-ENGINE POWER-PLANT WEIGHT? 


TABLE 1 


Engine (equivalent to 1.55 Ib ow hp based on daar eed 


Cooling system... 
Lubrication system. . 
Engine mounts 
Transmission. . 


Total weight per rotor 


and fuel systems are not included. 


ASME 


4 


power to compare directly with jet-propelled rotors and include a 
5 per cent cooling power loss and a 3 per cent transmission power 
loss. The power-plant weight can be converted to a proportion 
of gross helicopter weight by evaluating the rotor lifting per- 
formance in accordance with the general procedure discussed in 
later sections of this paper. A reserve power of 35 per cent of 
the hovering power for altitude and climbing performance is be- 
lieved to be representative of present practice for good perform- 
ance. 

The usual present-day helicopter has a rotor-tip speed of 500 
fps, which choice represents a compromise between aerodynamic 
performance in forward flight and in hovering. As indicated later, 
a rotor performance of 0.0585 rotor hp per Ib gross weight may be 
expected for this tip speed. Based upon the foregoing figures, 
the total power-plant weight may be expressed as follows: Total 
power plant weight = 2.92 x 0.0585W x 1.35 X 1.08 = 0.249 W. 
This includes 35 per cent reserve power plus tail rotor power re- 
quirement equal to 8 per cent of main rotor. 

The specific fuel consumption of the reciprocating engine was 
taken as 0.58 lb per rotor hphr after correcting for the cooling 
and transmission power losses. This value was assumed constant 
at part-load operation as indicated by the usual engine-perform- 
ance curves. 

Gas-Turbine Power Plant. The gas turbine is at present in a 
state of rapid development with the major emphasis placed on 
engines of greater horsepower than that contemplated for heli- 
copter applications. From the data on turboprop engines (1)* 
a specific weight of 0.50 appears to be a conservative value for 
American turboprop engines in the 2000-hp range. To correct 
for a smaller unit, commensurate with the 150 to 500-hp recipro- 
cating engine assumed earlier, the gas-turbine specific weight was 
increased by the same ratio that reciprocating engines show for 
this power ratio. Thus a value of 0.61 was taken as the specific 


* Numbers in parentheses refer to the Bibliography at the end of 
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weight of a gas turbine for application to helicopters. This 
figure is based on rotor horsepower and includes a 3 per cent trans- 
mission power loss. A transmission to reduce from propeller 
speed to rotor speed was assumed to have a specific weight of 
0.75, and the accessories a weight of 0.12 lb per rotor horsepower. 

A calculation similar to that made for the reciprocating engine 
indicates a power-plant weight equal to 0.126 times the gross 
weight of the helicopter or approximately one half that of the 
reciprocating engine. 

The full-load fuel consumption of 0.70 Ib per rotor horsepower 
was chosen as a conservative value from available data (1). This 
value agrees with a computed value based on the following con- 
servative component efficiencies for a pressure ratio of 6.0 and a 
turbine-inlet temperature of 1500 F: 


Turbine equivalent stage efficiency. . 

Compressor stage efficiency 

Mechanical loss factor applied to turbine power... 

Combustion-chamber ratio of discharge pressure to inlet pres- 
sure. 

Combustior : 

Turbine-inlet temperature, F. 

Compressor-inlet temperature, deg F 


h h 


The method presented by Rohsenow and Hunsaker (2) was 
employed to estimate the part-load values. To simplify the 
calculations for range and hovering endurance, the part-load 
curve was replaced by a straight line which approximated closely 
the actual curve for the load limits of the proposed designs. The 
maximum error in the specific fuel consumption introduced by 
this simplification was about 4 per cent, and the average error is 
much less. The values of part-load specific fuel consumption are 
presented in Fig. 4. It should be pointed out that the minimum 
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Fic. 4 Power-Piant Speciric Consumption at Part Loap 


fuel consumption for normal flight is not 0.70 but is a larger value, 
because the engine is always operating at part load owing to the 
reserve power factor mentioned earlier. = cd 


fet ers 
Gas-GENERATOR REACTION Jers exe 

Rotor propulsion systems of the type utilizing compressed air 

or gas pumped through the rotor blades to tip-located jets have 

been termed “pressure” systems. These — are dependent 


i 


compressor unit. 


upon gas generators of various types to supply the gas under 
pressure. 

Early attempts to apply jet reaction to helicopter propulsion 
made use of the conventional reciprocating engine to drive rotary 
compressors which supplied aér to jet nozzles located at the tip 
of the lifting rotors. However, two of the major objectives of a 
jet-propelled rotor, i.e., low fuel consumption and low power- 
plant weight, are difficult to attain with an engine-compressor 
power source. In general, the over-all efficiency of the engine- 
compressor jet, based on rotor power, is the product of several 
factors besides the engine efficiency. Three important losses 
affecting these efficiency factors are the compressor loss, the 
ducting loss, and the jet-wake loss. The compressor loss can be 
estimated from a representative compressor efficiency of 0.80. 
The ducting loss can be reduced to a small value by careful de- 
sign and the use of a practical minimum number of blades as 
discussed later. However, the jet-wake loss is an inherent loss 
generally larger than the transmission and driving system losses 
of a conventional power-plant arrangement. The typical wake 
efficiency may be expressed as follows 


For instance, for an efficiency of 0.60, QR/V, must be equal 
to 0.43. However, the higher the velocity ratio and efficiency, 
) the greater the mass flow required for a given amount of power 
which would lead to high ducting velocities and losses. A 
high wake efficiency requires both high blade peripheral velocities 
and comparatively low energy changes by adiabatic expansion 
in the rotor jets. Without tip-burning and using a typical as- 
sumed wake efficiency of 0.60 and a compressor efficiency of 
_ 0.80, the over-all transmission efficiency becomes 0.48, or approxi- 
mately one half that of a gear-type transmission. Not only does 
the fuel consumption increase due to these losses but (except for 


gain in power due to tip-burning) a power plant of almost double 

_ the shaft power capacity is required. Similar objections can be 

raised to gas-turbine-driven compressors operating on the most 
simple cycles. 


However, several types of gas generators are possible based 


upon thermodynamic processes which do not expand the working 


fluid to atmospheric pressure and which, therefore, have a lower 
fuel consumption and lighter weight than a complete engine- 
A jet-propelled rotor of this type, therefore, 
becomes more feasible when the rotor jet partially replaces an 
expansion process in the internal thermodynamic processes, 


thus permitting a higher over-all efficiency and lower power-plant 


weight. 

Most of the pressure systems have been designed to operate 
at maximum performance conditions with rotor-tip burners. By 
burning at the rotor tip, a marked increase in power is possible 
at some sacrifice in specific fuel consumption. However, if the 
tip burners are only used for maximum performance conditions 
the minimum specific fue] consumption is obtained for the great- 
est operating time. The effect of burning at the rotor tip on the 
power and fuel consumption is shown in Fig. 5, for one instance. 
It should be noted that this does net represent an actual engine- 
performance curve but rather a thermodynamic analysis for a 
cycle having a gas-generator efficiency of 0.30. The gas-genera- 
tor efficiency is defined as the ratio of available power by adiabatic 
expansion of the working fluid to the energy input. However, it 
can be seen that an increase in power doubling that of a low- 
pressure gas generator is possible by tip-burning. 

Rotor ducting losses which vary as the oqnnse of the duct veloc- 
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ity may be analyzed in the usual manner by integrating the 


pressure drop through the rotor blade. Such compromises as an 
increase in blade thickness ratio and a moderate increase in blade- 
taper ratio reduce the ducting losses. The reduction in ducting 
losses with a tapered blade as compared with a straight blade 
arises from the fact that the comparison is ie on the basis of a 
constant blade drag which requires a constant blade chord at the 
three-quarter radius point. Detailed analyses indicate a con- 
servative loss in available energy of 3.0 Btu per Ib. 

The pressure type of jet rotor has the following advantages 
as compared with the tip-jet units, although the proposed gas 
generators are admittedly more complex than the tip-jet engines: 


1 A thermodynamic cycle not limited to the pressure obtained 
by the rotor peripheral velocity. 

2 No difficulty in operation due to the difference in velocity 
between the advancing and retreating rotor blade. 

3 The gases passing through the blade are useful for de-icing. 


As compared with the conventional geared engine, all of the 
usual power-transmission mechanism, as well as the torque-react- 

_ ing rotor, are eliminated. 
Free-Piston Gas Generator. The “free-piston” type of gas 
generator (referred to as FPGG) is shown in Fig. 2. For each 
generator, two pistons are used, one end of each being a piston 
similar to that used in a Diesel engine, the other end being a larger- 
_ diameter compressor piston. The two pistons are forced to move 
oppositely through the action of a rack-and-pinion timing gear— 
_ thus eliminating all external dynamic forces. No connecting 
_ rods are required since no external shaft work is performed, 
_ eliminating side loads on the piston. The atmospheric air is drawn 
_ into the compressor chamber, compressed and discharged into an 
annular space around the unit. The compressed air then passes 
into one end of the power cylinder. Sufficient air is available to 
oe —_ the power cylinder of exhaust gases and fill the cylinder 


witha fresh charge. This diana is lites compressed on the com- 
pression stroke, a liquid fuel injected into the cylinder, burned at 
constant pressure, and expanded on the power stroke. The ex- 
haust gas and air are discharged through ports into a pressure 
reservoir. It is thus seen that the power cylinder operates on a 
two-stroke cycle. On the extreme ends of the unit a “bounce” 
eyiinder is located which compresses a small charge of air to re- 
turn the piston during ‘he compression stroke of the power 
cylinder. 

A free-piston type unit was used as an air compressor in 
German submarines during World War II. Other projects in this 
country include complete power plants with turbine for marine 
and locomotive propulsion. Design studies have been made 
of the application of FPGG, combustion chamber, turbine, gear, 
and propeller to a conventional aircraft. In the consideration 
of this combination, over one half of the total weight is made up 
of the combustion chamber, turbine, gear, and propeller. When 
applied to a helicopter jet drive, the rotor replaces the turbine 
and gear. The FPGG is mechanically simpler than a conven- 
tional engine as the connecting rods, drive shafts, and valve gear 
are eliminated. 

When applied to a helicopter drive it is advisable to design an 
FPGG unit for a lower adiabatic energy change than usual in 
other power plants of this type to permit as high a wake efficiency 
as possible. For example, for a wake efficiency of 0.535 and a 
rotor-tip speed of 600 fps, the available energy by adiabatic ex- 
pansion between the pressure reservoir and the atmosphere must 
be approximately 50 Btu per Ib. If a reservoir temperature of 
700 F is established as a desirable maximum, then a pressure 
ratio of 2 is required. This compares with a temperature of 1200 
F and pressure ratio of 5.5 in units for other applications. It is 
estimated that such a design would have a lower over-all thermal 
gas- generator efficiency than the 0.41 to 0.47 obtained on test with 
other units. The scavenging efficiency of the power cylinder is 
improved with the proposed changes, but the compression effi- 
ciency is reduced. Tests of other units at conditions comparable 
to the foregoing would indicate a gas-generator efficiency of 
0.325 (approximately 22 per cent less than the lower of the 
figures given). The equivalent fuel consumption for a helicopter 
rotor drive, including ducting losses, would result in a fuel con- 
sumption of 0.81 Ib per rotor hphr. This is an unusually low fuel 
consumption for any feasible jet-propelled rotor and compares 
favorably with an engine torque drive. 

A power-plant weight estimate of 2.5 lb per rotor hp has been 
made based upon the design standards of reciprocating aircraft 
engines. Assuming that tip-burning is utilized to increase the 
power by a factor of 1.35 for maximum load conditions, the 
weight of the power plant can be reduced to 1.85 lb per rotor hp. 
This weight has been used in the calculation of the helicopter 
performance in a later section of this paper. 

Gas-Turbine Gas Generators. Gas-turbine systems operating 
on a nonregenerative Brayton cycle can be used to generate com- 
pressed gas for a propulsive jet by several means. The first 
arrangement considered consists of a turbine-compressor unit in 
which the excess power is absorbed by a larger or separate com- 
pressor supplying air to the rotor blades. Another arrangement, 
consisting of the conventional aircraft jet unit, may be used by 
ducting the turbine-exhaust gases to the helicopter rotor. From 
a preliminary observation of the thermodynamic cycle, it can be 
shown that the first system has a lower efficiency than the second 
by the product of the turbine and compressor efficiencies. How- 
ever, the second arrangement is limited in helicopter rotor pro- 
pulsion by the high discharge temperatures from the turbine. 
Rotor blades of large aspect ratio cannot tolerate the thermal 
distortion which is likely to occur with the blade ae 
required for efficient lifting performance. 
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A third type of gas generator having desirable characteristics 
for helicopter propulsion is the ducted jet engine. In this design, 
as shown schematically in Fig. 1, the air is compressed in two 
stages, i.e., to a low-pressure duct from which part of the air is 
further compressed to a higher pressure supplying air to the 
combustion chamber and to an expansion turbine having a dis- 
charge pressure equal to the first stage of compression. Part of 


the air (secondary-air flow) is by-passed from the first stage of 


compression to the turbine discharge and mixed with the turbine- 
_ discharge gases to form a source of compressed air and gas at an 
_ intermediate temperature and pressure. This mixture is con- 
veyed to the rotor-blade nozzles for propulsive effect. It is 
_ apparent that the ducted jet engine becomes identical to the con- 
ventional! jet engine when the air by-passing the turbine (second- 
ary-air flow) is reduced to zero, Fig. 6 shows the variation in gas 
_ temperature and specific fuel consumption for these gas turbines 


i 3 as a function of ratio of secondary-air flow to turbine air flow 


when applied to a jet-propelled rotor having. a peripheral speed of 
600 fps. The choice of a ducted jet engine for a ratio of secondary- 
air flow to primary-air flow of 1.0 results in a reduction in gas 
temperature to 640 F and a specific fuel consumption of 1.02 Ib 
The same component efficiencies and pressure 
ratio were chosen as used in the geared gas-turbine analysis pre- 
viously. 

A gas-generator weight estimate of 1.0 Ib per hp has been 
made based upon other jet-engine designs (3) without resorting 
to tip-burning. This includes a capacity factor as used for the 
gas turbine. Assuming tip-burning to increase the available 
power by a factor of 1.35, the weight can be reduced to 0.74 Ib 
_ perrotorhp. Although this is a slight increase in weight as com- 
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pared with a conventional jet engine, the weight is believed to 
represent a low practical gas-generator weight to be used in the 
helicopter-performance calculations. 


Roror-Tip Jer EnGines 


Within the last few years helicopters have been built and 
flown with tip-located jet engines. The first of these was powered 
by a ramjet engine. Later a pulsejet engine of the V-1 type was 
used to power a rotor blade. These two types of engines represent 
the most simple power plants available for rotor propulsion. 
However, from the standpoint of fuel consumption and operating 
cost, it is well known that the efficiency is low. The over-all 
efficiency of the power plants is primarily a function of relative 
air velocity as shown in Fig. 7. For the velocities contemplated, 
the present minimum fuel consumption of 5 Ib per rotor hphr 
corresponds to an efficiency of less than 3 per cent. 

A further principal problem in the development of the tip- 
located jet engine is the power-off drag characteristics of the 
engine. This problem has not been covered by this paper al- 
though detailed studies have shown the possibility of blocking 
the inlet or discharge of the jet to reduce the “cold” drag to an 
acceptable value. 

For the aircraft weight estimates, using these power plants, an 
additional weight of 0.01 times the gross weight has been as- 
sumed. Although the jet engines may exceed this weight, the 
blade weight usually includes an additional weight for centrifugal 
force which may be reduced to justify the foregoing assumption. 

The forward flight of 2. helicopter, powered by ram or pulse- 
jets, subjects the engine to a varying inlet velocity and yaw angle. 

_|Brzozowski (4) has analyzed a ramjet engine operating under 
conditions to provide a forward thrust within the rotor plane in 
forward flight. However, it appears difficult to meet the require- 
_ ment for this design of a varying fuel consumption as the blade 
rotates. The forward flight analysis in the following section has 
been made on the basis of the mean jet-engine velocity of 2 R. 


_ For the low rotor advance ratio under consideration this assump- 


tion is believed justified provided the burner fuel-air stability 
limits are acceptable. 

Ramjet Engine. Sanger and Bredt (5) present the results of 
_ flight towing tests on large units originally intended for German 
_ interceptors. Unfortunately, conditions varied during the tests 
so the utility of these data is lessened. However, since the ram- 
jet is such a simple device, it readily lends itself to analysis 
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Calculations at 700 fps flight speed, assuming a diffuser efficiency 
of 0.92, a combustion efficiency of 0.85, and a nozzle efficiency of 
0.985, indicate a fuel consumption as shown in Fig. 7. This 
comparatively low diffuser efficiency will account also for the 
yaw effects when in forward flight. The velocity entering the 
burner at full load was 150 fps, and the burner pressure loss was 
assumed to be 6 times the dynamic head at the burner inlet. 
An external drag coefficient of 0.1 based on the maximum pro- 
jected area was chosen. The helicopter performance was based 
upon a chosen practical maximum tip speed of 700 fps. 

The computed full-power specific fuel consumption of 7.3 Ib 
per hphr was poorer than that reported by Sanger and Bredt, 
which suggests the computed values are conservative. 

Part-load performance at 700 fps was computed for fuel-air 
ratios which varied from stoichiometric (for octane) to 0.02. A 
straight-line approximation to these data is plotted in Fig. 4. 
A 35 per cent reserve power factor was also applied to the ram- 
jet-powered helicopter. 

Pulsejet Engine. The pulsejet developed by the Germans 
for the V-1 bomb of World War II is an intermittent-explosion 
engine conforming to the classification of a “wave” type of power 
plant. Constant-volume combustion with the resulting pressure 
rise accounts for its higher pressure ratio and higher efficiency 
as compared with the ramjet, particularly at low air speeds. 
Various modifications of the pulsejet for helicopter application 
have been proposed. The replacement of the mechanical valves 
with a resonant tube for longer engine life, and the ducting of the 
engine to reduce the effect of the high pressure loss through the 
engine at high air speeds have advantages. The further de- 
velopment of the pulsejet or similar engine fdr greatly increased 
pressure ratio is possible from a thermodynamic standpoint. 

The performance of an early American version of the German 
V-1 pulsejet engine has been reported (6). Faired cross-plots of 
these data corrected for external drag, Fig. 7, were used to deter- 
mine the favorable rotor speeds of the pulsejet-powered heli- 
copter. An external drag coefficient of 0.12 was assumed to 
reduce the data (6) to available thrust. This abnormally high 
coefficient is the result of the engine shape and unfavorable 
external effects induced by the intermittent flow. The thrust 
per unit frontal area was increased by 25 per cent to agree more 
closely with recently developed pulsejets. 

The V-1 pulsejet design allowed very little variation in load 
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(or fuel flow) at a given air speed before the limit of resonant 
operation was reached. Recent American developments have 
extended greatly the power range for resonant operation, and 
estimated part-load characteristics of such a unit are shown in 
Fig. 4. The data of reference (6) were used and were extrapo- 
lated for the low loads. Again, a 35 per cent reserve power factor 
was applied. 

Pulsejet designers have considered multiple units which could 
be turned on or off as the power requirement varied. This of 
course would improve the rather poor part-load specific fuel 
consumption of the pulsejet. Development of airfoil-shape pulse- 
jets could provide lift and reduce effectively the external-drag 
coefficient. It is believed that a projected pulsejet with a fuel con- 
sumption of 3.5 lb per hphr is possible, and that part-load fuel 
consumption can be similarly improved. A forecast of a pro- 
jected pulsejet engine with a constant specific fuel consumption 
of 3.5 is listed in Fig. 4. A rotor-tip velocity of 500 fps was 
chosen, and hovering endurance and range for this unit can be 
compared to the present pulsejets. 

A principal objection to early pulsejet engines was the very 
limited valve life. However, this problem has been minimized 
with the development of low-cost replaceable valves having a life 
sufficient for many flights of maximum duration. 


HELICOPTER PERFORMANCE 
AERODYNAMIC ANALYSIS 


To compare the various power plants that may be considered 
for lifting-rotor propulsion, it is necessary to evaluate the heli- 
copter power requirement for helicopter rotor designs as dictated 
by the power-plant characteristics. Inasmuch as one of the ad- 
vantages of the jet-propelled rotor is the fact that only one 
lifting rotor is required, the present paper is limited to an analysis 
of a single-rotor type helicopter. Several assumptions are made 
to permit comparison of the various means of propulsion. 

The rotor is chosen for a maximum disk loading of 2.5 psf. 
Although designs to this loading require more power than when 
more lightly loaded, the reduction in weight for a flight of long 
duration results in a mean disk loading near the optimum as shown 
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in Fig. 9, or the minimum permissible for otherwise good flight 
characteristics. The rotor solidity at the maximum loading is 
chosen for a mean blade-section lift coefficient in hovering of 0.6. 

' Again, this value is near the optimum value for a rotor-blade air- 

The section drag coefficient is expressed conserva- 


Cy = 0.011 — 0.025a@ + 0.5a?. . 


A rotor blade having a chord-taper ratio of 2:1 is chosen for a 
- smaller blade-ducting loss for the pressure systems and struc- 
tural strength in all designs. It should be noted that rotor de- 
signs to the same blade-section lift coefficient although to varying 


_ blade-tip speeds have equa! centrifugal force, assuming a constant 


blade density and similar plan form. 

The performance of helicopters designed to the foregoing 
_ parameters has been calculated in accordance with the blade- 
- element method presented by R. L. Lichten (7). This method 


for computing hovering power becomes substantially the same as 


the well-known expression 


op(QR)* 


A small additional correction for increased induced-power re- 
_ quirement because of nonuniform inflow velocity in hovering flight 
- has not been made because of its complexity when considered 
with a tapered blade. However, the effective rotor-disk radius 
has been reduced by a factor of 0.97 to account for rotor-tip loss. 
_ The variation in power requirement with forward flight velocity 


W  B(2p)'* 


at sea-level altitude is shown in Fig. 8 for several designs to the 


_ foregoing characteristics but having varying rotor peripheral 
velocities. Choice of a rotor system for each power plant was 
made on the basis of one of the tip speeds having design criteria 
as shown in Table 2 which conform to the parameters mentioned 


earlier. 


TABLE 2 DESIGN DATA FOR COMPUTING ROTOR-TOP SPEEDS 
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rotors. For the jet-propelled helicopter, the fuselage parasitic- 
drag area is assumed to be 10 per cent less, accounting for the 
reduction in drag from the elimination of torque-reacting rotor 
and the reduction in frontal area of the power plant. The power- 
requirement curves have been used in the following analysis to 
calculate the range and endurance of the helicopters with the 
proposed power plants. 
Hoverinc EnpuRANCE 

The endurance of a helicopter in hovering flight is of course a 
function of the fuel load carried by the ship. Weight estimates 
were made of various helicopter designs based on an airframe 
weight (including blades) of 0.40 times the gross weight of the 
ship. For power plants requiring torque reaction this factor was 
increased to 0.45 to account for the additional weight of the tail 
rotor and supporting structure. The calculation of the power- 
plant weights, expressed as a fraction of gross helicopter weight, 
was discussed in the power-plant-analysis section of this paper. 
The useful load, expressed in a similar fashion, is readily com- 
puted as unity minus the sum of airframe and power-plant weight 
ratios. The fuel load is then determined by that fraction of the 
useful load which is available for carrying fuel. 

The basic equation for determining flight duration is 


dW = —Fadt 


where F is the time rate of fuel flow. Equation [4] can be ex- 


For all power plants it was assumed that the specific fuel con- 
sumption can be expressed sufficiently accurately as 


where a and b can be determined from Fig. 4, defining the part- 
load characteristic of the power plants under consideration. 
Upon substituting Equations [3] and [6] into Equation [5], we 
obtain 


+ Cp 
A 


1 ( Ww ) 
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It will be noted that the power curves in Fig. 8 are displaced 
somewhat in the hovering and lower speed range, although for 
high-speed flight the curves converge and cross. Rotor-blade 
stall at high speed which has not been considered would accen- 
tuate this effect. The ordinate of these curves is plotted as & 


ratio of rotor horsepower to ihrust or gross weight in pounds. 


In Fig. 9 the variation in power with thrust is plotted for hover- 
Inasmuch as the 
induced power is less in forward flight, although the blade-profile 
drag for zero thrust has not changed appreciably, the slope of 
the power-thrust curve for hovering is greater than in forward 


flight. A speed of 75 mph is arbitrarily chosen as a cruising speed. 


It is recognized that this is slightly lower than the maximum 
range speed for many designs, although it represents a high speed 
for present jet-propelled helicopters. 

The fuselage equivalent flatplate drag area is taken equal to 


0.008 times the rotor-disk area in the case of the ee 
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The blade-profile-drag coefficient as a function of angle of attack 
is given by Equation [2], and the angle of attack may be found 
Ww 


A 


1 
g 


Thus, after substitution, the right side of Equation [7] can be 
expressed entirely in terms of the variable W/A and may be inte- 
grated. The resulting hovering-flight duration calculations in- 
clude the effects of decreasing fuel load, change in power-plant 
efficiency with load, and variation of the profile-drag coefficient 
with the changing angle of attack. In this paper the integration 
was done graphically for several limits of integration depending 
on the power plant employed and on the fraction of useful load 
assigned to fue) loads. 
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the ratio (useful load-fuel load)/Wo is plotted against hovering- 
flight duration in hours. It should be observed that all the 
curves are concave upward, which indicates greater hovering 
times than those computed by assuming constant fuel flow during 
the flight. A comparison of the two methods of calculation can 
be obtained by drawing a straight line tangent to the curve at 
zero hovering time. The resulting straight line is the usual con- 
stant fuel-flow curve. 

Two diverse effects are important in producing the shape of 
these curves, i. e., (a) the part-load efficiency of the power plant, 
and (b) considerations of the reduced power required as flight time 
progresses. The marked increase in specific fuel consumption as 
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the load decreases, which is true for all the power plants con- 
sidered except the reciprocating engine and the projected pulse- 
jet, causes a decrease in flight duration. The reduced power 
required as the helicopter lightens as fuel is consumed of course 
tends to increase the hovering time. This last effect is clearly 
shown by the curves for the two power plants with constant 
specific fuel consumption. Since all curves are concave upward, 
effect (b) becomes the controlling one. 


Fiuicut Rance 


The calculation of maximum range in forward flight is analo- 
gous to the hovering-duration computation. A new equation is 
needed for power as a function of disk loading, but in other re- 
spects the calculations are similar. 

Detailed calculations of the power requirement as a function 
£ the thrust, for various rotor-tip speeds for hovering and cruis- 
- ing flight were made and are shown in Fig. 9. 
™ speed of 75 “ee an papas of the form 


For a forward 


was written and found to fit very closely the curve for forward 
flight when the constants K, and K; are evaluated properly for 
each rotor-tip speed. Equation [9] can be written in the form 


550P 1 1 \“/w\% 


Equation [10] and Equation |6)} can be substituted into Equa- 
tion [5] to give 


5 


This equation can be integrated to determine the time of flight 
which is readily converted to range. As for the hovering case, 
Equation [11] was integrated graphically for the same limits of 
disk loading. 

The range for a forward flight velocity of 75 mph is plotted in 
Fig. 11 as abscissa against the same ordinate as used for hovering 
duration. 


CONCLUSIONS 


The evaluation of the power plants and helicopter cannot be 
made by comparing only the hovering duration or maximum 
range but must include a properly weighted consideration of 
such factors as the mission to be accomplished, control character- 
istics, first cost, operating cost, reliability, noise level, power-off 
drag, rotor development as affected by size, and so forth. How- 
ever, certain general conclusions can be drawn from the factors 
mentioned previously and the general design of the aircraft. 

Geared-engine power plants appear to offer the greatest en- 
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limitation to the range for this engine at sea-level flight. The 
* geared gas-turbine engine presently available only for larger 
powers offers the possibility of increased endurance and increased 

range for flights of less than 500 miles, as compared with the 

conventional reciprocating engine. For a shorter range of 200 
miles, the gas-turbine power plants permit an increase in useful 

load of 0.08 gross weight or one third of the useful load of the 

conventionally powered helicopter. 
Of the pressure-jet-propelled rotors, the turbine-gas generator 
offers considerable promise, as compared with the geared recipro- 
cating engine for hovering flight and for flight ranges up to 700 
miles. For short-range flight (200 miles) an increase in useful 
load of 60 per cent appears possible because of the power-plant 
weight reduction. The use of efficient although heavier recipro- 
cating gas generators permits the development of smaller-capac- 
ity lifting rotors of this type. However, it is in the larger power 
capacity for which the gas-turbine gas generator is best suited 
that the elimination of the geared transmission appears to 

greatest advantage. In all of these pressure types of propul- 
sion schemes, the use of rotor-tip burners makes possible con- 
siderable overload capacity at the expense of fuel consumption. 
An important characteristic of all of the helicopters carrying a 
large take-off fuel load is the greatly increased possible perform- 
ance as the fuel load is used. 

The pulse or ramjet engines mounted on the rotor periphery 
make possible an aircraft that appears less complex than any 
other type of powered air or ground vehicle. For military use 
such a versatile aircraft becomes potentially less costly and more 
expendable than present means of surface travel. The pulse or 
ramjet-powered helicopters provide a means of accomplishing a 
large increase in useful weight for short-duration flights. From 
the standpoint of maximum range and endurance the V-1 type of 
pulsrejet operating at a low tip speed provides a greater useful 


ren 


load than the geared reciprocating engine for flight range less 
than 120 miles or an endurance of 1.4hr. The ramjet of 700 fps 
tip speed in the present state of development appears to have a 
useful load greater than the reciprocating engine for a range of 
less than 70 miles or an endurance of 0.8 hr. As with all of the 
thermal! power plants, the engine part thrust efficiency becomes 
of paramount importance. It appears entirely possible to de- 
velop a pulsejet or similar type of wave engine for a lower fuel 
consumption having a useful load equal to that of a conven- 
tionally powered helicopter for a range of well over 200 miles. 
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Regenerator for Gas-Turbine Plants 


By A. L. LONDON! anv W. M. KAYS,*? STANFORD, CALIF. 


The advantages of a liquid-coupled indirect-transfer- 
type gas-turbine-plant regenerator relative to the conven- 
tional direct-transfer-type are described. The indirect 
_ system consists of two units, one a hot-gas-to-coupling- 
_ liquid exchanger, and the other a coupling-liquid-to- 
- compressed-air heater, together with the necessary circu- 
- lation system for the coupling-liquid. One of the liquid 
metal alloys possessing a high heat-transfer coefficient, a 
low freezing point, and a high boiling point might prove 


to be suitable as a coupling liquid. As an example, the 


sodium-potassium eutectic alloy might be practical. 
Design studies are presented to give an idea of the geome- 


_ try of indirect-type regenerators for four different gas- 


turbine cycles. One of these cycles may be considered as 
typical of a conventional open-cycle central station or 
marine plant; the second is like the first only it is a closed- 
supercharged cycle; the third is a locomotive plant, and 
the fourth is an aircraft turboprop system. The principal 
conclusion reached is that, granting the successful de- 
velopment of a suitable coupling liquid, the indirect-type 
regenerator possesses so many advantages over the direct 
type that it may prove to be a strong competitor. 


NOMENCLATURE 


The following nomenclature is used in this paper: 


heat-transfer area, sq ft 
wall thickness, in 
plate spacing, in. 
specific heat, Btu/(Ib deg F) 
‘flow-stream capacity rate (flow rate times specific 
heat), Btu/(hr deg F) 
differential operator 
= flow mass velocity, Ib/(hr ft? of minimum flow cross 
section) 
unit conductance for thermal convection heat trans- 
fer, Btu/(hr deg F ft* of A) 
= thermal conductivity, Btu/(hr ft? deg F/ft) 
slope of the operating line (see Appendix) 
= flow stream Reynolds number based on minimum 
flow cross section, dimensionless 
Prandtl number, (yc,/k), dimensionless 
Number of heat-transfer units, (AU /C), dimensionless 
NTU,/NTU, 
gas or air pressure 


gas- or air-pressure drop 4 
heat-transfer rate, Btu per 
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a flow passage hydraulic radius, ft 
t = gas, air, or coupling-liquid temperature, deg F 
U unit over-all thermal conductance, Btu/(hr deg F ft? 
of A) 
gas or air specific volume, cu ft per Ib 
gas or air velocity through exchanger at minimum 
flow cross section, fps 
ratio of total transfer area, A, of one side of exchanger 
to total volume of exchanger, ft*/ft* 
fin thickness, in. 
with subscripts denotes fluid-temperature change in 
passing through exchanger 
on P denotes inlet minus outlet pressure difference 
with subscripts denotes temperature difference be- 
tween inlet fluids to exchanger component or over- 
all exchanger system 
exchanger effectiveness, actual heat-transfer rate 
divided by maximum possible for heat-transfer 
rate 
over-all temperature effectiveness of a fin-type heat- 
transfer area, A 
= density, lb per cu ft 
= ratio of free flow to frontal area, dimensionless 
= gas viscosity, Ib/(hr ft) 
@ = denotes functional relationship 
Subscripts: 
a = denotes air side 
c = denotes cold unit (coupling-liquid-to-air exchanger) 
g = denotes turbine exhaust, gas-side condition 
h = denotes hot unit (exhaust-gas-to-coupling-liquid ex- 
changer) 
denotes coupling-liquid 
denotes over-all or total; for example, A, = A, + Ac, 
and A, = (tain — tein) 


INTRODUCTION 


The simple open-cycle gas-turbine plant consisting only of 
compressor, combustion chamber, and turbine components has 
the advantages of light weight and compactness. However, it 
suffers from a poor specific fuel consumption relative to the 
modern steam-power and reciprocating internal-combustion- 
engine systems. Cycle modifications to compensate for this de- 
ficiency are the inclusion of intercooling during compression, re- 
beating during expansion, and exhaust-gas thermalenergy re- 

- generation. These cycle modifications may be employed either 


tur singly or in combination. The greatest improvement is brought 
ie about by regeneration, especially when it is used in conjunction 


with intercooling. Further, the addition of the regenerator results 
in a flat fuel economy versus load curve which is a highly desira- 
ble characteristic for the transportation-type prime mover, i.e., 
the turboprop, the gas-turbine locomotive, and the marine gas- 
turbine plant. 

While the addition of a regenerator is highly attractive from a 
thermodynamic point of view, its bulk, shape, mass, and cost 
may be such as to nullify the thermodynamic advantages. Awk- 
ward shapes and large bulk and weight are consequences of the 
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following factors: (a) Low density of the compressed air being 
heated, and even lower density of the exhaust gases being cooled; 
(b) approximately a 6-to-1 disparity in flow densities, air-to-gas; 
(c) large specific flow rates, Ib per shp hr, for the working sub- 
stances; (d) the use of surfaces which do not possess a relatively 
high ar of compactness, e.g., circular tubes ‘"s in. diam and 
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References (1) and (2)? treat this problem by presenting a 
number of designs of direct-transfer regenerators for different gas- 
turbine cycles employing both conventional tubular surfaces and 
some of the very much more compact surfaces employed hereto- 
fore only in aircraft heat-exchanger applications. This study 
revealed substantial advantages arising from the use of compact 
surfaces. Nevertheless the low magnitude of gas and air densities 
and the 6:1 disparity in density on the two sides of the exchanger, 
items (a) and (b) in the foregoing, make for awkward shapes 
which, paradoxically, may force the designer to use less compact 
surfaces, and sacrifice weight and space for shape. This diffi- 
culty may in some measure be alleviated by the use of a liquid- 

coupled indirect-transfer regenerator of the type described sche- 
matically in Figs. 6 and 7. In contrast to the direct type, the 
indirect type employs a pumped liquid to convey the thermal 
energy picked up in the hot-stream exchanger where the exhaust 
gas is being cooled, to the cold-stream exchanger where the com- 


pressed air is heated. Common examples of this general type of 


heat-exchanger system are (a) the engine-block radiator com- 
bination of the liquid-cooled automotive engine, (b) the steam- 
boiler radiator combination used for space heating, (c) the 


* Numbers in parentheses refer to the Bibliography at the end of 
the paper. 


Ljungstrom rotary air preheater, where the drum rotation pro- 
vides a “flow” of solid-phase metal as a coupling medium from 
the hot-gas to the cold-gas sides. 

It would appear at first that the substitution of two heat ex- 
changers and a pumped coupling-liquid circuit, as in Fig. 6, for 
a single direct-type exchanger would suffer overwhelming dis- 
advantages. However, this conclusion is not justified when the 
following considerations are evaluated. The important advan- 
tages of the liquid-coupled-indirect-type regenerator are: 

1 The gas- and air-flow-stream frontal areas may be shaped 
independently of one another. 

2 A considerable simplification of air ducting and header 
construction results because it is not necessary to bring the cold 
air over to the turbine-exhaust stack and then back to the com- 
bustion chambers. 

3 If extended transfer surfaces are used, as is desirable from 
the point of view of compactness, it is necessary to have fins 
only on one side of the surface. 

4 Use of a multiplicity of smaller units, as described in Fig. 6, 
may simplify manufacture, cleaning, and servicing, and reduce 
the stress problems arising from thermal expansions. 

5 Closer approach to counterflow characteristics can be 
realized without suffering a penalty in shape. 

With respect to item 1, while square cross sections are pictured 
in Fig. 6, almost any frontal shape may be used within the one 
restriction of meeting the flow-area requirement. The roughly 
6:1 difference in gas and air densities results in approximately a 
4:1 difference in flow areas, and it is just this disparity which 
causes the awkward core geometries of the direct-type regenerator 
where both areas have to be incorporated into a single core. 


NTU, 
NTU 


3 4 
NTU NTU, /NTU, =(AU) 
(c) 
Ortimizinc Operatinc Conpitions ror THe Liguip- 


Covup.ep ReGeneRaTor 


diti for phi liquid flow rate with eo as a parameter, 
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Simplification of the cold-air ducting, item 2, is particularly 
important for the locomotive or aircraft application. In the direct 
type, the air flow from the compressor discharge is ducted over 
to the regenerator, which of necessity is located close to the tur- 
bine exhaust, and the heated air must be ducted back to the com- 
bustion chambers. A 5000-shp open-cycle plant has air ducts 
of the order of 20-30 in. diam. It can readily be visualized that 
in a locomotive cab the elimination of this ducting would be a 
great advantage. Further, for the turboprop application, it is 
hard to visualize the practical use of a direct-type regenerator 
because of this problem, see Fig. 7. 

If the coupling medium has a high heat-transfer coefficient, as 
it should, the controlling thermal resistance in both exchangers 
will be concentrated on the gas and air sides. Consequently, as 
indicated in item 3, fins are not required for the liquid side of the 
surface. This result may make for easier fabrication and allow 
for greater freedom in surface-geometry selection. 

By using a multiplicity of smaller units, item 4, it may be 
possible to use aluminum and mild steel or aluminized mild steel 
for the cold exchanger. Mild steel or aluminized mild steel may 
also be used to some extent in the hot exchanger. The resulting 
advantages in cost, weight, and better extended surface heat 
transfer, due to higher thermal conductivity, may be significant. 

In the direct-type regenerator, true counterflow geometry is 
difficult to realize because of header complications, item 5. Con- 
sequently, multipassing to produce cross-counterflow must be 
resorted to, but this expedient makes for ¢ven more awkward 
shapes than a single-pass cross flow core as revealed by the 
studies of references (1) and (2). For the indirect type no such 
difficulty is encountered. 

In contrast to the foregoing advantages, the disadvantages of 
the liquid-coupled-indirect type as compared to the direct-type 
regenerator are as follows: 


1 The requirement of a “good” liquid heat-transfer medium 
for coupling the hot- and cold-exchanger units. 


2 A greater total transfer area (by about 5-10 per cent) be- 
cause of the thermal resistance on the liquid side of both ex- 


changers. 


3 A somewhat larger and heavier shell-structure requirement, 
i.e., two smaller exchangers versus one larger exchanger. 


Inlet to Regenerator 
Properties 


2 


1» 


tie 


Btu/lb °F 
ft 
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Specific Flow Rate, 


Capacity Rate Ratio,C,/C, 


TABLE 1 REGENERATOR OPERATING 


Open cycle, 9:1 pressure ratio, 90% intercooling, 75% regeneration, (OP/P})totel = 2.5-3.0% 
Closed cycle, 9:1 pressure ratio, 90% intercooling, 75% regeneration, with 4 atm. bese pres. 
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4 The addition of a flow circuit to the gas-turbine plant for 
the circulation of the coupling liquid. 

No satisfactory liquid heat-transfer medium is in common use 
today, although current work with the liquid metals holds con- 
siderable promise for the near future (3). The requirements for 
the coupling liquid are as follows: (a) Low freezing point (less 
than 40 F); (6) a high boiling point (above 1000 F for moderate 
pressures); (c) low density, low viscosity, and high thermal con- 
ductivity; (d) a high heat-transfer coefficient, of the order of 
2000 Btu/(hr deg F ft?) for moderate flow velocities; (e) chemi- 
cal stability; (f) ease of handling in pumps and piping systems. 
Some of the alloys of sodium and potassium possess these charac- 
teristics to a high degree, but because of their reactivity with air, 
special handling techniques must be employed. Mercury is also 
a possibility although its high density adds substantially to the 
mass of the regenerator system. 

The requirement of greater shell structure, item 3, is partially 
compensated by the fact that the high-pressure structure, the 
coupling-liquid-to-air exchanger, is physically of much smaller 
size than a direct-type regenerator. Consequently, the high- 
pressure shel] requirement may even be smaller than for a shell- 
and-tube direct type with air in the shell. 

While imposing another flow circuit on the gas-turbine plant 
introduces some additional complexity, item 4, the piping sizes 
and pump power requirements are quite moderate. However, 
as will be shown later, it will be necessary to have a plant-load 
control on the coupling-liquid flow rate to obtain optimum heat- 
exchanger performance. This should add only a small complica- 
tion to the control system. 

The primary objectives of this paper are to develop the theory 
of coupled heat exchangers of the type described in Figs. 6 and 7, 
and to support some of the statements regarding the geometrical 
advantages of this type of gas-turbine regenerator. The second 
objective is accomplished by the presentation of some design 
studies for four gas-turbine cycles described as cycles A, B, C, and 
E in Table 1. The first two, cycles A and B, might be con- 
sidered typical of the marine or small central-station application. 
Cycle A is an open cycle, while cycle B is identical to A, except 
that it is a closed cycle, pressurized to a 4-atm base pressure. 
Cycle C is descriptive of what might be used for a locomotive gas- 
turbine plant, while cycle E is a possibility for the aircraft turbo- 
prop system. 


c c 
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Open cycle, 4.6:1 pressure ratio, 60% totel = 5 


Open cyole, 6:1 pressure ratio, 50% regeneration, 
400 mph = ad ft/sec, jet welocity © 832 ft/sec) 


(Air speed 


6 


)totel= 6-0% (10,000 ft. elev.) 
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a Bs presented similar studies for the direct-type regenerator. Cycles 
_ A, B, and C of this paper are also employed in reference (1). 
Cycle E, the aircraft system, was not considered previously, and 

i _ eycle D of reference (1), the “exhaust-gas-heated locomotive cycle”’ 
not considered here. To facilitate comparisons with reference 
(1), results, nomenclature, and cycle designations are the same. 
Reference ( (2) contains both the information of reference (1) and 

is * _ this paper, with the exception of the turboprop-system study. 


-Inprrect-Transrer REGENERATOR, THE Errectiveness-NTU 
RELATIONS 


E ? The effectiveness €, of an exchanger is, by definition, the ratio 
of the actual heat-transfer rate to the maximum possible 
_—-heat-transfer rate. This maximum would be realized in a 

: - counterflow heat exchanger of infinite transfer area operating 

the same flow rates and fluid temperatures as the exchanger 

in question (4). 

The general equations for the over-al) effectiveness for heat 

_ transfer from the hot fluid to the cold fluid in a liquid-coupled- 

_ indirect-type system as described in Figs. 6 and 7, are derived in 

the Appendix. The purpose ‘of this section is to consider the 

reduced form that these equations assume for the special case of 

equal capacity rates of the hot and cold fluids, ie. (We), = 

(We), as is quite closely realized in the gas-turbine regenerator 

system. These equations are then analyzed to ascertain optimum 
conditions with respect to the following: 


1 Coupling-liquid circulation rate. 
2 Distribution of total transfer area between the hot- and 
cold-exchanger components. 


For the case of the gas-turbine regenerator, C, = C,, and the 
_ six Equations, [14a] to [14f], of the Appendix reduce to the 
following two relations 


For C, > C, & = 


For C, < C, & = 


where C = C, = C,, the capacity rate (flow rate times specific 
heat capacity) of both the hot-gas and cold-air streams. C, is 
_ the coupling-liquid capacity rate, in independent variable which 
can be controlled as desired. I tion of Equations [1] and [2] 
reveals that for any given magnitudes of the component heat- 

_ transfer effectivenesses, €, and €,, for the cold and hot exchangers, 
respectively, the over-all effectiveness €, is maximized by making 

C, = C. This same conclusion is demonstrated graphically in 

Fig. 2(a), where €, is plotted as a function of C;/C. However, 

the optimum point is not quite so critical as depicted in Fig. 2(a) 
because, for given transfer areas, A,, A,, and over-all coefficients, 

_ O,, U,, in the two exchangers, a modification of C, will also 

_ influence the component effectivenesses, €, and €., in a compensat- 

_ ing manner with respect to changes in €,. This conclusion is most 

- readily demonstrated graphically as shown in Fig. 2(b) for the 
ease of counterflow exchanger components with NTU, = NTU.. 
x It can be seen that a coupling-liquid flow rate 20 per cent in 
excess of the optimum (C,/C = 1.20) will not seriously decrease 

_ the over-all effectiveness. However, a decrease of 20 per cent 
(C,/C = 0.80) below the optimum results in a significant de- 


With C,/C = unity, as required for optimum performance, 
Equations [1] and [2] reduce to 


The component exchanger effectivenesses are independent varia- 
bles, and the question remains as to what particular combina- 
tion of €, and « will maximize the over-all effectiveness for a 
given total heat-exchanger size and weight. This question can be 
answered completely only by comparing various actua] designs. 
However, the following considerations will yield a qualitative 
criterion for the distribution of total heat-transfer surface be- 
tween the two exchanger units. For a specified flow arrangement, 
i.e., counterflow, cross flow, etc., the component effectiveness 
€., €, are unique functions of NTU, and NTU,, respectively, for 
the condition of C, = C, = C, = C. Fig. 3 of reference (1) 
gives this relationship for several flow arrangements. For the 
case of true counterflow, however, a graphical representation is 
not necessary as the algebraic expression is simply 


By definition of the number of heat-transfer units 
NTU, = NTU, 
since C, = C, = C for the case under consideration. Substitu- 


tion of Equations [4] and [5] into Equation [3] yields 


P NTU* NTU, 
° + NTU*)* + NTU* NTU, 


where NTU, = NTU, + NTU, and NTU* = NTU,/NTU, = 
A.U,/A,U,. If NTU, is maintained constant, the usual method 
of limits reveals that €, is a maximum when NTU* is unity. 
Should the conductances, U, and U,, in the cold and hot exchang- 
ers, respectively, happen to be essentially the same, then a con- 
stant NTU, corresponds to the condition of constant total area, 
A, = A, + A,, and the optimizing condition of NTU* = 1 
corresponds to an equal-area distribution, A, = A,. However, 
for the designs considered in this paper, U,/U, is in the range 1.3 
to 1.9, Table 3, and for these conditions holding NTU, a con- 
stant does not correspond to holding total transfer area, A, = 
A, + Aj, a constant. The question as to optimum area distri- 
bution is then not answered by the specification of NTU* = 
unity. 

To examine this point in more detail, Equation |6] was graphed 
as €, versus NTU*, Fig. 4(c) (solid lines), for two magnitudes of 
NTU, corresponding to maximum over-all effectivenesses of 50 
per cent and 75 per cent, respectively. Then, employing Equa- 
tions [3] and [4], and the arbitrary specification of U./U, = 2, 
€, versis NTU* (= 2A,/A, in this case) was calculated for the 
specification of two magnitudes of constant total area A,. The 
magnitudes of A, were selected so as to pass the two curves 
(dashed lines) through the points (¢, = 0.75, NTU* = 1) and 
(€, = 0.50, NTU* = 1), respectively. It is seen from this result, 
Fig. 4(c), that U./U, > 1 shifts the optimum area distribution to 
larger than unity magnitudes of NTU*. However, because the 
curve is quite flat in the region of maximum €,, and since the 
design U,/U, is in the range 1.3 to 1.9, it can be concluded that 
an area distribution corresponding to an NTU* within the range 
0. 0 close ton maximum over-all cant is, 
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A,/A, in the range 0.75/(U,/U,) to 2/(U,/U,) is the criterion 
for optimum heat-transfer-area distribution. The specific selec- 
tion of area distribution within this range should include a con- 
sideration of the relative costs of A, and A,, and the geometrical 
requirements imposed on the regenerator by the machinery ar- 
rangement. The fact that the designer is allowed this freedom of 
choice without a penalty is an important advantage for this type 
of exchanger. Another important gain to be realized from increas- 
ing A, relative to A, is that the operating temperatures of the 
coupling liquid are reduced and, consequently, the heat-exchanger 
surface temperatures are reduced. This might allow the use of 
cheaper materials of construction. 


Desiten Bases 


Gas-Turbine Cycles. The gas-turbine cycles considered are 
described in Table 1. Cycles A and B, 9:1 pressure ratio with 
90 per cent effectiveness intercooling and 75 per cent effectiveness 
regeneration, may be considered as typical of a marine prime 
mover or central-station application. Cycle A is an open cycle, 
while cycle B is identical in every respect, except it is a closed 
cycle with pressure levels supercharged by a factor of four. A 
practical application of eycle A is described in reference (6). 
Cycle C is an open cycle with a 4.8:1 pressure ratio, no intercooling 
and with 60 per cent regenerator effectiveness. It may be con- 
sidered as typical of a locomotive application, and such an 
application is described in reference (8). Cycle E is an open 
cycle with a 6:1 pressure ratio, no intercooling, and with 50 
per cent regenerator effectiveness, and may be considered as of 
possible interest in the aircraft turboprop application. 

The application of the regenerator to the turboprop system for 
exchangers of the direct type, and also for the rotary-drum type 
regenerators similar in principle to the Ljungstrom air preheater, 
are considered in reference (9). Direct-type regenerator design 
studies for cycles A, B, and C are presented in references (1) 
and (2). 

Heat-Transfer Surfaces. The surfaces ued for the designs pre- 
sented in this study are described in Fig. 1. These surfaces may 
be classified as follows: 


1 Plate-fin surfaces; plain fins, wavy fins, louvered fins, and 
strip-fin types. 

2 Finned-flat-tube surfaces, with staggered tubes, and with 
staggered tubes and ruffled fins. 
Detailed geometrical information for these 7 surfaces is contained 
on the diagrams, Fig. 1, and the tabulation, Table 2. 


Heretofore, design studies such as presented here and in refer- 
ences (1, 2, 9) were not possible because of the lack of basic heat- 
transfer and flow-friction design data of sufficient accuracy for 
surfaces other than circular tubes. Under the sponsorship of the 
U.S. N. Bureau of Ships, Bureau of Aeronautics, and the Office of 
Naval Research, however, such data have recently been made 
available for the seven surfaces in Fig. 1, as well as 27 other varia- 
tions of compact surfaces (4, 10). 

Coupling Liquids. To be practical for this application, the 
coupling liquid should have the following characteristics: 


1 A low freezing point, say, less than 32 F, and a high boiling 
point at moderate pressures, say, greater than 1000 F for a pres- 
sure of less than 200 psi. 

2 A high convective heat-transfer coefficient for moderate 
tlow velocities of the order of hz > 1000, Btu/(hr deg F ft?). 

3 A low specific gravity. 

4 A low viscosity. 

5 Handieability in piping and pump systems without undue 
problems of gland sealing and corrosion. 
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Such standard transfer liquids as water and Dowtherm are 
ruled out on the basis of items 1 and 2. Mercury is reasonably 
acceptable in every respect, except item 3. However, while a 
high specific gravity would increase the “wet weight” of the 
regenerator system it may not be a serious restriction except for 
the turboprop application. A liquid-metal alloy of sodium and 
potassium of close to eutectic proportions has very desirable 
characteristics with respect to the first four requirements. Its 
handleability is largely a matter of conjecture, but its possible 
use in the atomic-energy program may result in rapid develop- 
ments in this respect. 

Reference (3) contains the most up-to-date information on 
liquid metals with respect to properties, heat-transfer charac- 
teristics, and what is known about the problems of constructing 
circulation systems. 

For the purposes of this paper, since the controlling thermal 
resistance to heat transfer is always on the gas side of the heat- 
exchanger components, it is not necessary to know hy very ac- 
curately as long as it is greater than 1000 Btu/(hr ft? deg F). 
Consequently hi = 3000 Btu/(hr ft* deg F) was selected. This 
is the magnitude of the transfer coefficient which might be ex- 
pected from the use of mercury. The use of the sodium-potassium 
alloy would yield a higher coefficient of the order of 5000 Btu/- 
(hr deg F ft*). To estimate the necessary piping sizes for the 
circulating liquid, a specific heat per unit volume in the range 
from pe = 14 to pe = 25 Btu/(ft* deg F) may be used. The 
larger magnitude approximates the properties of mercury, and the 
smaller magnitude a 50-50 NaK alloy, both at 700 F. 

Design Method. The design method employed in this study 
parallels that previously described, (1, 2, 4), and will be repeated 
here only very briefly. 

Basic heat-transfer and flow-friction design data for the sur- 
faces in question were obtained from reference (4). For the 
purpose of simplifying the calculations the following conditions 
were postulated: 


(1) C,=C, =C, =C 

(2) NTU, = NTU, = NTU 

(3) A, = 3000 Btu/(hr ft? deg F) 

(4) Hot and cold components for cycles A, B, and C are cross- 
counterflow units with four passes on coupling-liquid side. 

(5) Hot and cold components for cycle E are cross-counterflow 
units with two passes on coupling-liquid side. 

(6) Gas- and air-flow per cent pressure drops are as specified, 
in Table 1. 

(7) Gas and air-flow properties and operating conditions are 
as specified in Table 1, with the exception that Cair/Cgas = unity 
was used in accordance with item 2. 


Note that item 2 does not correspond to the condition of op- 
timum transfer-area distribution between the hot and cold units, 
except for the special case of U, = U,. However, this departure 
from optimum conditions does not result in a significant reduction 
of the over-all effectiveness €, as can be seen by inspection of Fig. 
4(c). 

On the basis of items 1, 2, and 3, Equations [1] and [2] reduce 
ays 
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as For a given €, then, the component effectivenesses, €. = €, = €, 
ar determined. This fixes the magnitude of the necessary num- 
' : transfer units for the specified cross-counterflow arrange- 
it for each of the components (see reference 1 or 4, for these 
€NTU relationships). Then, by a method of successive approxi- 
mations, the core geometry is established which will give the 
necessary AU product with a moderate per cent pressure drop as 
specified for each cycle in Table 1. The flow-friction distribution, 
( AP/P)eir/( taken as approximately 0.25 at 
the full-load design condition as this distribution tends to reduce 
_part-load friction losses, (1). 


REGENERATOR-CoRE SHAPES 


 heat-transfer and flow-friction data of reference (4), were em- 
to design seven liquid-coupled-indirect-type regenerators. 
a oe Two designs sre for cycle A, the marine or central-station-type 
plant, Fig. 3. One design, Fig. 4, is for cycle B, the closed-cycle 
system. For the locomotive unit, cycle C, there is also one 
design, Fig. 4. The turboprop application, cycle E, is covered by 
three designs, Fig. 5. Table 3 summarizes the design results for 
all the cycles. The surface arrangements, Nos. 1 through 7, 
designated on the illustrations, Figs. 3, 4, 5, are completely de- 

fined by Fig. 1 and Table 2 

All of the regenerator configurations of Figs. 3, 4, and 5 are for 
gas- and air-flow rates for a 1000-shp plant. For a different plant 
rating, using the same cycle parameters, it is necessary only to 
increase the air- and gas-flow cross-section areas in direct propor- 
tion to shp rating/1000. Fig. 6 represents a scaling-up in this 
manner of arrangements 1 and 2 in Fig. 3, for a 5000-shp cycle A 
plant, and Fig. 7 is a scaling-up of the design arrangements 6 of 
Fig. 5, cycle E, for a 4000-shp turboprop installation. 

These designs were prepared for the purpose of describing what 
can be realized from a geometrical point of view using the indirect- 
type regenerator system and using compact Surfaces of the char- 
acter shown in Fig. 1. Consequently they are not to be con- 
sidered as optimum. As it may not prove to be practical to 
fabricate any or all of these surfaces for high-temperature service, 
these designs may not even be possible of realization. There also 
remains the major question of the availability of a suitable coup- 
ling liquid. Nevertheless, such studies as these sre an essential 
preliminary to provide an inducement to develop the necessary 
manufacturing arts, and to develop suitable coupling liquids. 

A detailed description and discussion of the various designs is 
not necessary as the figures and tables are largely self-explanatory. 
Consequently only a short discussion of the more important 
points will be presented here. 

It is important to note that the gas- and air-flow cross sections 
may be of any rectangular shape, provided the specified frontal 
area is maintained, and it is not necessary to use only the square 
cross sections depicted in Figs. 3, 4, 5, and 6. As an example, 
Fig. 7, describing a turboprop installation, rather strikingly 
Ulustrates the advantages obtained in the machinery arrangement 
by the arbitrary selection of the hot-unit gas cross-section dimen- 
sions so as to best fit into the tail pipe, and the cold-unit 
dimensions to conform to the combustion-chamber inlet-duct con- 
figuration. 

The cycle A designs, Fig. 3, demonstrate that the indirect-type 
regenerator can be designed for a quite moderate weight, volume, 
and pressure drop, comparable to a direct type using similar sur- 
faces (1), but further, the geometry is such as to simplify the 
installation in any machinery arrangement. 

The isometric sketch in Fig. 6 is for the purpose of illustrating 
the fact that the indirect type lends itself to fabrication from a 
number of smaller components. The possible advantages gained 
are (a) ease “ manufacture, (b) ease of servic ee and ae, 
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(c) simplification of design to allow for longitudinal thermal ex- 
pansions, and (d) the use of less costly materials in the units at 
the cold end of the exchanger components. 

The design for cycle B, Fig. 4, illustrates the well-known fact 
that a closed-cycle regenerator is substantially smaller than one 
for an open cycle because of the higher flow densities. Moreover, 
the characteristically small flow cross section and large gas-flow 
length make the closed-cycle heat exchanger ideally shaped for 
installation into a high-pressure piping system. 

The cycle C study, Fig. 4, demonstrates that an indirect-type 
regenerator for, say, a 3000-hp locomotive unit can be readily 
fitted into the cab space, especially when it is realized that the 
hot-gas unit can be shaped arbitrarily to fit into the cab ceiling. 
Further, the coupling-liquid transfer lines are only of the order 
of 3—4 in. diam, depending on the coupling liquid used, and for 
mercury, for instance, the circulation rate is only of the order of 
220 gpm. It would be possible to select surface arrangements to 
give a smaller gas-flow length than the 1.44-ft dimension pictured, 
if this was desirable because of overhead space limitations. The 
use of less than four passes on the coupling-liquid side is also 
quite feasible with only a moderate penalty in system mass and 
volume for more transfer area. 

The most important results of the cycle E turboprop studies, 
Figs. 5 and 7, are the moderate weights for a 50 per cent effective 
regenerator and the simplification of machinery arrangement per- 
mitted by the use of the indirect transfer system. If a coupling 
liquid of approximately 50 Ib per cu ft density (corresponding to a 
Na-K alloy) can be used, the liquid weight for the installation 
pictured in Fig. 7, would be approximately 75 Ib/1000 shp, which 
must be added to a core weight of 168 Ib/1000 shp, giving a 
combined weight of 0.24 Ib/shp. It may well be that by careful 
design this magnitude can be reduced further. It appears then 
to be quite possible to keep the total weight, including the circula- 
tion pump and piping, chargeable to the regenerator to less than 
0.3 Ib/shp. This should be compared to an approximate im- 
provement of fuel economy of 0.10 Ib/shp hr. 

It should be noted that a material density of 490 Ib/per cu ft 
has been assumed for all of the designs. A material thermal con- 
ductivity of 12 Btu/(hr ft? deg F/ft), corresponding to high- 
temperature alloys, has been assumed for cycles A, B, and C, 
while a thermal conductivity of 25 Btu/(hr ft? deg F/ft), corres- 
ponding to low-carbon steel, has been assumed for the cycle E 
designs. 

The heat-transfer surfaces will run very close to the coupling- 
liquid temperature. For cycle E, for example, this means a maxi- 
mum prime surface temperature in both units of about 870 F 
for one coupling-liquid pass and 720 F for the other. If aluminum 
could be used for the fins of the low-temperature passes a very 
substantial saving in weight could be effected, not only because 
of the low density of aluminum but also because of the considera- 
ble improvement in extended-surface effectiveness due to the 
higher thermal conductivity. Copper fins might also be used to 
good advantage. 

Calculations for the power requirement for circulating the 
coupling liquid, assuming either mercury or Na-K alloy, indicate 
that it is quite moderate, being of the order of 2 hp/1000 shp 
plant rating, including pumping and piping losses in addition to 
the core friction requirement. This applies to all four cycles 
considered. 

This study has revealed the following important conclusions: 


1 The development of the indirect-type liquid-coupled re- 
generator hinges on the availability of a good coupling fluid 
Some of the liquid metals appear to be best suited for this purpose 
but much remains to be learned — their handling eames 
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Fic. 6 Exptopep View or an Inpirect-Type ReceneraTor For a 5000-HP PLant 
(See Tables 1, 2, and 3 and Figs. he 3 for additional data.) 
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Reference (3) contains an up-to-date summary of available in 
formation on this subject. 

2 Granting that such coupling liquids wili be developed, the 
indirect-type regenerator possesses substantial geometrical ad- 
vantages over the direct type. Significant simplifications of the 
machinery arrangement and gas and air ducting are possible 


ae ni which are particularly advantageous in the gas-turbine locomotive 


and aircraft turboprop applications. 

. 3 The pumping power required to circulate the coupling liquid 
is small, and the piping sizes are moderate. Likewise, the increase 
_ in total heat-transfer area for the indirect versus the direct-type 
regenerator is relatively minor. 
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Puantom View oF aN Inprrect-Type Recenerator For 4000-HP Tursorror Unit 
(See Tables 1, 2, and 3 and Figs. 1 and 5 for additional data.) 


od 

4 Fabrication costs for liquid-to-gas transfer surfaces with 
fins on the gas side, as used in the indirect type, may prove to be 
substantially smaller than for gas-to-gas surfaces requiring fins 
on both sides, as in the direct-type regenerator. 

5 The theory of coupled exchanger systems presented in this 
paper may prove to be of use in a number of applications other 
than the gas-turbine regenerator as specifically considered here. 

6 The theory for the indirect-type-regenerator application 
provides the following operating and design critieria: 

(a) The coupling-liquid flow rate should be controlled with 
plant load so as to maintain an approximately unity ratio, C1/C. 
(b) The heat-transfer-area distribution between hot and cold 
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units may be adjusted within the range 0.75/(U./Ux) < Ac/An 
2.0/(U./U) without loss in over-all performance. Increasing 
A, relative to A, may be advantageous with respect to first cost 
and maintenance because of the lower surface temperatures and 
cleaner gas flow for the cold unit, and lower surface temperatures 
in the hot unit. 
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Appendix 
ANALYSIS OF System 

A coupled-indirect-transfer heat exchanger is described in Fig. 
8(a). The hot and cold components may be of any flow arrange- 
ment (counterflow, crossflow, etc.), and need not be the same with 
respect to either surface or flow arrangement. The capacity 
rates (mass flow rate times specific heat) for the hot fluid, the 
cold fluid, and the coupling liquid, respectively, are denoted by 
Cx, C-, and Cx. The purpose of this Appendix is to derive the 
relation between the over-all effectiveness for energy transfer 
from the hot to cold fluids, €,, the afore-mentioned capacity rates, 
and the individual exchanger effectivenesses, €, and €,., for the 
hot and cold fluids, respectively. In general 


= Pe, &, C,/Cz, ~. 


where the component effectivenesses, €., €,, may be established 
from 
= &(NTU, C/C,, flow arrangement) 


as these relations are known for many flow arrangements (4). 
Equation [7] in explicit form requires six different relations—one 
for each of the six possible combinations of relative magnitudes of 
C,, C., and C,. Only the solution for C, > C, > C, will be de- 
rived here in detail. The other five relations will be given with- 
out proof. 

Fig. 8(6) describes the temperature-flow-length relationship 
for the two fluids in each of the components. This description is 
for a counterflow arrangement but, as only the terminal tem- 
perature differences, 4,, A,, 4,, always between inlet and out- 
let fluids, and the temperature changes for each of the fluids, 
6,, 6., and 6,, are used, this specification of flow arrangement 
does not restrict the generality of the result. 

The algebra of the solution is vastly simplified if yet another 
graphical representation is employed. This is the “operating 
line’ and “equilibrium line” representation in Fig. 8(c). An 
analogous graphical representation is often used in the design of 
mass transfer equipment as, for instance, packed or plate-type 
absorption and distillation columns (5). The co-ordinates of the 
operating and equilibrium line representation are the fluid tem- 
peratures (t, ¢,) for the “over-all” operating line, (t,, ¢,) for the 
hot-unit operating line, and (tz, ¢-) for the cold-unit operating 
Note that in every case the highest temperature is em- 


_ ployed for the ordinate, and the lowest for the abscissa. The line 


= 


of unity slope with a (0, 0) intercept is termed the “equilibrium 

line.” Either the vertical or horizontal distance between a point 

on the operating line and the equilibrium line has a magnitude 


(thot — teoia). In effect then, this distance is a measure of the 
departure of the two fluids from thermal] equilibrium with each 
other. While Fig. 8(c) is drawn for true counterflow components, 
the final result is not restricted to any particular flow arrange- 
ment. 

Note that for the counterflow conditions shown, the slope of 
the operating line is simply related to the capacity rates. For in- 
stance, for the over-all operating line slope m, 


dq = = 
(see Fig. 8b). Thus 


In a similar manner, slope of hot-component operating line 
m = C,/Cy 

slope of cold-component operating line 
m, = C./Cy 

The 6 denotes the actual change of fluid temperature in con- 
trast to the A which denotes the maximum possible temperature 
change as would be realized in a counterflow heat exchanger with 
infinite transfer area. Thus, by definition of the effectiveness € 

6, 
=— 
for the postulated conditions C, > C, > C,. 

The advantage of the use of the operating line, equilibrium line 
representation results in the clear presentation of the relationship 
between the 5, the A, and the capacity-rate ratios given by m,, 

m,.. This is evident in the following development for €, = 
6,/ A,: 
From the geometry oi Fig. 8(c) 
A, = A, + A, 
From the definition of «€. 


A, = 6,/€, 
From the geometry of Fig. 8(c) 
5, = 5,/m, 


Thus 


A, = 
From the definition of «, 


From the geometry of Fig. 8(c) 
= 5,/m,. 
Substitution from Equations [10), [11], and [12] into Equa- 


tion [9] yields 


But by definition of the over-all effectiveness, €, = 5,/A,, and 
consequently Equation [13] yields (fer C; > C, > C,) 


538 TRANSACTIONS OF THE ASME ULY, 1951 s 
> 
| 
g 
4 
i 
»/C, 1 Cy 
€. a 


igs 


OPERATING LINES 


OPERATING LINE DIAGRAM 
(a, The system. 6, Fluid temperature flow-length relations. ¢, Operating line and equili i ) 


The five other possibilities for the relative magnitudes of C,,C,, | For the special case of Cy, = C, = C, the foregoing six equations 
; and C, result in the following relations for e¢,: reduce to two relations 
 ForC, >C,>C, ForC, = C,=C>C, 

C/C, (15) 


1 


1 
For C, > C, > C, For the special case of equal capacity rates for all the fluids 
Ayah C,= Cy, = Cy, 


For C, > Cy > Cy ages It is important to note that in every case the effectivenesses as 
es defined are, for constant-capacity rates, related to the tempera- 
teh €, ture change, 5, for the fluid having the miniaum capacity rate) 
13 Thus for CL > C, > c, 


For C, >Ci>C. A,’ A,’ 


A But for C, > C, > C, 
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Discussion 


D. Aronson.* The authors of this paper have done yeoman 
work organizing their material to show thé effect of the many 
factors involved in the design of a liquid-eoupied regenerator. 
The extreme complexity of the subject is not fully appreciated 
until one actually gets into the job. The several plots showing 
the effect of deviations from particular optimum conditions help 
to clarify the picture. The authors have done well to borrow 
from another field when they prepared Fig. 8 which sets forth 
on a diagram similar to a distillation curve all the conditions of a 
liquid-coupled system. 

The relationships developed are applicable also to other sys- 
tems, in particular the liquid (water or glycol) coupled system to 
be found on a turbocharged Diesel engine equipped with an inter- 
cooler between the turbocharger and the air-intake manifold of 
the Diesel engine. In such a system the intercooler is comparable 
to the high-pressure air side of the gas-turbine plant, and the ra- 
diator to the low-pressure gas side of the turbine plant. 

For gas-turbine service, the relative desirability of a liquid- 
coupled system depends upon the particular plant layout. The 
examples illustrated in the paper definitely gain in simplicity by 
the use of liquid-coupling. No so for the gas-turbine plants be- 
ing built by the Allis-Chalmers Manufacturing Company and the 
Elliott Company for locomotive service. These plants are so 
laid out that the air side of the regenerator serves in place of a duct 
which otherwise would be required to carry air from the compres- 
sor discharge to the combustion-chamber inlet. A cut away 
drawing showing the arrangement of the turbine is given in a pa- 
per by the writer. 

In that paper there were presented design relationships which 
with some modification can be applied to the liquid-coupled re- 
generator. If one considers the simplified case of the liquid- 
coupled system in which 


CL=C,=¢, 


‘ Head Engineer, Heat Process Section, Elliott Company, Jean- 
Mem. ASME. 
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then Equation [3] of the paper is applicable 


NTU, 
"1+ NTU, 1+ NTU, 


Substituting the individual values of NTU for the individual val- 
ues of efficiency, € gives 


1 
1+NTU, 1+NTU, 
NTU, NTU, 


& = 


a 

which can be rearranged to the form 
1 

NTU, NTU, 

NTU NTU, NTU, 


‘Then 


which is the same form for the over-all effectiveness as Equation 
[4] of the paper for the relationship between the individual NTU 
and the individual effectiveness. 

The over-all NTU employed by the writer in this derivation has 
no greater validity than the term NTU, = NTU, + NTU, used 
by the authors. However, the treatment of NTU, as derived 
herewith, makes it possible to analyze the gas-turbine cycle and ° 
the design of the regenerator so as to give the optimum conditions. 
A more complete explanation of this subject is given in the writer’s 
paper.® 

The full derivation of the relationships applicable to a liquid- 
coupled system will be presented at another time. The summary 
of the design relationships for the simplified case considered are as 
follows: 

Assume that heat-exchange performance for the two sides can 
be expressed by 

j = f = ke 


where 
fe (ki), = (key = de 

and 
m Mm =m, 


Then the equations for optimum performance are (neglecting re- 
sistance to heat transfer on the liquid side) 


1/3 3n— 
N prt) Dy/ T, 


NTU, 
F = 
NTU, 


“Design of for Gas-Turbine Service,"’ by D. Aron- 
son, Trans. ASME, vol. 72, 1950. fig. 17, p. 977. 
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G, N pred 
The curve expressing optimum conditions is fairly flat. Fig. 9, 
herewith, shows the conditions for the case of a ratio of density of 
cold fluid to hot fluid of 6 with temperature and viscosity for the 
two fluids taken as being equal. The optimum ratio of the hot- 
side area to the cold-side area is 1.41. However, over the range 
of area ratio from 1 to 2 there is little change in the total] pressure- 
_ drop ratio for the same surface area. It should be noted that the 
- optimum ratio of NTU,/NTU, shifts with area ratio. 
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the outcome is more in doubt. Altitude plays a similar role. 
High-altitude flight increases the importance of weight relative to 
fuel consumption, low-altitude flight decreases it. 

So far we have confined our attention to 6:1 pressure-ratio en- 
gines. If we look at higher pressure-ratio engines, we find that 
for the same turbine-inlet temperature we can obtain nearly the 
same specific fuel consumption at, say, 16:1 without a regenerator 
as we did at 6:1 with one. Addition of a regenerator to the 16:1 
unit would not result in much improvement in fuel economy 
because the compressor-discharge temperature is nearer to the 
_exhaust-gas temperature than was the case on the 6:1 unit. The 


nonregenerative 16:1 unit would weigh perhaps 30 per cent more 


Ss than the 6:1 nonregenerative unit as contrasted with about 60 per 


- cent more for the regenerative 6:1 unit. 
Since the installed weight of the regenerator system varies with 


Ay wage ea _ the engine-design pressure ratio, it is entirely possible that a re- 
7? _ generative design at some intermediate-pressure ratio may prove 
_ to be a very attractive aircraft power plant. 

_ The authors should again be congratulated for presenting data 


on a type of regenerator which is sufficiently attractive to warrant 


aly 
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W. V. Huruey.* To the aircraft-gas-turbine designer the 
liquid-coupled indirect-transfer regenerator appears to hold more 
promise for aircraft use than do other types. This results predom- 
inantly from its low space requirements and its flexibility in re- 
gard to arrangement. A major factor in deciding whether this 
or any other type of regenerator is profitable from an aircraft 
standpoint is weight; and the remarks in this discussion are di- 
rected toward some clarification of this subject. 

The authors present a study of a 6:1 pressure ratio turboprop 
embodying a 50 per cent effective regenerator. The total weight 
of the regenerator system amounts to approximately 0.3 lb per 
shp. It is somewhat misleading to consider this as the total 
amount of weight increase chargeable to the regenerator, however. 

The addition of the regenerator causes a pressure loss which in 
turn causes a decrease in output. In order to regain the output, 
without raising the turbine-inlet temperature, it is necessary to 
increase the engine air flow by “‘scaling up” the engine size. In the 
case presented the pressure drop is 6 percent. At a typical flight 
condition this would result in a loss in net thrust of about 4 per 
cent. There is an additional thrust loss of about 3 per cent due to 
the decrease in temperature of the gas entering the jet nozzle. 
Thus the total loss in thrust due to the regenerator is about 7 per 
cent. If the turboprop is large, the weight will scale at about the 
1.5 power of the thrust ratio. In this instance, such a procedure 
results in an increase in basic engine weight of approximately 11 
per cent, in order to regain the thrust. If the weight of the re- 
generator system itself represents an increase in engine weight of 
50 per cent, the total increase in weight over a nonregenerative 
engine of the same turbine-inlet temperature, pressure ratio, and 
thrust would be in the order of 60 per cent. The fuel consump- 
tion for the regenerative engine may be 20 per cent lower. For 
very long-range flight, where fue] consumption is much more sig- 
nificant than weight, the regenerator may pay for itself. For 
shorter range missions, where weight assumes greater importance, 


* Aircraft Gas Turbine, Engineering Division, Apparatus Depart- 
ment General West Lynn, Mass. Jun. — 


(study for aircraft use, even though its development hinges upon 
the development of techniques for handling liquid metals. In or- 


_ der for such studies to be at all meaningful, however, it would be 


sil te thi necessary to obtain approximate data on installed weight as a 


ffunction of effectiveness, pressure ratio, ete. If from such pre- 
liminary studies a regenerative aircraft power plant looked at- 
tractive, it would then be necessary to obtain data on other fac- 
tors, especially those affecting transient behavior and variations 
with altitude and flight speed. 


Autuors’ CLosuRE 


Mr. Aronson points out the more genera] applicability of the 
coupled heat-exchanger theory presented in this paper by consid- 
ering a Diesel engine supercharger-intercooler application. Also 
suggested is a change in nomenclature definition which would al- 
low an expression of over-all system N7'U as the reciprocal of the 
sum of the reciprocal components NTUs. This suggestion is sup- 
ported by demonstrating that a more simple form of the expres- 
sion for over-all effectiveness, «, results. However, this demon- 
stration was restricted to the particularly simple case of true 
counterflow components with the same capacity-rate magnitudes 
for all three streams. No simplification results for the more gen- 
eral case. Moreover, to the authors, the connotation of the NTU 
term is that it expresses in nondimensiona] form the “heat-trans- 
fer size” of anexchanger. On this basis N7T'Us should be additive 
if the notion of “size” is to be retained. The reciprocal procedure 
proposed by Mr. Aronson results in an over-all] N7'Us maller than 
the component NTUs. 

A procedure for optimizing the design of a coupled exchanger 
system is presented by Mr. Aronson. It is not clear as to what is 
being held constant and what criteria are used in the optimiza- 
tion procedure. Nevertheless it is clear that the theory presented 
in the paper can be used as a basis of optimum design once the 
term optimum is clearly defined. The authors are looking for- 
ward to Mr. Aronson’s proposed paper on this subject. 

Mr. Hurley interjects the aircraft designer’s point of view. 
He correctly points out that the information provided in the paper 
is but a first step in any careful design study of the application of 
the indirect transfer regenerator system toa turboprop. Another 
point emphasized is that the regenerative turboprop is attractive 
for low-pressure ratio systems, of the order of six to one, and high- 
pressure ratio systems of the order of sixteen to one can gain com- 
parable fuel economy without a regenerator. 

The question of turboprop development evidently becomes one 
of concentrating on the heat-exchanger problems using existing 
combustion chamber, turbine, > 
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signs; or sinieinidiited of cone entrating on the development of 
high-pressure turbine and compressor components. It appears te 
the authors that the aireraft-turbine designers are, understanda- 
es bly, more attracted by the problems of rotary-machinery de- 
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velopment than by the If this paper 
serves in some small measure to counter this tendency, the ques- 
tion may ultimately be resolved by actual trial, as it should, 


if 
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Cinders 


E. J. BOER,* J. M. ALLEN,? anv B. A. LANDRY,*? COLUMBUS, OHIO 


_ Standing tests of the Norfolk and Western Railway 

- locomotive No. 1112 equipped with a cinder collector de- 

coae _ signed at Battelle were conducted to determine the per- 

ss eentage collected and the percentage burned when re- 

ae turned to the firebox. Results of the tests, which were 

sponsored by Bituminous Coal Research, Inc., and the 

_ Norfolk and Western Railway, indicate that an average of 

80 per cent of the cinders are separated from the flue gases 

and about half of the reinjected cinders are burned. By 

_ far the greater part of these burn in the bed, thereby re- 

_ leasing their ash on the grate. At the highest rate of 

et) _ burning used, the fuel consumption was reduced 10.5 per 

cent and the stack emission was reduced 55 per cent by 

om collection and reinjection of cinders from the resultant- 

a i size coal. Substitution of a double-screenéd coal for the 

ss resultant size gave, with collection and reinjection, an 

( over-all reduction in fuel consumption of 16.4 per cent 

and a reduction in stack emission of 65 per cent, as com- 

pared with the use of the resultant size without collection 
and reinjection. 


locomotive, the firing rates on the locomotive have been in- 

creased to values far in excess of the rates at which coal is 

generally burned. These high rates of firing have resulted in high 

rates of cinder emission from the stack which, when measured in 

terms of heat lost, may amount to as much as 40 per cent of the 

heat contained in the coal fired. Both from the economic and 
_ the nuisance viewpoints, this emission of solids is undesirable. 

An attempt to eliminate the emission of the cinders has been 
made on two experimental switching locomotives of the Norfolk 
and Western Railway. These locomotives are mechanically 

drafted by means of an axial-flow fan in the front end and are 
equipped with automatic combustion controls. A centrifugal 
collector, designed at Battelle, was installed in one of these 
locomotives after trials on a quarter-scale model. Disposal of the 
cinders separated by the collector is accomplished by returning 
_ them to the firebox by means of an air-injection system. To 
_ determine the performance of the collector and disposal system, 
standing tests were conducted on the locomotive. As part of 
the data required for calculating a heat balance, the weight and 
_ composition of cinders emitted from the stack in all tests were 
_ determined, including those tests in which the cinders separated 
by the collector were stored externally and not reinjected. From 
these data the performance of the collector and the extent to 

_ which the reinjected cinders were burned were determined. 


cy Se the application of the stoker to the coal-fired steam 


! Assistant Supervisor, Fuels Research, Battelle Memorial Insti- 
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of the Society. Manuscript received at ASME Headquarters, 
Caster’, 1950. Paper No. 50—A-105. 


Description or Test EquipMEeNtT 


Locomotive No. 1112, on which the tests were waienia: is 
an M-2 locomotive of the 4-8-0 type, having a tractive effort of 
52,460 Ib. The firebox has an effective grate area of 34.8 sq ft, 
is partially lined with a refractory brick wall, and has no com- 
bustion chamber. 

The locomotive was set in the roundhouse where facilities were 
made available to supply water and coal and to remove ashes 
without moving the locomotive. A steam line was installed from 
the steam dome to the outside atmosphere and the steam load 
on the boiler was controlled by a valve in this line. 

Instruments were provided to obtain the information and data 
necessary for calculating the various items in the heat balance. 
To determine the cinder emission from the stack, a fabricated ver- 
tica] duct 25 in. in diam and about 45 ft long was attached to the 
lgcomotive stack, and procedures outlined by the ASME Test Code 
for Dust-Separating Apparatus were followed in measuring dust 
loadings. Fig. 1 shows the location of the collector in the front 
end of the locomotive and the equipment used in handling the 
cinders separated by the locomotive collector, but does not show 
the stack extension. To determine the quantity of cinders sepa- 
rated by the collector, valve A was closed and valve B was 
opened to allow the cinders to be stored in both the settling cham- 
ber and the cinder hopper below the cyclone. The gases were 
then discharged to either the atmosphere or the firebox. Only a 
few tests were run in which the gases were returned to the fire- 
box. In tests with direct reinjection of cinders, valve B was 
closed and valve A was opened to allow the cinders to be rein- 
jected into the firebox as rapidly as they were collected. 


Test Procepure 


As the main objective of the tests was to determine the ex- 
tent to which the cinders were burned when reinjected into the 
firebox, the quantity of cinders collected and reinjected was estab- 
lished first by running a series of tests in which the cinders, sepa- 
rated by the locomotive collector, were externally stored. To 
determine the extent to which cinders were burned upon reinjec- 
tion in the firebox, a second series was conducted under similar 
test conditions with the exception that the cinders were reinjected 
into the firebox as they were being separated by the collector. 
Special precautions were taken to prevent any other changes in 
the test conditions by firing a coa) having a uniform size consist, 
by maintaining scheduled fan speeds and steam loads, and by 
proper adjustment of fuel distribution to maintain a level bed. 
By maintaining a uniform size consist, the carry-over from the 
firebox for a given firing rate could be considered to remain nearly 
constant. Composition of gas samples, taken continuously over 
10-min periods, was used as a criterion of whether the inventory 
of the fuel in the bed remained constant throughout a test. 

It had been estimated that about 5600 Ib of coal would be fired 
per test to maintain the accuracy of the test results within rea- 
sonable limits. This estimate was based on the assumption 
that the variation in the thickness of the active fuel bed between 
the beginning and end of the test would be no greater than '/; in. 
if the excess air remained constant. The weight of fuel to be fired 
was then calculated by equating that contained in the maximum, 
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allowable variation in bed thickness to 1 per cent of that to be 


Coat Usep 

The coal used in these tests was from the Island Creek seam, : 
two sizes being fired: (1) a 1'/, X '/-in. washed coal, and (2) a 
1!/, X 0-in. modified resultant coal from the same mine, con- LOCOMOTIVE TESTS ~ 
sisting of 65 per cent 1'/, X '/,in. washed and 35 per cent '/, X 
0-in. unwashed. 

Table 1 shows the average content of various sizes in the coal 
used. 


TABLE 1 CONSIST OF COALS USED 


PER CENT 


PREDICTED BY MODEL 
TESTS 


T 


COLLECTION EFFICIENCY, 


, 100 6200 «23300 400 «32500 800 
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TABLE SUMMARY OF SOLID EMISSIONS AND OF COLLEC- vor Parricias or Vaniov 
TION EFFICIENCIES OBTAINED IN EXTERNAL-COLLECTION 


collected, efficiency, Without reinjection. With the double-screened coal, the collec- 
(eq ft) (br) Ib per hr = Ib per hr bi tion efficiency increased slightly as the rate of firing increased. 
En. In the five tests over the same range of firing rates with the modi- 

31.0 fied resultant coal, the collection efficiency remained nearly con- 

23.0 

26.6 stant. 

73.9 To give further information on the performance of the collector, 
the collection efficiency for various sizes of cinders carried out of 
the firebox was calculated from the screen-analysis data obtained 

both on cinders emitted from the stack and on cinders collected 

externally. Efficiencies were calculated for the following sizes: 

plus 30 mesh, 30 X 50, 50 X 100, 100 X 140, 140 X 200, 200 x 

325, and minus 325 mesh. Fig. 2 shows these efficiencies plotted 

at the center of the various ranges of size. Although an appre- 

ciable spread of points is present, the curve is generally repre- 
sentative of the performance obtained with collectors of the cen- 

trifugal type. The broken segment of curve shown in Fig. 2 

Collector Performance. The collector performance was deter- gives the collection efficiency predicted from the tests of the 
mined from the tests in which the cinders were collected and stored _ scale mode! of the collector. 

externally. Table 2 presents a summary of the weight of cinders The static-pressure drop across the collector for a gas flow of 

— collected, the weight of cinders emitted from the stack, the sum 20,000 cfm at 600 F was about 2.3 in. of water. 

of the two, which is the total carry-over from the firebox, and the Discussion of Cinder Disposal by Reinjection. The general 
collection efficiencies obtained in tests with the two sizes of coa] effect of reinjecting cinders into the firebox may be determined 
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TABLE3 SUMMARY OF HEAT BALANCES FROM TESTS WITH 1'/4 X '/e¢IN, COAL 
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by comparing the boiler efficiency and other items of the heat 
balance in the tests with reinjection with those obtained in tests 
without reinjection. Table 3 presents a surmmary of the heat 
balances obtained on the tests with the 1'/, X '/,-in. coal. In 
general, the total unburned carbon loss in the tests with reinjec- 
tion was decreased and the boiler efficiency was increased. 

The question naturally arises as to what portion of the rein- 
jected cinders was burned and whether the burning occurred on 
the grate or in suspension. To answer this question, an analysis 
was made of the cinder data, in which it was assumed that (1) 
at a given firing rate the quantity of cinders leaving the firebox, 
directly due to the coal fired, would remain essentially the same 
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at the same rate of firing in the tests with reinjection as in the 
tests without reinjection, and (2) that the fuel inventory of the 
bed would remain constant in each test. The data used in this 
analysis were the weight and composition of the cinders stored 
externally in the tests without reinjection and the weight and 
composition of the cinders emitted from the stack in both types of 
tests. 

Fig. 3 shows the weight of combustible in the cinders emitted 


of combustible burned as a result of reinjection. 


SOSCOW 
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from the stack and in cinders at the collector inlet in tests with 
the 1'/, X '/-in. coal. The lowest curve shows the weight of 
combustible contained in the cinders emitted from the stack dur- 
ing the tests in which cinders were collected externally. The 
uppermost curve shows the weight of combustible contained in 
the cinders at the collector inlet in the same tests and was ob- 
tained by adding the combustible in the cinders emitted from the 
stack to the combustible in the cinders collected externally. The 
difference between the two curves is, therefore, the weight of the 
combustible in the cinders collected and, according to the assump- 
tion made, represents the combustible reinjected for the first time 
in reinjection tests at the same firing rate. 

The middle curve in Fig. 3 shows the weight of combustible in 
the cinders emitted from the stack in the reinjection tests. The 
difference between the uppermost and middle curves is the weight 
The difference 


_ between the middle and lowest curves is the additional weight 
of combustible that is emitted from the stack as a result of rein- 
jection. 


Fig. 4 is a plot similar to that in Fig. 3, showing the ash con- 
tained in the cinders emitted from the stack in the tests with and 


- without reinjection and in cinders at the collector inlet with- 


out reinjection. 


The lowest curve shows the weight of ash con- 
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tained in the cinders emitted from the stack in the tests in which 
the cinders were stored externally. The uppermost curve 
shows the weight of ash contained in the cinders at the collector 
inlet and is the sum of the weight of ash in the cinders collected 
plus the weight of ash in the stack cinders. The difference be- 
tween the uppermost and lowest curves is the weight of ash in the 
cinders stored externally and, according to the assumptions made, 
represents the weight of ash in the cinders returned to the fire- 
box for the first time in the reinjection tests. 

The middle curve in Fig. 4 shows the weight of ash in the cin- 
ders emitted from the stack in reinjection tests. The difference 
between the uppermost and middle curves is the weight of ash 
which is deposited on the grate as a result of reinjection. The 
difference between the middle and lowest curves is the additional 
weight of ash emitted from the stack as a result of reinjection. 

: From Figs. 3 and 4, material balances were prepared to show 


a the disposal of the combustible, of the ash, and of the cinders 


composed of them. For example, at a firing rate of 90 Ib per (sq 
ft) (hr), the curves ‘ie Figs. 3 and 4 show the following: 


1 The weight of cinders leaving the firebox per hour, as a re- 
sult of the coal fired, was 510 lb, consisting of 85 Ib of ash and 
425 lb of combustible. The average ash content of these cinders 
was therefore 17 per cent. 

2 The weight of cinders collected and reinjected was 424 Ib, 
consisting of 60 lb of ash and 364 lb of combustible. The average 
ash content of these cinders was 14 per cent. 

3 The weight of cinders leaving the stack with no reinjection 
was 86 lb, consisting of 25 lb of ash and 61 lb of combustible, 
The average ash content of these cinders was 29 per cent. 

4 The weight of cinders leaving the stack in reinjection tests 
was 322 lb, consisting of 60 lb of ash and 262 lb of combustible. 
Hence their average ash content was 19 per cent. 

5 The weight of combustible burned was 


425 — 262 = 163 lb 


= 

6 The weight of ash released on grates was sre ie fh 
85 — 60 = 25 lb 


If it is assumed that all cinders were burned on the fuel bed and 
all ash released remained on the grate, then the average ash of the 
cinders so burned was 


(100) (25)/(163 + 25) = 13 per cent 
and the average ash of the cinders reinjected but not burned was 
(100) (60 — 25)/[(364 — 163) + (60 — 25)] = 15 per cent 


Noting that the average ash content in cinders decreases with 
an increase in size, the comparison, given in Table 4, can be made 
regarding the average ash contained in the cinders in various 
locations of the locomotive with the expected degree of coarseness. 


TABLE 4 AVERAGE a” IN CINDERS IN VARIOUS LOCATIONS 


LOCOMOTIVE 
Ash content, Expected degree 
Cinder location of 
Burning on grate @) 
In pin 
Reinjected Sor burned. 


In stack emission Less coarse than No. 5 


ee Therefore the assumption that all cinders were burned on the 


grate does not cause any difficulty in the varying degree of coarse- 
ness of the cinders. However, it is possible that a small portion 
of the cinders might have burned in suspension without upsetting 
the order shown. Although the exact quantity burned in sus- 
pension cannot be calculated directly, the weight of combustible 
in cinder burned in depecaniin wane not have exceeded 9 Ib be- 
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cause the ash content of the cinders burned on the grate would 
then have exceeded 


(100) (25) / [25 + (163 —- 9)) = 14 per cent 


which was the average ash content of the cinders reinjected. 
That the average ash content of cinders burning on the grate 
might be greater than that of cinders reinjected is not believed 
possible, because this would imply that the cinders burned on the 
grate would be smaller than those burned in suspension. 

From the foregoing analysis of cinder burning, the conclusions 
are that, at a firing rate of 90 lb per (sq ft) (hr) with 1'/, « 
'/¢in. coal, 

(1) 425 lb, or 83 per cent of the 510 Ib of cinders initially leaving 
the firebox, was collected and reinjected. 

(2) 163 Ib, or 45 per cent of the 364 Ib of combustible rein- 
jected, was burned, 

(3) Of the 163 Ib burned, all may have burned on the fuel bed, 
or an unknown portion, not exceeding 9 |b or 6 per cent, may have 
been burned in suspension and the remainder on the bed. 

A similar material balance and analysis was made at a firing 
rate of 45 lb per (sq ft) (hr). The conclusions reached for this 
rate are that 

(1) 87.5 Ib, or 75 per cent of the 116 |b of cinders initially leav- 
ing the firebox, was collected and reinjected. 

(2) 40 Ib, or 58 per cent of 69 lb of combustible reinjected, was 
burned. 

(3) Of the 40 lb of combustible burned, all may have burned on 
the grate, or an unknown portion, not exceeding 12 lb or 30 per 
cent, may have burned in suspension and the remainder on the 
bed. 

To obtain some performance data with a coal whose size consist 
approached that used in regular service on this locomotive, addi- 
tional tests were conducted with a modified resultant 1'/, x 
0-in. coal. Table 5 is a summary of the heat balances derived 
from the data obtained on this series of tests. Again, it may be 
observed that when the cinders are reinjected, the boiler efficiency 
for a given firing rate is increased and the total cinder loss is 
decreased. To determine the extent to which the enders were 
burned, the same type of analysis used in connection with the 
1'/, X '/-in. coal was applied. Figs. 5 and 6 show the weights 
of combustible and ash, respectively, found in the cinders 
emitted from the stack and in cinders at the collector inlet when 
the modified resultant 1'/, < 0-in. coal was fired. 

Table 6 presents a summary of the results obtained in the 
analysis of cinder burning for the two coals fired at rates of 45 
and 90 Ib per (sq ft) (hr). The table shows that when the rate 
of firing was doubled with the double-screened coal, the rate of 
cinder release from the firebox was increased 440 per cent, whereas 
with the resultant coal it was increased 345 per cent. For the 
lower firing rate, the rate of cinder release from the firebox was 
increased 157 per cent when the coal fired was changed from the 
double-screened coal to the resultant coal. 

Since the collection efficiency is very nearly constant, the cin- 
ders collected and reinjected per hour are also nearly proportional 
to the rate of cinder release from the firebox. Table 6 shows that 
the rate of cinder burning per hour increases as the rate of cinder 
reinjection increases. However, the portion of reinjected cinders 
that are burned falls off slightly at the high rates of firing. This 
indicates that some difficulty is encountered in burning the cinders 
when the rate of firing is increased. This can be accounted for by 
the fact that larger pieces of reinjected cinders are carried out 
owing to higher gas velocities and by the fact that residence time 
is not available to burn the coarser end of the fines burned in sus- 
pension at the low rates. 

As was stated, it was not possible from the data obtained to 
determine the relative ais of the reinjected cinders 
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TABLE 5 SUMMARY OF HEAT BALANCES FROM TESTS WITH X 6-IN. COAL 


Firing rate, Heat — — Losses, per cont — —— 
Ib per utilized, Moisture Moisture “Moisture from Dry Stack Unaccounted 
(sq ft) (he) percent in coal in air He in coal gas Radiation cinders for 


Exrernat-Srorace Tests 


eonow 
tote 


Rawuactic Tests 


bo 
We 


2 
2. 
2. 
3 
2 


TABLE6 RATE OF CINDER RELEASE OR EMISSION AND COMPOSITION OF CINDERS, IN FIREBOX, COLLECTOR, AND STACK 
Size of coal, in 1a X 
Ratio 
(a) 
Firing rate, Ib per sq ft (hr).. 
Combustible leaving firebox, initially, ib per br 
Ash leaving firebox, initially, Ib per 
Cinders leaving initially, Ib 
per ceni..... 
Combustible collected or Ib hr 
Ash collected or reinjected, lb per hr 
Cinders collected or | Ib br.. 
Ash, per cent 


Combustible leaving stack, no re injection, lb per hr 
Ash leaving stack, no reinjection, |b per 
Cinders leaving stack, no sclnjoction, Ib per br 

. per cent 
Total combustible leaving stack, reinjection, lb per be 
Total ash leaving stack, reinjection, lb per hr 
Total cinders leaving stack, reinjection, Ib per hr 


Aad 


Combustible to stack, due to reinj 

Ash to stack, due to reinjection, | 

Cinders to stack, to veinjestion, "ib br 
Ash, per cent.... 


8 
eo 


Combustible burned by reinjection, lb per hr.. 170 299 124 
Ash re! on grate, lb per hr 


Ash of cinders burned on grate, per cent 


an 
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NESS AND OF ASH PERCENTAGE OF CINDERS IN VARIOUS 
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+ of coarseness ash— 
STACK EMISSION IN Burning on grate (7)... 16 1315 21 
2 In collector hopper... Less coarse than No, 1 21 14 19 20 


3 Reinjected, but not 
—REINJECTION vests. burned Less coarse than No. 2 27.5 4 


urn 
In stack emission...... Less coarse than No. 3 31 
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which were burned on the fuel bed and in suspension. However, 
Table 7, which compares, for the two sizes of coal fired at two 
rates, the expected coarseness and the ash of cinders in various 
locations, shows, with one exception, that the conclusion is ac- 4, § WercuT or Asn In Cinpers Exrrrep From STack AND IN 
that the combustible was burned on the grate. The at Iniet Tests Wits 1'/, X 0 Coat 
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TABLE 8 SUMMARY OF RESULTS ON CINDER COLLECTION 
AND CINDER BURNING 

oal, in xX 

Fire rate, |b per (sq ft) (hr) 45 90 45 

t ‘cinders leaving firebox lb 

Weight rad ‘cinders collected : 


87.5 
Cc collected, per cent 
Weight of combustible 1b per hr 
Weight of combustible py Ib per br 
Combustible bu . per 
Maximum weight of “combustibie burned 
suspension, | 
Maximum burn in y SIE ‘per cent. 
Approximate stack cinder emission referred to 
initial emission from firebox, per cent 


424 
364 
163 
45 
9 

6 
63 


case of the high rate of firing with the resultant coal presents 
some doubt because of the inversion of the ash content with 
the expected degree of coarseness, but the variation in¥percent- 
ages is so smal] that the experimental error involved may have 
changed the order shown. 

Table 8 summarizes the data obtained on cinder collection and 
burning for two sizes of coal at two rates. The collection effi- 
ciency averages about 80 percent. The percentage of the com- 
bustible burned decreases slightly when the rate of firing is 
doubled. Although extrapolations to higher firing rates may not 
give accurate predictions, it appears that a further reduction in 
percentage of combustible burned would occur. Table 8 also 
presents the maximum weight of combustible burned in suspen- 
sion if it is assumed that the ash content of the cinders burned on 
the grate did not exceed the ash content in the cinders reinjected. 
For the low burning rates with the two coals, the maxima that 
could have burned in suspension were 25 and 30 per cent. For 
the higher burning rates, this could not have exceeded 6 per cent 
with the deuble-screened coal. The maximum percentage for the 
resultant coal could not be calculated because of the inversion in 
the order of ash percentages shown in Table 7. It is obvious, 
however, that, if all the combustible reinjected and burned did 
not burn on the grates at low rates, nearly all did- burn on the 
bed at the higher rate, and that further increases in firing rates 
would probably result in positive burning on the grate only. 
These conclusions are applicable only to a locomotive having a 
grate area and firebox volume of the proportions found in the 
particular locomotive tested. 

Fuel Consumption and Stack Emissions. Although the tests 
were conducted primarily to determine the disposal] of the cinders 
upon reinjection into the firebox, the analysis of the data has also 
shown the net effect that the size consist of coal fired and that the 
collection and reinjection of cinders had upon the amount of fuel 
fired and the solids emitted from the stack. In presenting this 
discussion, the equivalent evaporation per hour is used as the 
basis for comparison in preference to the firing rate. 

Fig. 7 shows the reduction in dry coal fired for various rates of 
evaporation in tests in which the collected cinders were returned 
to the firebox with the double-screened coal. For the lower rates 
of evaporation, the fuel consumption was changed only slightly, 
whereas, for a rate of 28,000 lb per hr, the coal fired was reduced 

_ from 2960 to 2780 Ib per hr; the percentage reduction, therefore, 

re was 6.1 per cent, Extrapolation of the results to higher rates of 

evaporation may not give accurate predictions, but the trend sug- 

gests that reinjection at higher rates may result in a greater 
reduction in dry coal fired. 

_ Fig. 8 shows the reduction of dry coal fired for various rates of 

evaporation when the collected cinders were returned to the tire- 

_ box in the tests with the modified 1'/, x 0-in. coal. For a low 


was reduced from 1625 to 1530 Ib per hr; the percentage reduction 
was 5.8 per cent. For a higher evaporation of 28,000 Ib per hr, 
the weight of coal fired was reduced from 3325 lb to 2975 lb; 
the percentage reduction was 10.5 per cent. 


x0 
90 


E ASME JULY, 1951 


3500 


WITHOUT REINJECTION 


LB PER HR 


COAL FIRED, 


WITH REINJECTION 


ORY 


1000 
12 


16 20 24 26 


EQUIVALENT EVAPORATION, 1000 LB PER HR 


Fic. 7 or Consumption To Evaporation 
ano Wrrnovut Retnsection or Crinpers tn Tests Wits 
In. Coa 


1-144 x O-IN. COAL 


1-1/4 1/4-1N. COAL 


LB PER HR 


ORY COAL FIRED, 


16 20 
EQUIVALENT EVAPORATION, 


24 26 
1000 LB PER HR 


Fie. 8 Retation or Consumption to Evaporation 
RernsecTion or Crnpers tn Tests Wits THe Mopt- 
Frep 1'/, X O-INn. Coat 


Fig. 9 shows the cinder loading, corrected to 150 per cent 
theoretical air, plotted against equivalent evaporation for the 
1'/, X '/¢-in. coal. The uppermost curve represents the cinder 
loading at the stack outlet without cinder collection; the middle 
curve represents the cinder loading at the stack outlet in tests with 
collection and reinjection of cinders; and the bottom curve shows 
the cinder loading at the stack outlet with collection and no 
reinjection of cinders. Thus, for a low rate of evaporation of 
16,000 Ib per hr, the weight of cinders emitted from the stack per 
1000 Ib of gas was reduced from 4.8 lb without a collector to 2.5 
Ib with collection and reinjection and to 1.0 Ib with collection 
but with no reinjection; the percentage reductions were approxi- 
mately 47 and 79 per cent, respectively. Similarly, for the higher 
evaporation rate of 28,000 lb per hr, the loading was reduced from 
12.0 lb to 6.6 lb with reinjection and to 2.0 lb without reinjection, 
in these instances, the percentage reductions were 45 and 83 per 
cent, respectively. 

Fig. 10 shows a similar plot of cinder loading at the stack out- 
let for the modified 1'/, X 0-in. coal, (1) without collection, (2) 
with collection and reinjection, and (3) with collection and no 
reinjection. Data from these plots for a given rate of evapora- 
tion are summarized and discussed in a later section. 

apos of ened Consist. Fig. 11 shows the reduction in weight of 
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dry coal fired when the size of the coal fired was changed from the 
modified 1'/, X Qin. to the 1'/, X '/,-in, from the same mine. 
These are without reinjection of cinders 

Fig. 12 shows the reduction in cinders emitted from the stack 
for a change from the modified 1'/, X 0-in. to the 1'/, X '/,-in. 
coal. These are without collection and reinjection of cinders. 

Summary of Effects of Coal Size and Reinjection of Cinders on 
Fuel Consumption and Stack Emissions. Table 9 summarizes the 
data obtained on coal fired and on the stack emissions obtained for 
the two sizes of coal at two rates of equivalent evaporation with 
no collection of cinders, with collection of cinders only, and 
with both collection and reinjection of cinders. The table shows 
that without cinder collection at the lower rate of evaporation, 
the coal consumption was decreased 8.6 per cent and the stack 
emission was lowered 47 per cent by eliminating the '/, < 0 -in. 
size from the modified coal. For an evaporation of 28,000 Ib per 
hr, the coal consumption was further decreased to 11.0 per cent, 
whereas the reduction in stack emission was lowered to 37 per 
cent. These trends suggest that within the range of evaporation 
rates of these tests, the bottom size of the double-screened coal 
had been satisfactorily fixed at '/, in. but that as the evaporation 
rate is increased greatly beyond the maximum for these tests, 
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the bottom size would probably require an adjustment upward. 

Table 9 shows that the maximum reduction in stack emission 
was 89 per cent in the test with the 1'/, X '/¢ in. coal with collec- 
tion and no reinjection. However, disposal of the collected 
cinders for this type of operation would remain unsolved unless 
provisions were made to store the cinders. 

Table 9 also shows that in tests with the resultant coal size, 
reinjection of cinders reduced the fuel consumption 5.8 per cent 
at the lower rate of evaporation and 10.5 per cent at the higher 
rate. However, reinjection of cinders also raised the cinder load- 
ings at the stack outlet, but to a point appreciably lower than 
that obtained without collection. Reinjection of cinders for the 
same conditions with double-screened coal gave ap of the 
same type but varying in degree. 

Finally, the table shows that by a ial of double- 
screened coal] and collection with reinjection, the coal fired and 
the stack emission at the lower rate of evaporation are reduced 
9.2 and 72 per cent, respectively. For an evaporation of 28,000 
Ib per hr, these reductions are 16.4 and 65 per cent, respectively. 
These trends indicate that fuel consumption and stack emissions 
are thereby reduced simultaneously. 
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SUMMARY 


In general, the tests have shown that (1) the collector separates 
an average of 80 per cent of the cinders from the gases carrying 
the cinders out of the firebox, (2) approximately one half of the 
cinders returned to the firebox are burned on the grate and few, if 
any, are burned in suspension, and (3) the use of a double- 
screened coal with collection and reinjection reduces the coal 
consumption over the range of evaporation rates tested by an 
average of about 13 per cent and the stack emission by an average 
of about 68 per cent. 
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Henzey.' It has been realized that 
the coal fired on a locomotive is lost as unburned carbon from the 
stack. Preventing or reducing this stack loss would have an eco- 
nomic advantage as well as eliminating a nuisance. 

This paper places a value on the amount of unburned carbon 
lost from the stack of a locomotive at several firing rates. The 
locomotive had a refractory-lined firebox with no combustion 
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* General Superintendent of Motive Power, Norfolk and Western 
Railway Company, Roanoke, Va. Fellow ASME. 
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chamber. 


the finer sizes of coal from locomotive fuel in the interest of re- 
ducing stack loss of carbon 
on locomotives operating in road service. 

The tests indicated good performance for the collector which 


per cent of the cinders were basal with the remainder serving -. ; 


increase the solids in the stack discharge with fine material. 


A major problem in connection with the collection of cinders on — 


a locomotive remains, that of what to do with them after they are | 
collected. 


Returning them to the firebox and burning them in- _ 


creases boiler efficiency some, but improves the final discharge of = 


solids, roughly, only 50 per cent. 
firebox is also a problem, as choking of the return system was — 
frequent, and maintenance of the blower fan fer providing carrier 
air a considerable item. 


The return of the cinCers to the 


At low firing rates the cinders reinjected to the firebox a 
up in a ridge on the fire bed and restrict air flow in this zone, im 


which can cause poor fire beds if low demand persists over con- 
siderable periods. At higher firing rates with higher air-flow rate 
through the bed, cinders are more arena over the bed, and 


Even at constant high rates there is evidence of cinder pile-up on 
the fire bed in spots. 

The work done with experimental switching locomotive No. 
1112 has shown the possibilities of higher boiler efficiency and a_ 


much cleaner stack through the collection and burning of solids — ud 
AY 


in exhaust gases. 


development laid. 
The authors are to be congratulated on their able presentation 
of the results of the tests. 


T. C. Wurts.* The tests described in the paper cover locomo- 
tives used primarily in switching and transfer service. Except 
for rare instances, such as the Norfolk and Western Railway, 
switching and transfer steam locomotives are being rapidly re- 
placed by the Diesel form of motive power. On the other hand, 
there are still in operation in this country highly efficient steam 
locomotives that we can expect to be used for many years in 
main-line freight and passenger service. 

Whereas the burning rates covered by the subject paper only 
extend to 90 lb per sq ft of grate area per hr, many main-line 
locomotives under full load have burning rates up to 200 Ib of 
fuel per sq ft per hr. It is these locomotives with which we are 
particularly concerned and, of course, as the burning rate in- 


creases, the difficulty of cinder collection and disposal is simi- == 


larly multiplied. 

The subject paper is primarily based on the use of the turbine-_ 
driven induced-draft fan; whereas, in the conventional locomo-— 
tive, draft is produced by steam-ejector action. 


It would be extremely interesting, when proper equipment for _ 
cinder collection and disposal have been designed for locomotives _ 


having fuel-burning rates up to approximately 200 Ib, to see a 


series of tests run under control conditions on a test plant using _ 


Allegheny County, Bureau of Smoke Control, Pitts-— 


This is in line with our 


{ e 1 
firebox temperatures and possibly compensate to some extent for : 
lack of a combustion chamber. The tests upon which the paperis = 
based show a rapid increase of stack loss with an increase of firing _ o\fey ; 
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the same type and class of locomotive equipped with the follow- 
ing: 
1 The induced-draft fan with cinder collector and cinder dis- 


2 The conventional steam-ejector drafting with cinder col- 
lector and cinder disposal. 

3 The conventional steam locomotive without cinder collector 
and disposal. 


Such a test should include the taking of indicator cards and a 
careful determination of fuel consumption under varying condi- 
tions of load and fuel consumption. 

Such a series of tests would give a measure of the possible in- 
creased horsepower and decreased fuel consumption as between 
the induced-draft fan and the conventional steam nozzles. 
The economics and practicability of the installation of the in- 
duced-draft fan at the time of installing cinder-collection and 
disposal equipment could then be determined, as compared to the 
use of the conventional nozzles with simply cinder collection and 
disposal added. 

The results of such tests should be the subject of a most inter- 
esting paper when and as such information is available. ‘aeemita, 


Avutuors’ CLosURE 


The comments by Messrs. Henley and Wurts are greatly appre- 
ciated. As Mr. Henley pointed out, the operation of the loco- 
motive with cinder collection and reinjection encountered some 
practical problems not discussed in the paper. The authors 
believe that these problems, although of great concern to the 
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operating department on the railroad when the locomotive was 
in service, could be overcome without great difficulty by im- 
proved means for transporting cinders based on recent laboratory 
investigations and by improved methods of introducing cinders 
into the firebox. However, the larger problem is that one con- 
cerned with the disposal of the cinders after they are separated 
from the flue gases by the collector. This problem is still under 
investigation and the trend that these studies have taken is the 
direct resu’: of the outcome of the tests conducted on locomotive 
No. 1112. 

From the comments by Mr. Wurts, it may be inferred that the 
results of similar tests with the conventionally drafted locomo- 
tives are expected to be different from those with an induced- 
draft fan. The authors have no reason to believe that the 
method of inducing the flow of air through the bed will in any 
way affect the results of the tests. However, the economics and 
the practicability of utilizing mechanical draft in conjunction 
with a cinder collector should not be overlooked and could very 
well be evaluated in a program of tests such as Mr. Wurts 
suggests. 

Mr. Wurts also indicated that the results of the tests had lim- 


ul _ ited value because the firing rates were below 100 Ib per (sq ft) 


(hr) whereas road locomotives operate at rates in excess of 200 Ib 
As soon as the current investigations reach the 
stage where there is good promise that a greater percentage of 
reinjected cinders can be burned, plans will be completed to place 

he equipment on a road locomotive and conduct in a test plant 
several series of tests similar to those conducted on locomotive 
No. 1112. 
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Effect of Pressure on an 


Strains in Bolted-Flanged Connections 


By D. B. WESSTROM!? ann S. E. 


It is shown that the elastic deformations, and therefore 
the forces and moments, in a bolted-flanged connection 
vary with the magnitude of the internal fluid pressure, 
and that the actual conditions existing in a bolted joint 
will be considerably different from those assumed when 
using the concept of design upon which the rules of the 
ASME Unfired Pressure Vessel Code must be based. For 
certain critical ranges of joint diameter, pressure, and 
stress, it becomes important to analyze the design for the 
actual conditions that will be obtained (a) in assembling 
the joint, (6) at test pressure, and (c) in service. Formulas 
are derived for calculating these conditions and the results 
are summarized in the form of a design procedure. 


INTRODUCTION 


HE type of bolted-flanged joint discussed herein is what 

the authors call the “nonrigid” type, i-e., one in which the 

outer edges of the flanges can be drawn toward each other, 
thereby increasing the flange stress as the bolts are tightened. 
This type is specifically defined in Par. UA-18 (UA-45)* of the 
ASME Code (1, 2)* as a joint in which “the gasket is located 
entirely within the bolt circle.” Excluded from the discussion 
is the “rigid” or “clamped” type employing a full-face gasket 
extending to the outer periphery of the flange, in which tighten- 
ing of the bolts compresses the gasket without stressing the 
flange as a whole. A full-face gasket actually may not be cen- 
tered about the bolts and therefore may not be compressed uni- 
formly, thus permitting flange deflection and stressing to a mod- 
erate degree, but the analysis is complicated and will not be in- 
cluded in this paper. The discussion, therefore, will be confined 
to joints of the nonrigid type. 


CurRRENT Design METHODS 


About 15 years ago a set of rules for the design of bolted- 
flanged connections was added to the ASME Unfired Pressure 
Vessel Code. The rules were revised in 1938, to include the 
general case where a tapered transition is provided between the 
shell, pipe, or nozzle neck, and the ring portion of the flange, and 
except for relutively minor revisions they have remained in sub- 
stantially the same form. They may be found in Paragraphs 
UA-1I8 to UA-24 (UA-45 to UA-51) of the ASME Code and 
Paragraph W-317 of the Joint API-ASME Code (3). The no- 


Department, E. I. du Pont de 
i Department, E. L. du Pont de 
Nemours & Company, Ine. 

3 References to the 1949 edition of the ASME Code appear in the 
running text. References to the 1950 eaition are in parentheses. 

4 Numbers in parentheses refer to the Bibliography at the end of 
the paper. 

Contributed by the Petroleum Division and the Boiler Code 
Committee and presented at the Annual Meeting, New York, N. Y., 
November 26-December 1, 1950, of THe American Socrety oF 
MBCHANICAL ENGINEERS. 

Nore: Statements and opinions advanced in papers are to be 
understood as individual expressions of their authors, and not those 
of the Society. Manuscript received at ASME Headquarters, 
1950. A-51. 
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menclature of the ASME Code will be used in this paper, supple- 
mented by additional symbols as required. 

The use of the Code rules has resulted in satisfactory designs 
in the vast majority of applications. This has been particularly 
so where conventional types and arrangements of flanges, bolting, 
and gasketing have been employed, where sizes, pressures, and 
temperature conditions have been moderate, and where conserva- 
tive values were adopted for the gasket factors. There have been 
a number of recent experiences, however, in which bolted-flanged 
joints could not be made tight. The designs in question were 
characterized by large diameters and/or high pressures that led 
the designer to take maximum advantage of the design values 
permitted by the Code in order to keep dimensions and weights 
at a minimum. In some cases also, the effects of temperature 
played an important part. Analysis of the designs by the methods 

| presented in this paper indicated that in these instances, at least, 
the design conditions were beyond the range within which the 
Code rules can be used successfully. 

The designs met all of the requirements of the Code rules, but 
the difficulties encountered should not be considered entirely the 
fault of the rules. The primary responsibility of the ASME 
Boiler Code Committee is to write the minimum requirements for 
safety and theoretically its task stops there. The Committee 
gives due thought to design problems but cannot possibly include 
in its rules all the ramifications of design detail that spell the dif- 
ference between good and bad mechanical functioning of a pres- 
sure-vessel part under a limitless variety of conditions. Nowhere 
in the Code, for example, are there any formulas for stresses 
created by temperature gradients or the conditions under which 
such gradients may be important. The Code cannot be regarded 
as an ali-sufficient handbook of design. Its use must be tempered 
constantly by the exercise of engineering judgment to cope with 
operating conditions peculiar to the specific case under con- 
sideration. 

It is the authors’ belief, moreover, that safety scarcely con- 
stitutes a problem in the case of flange design, provided the flange 
and bolt materials are reasonably ductile. Leakage of highly 
toxic or flammable contents is of course a safety consideration, but 
leakage usually is not likely to occur if the joint has successfully 
withstood the prescribed hydrostatic test. Unless temperature 
or corrosion conditions in service are unusual, the hydrostatic 
test should be proof of the adequacy of the design. 

No recorded instance is known to the authors of the sudden 
and total failure of a flanged joint where ductile materials were 
used, In fact, the components of a flanged joint may be re- 
garded as very stiff springs composing a sort of safety relief valve, 
which “opens’’ (leaks) when the pressure reaches a certain value. 
It is impossible to conceive of a test to destruction of a flanged 
joimt without means of supplying pressurized fluid in quantities 
greater than the amount of leakage. 

In harmony with design procedures used throughout the Code, 
the flange rules are based on the concept that specified design 
stresses govern the design pressure and actually exist at that. pres- 
sure. As will be shown presently, this cannot possibly be true 
for flanged joints, and therefore the Code rules are merely a 
rational method aa arriving at a balanced design in which the 
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bolts, onan, and are in proper to one another 
with respect to a stress of some undetermined level. 

Underlying Equations [1] and [2] of Par, UA-20 (UA-47), the 
determination of available and design bolt loads, and the moment 
and stress calculations that follow thereafter, is the seeming as- 
sumption that the bolt stress does not exceed the design stress, 
and that the bolt load is independent of the internal pressure on 
the joint. For this to be so, it is required first of all that the 
workman who tightens the joint must cease his efforts when the 
bolt stress reaches the design value. Even should he know what 
value the designer has set down on paper, he has no way of know- 
ing when that point is reached, except in those rare cases where 
the bolt strain is calipered accurately by very special means. 
Petrie (4) gives a formula for installation stresses likely to be ob- 
tained in alloy-steel bolts larger than 1 in. diam and having 8 
threads per in. 


a 
Vd 
where d is the nominal bolt diameter in inches. Specific values 
are shown in Table 1 for various bolt sizes, and the formula has 
been extended to smaller sizes to convey an idea of the order of 
magnitude of stresses that may be expected. It should be noted 
that the stresses depart considerably from the 20,000 or 25,000 
psi design stresses usually assumed for alloy-steel bolts. 


45,000 


Sp = 


TABLE 1 INSTALLATION STRESSES OBTAINED IN ALLOY- 


STEEL BOLTS (FROM FORMULA OF REFERENCE 4) 
Nominal bolt 
diam, in. 


Installation 
stress, psi 


e © Equation [1] is not ‘enol -" these sizes. The figures are given to 
indicate order of magnitude only. 


The installation stresses of Table 1 are a fortunate circum- 
stance, because sufficient initial stress must be generated in the 
bolts to keep the joint tight, not only at the design pressure, but 
also at the hydrostatic test pressure of 1'/; or 2 times the design 
pressure, whichever is required by the rules. If the bolt stress 
were no more than assumed in the design, the joint could not pos- 
sibly carry the hydrostatic end load at test pressure without fur- 
ther straining of the bolts and consequent leakage. 

It is apparent from Table 1 why it may be difficult or impossible 
to develop in very large bolts and studs, even when forceful means 
are employed, the stresses of 40,000 to 50,000 psi that may be 
needed for tightness at the test pressure. It is also evident why 
it is easy to deform permanently small bolts made of carbon steel 
or heat-treated austenitic stainless steel and even break the 
smaller sizes. It is for this reason that Par. UA-19 (UA-46) 
recommends that bolts be at least '/, in. diam, and it is worthy of 
note that the ASA Steel Pipe Flange Standards do not use bolts 
less than '/, in. diam. 

In addition to the need of initial bolt stresses higher than the 
design stress, further thought will reveal no positive reason why 
the stress should remain constant with the application of internal 
pressure. There is experimental evidence that the contrary 
happens. In a test on a heat-exchanger joint, Rossheim and his 
associates (5) found that the bolt load at a test pressure of 650 psi 
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was about 27 per cent less than the initial bolt load. Assuming 
the test pressure to represent 2 times the design pressure and cal- 
culating backward from this result, it develops that the initial 
bolt stress had to be at least 275 per cent of that required by the 
Code rules for the design pressure, in order to have sufficient bolt 
load at the test pressure. As will be shown later, the bolt stress 


may either increase or decrease with increasing pressure, depend- 


i 


ing upon the elastic characteristics of the joint, and it isin the 


latter case that the design is most likely to prove inadequate. 

The conclusion is inescapable that the design calculations based 
upon the Code rules do not indicate the conditions that actually 
exist in » flanged joint, but merely represent some arbitrary stage 
in the tightening of the bolts. As long as the Code concept of 
design remains uppermost in the minds of designers, no real prog- 
ress can be made in an understanding of the manner in which 
flanged joints function. Particularly will it be difficult to attack 
the perplexing problem of the gasket factors m and y, and values of 
these factors derived from experiments may be applied incorrectly 
and result in unsatisfactory designs. It should be remembered 
that, unlike other parts of a pressure vessel, a bolted-flanged con- 
nection is a prestressed structure, i.e., one in which a state of 
high stress exists before internal preasure is applied, and that we 
must consider the initial state of stress as well as the changes in 
stress that accompany changes in pressure, plus any additional — 
effects produced by changes in temperature. 

The foregoing considerations point to the need of a method of 
analysis to determine the variations in load, moment, and stress 
that take place in a flanged joint, and to determine therefrom 


tions of testing and service. The method presented in this 
paper is intended to fill that need. 


Basic Equations 


It can be conceived that the imposition of the hydrostatic ond 
force H, brings about a relaxation of the gasket force Ha, and 
that this is accompanied by a change in flange moment M — 
M, of the Code) and possibly a change in the bolt force W, as 
well. Undoubtedly, there are changes also in the bolt strain, 
flange deflection, and gasket compression, and all of these must 
be compatible with the changes in loading of the respective parts. 
The analysis therefore consists in writing the equations for the 
loads, moments, and elastic deformations for each condition of 
internal pressure and solving for the unknown quantities. The 
analysis must be supplemented by stress calculations to see 
whether the interpretation of the results must be modified be- 
cause of yielding of the bolts or flanges. 

Fig. 1 is an illustration of the general case of two dissimilar 
flanges, in which the flange deflections and gasket thickness have 
been exaggerated for clarity. In accordance with the theory of 
stresses in flanges developed by Waters and associates (6), the 
ring portions of the flanges are assumed to rotate, but not to dis- 
tort, when subjected to the moment of the bolt load. It is also 
assumed that compression of the flange thickness by the bolt load 


whether the joint will function properly under the imposed condi- a 


is negligible for all practical purposes, the load being localized _ 


directly under the bearing surfaces of the nuts and rapidly dis- 
tributed into the relatively larger mass of the flange ring. 

The effective length l, of the bolt before the joint is tightened 
can be assumed to be the sum of the two flange thicknesses, plus 
the free thickness vp of the gasket, plus an additional length of 
some arbitrary value to include the effect of compression strain in 
the nuts and tension strain in the portion of the bolt encased 
within the nuts. An additional length equal to one nominal bolt 


diameter is sufficiently accurate for design purposes. For sim- : 


plicity, the arbitrary additional length has not been indicated in 
Fig. 1. 
The free or unstrained thickness vo of the gasket is not, in 
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Ag = TOTAL TRANSVERSE CROSS-SECTION OF BOLTS, in? 
Ag = TRANSVERSE CROSS-SECTION OF GASKET, in? 

E, «ELASTIC MODULUS OF BOLT MATERIAL, PSI/IN./IN. 
E, =ELASTIC MODULUS OF GASKET, PSI/IN./IN. 

*ELASTIC MODULUS OF FLANGE MATERIAL, PSI/IN./IN 
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general, the original gasket thickness. Most gaskets or their 
materials are porous, fibrous, or articulated in structure, and a 
certain amount of compression is required before the gasket be- 
gins to act in resemblance to an elastic material. The thickness 
vp, therefore, is that which the gasket will assume immediately 
upon full release of the load imposed upon it. The difference be- 
tween this and the original thickness is the nonelastic portion of 
the gasket compression or the amount of “slack” taken up in the 
process of tightening the joint, which must be eliminated from 
the analysis. It must be eliminated also when determining by 
experiment the elastic modulus /, of the gasket material. Manu- 
facturers of gaskets and gasket materials should take these points 
into consideration in their research work, as only data from which 
the slack and nonelastic effects have been eliminated are useful 
in obtaining proper mechanical functioning of a flanged joint. 

When the bolts are tightened to make up the joint, the result- 
ing initial condition of strain according to Fig. 1 is 


hen+t+t'—b, 
and the initial forces and moments are® 
W, = Ha 
M, = M,' = Haha = Wihg .... 
When the test pressure is applied, the new condition of strain is 


h=m+t+t’ 
and the new forces and moments are 


= + + Hash, . [8] 
Subtraction of Equation (2) from Equation [5] gives an equa- 
tion relating the changes in bolt strain, flange deflections, and 


gasket compression 


* The nomenclature is the same as in references (1) and (2), except 
that M, of the references is denoted herein by M with its appropriate 
subscript, and corresponding subscripts are used for the other sym- 
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= (vp — 11) — (6: — — — 19] 


Equation [9] is a fundamental equation expressing the basic 
principle of the analysis and may be stated in words as follows: 
The change in bolt strain is equal to the recovery in gasket thick- 
ness less the change in deflection of the flanges. Since the flange 
deflections may increase when the test pressure is applied (and is 


actually found to do so in most designs), the change in bolt strain 


might be either positive or negative, depending on the relative 
values of the groups of terms in Equation [9]. Thus it is possible 
for the bolt load to decrease with increasing pressure, given the 
proper combination of design details. Whichever is the case will 
be indicated by the final formulas. 


Derivation or Design FormvLAs 


To be useful, Equation [9] must be expanded by expressing it 
in terms of the intrinsic strains and deflections and the loads and 
moments producing them. To simplify the presentation of the 
derivation, and design calculations as well, it is convenient to 
represent the elastic characteristics of the component parts of 
the joint by a single symbol ¢ with its appropriate subscript. 

For the bolts 


For the gasket 
a 
vo 
d= 
where Ag is the projected area of the gasket on the flange 
face. 
For a hubbed flange, either loose or integral with the shell, 
pipe, or nozzle neck 


(11) 


For a plain loose ring without a hub 


0.829 


™ 


Equations [10] and [11] multiplied by the appropriate force 
will give the total strain in the bolts and gasket, respectively. 
Equations [12] and [13] multiplied by the moment on the flange 
will give the angular rotation of the flange cross section @, as 
indicated in Fig. 1, and when further multiplied by the radial 
distance hg, will give the deflection 6. Equations [12] and [13] 
and their derivation may be found in Appendix WA of reference 
(7). 

The quantity gq, is for the left-hand flange in Fig. 1. For the 
right-hand flange, an additional constant g»’ must be calculated, 
using the particular dimensions of that flange. 

With elastic characteristics thus defined and calculated for a 
specific design, the individual terms of Equation [9] may be 
written as follows 


L = ly + 
6,’ = ar’M2'he 6,’ 
Substitution of the Expressions [14] into Equation [9] results 
in the following relation between the initial forces and moments 
and those at the test pressure 
— Wi) = — Hes — — he M2 — 
+ — M;)) 
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The moments and the force He: can be eliminated from Equa- 
tion [15] by using the relations of Equations (4), (6), [7], and [8] 
Collecting the terms W, and W,, we obtain 


W,— Wi = + + — 
+ Hr hr) Hon'hy’ + + Q 


where 
H, = Hm + Hr = Hm’ + Hr’... 

Q = + da + + Qe'he? 
r., The forces on the right-hand side of Equation sien be 

written in terms of the pressure P; as follows ‘ 

= 4 @P, 


- 
4 2 


Hn (G*— BY)Py; Hn! = 


{19] 


By substituting these expressions in Equation [16] and rear- 
ranging the terms, we arrive at the final result 


in which 


ae { — Qr(hy — hg) — — ha) @ 
— larBXhp — hr) + hy’ — hy’))} 


Since all of the quantities in the formula for a are determined 
by the details of the flange design, Equation [20] states that the 
change in bolt force is proportional to the internal pressvre. 
Whether the bolt force increases or decreases depends upon 
whether @ is positive or negative, respectively. Some general 
conclusions regarding this can be obtained from a study of Equa- 
tion [21]. Because hp must always be greater than hg, the only 
positive term in G? is qg/hg. Also, usual design practice is to 
locate the gasket as close as possible to the boltholes in order 
to minimize the moment arm of the gasket force, and under these 
circumstances Ap is greater than A,. Therefore in a conven- 
tional design gg is the only characteristic that can make a@ posi- 
tive, and to do so it must be large enough to outweigh the effect 
of gp and qr’. This means that the flanges must be very stiff or 
the gasket must be very resilient. With particular reference to 
the gasket, Equation [11], it means that an increase in bolt 
force is more easily obtained with a thicker gasket and/or a 
narrower gasket and/or a more resilient gasket material, i.e., one 
having a lower elastic modulus. 

A positive a is desired in order to augment the initial bolt load 
as pressure is applied to the joint. With a negative a, less bolt 
load will be available to carry the end pressure force H; and 
provide enough force on the gasket to maintain tightness. This 
is more likely to be the 7ase when the flange structure is light and 
flexible, or when the gasket is thin or wide, or when the gasket 
material has a high elastic modulus, as in the case of a solid 
metal gasket. 

It would be possible to insure a positive a by locating a narrow 
gasket very close to the inside edge of the flange, so that hp 
approaches hg in value and becomes greater than hp. However, 


the moment arm hg of the gasket force then becomes so great 


OF 


JULY, 1 


that very heavy flange construction is required if the flanges are 
not to yield at the applied test pressure. This method of ob- 
taining a positive a should be weighed carefully against the alter- 
native of locating the gasket close to the boltholes. It is obvious 
that for a given angle of rotation of the flanges, a gasket at the 
inside diameter of the joint will loosen more than one located near 
the bolts. 

The foregoing discussion of Equation [21] serves to justify 
the general design practice of keeping he at a minimum, and also 
checks the general experience that it is more difficult to make a 
joint tight when using a “harder” gasket. 

A relation between the gasket force He: at test pressure and 
the initial gasket force W; can be found from Equation [15] by 
eliminating Ws instead of Ha. This !eads to the final result 


Here, too, the change in gasket force is proportional to the in- 
ternal pressure on the joint. 

By substituting the expression for a given in Equation [21], 
it will be found that the value of 8 must always be positive, 
which is to say that the force on the gasket always decreases when 
the pressure is applied to the joint. This also is in line with 
actual experience, and with the obvious fact that if the pressure 
is carried high enough, there will be so little gasket force left that 
the joint will start to leak. 

By similar methods, formulas can be derived to show the re- 
lation between the flange moment ; at test pressure and the 
initial flange moment M,. They serve no useful purpose, how- 
ever, because once the bolt loads W; and W, are known, the 
moments can be calculated directly from Equations [4], [7], and 
{8}. It follows from these equations that the change in flange 
moment is also proportional] to the internal pressure. 

Therefore, the first step in the practical analysis of a joint 
design is to calculate the value of a according to Equation [21] 
for use in Equation [20]. The significance of the result will now 
be discussed. 


in which | 


Loaps Versus PRESSURE 


In Fig. 2 the loads H and He and their total W are indicated 
as ordinates plotted against the internal pressure P. The test 
pressure and design pressure are indicated on the horizontal scale 
as P; and P;, respectively. The end pressure force H, being pro- 
portional to the pressure, is represented by a straight line such 
as OA. 

In order to keep the joint tight at a given pressure, there must 
be a certain compressive force on the gasket 


Hg (required) = mPAg 


of which mP represents a compressive stress (psi) in terms of a 
multiple m of the pressure. From data presented by Roberts 
(8), the authors conclude that if the stress developed on the 
gasket by the initial bolt lond is high enough to seat the gasket 
properly, the gasket compressive stress need be rio higher than 
the internal pressure. A factor of m = 0.5 is already included in 
H; reference to the first formula in Equations [19] shows that 
since G is the mean diameter of the gasket, that equation in- 
cludes a compressive force equal to the internal pressure acting 
upon one half of the gasket width, or one half of the internal pres- 
sure acting upon the entire gasket. Thus the actual compres- 
sive stress on the gasket is 0.5P greater than the mP of Equation 
[24]. Therefore, to follow the criterion derived from Roberts’ 
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paper, a value of 0.5 should be used for m in Equation [24]. 
However, the authors believe that for practical design work it is 
safer and more conservative to use a value of unity for m in that 
equation, resulting in a total gasket compressive stress of 1.5P 
assumed to be necessary to insure tightness. It is hoped that 
future experience will show whether this is adequate and the 
extent to which it might be reduced, and whetber the minimum 
safe value varies according to the kind of gasket material, the 
style of gasket, and the flange material. 

Whatever value may be used for m in Equation [24], the force 
given by that equation plus the end pressure force H equals the 
total force required to keep the joint tight, or the required bolt 
load, and is represented by the line OB in Fig. 2. 

For discussion purposes, let us assume a negative value for a. 
Equation [20] then tells us the slope of the line of actual bolt 
load and that it is downward to the right. Usually, the actual 
initial bolt load is unknown, but it is possible to determine the 
range, if any, within which a useful initial bolt load can exist, 
and its maximum and minimum values. 

For example, if the bolts are tightened to an amount represented 
by OC, the load will be just sufficient for the pressure at point D, 
and leakage can be expected at any higher pressure. To be 
sufficient for the test pressure, we must have a minimum load 
W, equal to £B and, therefore, an initial load OF. 

The maximum bolt load that can be tolerated is dictated in 
part by the stresses in the flange structure. From the stress 
formulas in Par. UA-24 (UA-51) of the Code, and the yield 
strength of the flange material, it is possible to calculate the 
maximum moment that the flanges can withstand without yield- 
ing. Using this value for M,, M2, and M,’ in Equations (4), [7], 
and [8], the bolt loads for yielding can then be determined for 
zero pressure and test pressure. This establishes a line GJ on the 
diagram in Fig. 2 which represents the limiting bolt load above 
which the flange will begin to yield at any given pressure. If, 
now, the initial bolt load is given by OK, the yield value will be 
reached at point L, and as the pressure is further increased, the 

will to bolt load follows the line 


GJ to J. Upon release of the test pressure the bolt load will 
assume the relaxed value OM. However excessive the initial 
bolt foree may have been, the new initial force after the hydro- 
static test cannot have a value in excess of OM. 

Even though the flange yields from L to J, leakage will not 
oceur because the bolt load at all times is more than the minimum 
requirement indicated by the line OB. Theoretically, no harm 
can come from the yielding, but from the practical point of view 
the reverse may be true. If the bolts are not uniformly stressed, 
yielding may occur at localized points around the circumference 
of the joint, with the result that the flanges and their faces may be 
warped out of a true plane and thereafter make it difficult or 
impossible to obtain sufficient compression all around the gasket. 
This is one reason why it is desirable to adopt a wrenching prac- 
tice whereby the bolts are stressed as uniformly as possible and 
no more than necessary to insure joint tightness. It is also the 
reason, when joints leak under test, why injudicious further 
tightening may only make matters worse in some cases by inten- 
— the warping. 

The mechanism of yielding described in the foregoing is an 
idealized one. It assumes that the material does not strain- 
harden. This is essentially true of materials with a well-defined 
yield point, characterized by a “drop of the beam” in the tension 

‘test; such materials are practically non-strain-hardening for the 
total amounts of strain that are significant in a flange design. 
Certain materials, however, have no well-defined yield point and 
begin to strain-harden as soon as plastic deformatilon occurs; 
in such cases the bolt load upon yielding would be higher than 
indicated by the line LJ. 

The assumption is also made that the yield point is exceeded 
simultaneously throughout the flange. This of course is not true. 
The components of the flange structure are stressed in bending, 
and yielding occurs first at the so-called “extreme fibers.” Since 
the strains must remain proportional to the distance from the 
“neutral axis,” no marked yielding of the part can occur until 
most of the section has been stressed beyond the yield strength, 
even in a nonstrain-hardening material. This is a phenomenon 
characteristic of plastic deformation in bending, which has led 
to a popular misconception that “the yield point is higher in bend- 
ing.” The action described, however, should produce a greater 
rate of deformation with load. 

Usually the hub yields first, and even if it should refuse to 
carry any additional flange moment, all such additional moment 
is carried by the ring portion of the flange, which thereafter is 
loaded at a greater rate than before until it, too, yields. This 
means that the flange as a whole still acts in an elastic manner 
but deflects at a greater rate, so that the values of gy (or gp’) 
and consequently of a become different. 

Exceedingly complex analysis is required to take account of 
the effects of plastic deformation and strain-hardening. It is a 
conservative assumption, however, to say that the onset of yield- 
ing in any part of the flange increases the rate at which the gasket 
load decreases with pressure. This becomes most important in 
designs where the margin of safety BJ in Fig. 2 is quite small. 
Therefore, until the basic theory presented herein is fully proved, 
we will do well to follow the conservative basis of the idealized 
mechanism of yielding represented in Fig. 2. 

The values of initial load OM (after test) and OF therefore are 
the maximum and minimum, respectively, that would be useful 
for the case diagrammed in Fig. 2. Any intermediate initial 
load would be adequate for the test pressure and would not 
yield the flanges during the test. 

In a design with a positive a, the slope of the bolt load line 
would be upward to the right in Fig. 2, but it could never be 
greater than the slope of OA, because the difference between these 
two lines is the actual gasket force, which must become ey 
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or as the pressure increases, Sane by Equation [22]. 
It is necessary to check the initial bolt stress or the bolt stress 
at test pressure, whichever is higher, to make sure that the 
r ial i ded, with ex quent 
loosening of the joint. This would rarely prove to be the case 
with heat-treated alloy-steel bolts, but may be important when 
using carbon-steel or austenitic stainless-steel bolts, or bolts of 


It might also be considered necessary to check the stress pro- 
duced by the initial bolt load upon the flange facing for the gas- 
It is probable, however, that high compressive stresses have 
existed on the tongues of tongue-and-groove joints with no 
deleterious effects. 

Fig. 3 shows the Code basis of design in comparison with the 
previous figure. The assumed end pressure load is that at the 
design pressure, NQ, to which is added a gasket load such as 
QS. The assumed gasket load QS is only a fraction of that which 
must actually exist at the design pressure, viz., some value be- 
tween QT and QU. The line RS is the design bolt load. Even if 
the system RSQN were enlarged in the ratio of the test pressure 
to the design pressure, the resulting diagram would not represent 
the actual conditions in the joint. 
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Most Code designs are successful because (a) the actual bolt 
stresses exceed the design values, as in Table 1, (6) the design has 
@ positive a, so that more bolt load becomes available with 
increase of pressure, or (c) the joint size and pressure are within 
a moderate range where it is more feasible to provide a greater 
margin of safety against yielding at test pressure (BJ in Fig. 2). 

The designs most likely to give trouble are those (a) where the 
bolts are so large that adequate initial stresses cannot be de- 

veloped, (6) 1 where ere the yield me a the bolt material is low 


in relation to the design stress, as in the ease of heat-treated 
austenitic stainless-steel bolts, (c) where the joint size or the 
pressure approaches the limits of practicability for a flanged 
joint if weights and dimensions are to be kept within “reasonable”’ 
bounds, and (d) where the design has a negative a@ for the reasons 
given in the discussion following Equation [21]. 


Desicn Procepure 


In designing a bolted-flanged connection, the practical pro- 
cedure is to design it in the usual manner according to the Code 
rules. For most applications this will be all that is necessary, 
but when the design is unconventional or the conditions are 
so critical that the tightness of the joint is in question, a further 
check should be made by the method of analysis described in this 
paper. It is obviously too complicated a procedure to work this 
method backward in order to obtain a desired a value. There 
probably would be many combinations of bolt, flange, and gasket 
details that would give the desired result. Therefore, when a 
check for tightness is desired, the Code design should be used 
as a starting point for applying the following additional steps 
in design procedure: 


1 Determine the elastic characteristics of the bolts, gasket, 
and flanges, Equations [10] to [13], inclusive. 

2 Calculate Q, Equation [18]. 

3 Calculate a, Equation [21}. 

4 Determine the minimum required bolt load at test pressure 
W,, first formula in Equation [19] plus Equation [24]. 

5 Determine W; from Equation [20]. 

6 Calculate the moments from Equations [4], [7], and [8], 
and check the stresses in the flanges against the yield strength 
of the flange material. 

7 Check the bolt stresses against the yield strength of the bolt 
material. 

8 Check the initial bolt stress against Table 1. 
special means must be used to tighten the bolts. 

9 When there is an indication that the flange facing for the 
gasket may be overloaded, check the initial gasket pressure on the 
facing against the yield strength of the flange material. This - 
may be important when the flange and gasket materials have 
approximately the same hardness, or when the bolting is exces- 
sive in relation to the area of the facing. 


If too high, 


Boru FLANGes LpeENTICAL 


When both flanges in a joint are identical, gr and gr’ are equal 
and the formulas are correspondingly simplified. If there are 
slight variations in the flange facing, as when a tongue-and- 
groove joint is used, the flanges can be considered identical for 
all practical purposes. Equation [8] becomes the same as Equa- 
tion [7] and 

Q = da + + 


tha 
a { (We /hg — 
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— hy)} . [26] 


Fianes Wern Cover 


For the combination of « flange with a flat head or cover plate, 
we need the elastic characteristic for the latter. In following the 
same basic theory, it is found also that the formula for a is slightly 
different. The following formulas apply when the flat cover 
plate has a central portion of thickness t” which is different from 
the thickness ¢’ at the edge, the only condition imposed being that 
the change in thickness occurs at a diameter less than the mean 
diameter G of the gasket. This diameter is denoted by the sym- 
bol B’, according to which the outer portion of the cover is re- 
garded aa a plain ring flange to which is imparted « bending, 
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certain nonferrous materials having a relatively low yield strength 
It is also necessary to check the initial bolt stress to see whether : 
it can be developed with the size of bolts used (see Table 1), or 
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moment by - the action of the central portion, 
tic characteristic of the cover by qc 

1.34(K’ + 1)/Eo 


— + (K + 
Q = an + Ge + + 


Denoting the elas- 


{27} 


[28] 


— hr) + — hy! + B’/8))}... (29) 


The derivation of these formulas is given in Appendix 1, and 
the explanation of the symbols for the cover in Fig. 4. The 


bet 


Some confirmation of the analytical method presented in this 
paper is available from the experimental data reported by Ross- 
heim, Gebhardt, and Oliver (5). Data from their paper are ab- 
stracted and presented in Appendix 3 in comparison with results 
computed from the foregoing formulas. The experimental 
finding that the bolt force on the heat-exchanger joint decreased 
with internal pressure is confirmed mathematically with good 
agreement. It is unfortunate that the tests were not carried to 
leakage pressure, as this information would have thrown some 
light on the proper m-values to assume for soft-iron gaskets. 

This suggests that design data for m-values might be obtained 
by applying known initial bolt loads to bolted flanged connec- 
tions and determining the leakage pressure, following which 
the minimum m values can be calculated from Equation [24]. 
However, such a test program should be considered with caution. 
A fairly large-diameter joint is required to obtain accurate meas- 


urements of strain. The gasket is not uniformly stressed because 


; oy the flange deflection results in pinching of the gasket at its outer 
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Fie, 4 Sympots anp Dimensions ror Cover Piate 
value of a, as given in Equation [29], is used in Equation [20]. 
The design procedure herein outlined is followed, except that in 
step 6 a check is made of the stresses in the cover, as well as in 
the flange. Formulas for the stresses in the cover plate are 
presented in Appendix 2. 


Cover Piate Wrrn Untrorm THICKNEss 


The same procedure is followed when t’ = ¢”, in which case the 
formula for qo reduces to 


L.34(K! + 1) 
(2.4K’ — OA)Ect’® 


Practica APPLICATIONS 


The method of analysis described in this paper has already 
been put to practical use. It enabled the successful redesign of 
two 54-in-diam stainless-steel autoclaves with ellipsoidal head 
covers bolted to the shell, with test pressures of 660 psi and 1400 
psi, respectively. Difficulties encountered with the first auto- 
clave were eliminated by relocating and redesigning the gasket. 
The method was then applied to the second autoclave, then in 
process of construction, and it indicated that similar difficulties 
could be expected. The higher pgessure and the fact that the 
flange forgings had already been made and therefore were limited 
in thickness were distinct handicaps in effecting a redesign. 
However, the new design was entirely successful. 

In another case, a manhole cover leaked, and it was impossible 
to reach the specified test pressure. The designer had located the 
gasket at the extreme inside edge of the flange face. Analysis 
showed that the joint should leak under this condition and that 
the gasket should be located as close as possible to the bolts, in 


COVER PLATE IS SHOWN IN TWO PARTS TO SHOW tape ; 


periphery, and this effect is more pronounced with wider gaskets. 
_ Irregularities in the flange facing and gasket may result in ficti- 


 tiously high m values. These various effects might be minimized 


in the tests by using Van Stone type joints with very thick laps 
and specially faced back-up flanges. More accurate data can be 
obtained by using a test arrangement that insures uniform load- 
ing of the gasket and in which the strains and deflections of the 
test apparatus do not affect the measurement of the residual 
gasket load. Data acquired in this manner would not include 
the pinching effect more or less present in actual joint designs. 
If it should be desired to take advantage of the latter, the analy- 
sis would undergo a considerable further complication. 

Disregard of the pinching effect tends to minimize two oppo- 
site effects neglected in this analysis. In one of these the method 
presented herein, in common with the Code rules, ignores the 
presence of the direct longitudinal (membrane) stress due to the 
end force of the pressure, in flanges of the so-called integral type. 
If this stress were included, the yield pressure would be reached 
at pressures lower than otherwise indicated. 

Another effect commonly ignored in integral-type flanges is 
that of the hoop stress due to the internal pressure. It increases 
the stress in the ring portion of the flange by only a nominal 
amount, but in the tapered hub and the adjacent shell the hoop 
stress is appreciable and produces a “barreling”’ effect tending to 
tip over the flange and thereby increase the angle of rotation @. 

It remains to be seen from experience whether it will be neces- 
sary to complicate the method of analysis by including the 
effects of longitudinal and hoop stress mentioned. 

In services where corrosive media dictate the use of stainless 
steel, the design problem is increased by the relatively low yield 
strengths characteristic of these materials, when in the annealed 
condition required for maximum corrosion resistance. The 
problem is further increased by the fact that metallic-type gaskets 
usually must also be made of the same material. In actual ex- 
perience there have been serious difficulties in effecting and 
maintaining tight joints under such conditions. They are as- 
cribed to the fact that the flange material and gasket metal have 
an equal tendency to yield under the gasket pressure, with the 
result that yielding is distributed in random fashion between the 
two, and neither one nor the « ther deforms plastically in a positive 
and uniform manner. An effective solution of this problem is 
yet to be developed. It is mentioned here because experimental 
data on m-values for gaskets made wholly or in part of stainless 
steel should take this into account. In other words, the correct 
m-values are probably governed by the combination of gasket 
and flange material, and not merely by the gasket material alone. 

The formulas presented in this analysis assume the use of a 
of structure its thickness. Their 
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application is questionable in the case of gaskets or flange facings 
with definitely raised contours, waffle patterns, and so on, unless 
it is possible to derive an estimated factor g¢ by integrating the 
resiliency across the thickness. It is particularly questionable 
in the case of the ring-type joint gasket, which may be deformed 
severely along its contact lines while the bulk of it remains at 
a much lower stress. It is suspected that the hoop stress de- 
veloped in this gasket assists in maintaining a seal against the 
pressure and that therefore its principle of operation is considera- 
bly different from that of the flat gasket. It may be possible 
to adapt these formulas to the ring-type joint gasket, but the 
proper method of doing this is not now apparent. 

The effect of differential expansion between the bolts and 
flanges, due either to temperature gradients or use of materials 
having different coefficients of thermal expansion, adds a further 
complication to the formulas presented. The practical application 
of them is limited by uncertainties as to the actual meta] tem- 
peratures, especially with temperature changes during the 
operating cycle. It is hoped that the added effect of tempera- 
ture may be made the subject of a iater paper. 


CONCLUSION 


It is the hope of the authors that the presentation of this paper 
will have the following tangible results: | 


1 A better understanding among designers of the actual con- 
ditions existing in a bolted-flanged connection when the bolts 
are tightened, and how these conditions are changed with the 
application of internal fluid pressure. 

2 Accritical examination by others of the formulas and method 
of analysis, particularly in connection with specific design prob- 
lems, followed by suggestions as to errors, omissions, and im- 
provements. 

3 A fuller understanding of the gasket characteristics for 
which data are needed in flange design, and the means of ob- 
taining reliable data, so that gasket research programs may be 
reviewed and modified where necessary. 

4 An appreciation of the significance of m and y-values for 
gaskets as obtained from experiments (which will depend on the 
apparatus used and the kind of measurements made), and the 
difference, if any, between these values and those appropriate 
for use in Code designs based on the design pressure. 

5 Finally, a more realistic approach to flange design in the 
rules of the ASME Code, if this is possible within the framework 
of the Code. This will require recognition of the fact that high 
stresses must exist in bolted-flanged connections. It is difficult 
to do this and at the same time maintain the justifiable principle 
that this does not call for indiscriminate sanctioning of high 
design stresses for other parts of a pressure vessel. 
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Appendix 1 


Refer to Table X, Cases 1 and 12, and Article 62. 


Exastic CHARACTERISTIC OF A COVER Puss? 


The cover plate is assumed to consist of a flange portion or 
ring with the thickness t’ and a center-plate portion with the 
thickness t”. The diameter B’ at their juncture is assumed in 
the following analysis to be less than the mean diameter of the 
gasket. 

Under the effect of the internal pressure P acting on the plate 
with the diameter B’, the edge of the plate will rotate through an 


3Hp'B'(1 — u) 


The statically indeterminate moment M, per unit length of 
the circumference will rotate the edge of the plate through an 
angle (9) 

6(1 — »)M,B’ 


= 


[32] 


The sum of all the moments M, around the circumference 
(with diameter B’) is given by 


M, = 


Solving Equation [33] for M, and substituting its value into 
Equation [32] 


The total rotation of the edge of the plate is thus found to be 


= 3(1 — [H,'B’ 


+ 8M,] 


The rotation of the ring portion subjected to a moment M 
per unit length of circumference may be expressed by (9) 


where R is the radius of the ring and equal to (A + B’)/4 and J 
is the moment of inertia of the ring cross section and equa) to 
t'"A — B’)/24. Substituting these values into Equation [36] 
it is found that 

3M(A + B’)? 

— B’) 


The total moment acting on the ring is 


where W is the total bolt load on the ring and a’ is the “compo- 
site” lever arm for W. 
By solving Equation [38] for M, and substituting its value into 
Equation [37], the following expression is obtained 
3(A + B’ Wa’ — 
— 
* For — and dimensions see Fig. 4. 
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Due to continuity between the ring portion aod the plate 
portion of the cover, the rotation @’ and ¢” of the two parts must 
be equal. Therefore, equating the expressions from Equations 
{35} and [39] and eliminating the moment M, the rotation of 
the ring @’ is found to be 


6(1 — + + 
— uXA — + (A + 
With » = 0.3 and K’ = A/B’ Equation [40] takes the form 


H,'B’ 
..[4 
8 ) (41) 


[40] 


1.34(K’ + 1)/E¢ (we 
1.40(K’ — + (K’ + 
(we 


= 


H,'B’ 
where gc is as given by Equation [27]. 
In general, 5’ = @’hg. Before any pressure is applied the 
term in parentheses in Equation [42] is Wihe and 


= 


After the test pressure is applied the term is (W.a’ + Hm'B’/8) 
and 


where 
= + Hri'hr’ + Haske 
Subtracting Equation [43] from Equation [44] and using the 


expressions given by Equation [4] and Equation [8], it is found 
that 


6,’ — 6,’ = Qche (ae. 


Substituting Equation [45] into Equation [9] and following 
the same procedure as for two flanges, it will be found that the 
expression for a for a flange with a cover plate will be as given by 
Equation {29}. 


Appendix 2 


Srresses 1n Cover PLate 
Combining Equations [35] and [39] and eliminating the angle 
o’ = $” and solving for M,, it will be found that (4 assumed to 
be 0.3) 


+ 1)Wa' — 0.175t'(K' — 1)Hp'B’ 
+ 1) + — 1) 


If t” = ¢’ (uniform thickness of entire cover plate) Equation 
[46] takes the form 


(K’ + 1)Wa’ — 0.175(K’ — 1)H)’B 


2.4K’ — 0.4 


M, = 


fe 


The radial and tangential stresses Spy” and S;y" throughout 
the plate portion subject to an edge moment M, is given by (9) 


The radial and tangential stresses S,»"” and S;p” in the center 
of the plate portion due to the pressure P and with wy = 0.3 is 
given by (9) 


The tangential stress Sr’ in the ring portion of the cover is 
given by (9) 


The value of M can be found from Equation [38]. The values 
of R and J are given in the text immediately following Equation 
Substituting these values into Equation [51], it will be 
found that 
1.91(Wa’ — M,) 

— 1) 

The radial stress S,’ of the ring portion adjacent to the plate 
portion may be found from Equation [49] by substituting ¢’ for 
t” in that equation. 

The stresses in the cover plate may thus be summarized as 
follows: 

Radial and tangential stress in center of cover plate 


8S,’ = 


Radial and tangential stress at edge of plate portion of cover 
plate 


Radial stress in ring portion of cover plate adjacent to plate 
portion 


Tangential stress in ring portion of cover plate 
birat 
1.91(Wa’ — 


The value of M, to be used in the foregoing formulas can be 
calculated from Equation !46). 
The stresses in the cover plate should be checked for W = mw 
(initial condition) and for W = W, (at test pressure). 


S,’ = 
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Appendix 3 


Ca.cuLatTep Versus ExPERIMENTAL RESULTS 


For purposes of comparison, the bolted-flanged joint designated 
as test assembly No. 1 in reference (5) was investigated. 
The following assumptions were made: 


Bolt length = in. 

2 Gasket thickness v was assumed to be the sum of the two 
tongues and the two soft-iron gaskets, or °/s in. 

% The gasket width was assumed to be '/, in. 

1 The moduli of elasticity of the alloy-steel bolts, the forged- 
steel flanges, and the soft-iron gaskets were assumed to be equal 
(30 X psi). 

5 The simulated tube sheet was assumed to be incompressi- 
ble. 


With these assumptions and using Equation [26], it was found 
that a = —205, which corresponds to a decrease in bolt length of 
4.4/10,000 in. per 100 psi increase in pressure. 

The line in the graph in Fig. 5 corresponds to a = —205. 
The small circles in the graph indicate the test results from test 
No. 1 in reference (5), as given in Fig. 7 of that paper. 
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It can be seen that the calculated results are in good agree- 
ment with the test results, and also that the calculated line 
essentially is an envelope line of the test results on the conserva- 
tive side. 


Discussion 


J. W. Axutson: No doubt flanged joints lend themselves 
to a rigid mathematical treatment such as given in the paper, 
but the data are not available at the present time for the use of 
the equations given. Since most gaskets consist of materials 
which have only partially elastic properties, it is almost impos- 
sible to obtain a modulus of elasticity for these materials unless 
very exact conditions are stated. These conditions include the 
initial and final gasket stress, the temperature, the flange surface, 
the gasket thickness, and length of time the initial stress is ap- 
plied. Although gasket manufacturers are attempting to obtain 
data of this sort, it will probably be years before a sufficient 
amount is accumulated to be used in formulas such as those given. 

In the meantime, design engineers will have to obtain data them- 

7 Research Engineer, Johns-Manville Corporation, Manville, 
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selves, for specific installations from any source available, in- 
cluding actual tests. 

About a year ago a series of about 50 tests were conducted in 
which two types of compressed asbestos-sheet packing were 
tested between 1'/;-in., 150-lb raised face, screw-on flanges with 
four '/:-in. alloy-steel bolts. The gaskets were 17/s X 27/, 
'/s in. and water was used as the test medium at pressures from 
0 to 1000 psi. The load on the bolts was calculated from the 
change in bolt length as determined with an extensometer 
measuring to 0.0001 in. Bolt stresses were in the range of 4500 to 
37,000 psi. The bolt elongations were measured before any hy- 
draulic pressure was applied; after pressure had been applied no 
leakage occurred; and again when the hydraulic pressure was 
released. The latter two bolt lengths were used in the following 
calculations since the time interval between the measurements 
was short and the effect of creep relaxation in the gasket would be 
minimized: 

Using Equation [20] in the paper, values of a were calculated 
from values of W; and W; obtained as described in the foregoing. 
Using both press-cured and nonpress-cured sheet-packing gaskets, 
values of a from plus 9.6 to minus 0.7 were obtained for both 
materials. The higher values of @ were obtained when the 
lower bolt loadings and the lower pressures were used. Although 
negative values of a were usually obtained at the higher pres- 
sures, some occasionally appeared at lower pressures. 

The data given confirm the authors’ views that both negative 
and positive values of a can be obtained with positive values be- 
ing more likely when stiff flanges and a relatively resilient gasket 
are used. The data also show the wide variation in results 
which can be obtained in any analytical treatment of flanged- 
joint experiments. This variation is an additional difficulty 
encountered in obtaining data on gaskets for design use. 


W. R. Burrows.* The authors are to be congratulated for 
their realistic and expert treatment of a design problem which so 
frequently confronts refinery engineers. Their discussion is long 
overdue. 

We support the contention of the authors that flanges do not 
break in service but rather flanged joints leak under excessive 
pressure. The problem is one of deformation more than stress, 
although heretofore stress seems to have been used as a measure or 
index of deformation. Only one case of flange failure has been 
noted: The simultaneous complete fracture of a set of 1'/,-in. 
studs from temperature shock load with the joint under pres- 
sure. But the studs were immersed and also confined. Hence 
failure probably was due to shock after caustic embrittlement be- 
cause the SAE 4140 material showed no deterioration of excep- 
tionally good physicals when tested subsequent to fracture. 

It is gratifying to find that the work of Mr. E. C. Petrie of 
Crane Company is recognized as representative of actual bolt 
stresses after stud bolts have been tightened. Whenever we have 
measured stresses in tightened bolts, the predictions of Petrie’s 
formula have been verified within reasonable limits. At least 
one case of serious leakage can be attributed to failure in the 
design work to assume Petrie’s bolt stresses. Very heavy ex- 
changer flanges with 1'/-in. SAE 4140 stud bolts, operating at 
400 psi and 650 F, leaked after 24 hr on stream. Measured 
stud-bolt stresses of 50,000 psi had relaxed to 12,000 psi owing to 
crushing of the soft-iron gaskets. These gaskets, following cus- 
tom, had been designed for a stud-bolt stress of 25,000 psi. The 
actual stress of 50,000 psi crushed the gaskets even at a tem- 
perature of 650 F. 

It is surprising to note that the total bolt load may vary im- 

5 Design Division, Pressure Vessel Research Committee of the 
Welding Research Council, New York, N. Y. 
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portantly with pressure. Our calculations to date have been 
based on the assumption of constant total bolt load. 
_ Recent studies of the accuracy of approximate shell theories 
_ indicate the possibility of considerable error in the pressure ef- 


_ feets for D/T (pipe OD divided by pipe thickness) less than 30. 


Much of our piping is within this doubtful range. Perhaps some 
__restudy of the flange formulas is in order. 

Under certain conditions we find that it is more economical to 
place the gasket as close as possible to the bore; under others 
as close as possible to the bolts. A curve separating these two 


_ conditions can be drawn. 


There is the possibility of analyzing the cover plate by super- 
imposing the effects of three separate loads. This can be done 
because the solutions are linear. The cover plate is assumed to 
be a disk with a supported rim. The total bolt load is assumed 
to be uniformly distributed on the bolt cirele. The total gasket 
_ load is assumed to be uniformly distributed on the gasket circle. 
The total internal pressure load is assumed to be uniformly ap- 
plied to the area bounded by the gasket circle. Since the alge- 
braic sum of these three total loads is zero, the reaction at the 
_ rim disappears, and the actual loading of the cover plate is dupli- 
_ eated. Each of the three solutions is well known, and the proper 
_ algebraic additions of their separate stress or deformation ef- 

_ fects can be accomplished with ease. It is thought that this 


_ procedure simplifies the cover-plate solution considerably. 


The definition of bolted-flanged connections might be extended 
: In one, the gasket pressure comes from 
_ residual tension in the bolts after internal pressure is applied; 
in the other, the pressure-sealed joint, the gasket pressure comes 


from the internal pressure so that the bolts carry only the internal 
pressure load. 


Irvine Roserts.* This paper represents a major advance to- 
_ ward the goal of placing the design of bolted joints on a rational 


basis. With an analytical solution of the problem of flange rota- 


i tion, we are now in a position, at least in theory, to evaluate the 
performance of almost any bolted-joint design. In practice, 


however, two sets of data are required for such calculations. 
One is the retraction modulus of each of the gasket materials in 


commercial use. In the case of soft gaskets, the values of the 
modulus are found to depend markedly on the initial applied 


‘ ns load, the length of time in service, and the type of surface finish 
of the flanges. 
work must be done to establish gasket modulus values useful for 


Thus a considerable amount of experimental 


 bolted-joint design. 

The other type of data required consists of valves of m for each 
gasket material. In this, the authors have taken too simple a 
viewpoint in recommending the use of a value of 1.5 for practical 
design work. As shown in reference (8) of the paper, the value of 
m is strongly dependent on the initial gasket load, and decreases 
_ from infinity to a theoretical limiting value of unity. There- 

_ fore the value of m which should be used, must be determined 


from the initial gasket load which is in turn a function of the 


- individual joint design. To require a value of 1.5 for all joints 
might impose too great hardship on the initial bolt load, par- 
_ ticularly with low-pressure joints, since, in many actual cases, 
sealing is obtained with values of m considerably greater than 
1.5. Itis the opinion of the writer that a single value of m should 


not be used, but, instead, a curve of m versus initial load should 


be the basis of design for each gasket material. Here again, 
_ it is apparent that a large amount of experimental work must be 
done to obtain the required m-values for all useful gasket mate- 
rials. 
A rather limited gasket test program is already under way 


a under the amplnens of the Subgroup on Gaskets of the Boiler Code 
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Committee. It is to be hoped that other laboratories will see 
fit to undertake gasket tests of this type, especially in view of the 
fect that the bulk of the data can be obtained by rather simple 

ques. The early accumulation of 
such | data will accelerate the establishment of a design procedure 
for bolted joints which can be used with confidence. 


E. C. Ropasaven.”* The authors have contributed materially 
to a better understanding of flange design by their logical an- 
alysis of the elastic action of a bolted-flanged connection. While 
the effect of the flexibility of the elements of a bolted-flanged 
connection has been recognized by those experienced in flange 
design, it remained for the authors to formulate clearly the various 
elements involved. The paper will give excellent guidance to 
the large amount of experimental work that remains to be done. 

The writer’s company has run a number of tests on pipe flanges 
from which, among other results, the relationship between initial 
bolt load and leakage pressure for a number of types of gaskets 
could be established. We expect, in the not too far distant fu- 
ture, to complete this test program and publish the results. 
In the meantime, the writer would like to make a few comments 
on the authors’ paper based on these tests. 

Flange Rotation Due to Hoop Stress. Results of the tests com- 
pleted to date were analyzed by a method similar to that pre- 
sented by the authors. It was found, however, that in order to 
fget theoretical and experimental results to agree, it was neces- 
sary to consider the rotation of the flange face due to hoop stress, 
the possibility of which is suggested by the authors. The ex- 
pression for a, including the rotation due to hoop stress, is 


a 


4 
— hy — hp) + — hy’)| — (q, + 
.... [53] 


This is the same as the authors’ Equation [21] with the addi- 
tion of the last term, —(4/2) (¢, + q,’). The rotation of the 
flange due to hoop stress is designated as q, (q,’ for a mating flange 
of different dimensions). Term g,, when multiplied by the inter- 
nal pressure P:, and the radial distance hg, gives the deflection 
due to hoop stress. 

A method for calculation of q, for a tapered-hub flange is given 
in the authors’ reference (7). Unfortunately, the method re- 
quires a great deal of time, along with a table of Bessel functions, 
to calculate the value of g,. As a very much quicker method of 
finding at least a good approximation for the value of q,, the 
following equation has been found to be useful 


The nomenclature is that used in the authors’ paper with the 
additional definitions 
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- (For steel, with Ey = 30,000,000, u = 03, 1 iene constants are: 


method for deriving this equation. 


C, = 2.57 X 107-8, C, = 1.82, C,; = 1.82, Cy, = 1.00.) 

9, = average thickness of hub through a distance from back of 
hy 

+ ge) 


Equation [54] herewith is derived on the basis of an integral 
flange with a straight hub. Timoshenko" gives the general 
An average hub thickness 
through an approximate effective hub length is used as the equiva- 
Tent thickness of the straight hub, g. A similar equation ean 


). 
Equation [54] herewith may be compared with the method 


i = in the authors’ reference (7) by several examples, as follows: 


qr, radians/psi 


qr. 
Flange authors’ reference (7) Equation [54] 


on C, im authors’ reference 
5) 


1.92 10-* 2.28 x 10-* 


2.23 x 10-* 2.48 xX 10-* 


1.96 x 10-* 2.43 X 


It would appear, therefore, that while Equation [54] does not 
check exactly with the results obtained by using the method of 
calculation given in the authors’ reference (7), nevertheless a 
good approximation is obtained which is useful at least to find if 
the rotation due to hoop stress must be considered. 

It is apparent that inclusion of the q, term considerably com- 
plicates the analysis; however, it was found, for the particular 
flanges tested, that the contribution of g, made up the major 
portion of a, hence could not be neglected. For example, in one 
combination of flanges and gaskets, a without the g, term was 
—59, whereas with the g, term included, a was —t02. 

The effect of flange rotation due to hoop stress may be com- 
pared with the experimental data given in the authors’ reference 
(5). The writer, possibly due to different assumptions, is unable 
to check the authors’ value of —205 for @ in their Appendix 3, 
getting instead a value of —165. The values for flange rotation 
due to hoop stress have been calculated in Appendix 3 of the 
authors’ reference (5), using the presumably accurate method 
given in the authors’ reference (7). For the particular flanges 
involved in Test 1, g, is 1.92 < 10-* P radians. The value of a 
by Equation [54] is then —252. Fig. 5 from the authors’ paper 
has been reproduced here, Fig. 6, with the lines for a = —165, 
(line A) and —252 (line B) drawn in. Apparently, in this case, 
use of the authors’ Equation [26] (not including flange rotation 
due to hoop stress) agrees more closely with the test data. In 
the tests of heat-exchanger flanges, however, the distance be- 
tween the knuckle radius of the head to the hub of the flange 
was only 4 in. Owing to possible restraint of the head skirt by 
the head, the full effect of rotation due to hoop stress might not 


have occurred in the experimental setup used. There is some 
— in the tests of heat-exchanger flanges that better 


agreement between theory and experiment might be obtained by 


- assuming the bolt load to act at the inside of the bolts rather 


than at the center of the bolts. This results in a-values, by the 


authors’ Eyuation [26], and Equation [54] herewith of --127 and 


—198, respectively. These lines are also shown on Fig. 6 as line 


A’ and B’, respectively. 


Theoretical values of a, both with and without inclusion of 
the rotation due to hoop stress, also may be compared with the 


F experimental data shown in the author’s reference (7), Fig. 10(a) 


"Strength of Materials,” by S. Timoshenko, part 2, D. Van 
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reproduced here as Fig. 7. The rotation of a flange at any pres- 
sure P, is given by the equation 


@ = (Hyhp + Hrhy + + [55] 


BY, H; = (G? — B)P, Hg = + aP 


4 


Using this equation, values of the increase in flange rotation 
due to pressure may be calculated and compared with Fig. 7. 
Disregarding the rotation due to hoop stress results in a theo- 
retical line A, inclusion of rotation due to hoop stress results in 
theoretical line B. In Fig. 7 inclusion of the rotation due to hoop 
stress appears to agree somewhat better with experimental re- 
sults, the average lying between lines A and B. This again may 
reflect the restraint of the head, preventing the full effect of 
rotation due to hoop stress from dccurring. Lines A’ and B’ 
are analogous except the bolt load is assumed to be applied at 
the inside of the bolts instead of at the center line of the bolts. 

Moment Arms. In applying the flexibility analysis, the prob- 
lem of trying to estimate just what the lever arms, hp, hy, and hg, 
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actually are in a flange under load, was encountered. These 
moment arms would be expected to be somewhat smaller than 
as defined in the ASME Code due to shifting inward of the bolt 
reaction and outward of the gasket reaction as the flange face 
rotates. The effect of bolt reaction at the ID of the bolts as 
compared to the center line is shown in Figs. 6 and 7, herewith. 
The moment arm hp, is also somewhat difficult to define accu- 
rately. In the analysis of our test results, hp was defined as 


C— B—g 
2 


hy and hg were used as defined in the ASME Code. 

Gasket Factors. Evaluation of our test data required an 
evaluation of the gasket load at the leakage pressure Hg in 
order to compare the experimental 8 (in the authors’ Equation 
[23], 8 = (w/4)G* — a) with the theoretical 8. 

Tests on the values of m and y were made using a tensile testing 
machine. Load was transferred from the platens of the test 
machine to a pair of flanges by means of long steel bars extending 
from the boltholes to the test-machine platens. The end load, 
using this testing method, was independent of the internal pres- 
sure and could be held constant during a test run. By means of 
this apparatus, the relationship between end load (W, in the 
authors’ paper) and leakage pressure could be determined. 

For some gaskets, after applying an initial end load equivalent 
to that required by the ASME Code for gasket seating (H, = 
mbGy), the hydrostatic end load at the leakage pressure, calcu- 
lated to the OD of the gasket seating surface, was found to be 
practically equal to the applied end load. This is the ideal gasket 
condition in which m = 0.5. More often, however, it was found 
that even after applying an initial end load considerably in ex- 
cess of that specified in the ASME Code for gasket seating, the 
hydrostatic end load was considerably less than the applied end 
load, i.e., a gasket factor of m > 0.5 existed. 

Experimentally, this ideal condition of m = 0.5 may be ob- 
tained with certain comparatively soft gaskets and with flat, 
unmarred flange seating surfaces. Practically, due to warpage of 
flange surfaces in welding, marring of the faces in handling, 
use of hard gasket materials, limit to the seating load that can 
or is likely to be applied, etc., the value of m may often be con- 
siderably greater than 0.5. 

It is the writer’s present opinion that, until experimental data 
on m-values are available which evaluate the effects of the flange- 
facing surface finish and flatness, flange material, gasket dimen- 
sions, gasket physical properties, etc., caution should be used in 
reducing the ASME Code values of m which appear, on the whole, 
to be fairly reasonable and consistent for practical purposes. 
Other types of flange loadings must also be considered, such as 
bending due to pipe expansion, differential temperature changes, 
and creep at high temperature; hence changes in the ASME 
Code method of flange calculation must be considered from an 
over-all design standpoint. 

In analyzing our tests of leakage pressure against initial bolt 
load, an m-value of 0.5 was assumed, inasmuch as the flange faces 
were carefully refinished after welding, and preliminary tests 
on the m-values of the particular gaskets involved indicated the 
ideal gasket seating condition would be approached with the 
initial bolt loads applied. 

Calculation of gg. The value of gg in our tests was quite small 
as compared to the flexibility of the other parts of the joints and 
had little effect on the value of a. This was because of the 
following: 

(a) Gaskets were of solid metal of the same elastic modulus 
as the bolts, hence Eg = Ez. 

(b) area Ao, was to the bolt. area Ag. 


hp = 


(c) Gasket thickness, Vo, was very small as compared to the 
bolt length by. 


Exceptions to this were compressed asbestos gaskets and 
metal-jacketed asbestos gaskets. 

Using a value of Eg = 480,000 psi for '/\-in-thick compressed 
asbestos as suggested by Roberts in the authors’ reference (8) 
makes the gg-factor have some influence on the value of a. In 
tests, however, a '/,-in. asbestos gasket behaved almost exactly 
the same (after seating was obtained), within the range of experi- 
mental errors, as a flat-metal gasket of the same dimensions. 
The metal-jacketed asbestos gasket also behaved the same (after 
seating was obtained) as a solid-metal gasket of the same dimen- 
sions. In effect, these soft gaskets behaved as if their modulus of 
elasticity were the same as that of solid metal. The theoretical 
differences in leakage pressure between the types of gaskets were 
small, however, and may have been masked by experimental 
errors. 

Comparison of Theoretical and Experimental Leakage Pressures. 
Using Equations [53] and [54] of this discussion, good agreement 
between theoretical and experimental leakage pressures for the 
larger pipe-flange sizes was obtained. For the smaller pipe-flange 
sizes, agreement between theory and experiment was only fair. 
Experimental leakage pressures for the smaller sizes were con- 
sistently lower than predicted theoretically. Possible reasons for 
this discrepancy may be as follows: 


| 
(a) Seating loads were not high enough to obtain the ideal 
seating condition of m = 0.5, which was assumed in the evalua- 
tion. 
(6) On small sizes, the deflection formulas may give incorrect 
results. 


F. C. Tuorn." It is our experience as gasket manufacturers, 
that the gasket is invariably blamed for failures, when they occur, 
as they do often, in flanges designed in accordance with the 
ASME Code for Unfired Pressure Vessels. It seems to us that a 
design which does not take into consideration the properties of 
the materials one has to work with is not a sound design, regard- 
less of how good it looks on paper. 

The writer is qualified to speak only for rubber gasketing. 
One of the properties of rubber gasketing in compression is that 
it does not have the ability to pursue a retreating flange, how- 
ever desirable it might be that it should have this property. 
The authors’ Equation [21] shows that a becomes negative when 
Go is small. From Equation [11] we note that gg is proportional 
to the reciprocal of Eg, the gasket retraction modulus. The 
authors, therefore, are quite safe in assuming that, in the case 
of the rubber gasket, Eg will be large, gg small, and a negative. 
Their Fig. 2 shows quite correctly what happens to a gasket when 
a is negative and when this fact is not taken into account in 
design. 

The writer believes the authors are optimistic in the matters of 
Eg and gg. They assume that if the first part of a gasket-com- 
pression curve is erased, the balance will be found to be elastic, 
i.e., compress and retract along the same line. The aberrations 
of the first part of the curve are assumed to be due to the pres- 
ence of voids. The writer assures them that no part of a rubber- 
gasket compression curve is elastic even though it is solid rubber 
and contains no voids whatever. We have a task force within the 
Gasket Section of the Boiler Code Committee and we are learning 
some things about E, which are surprising to an engineer ac- 
customed to metals, but not at all surprising to one who has 
lived all his life with rubber. 


2 Research Director, Garlock Packing Company, Palmyra, N. Y 
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as A '/,in. red sheet gasket has an average Eg on cold compres- 


sion between 4 in. phonograph finish flanges of about 4000 Psi 
between the limits 250 psi and 500 psi. Perhaps the Eg of im- 
mediate retraction is not too dissimilar. However, if the gasket is 
merely left under the 500-psi load for 22 hr at room temperature, 


the Eg of retraction between 500 psi and 250 psi increases to 


ue 


15,000 psi. If the load is 5000 psi, both compression and retrac- 


tion moduli increase, the Eg of retraction after 22 hr between 5000 


nd 2500 psi becoming 187,000. Even this is not the worst. 

‘If the flanges are smooth, the EZ, of retraction between 5000 psi 
- and 2500 pai becomes 347,000 psi. We have done no work as 
yet with elevated temperatures in conjunction with high loads 
and longer times of exposure but the writer ventures to say 
that when we do we shall find that the gasket is so completely 
remolded that the retraction modulus wil] be comparable to that 
of some solid metals. The same general performance is char- 
acteristic of compressed asbestos sheet and has nothing to do 
with its porous character. It is believed the authors would 
have difficulty in locating the ‘‘very resilient” gasket which they 
predicate as necessary for a positive value of a. 

The answer certainly does not lie in a thicker gasket, and that 
gets us to another weakness of rubber gasketing on which the 
authors have not even touched, viz., the dying-out of gasket 
load due to creep relaxation. This effect is not so apparent in the 
period immediately preceding a cold hydrostatic test, and has 
led to an overconfidence in the hydrostatic /test as an index of 
satisfactory joint design. To give some idea of the amount of 
this creep relaxation, we have reported a standard '/;s.-in. com- 
pressed asbestos gasket as losing 68 per cent of an impressed 3400- 
psi residual bolt load after 22 hr at 350 psi saturated steam pres- 
sure in the standard ASA pipe flange. Fortunately, the pipe 
flanges in question were designed for an Hg nearly 10 times the 
rated fluid pressure. The low m-values, suggested by the authors 
in the absence of extra bolt loading to compensate for gasket 
relaxation and extra flange stiffness to support the extra bolt 
loading, would require a pipe fitter and a wrench in practically 
constant attendance for several days after putting the joint 
into service. A thicker gasket relaxes more rapidly than a thin 
gasket, and is not, therefore, the answer to the authors’ desirably 
high gg. 

The writer sincerely hopes that the authors will not stop an- 
alyzing the mechanics of bolted flanges until they come up with 
designs adequate to take care of the normal and expected relaxa- 
tion of commercially obtainable gasket materials. 


E. O. Warers." It might be well to point out that the present 
Code rules do recognize the possibility of a difference between the 
bolt load that exists under operating conditions and that which, 
at atmospheric temperature and pressure, is necessary to main- 
tain tightness under operating conditions. 

The basis of this recognition is, however, obscure and inde- 
finite; it makes the “required initial bolt load” a function of the 
gasket alone, regardless of the rest of the flange assembly. More- 
over, the y-values of Table UA-47.1, even though they vary in the 
proper sense, being low for soft gaskets and high for hard gaskets, 
are still highly empirical and remain as optional magnitudes in an 


ae otherwise mandatory appendix of the Code. 


a In so far as the writer is aware, the present paper is the first 
publication that proves a logical, definite connection between the 
_ required initial bolt load and the operating (or test) bolt load, and 
- the authors deserve great credit not only for demonstrating their 
analysis, but also for presenting it in such a simple and straight- 


_ forward manner that the designer can make the necessary check 
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for tightness by merely following the Code rules as at present, 
and then supplementing them with a few additional calculations 
for which the data are immediately available. 

But—there is just one catch to this last statement: The values 
of Eg and v will be needed; therefore, in order to make the recom- 
mended p fully reliable, firm values for the elasticity of 
nonmetallic gaskets must be obtained. As the authors point out, 
this means that gasket-testing methods must be standardized, 
and care taken to exclude all nonelastic action in evaluating 
elastic constants, if such is possible. The value of » may depend 
not only on the original thickness of a gasket, but on the maxi- 
mum unit gasket pressure as well, the recovery under a heavy 
load being different from that under a light load. Eg will de- 
pend both on the material of the gasket and the manner in which 
it is supported, e.g., a soft-rubber gasket that is more or less free 
to spread radially under lateral compression should be expected 
to have a different Eg from one that is confined at its ID and OD 
by a tongue-and-groove flange facing. All of this means that con- 
siderable research must be carried out in the gasket field before 
the authors’ proposed check for tightness can be relied upon to 
have a sure-fire accuracy; but it is, nevertheless, well worth while. 
The same research should give better m and v values for use with 
the present Code rules. 

The writer has made an exploratory check of the authors’ for- 
mulas by using data from some recent tests of lightweight low- 
pressure flanges fabricated by welding forged rings to tubing with 
inside and outside fillet welds. Strain-gage measurements indi- 
cate that these flanges could be considered as of the integral type, 
with constant-thickness hubs of indefinite length. Since the 
ring portion of the flanges was only '/: in. thick, with ID and OD 
of approximately 12 and 18 in., respectively, and the hub thick- 
ness was only '/, in., it is to be expected that gp (= q', in these 
tests) would be large. Moreover, as predicted by the authors for 
flanges of such proportions, all the tests gave a negative value for 
a, as evidenced by a drop in the bolt load as hydrostatic pressure 
was applied. 

Most of the runs were made with wide cloth-inserted rubber 
gaskets, '/\. in. thick before using, for which any assumed values 
of Eg and vp would be pure guesswork. However, two tests were 
run with copper gaskets. Taking Eg as 16,000,000 psi and 
as 80 per cent of the original gasket thickness, the writer com- 
puted a value of a = —121 sq in. for this assembly. This gives 
a drop of 9100 lb from the initial bolt load, when 75-psi hydro- 
static pressure is applied. The actual drop, as computed from 
strain-gage readings on three of the twelve bolts, was only 3400 Ib 
for the first loading, and 2200 lb when the experiment was re- 
peated with the same gasket. 

Unfortunately, the correlation is not particularly good and 
the most that can be said for it is that the computed drop in 
bolt load is on the conservative side. It is quite true that there 
was considerable scatter in all the strain readings in the series of 
tests here referred to, just as in the test used by the authors in 
constructing their Fig. 5. If additional runs had been made with 
the same copper gasket at several other pressures besides 75 psi, a 
closer agreement might possibly have been found. 

If the authors can furnish a firm gg value for a 127/,; X 14*/, X 
'/1s cloth-inserted rubber gasket of specified d ter hard: 
placed between two steel flanges with phonograph finish, the 
writer would be glad to attempt a more extensive check of their 
formulas. Needless to say, he would much rather find agreement 
than disagreement. 


AutHors’ CLosuRE 


The discussion of the paper has been not only constructive, 
but also of considerable value, and the authors wish to thank all 
who contributed comments. 
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The outstanding item of the discussion has to do with the 
difficulty of choosing a suitable value for the elastic modulus 
in the case of “‘soft’’ gaskets such as rubber and compressed 
asbestos service sheet. Messrs. Axelson, Roberts, Thorn, and 
Waters call attention to this difficulty and mention various 
factors that might influence the value of the modulus, or what 
might be assumed to be the modulus. The authors were aware 
of the nonlinear stress-strain relationship for soft-gasket ma- 
terials, but attempted to simplify this phase of the problem rather 
than deal with it in detail, since it is a large subject in itself and 
could best be handled by those actually engaged in research in this 
field. The authors did not intend to imply that values of Eg, 
the gasket modulus, are readily available for soft gaskets, or 
easily determined by experiment. It was their thought, how- 
ever, that if the range of gasket loading in a given flange design 
were known or could be estimated, an appropriate secant modulus 
could be selected from a stress-strain curve of the gasket ma- 
terial for use in applying the authors’ method of analysis. 

The modulus for any particular soft-gasket material may vary 
widely according to conditions, and the choice for a specific 
flange design may not be an easy matter. The time effect, which 
Mr. Thorn calls “creep relaxation,” is important in determining 
final or long-time levels of gasket stress, and it would seem to be 
affected, at least in part, by the degree to which the gasket is 
confined against lateral flow or extrusion. In some materials a 
similar effect is found in the reverse direction, i.e., the final gasket 
stress is somewhat higher than that existing immediately after a 
sudden decompression. This would be more important in cases 
where the pressure fluctuates rapidly. It is necessary to con- 
sider also the possible role played by sustained service conditions 
in altering the basic properties of the gasket. Examples are the 
aging of rubber and the effects of high temperature on this and 
other materials. 

In view of the many factors involved, it is expected that a 
number of years will elapse before definite information would be 
forthcoming from the Subgroup on Gaskets of the Boiler Code 
Committee. Until that time, modulus values must be selected 
according to the judgment of the designer, using the best in- 
formation at hand. To insure an adequate margin against 
leakage at the test pressure with the bolt load available, it is 
better for the calculated value of a to be more negative, which in 
turn means that gg should be smaller and therefore the assumed 
value of Eg should be on the high For compressed as- 
bestos service sheet, the authors have been using in their work 
a modulus of 500,000 and are pleased to note that this is not 
exceeded by any of the figures presented in the discussion. 
The suggestion that soft gaskets tend in time to become as hard 
as “solid metal” should remain as speculation for the time being; 
the experimental indications cited by Mr. Rodabaugh require 
verification by tests in which the influence of the gasket is more 
pronounced. Mr. Thorn’s conjecture on this point is really a 
case in which the properties of the gasket are altered by the 
service temperature. 

Mr. Thorn’s remark that the authors would have difficulty in 
finding a very resilient gasket leads to an intriguing line of 
thought. Gasket materials are generally used in services where 
their properties are adequate or more than aaequate. When we 
are forced to demand the utmost from them, we naturally drift 
into the procedure of attempting to determine their properties 
and designing around those properties. The opposite approach 
would be to specify the properties we want and then search for or 
develop a suitable gasket material, preferably in sheet form. 
The desirable properties would be: a low elastic modulus, an 
essentially straight-line stress-strain relation, negligible creep 


; relaxation or other hysteresis effect, and stability over as wide a 
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range of temperature as possible. The spirally wound metal 
and asbestos gasket is a step in this direction. 

Another important item in the discussion is the difficulty of 
obtaining agreement between experiment and analysis. The 
authors touched upon this briefly in the paper aad most of their 
warnings seem to be confirmed by the experiences reported in the 
discussion. The better agreement obtained by Mr. Rodabaugh 
with the larger-size pipe flanges is entirely to be expected, since 
the effects being measured must have appreciable magnitude if 
they are not to be masked or distorted by the normal experimental 
error. Even a 24-in. diameter flange may be too small for experi- 
mental purposes unless highly accurate instruments and careful 
laboratory control are employed. Thus the authors would 
hesitate to apply to larger flanges data such as obtained by Mr. 
Axelson on 1'/; in. 150-Ib. flanges, the more so because these are 
four-bolt flanges and therefore least likely to deflect in accordance 
with the flange formulas which are based on an assumption of 
uniform distribution of load around the circumference. The 
discrepancies noted by Professor Waters are harder to account 
for; however, the flanges are so thin as to suggest that a pro- 
nounced pinching effect was present. This would result in a 
reduced effective area of gasket and a reduction in the moment 
arm of the gasket force. Both of these effects would yield a 
a value of gg/hg and therefore a smaller reduction in bolt 


te experiences point to the need of examining an experi- 
mental setup with a critical eye, to detect any condition not 
assumed in the theory, so that it may be eliminated or a correction 
made for it. 

Messrs. Roberts and Rodabaugh call attention to the numerous 
factors that influence the value of the gasket factor m and ad- 
vocate the assumption of bigher values in design work. The 
authors agree that this may be necessary when high-gasket 
seating loads are not available or when surface finish or some other 
condition interferes with proper seating of the gasket. However, 
the authors would not hesitate to use a value of unity for m in 
Equation [24] when the gasket seating stress is very high and the 
seating surfaces are carefully machined. 

Answering a point raised by Mr. Burrows, the authors are un- 
able to see any connection between the flange formulas and the 
approximate pipe-thickness formulas, which latter have never 
been claimed to be exact. There can be no objection to an in- 
dependent check of the flange formulas, but the authors feel that 
such a check would have little practical value unless it uncovered 
an error of ten to twenty per cent or more, because the conditions 
within most flanged joints can hardly be known within this de- 
gree of accuracy. 

Mr. Burrows suggests an alternate analysis for the case of the 
cover plate. The authors considered this alternative, but it 
seemed to offer too much complication in the general case of a 
cover plate with two sections of different thickness. The authors 
therefore developed the general case in another way, after which 
the special case of uniform thickness was quickly derived. 

In his concluding paragraph, Mr. Burrows lists two kinds of 
bolted flanged connections. It should be emphasized that the 
authors’ method of analysis does not apply to the second one 
listed, viz., the pressure-sealed joint. 

Mr. Rodabaugh and his associates are to be congratulated on 
the test program they have undertaken. The publication of their 
results will be awaited with great interest. The additional term 
for including the “barreling” effect, as given in Equation [53] 
of the discussion, is a valuable contribution on their part. The 
authors had hoped that this term could be neglected, but Mr. 
Rodabaugh has shown that it is likely to be of prime importance 
in many, if not most, designs. 

‘The authors have chested the value of a for the example in in 
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Appendix 3 of the paper and have found that, due to an error in 
computing gg, the correct value is —189 instead of —205. In 
calculating these values the authors assumed a moment arm hp 
extending to the middle line of the shell thickness go, the same as 
the formula given by Mr. Rodabaugh in his discussion of moment 
arms. The authors can check Mr. Rodabaugh’s value of —165 
by taking hp in accordance with the formula in the ASME Code, 
and they believe the discrepancy is due to this difference in 
assumed moment arms. 

The authors favor the assumption of a moment arm hp as used 
by Mr. Rodabaugh in analyzing his test results, because there is 
some question in their minds whether the Code formula for hp 
is correct, and if there is to be any error, it is preferable to have it 
on the safe side when checking a design for leakage. 

For like reasons the authors do net make use of the theory 
that, because of the flange rotation, the line of the bolt force is 
shifted radially inward. Flange designers have long considered 
this possibility, but to take account of it involves tedious cal- 
culation or an assumption as to the amount of the radial shift. 
The usual assumption that this is one half of the bolt diameter 
is sometimes based on the markings left by the nuts and bolt 
heads on the backs of flanges. There are, however, a number of 
arguments against this line of thought. In the first place, an 
offset of this amount in the line of the bolt force means that the 
total bolt stress, including bending stress, is five times as great 
as when the load is centered on the bolt axis. In many 
cases even alloy-steel bolts should then be strained beyond the 
yield point and the result should become visibly evident. 
Secondly, the nut has a certain amount of “shake” on the bolt, 
which can compensate for some amount of flange rotation, 
mainly by local deformation of the most heavily loaded threads. 
Thirdly, the marks of nuts and bolt heads, so often cited as proof 
that the line of force has shifted, are really a proof to the contrary. 
A large part of the moment, and therefore the flange rotation, 
is developed during the initial tightening of the bolts and the 
sweep and embedment marks of the nuts and bolt heads are a 
sort of automatic spot-facing operation whereby the bolt force 
is kept on or near the bolt axis. Finally, any yielding of the 
bolts, either during tightening or during the hydrostatic test, 
will tend to shift the reaction back toward the bolt axis. Argu- 
ments on this question, however, can go on indefinitely until 
data have been obtained from experiments by applying strain 
gages to bolts in pairs, wired in such a way as ~ measure the 
bending stress as well as the direct stress. 


Three additional effects mentioned by Mr. Rodabaugh deserve 
further comment: (1) In preparing their paper the authors con- 
sidered the flanged joints loaded by pressure only, such as full- 
diameter joints on pressure vessels. Therefore, when the analysis 
is applied to pipe joints, any bending moment due to pipe ex- 
pansion should be taken into account. This, of course, affects 
the bolt stresses and therefore the assumed flange loadings. 
(2) Differential temperature between the bolts and the flange 
can affect the analysis importantly. The authors hope that this 
can be the subject of a subsequent paper in which the formulas are 
extended to include the effect of temperature. (3) In considering 
creep in bolted flanged connections at bigh temperatures, it 
should be unnecessary to ponder whether creep occurs first or 
fastest in one part or another of the joint assembly. The action 
is essentially a stress-relieving process, and in time all stresses 
will reach the values at which the creep rate is very low. The 
design stresses given in the Code are a conservative representation 
of these values. Therefore, as long as these stresses are not 
exceeded at the operating conditions, the joint should not leak. 
The greatest difficulty here, however, is in kaowing how the 
gasket will behave, and once again we find ourselves in need of 
data on gasket properties. 

The authors wish to offer one correction and one clarification 
of the paper. The correction is in the paragraph following 
Equation [13]. The fast sentence therein should refer the 
reader to Appendix WB (not WA) of reference (7). 

The clarification has to do with the case of the cover plate of 
uniform thickness. Since ¢’ and t” become equal, B’ no longer 
has any definite value, but one must be assumed in order to have 
a value of K’ for use in Equation [30]. The authors have found 
that B’ can vary over rather a wide range without affecting the 
final result by more than several per cent. It is convenient for 
calculation purposes to make B’ equal to the B of the adjacent 
flange, or as an alternative, equal to the mean diameter of the 
gasket. 

In reviewing the discussion in its broader aspects, the authors 
are led to observe that, whereas they attempted to keep the 
treatment of the subject as simple as possible, certain refinements 
may become necessary to take account of additional factors as 
they prove to be important, and whereas they have already 
applied their method of analysis to practical problems, its useful- 
ness in such work will be greatly enhanced when more reliable 


data are available for the various gasket | materials and types of — 
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This paper develops a simplified method of applying the 


_ ASME flange-stress formulas to the design of integral 


_ flanges with tapered hubs. In the course of this develop- 
ment, the hub shape is predetermined and «:aphs are pre- 


sented to permit a rapid solution of the stress equations. 


NOMENCLATURE 
The following nomenclature is used in the paper: 


inside diameter of flange, in. s 
thickness of hub at back of flange, in. 
thickness of hub at small end, in. 
moment acting upon flange, in-lb per in. of inner 
diameter. This is equivalent to Mo/B in Code 
nomenclature. 
radial distance from hub to bolt circle, in. 
radial distance from bolt circle to outside diameter 
of flange, in. 
functions of B/go and t/go 
A/B, dimensionless 
functions of K (Fig. UA-4, ASME Code) 
functions of h/~/ and (Fig. UA-5, ASME 
Code) 
ratio of stress at small end of hub to stress at large 
end of hub (Fig. UA-7, ASME Code) 
hub length, in. 
ring thickness, in. 
function of ring and hub dimensions (see Equation 
[4}) 
= longitudinal hub stress, psi 
= radial] stress in flange, psi 
S; = tangential stress in flange, psi 


Fig. 1 should be referrred to for further clarification. 
The basic formulas for computing the stresses in an integral 


wh 


Ft 
where 
VB ) Ug? V Bgo 
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for Integral Flanges 
With Tapered Hubs 


By W. F. JAEP,! WILMINGTON, DEL. Rai: 


Fie. 1 Inrecrat Tarerep-Hvus Fiance 


INTRODUCTION 


' ‘The application of the ASME? Code formulas to the design of 
an integral flange with a tapered hub is attended by two difficulties. 
The calculations are time-consuming, and the ring thickness 
and hub dimensions must be assumed before the stresses can be 
calculated. It is the purpose of this paper to show how these 
difficulties may be eliminated. 

The assumption is made throughout this discussion that the 
bolt size, bolt load, and lever arm of the bolt load have been de- 
termined. These are separate items in the general subject of 
flange design and can be treated independently of the material 
presented here. 


Prosiem ANALYSIS 


Analysis of the problem discloses that B and g are known quan- 
tities for any flange problem, and that R and Z are known from 
the bolting dimensions. Three variables remain that must be 
chosen to define the flange completely, i.e., g:, h, and t. When 
two of these are chosen, the third is fixed by the allowable stress 
value through the stress equations. Since the factors, f, F, and 
V are dependent upon the choice of g, and h, and also since A, and, 
therefore, 7’, U, Y, and Z, may be determined when g; is chosen, a 
predetermination of the hub shape would reduce the problem to. 
the solution of equations involving the allowable stresses and the 
ring thickness only. 


Hus Dimensions 


To determine the values of the hub dimensions g, and h, two 
equations relating them are required. These may be found by 
making the following assumptions: 


1 The most economical flange will result when thers i is no ex- 
cess material at either end of the hub, i.e., when the stresses at 
tke ends of the hub are equal. 

2 The most economical flange will result when the hub gives 
the maximum support to the ring, consistent with practical re- 
strictions to be discussed. 

This assumption reflects the observation that it is more economi- 


2“*Rules for Construction of Unfired Pressure Vessels,” 
VIII, ASME, 1949 — pp. 160-176, inclusive. 
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cal to use material in the hub as a source of strength than it is to 
use the same material in the ring. 

The first assumption may be expressed by setting f exactly 
equal to unity. When B and g are considered known quantities, 
a description of this condition is the following: As g, increases 
from the minimum value of go, the required hub length A in- 
creases from its minimum value of zero. The slope of the hub 
expressed as (g; — go)/h also i s with increasing value of g; 
until the maximum slope of 1:4 permitted by the Code is reached. 
At this point of maximum slope, the hub will be lending its maxi- 
mum support to the ring, which is the condition expressed by the 
second assumption. These two conditions of uniform stress and 
maximum slope define the hub shape completely. The hub thick- 
ness corresponding to these relations is plotted against the known 
ratio of VV B/goin Fig. 2. The hub length may be obtained from 
the relationship, h = 4(g: — go) 


Fic. 2 Economic Hus or Tapereo-Hus FLanoes 


Flanges designed to these proportions have generally been 
found, by experience, to be low-cost structures. It is important 
to realize, however, that for high values of Vv B/qo the selection of 
a tapered-hub flange is not justified economically. Recourse is 
usually made to the lower-cost (in this range) slip-on flange with- 
out ahub. At the other extreme, i.e, low values of VB/9o, the 
tatio of g:/go becomes small and, at some point, it is better eco- 
nomically to use a straight-hubbed flange. The approximate range 
for application of the tapered-hub flange is from a value of Vv B/g 
of 5 to 8, but there is no sharp dividing line, and border cases re- 
quire a detailed analysis. 

CALCULATION oF STRESSES lade 


The stress equations may now be written fae 
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4F 
= 1+ = — }. 
3 
With the hub dimensions recommended in previous para- 
graphs, the values of F and V given by the charts in Fig. UA-5 
of the ASME Code prove to be functions of \/B/g. Thus Ni, 


N2, and N; can be plotted as functions of the two variables B/g 
and t/go, and are so presented in Figs. 3, 4, and 5, respectively. 


APPLICATION TO OTHER FLANGE TyPEs 


In the case of a flange with a straight hub (g; = go), the values of 
F and V are constant. Figs. 6, 7, and 8 present the values of N,, 
and N, for this important case. 

Fig. UA-3 of the ASME Code depicts flanges with a welded hub. 
These flanges act with the sheil as a unit and are in reality integral 
flanges. The same analysis given for the tapered-hub flange and 
the straight-hubbed flange may be applied here with a slight 
modification. The following restrictions must apply: 


1 The leg dimension of the welded hub is set exactly equal to 
290 This is the minimum allowed by the Code. Moreover, in 
normal design the weld is usually kept at this minimum to reduce 
the moment arm of the bolt load. 

2 The analysis is restricted to those cases where the shell 
thickness is equal to or greater than '/,in. This is done to make 
use of the minimum weld dimension specified by the Code. 


With these restrictions, the following relationships are true 
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It is possible then by use of zhe ASME Code charts to express 


f, F, and V as functions of VB/o. In this case, however, 
Equation [5] must be rewritten as 


Graphs are not presented here for this particular case but may 
be constructed in a manner similar to the graphs in this paper. 
In the course of doing this, however, it will be necessary to develop 
fasa function of V B/q. 


EXAMPLE 


As an example, consider the following flange problem: A shell 
32 in. ID X '/: in. thick is to be fitted with a tapered-hub flange. 
A moment of 40,000 in-Ib per in. of inner diameter is produced by 
thirty-six 1*/,-in-diam bolts. R = 1"/sin., = 


VB/g = 8, = 2.5 (Fig. 2), = 1/,in., h = Bin. 


A = 32 + + + = 41 in. 
K = "/y, = 1.28 
T = 180.2 = 4.22, Y = 806,U = 890 
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A value of ¢ is now assumed, and the corresponding stresses are m ae 20 _ : 
calculated. For instance, if t is taken equal to 4 in. Se x 1.97 2540 pei (Equation [6}) 
= 8.05 — 4.22 2°) = 9430 psi (Equation [7]) 
Ni = 1.75 (Fig. 3) oie efron 4 1.97 
N; 8.9 (Fig. 4) 4 If the calculated stresses should show the value originally as- 
2.0 (Fig. 5) a: apa sumed for ¢ to be incorrect, the assumed value can be adjusted 
a new calculation made. This is a trial-and-error procedure, 
hut unlike other design methods, the values of g, and A remain as 
‘originally fixed, and the only variable that requires adjustment is 
the ring thickness ¢. The charts of Ni, Ns, and Ns simplify and 
owe: _ shorten the actual work of stress calculation and may help to in- 
= 13,000 pei (Equation (5) 
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Discussion 


J. E. Larran.* The author is to be complimented for a helpful 
contribution to the subject of flange design. Designers will 
always be appreciative of methods which enable them to eliminate 
time-consuming operations. By fixing the values of two variables, 
the author’s methad reduces the number of trial-and-error ap- 
proaches required. However, it is restricted to flange designs 
involving straight hubs or a hub taper of 1:4. 

It is not always feasible or desirable to limit the hub taper to 
1:4. A series of calculations recently made by the writer re- 
vealed that a hub taper of 1:3 produced a flange of minimum 
weight, minimum flange thickness, and minimum over-all height 
for the conditions involved. It appears, therefore, that a more 
general procedure which will permit varying degrees of hub taper 
is desirable. The writer and his associates have been working 
with J. J. Murphy to develop a more general form. This method 
has been published recently.‘ 

The author in the section dealing with hub dimensions refers to 
his Fig. 2, and leaves the impression that the tapered-hub design is 
only economical when the effective hub height, as expressed by 
the ratio V B/qo, falls within the range of 5-8. This statement is 
certain to be misleading and in many cases highly inaccurate. 

Good designers recognize the desirability of employing con- 
struction details that make use of the butt weld as contrasted 
with the fillet weld wherever possible, and the desirability of pro- 
viding properly proportioned transition sections between ele- 
ments of radically different thickness, as in the case of the relative 
thickness between shell and flange ring. 

All too frequently designers overlook the fact that in a majority 
of cases a ring unsupported by a hub section will be thicker than 
the ring of a properly designed tapered-hub flange. They also 
fail to evaluate such factors as the reduced shell length that ac- 
companies the use of the tapered hub; the reduced volume of de- 
posited weld metal; the avoidance of weld spatter on gasket 
faces; the elimination of warpage, etc. In addition, the butt-weld 
attachment provides a construction detail which is susceptible to 
radiographic examination whereas the attachment of a ring sec- 
tion cannot be radiographed. 

There are many designs in which the optimum hub height falls 
below the range indicated by the author, but where the tapered- 
hub flange has been used economically and with great advantage 
in construction detail. Although the majority of special flange 
designs can be expected to fall within the range of Fig. 2 of the 
paper, it is our experience that the applicability of a tapered-hub 
flange is in no way limited by the value of /B/go. 

Aside from the question of economics, it should be remembered 
that the bending moments in the ring flange are transmitted 
directly through the weld into the pipe wall, whereas in the case 
of the hubbed flange a more gradual transition is possible, and 
there is greater assurance of soundness and lack of stress concen- 
tration. Therefore it is recommended that flange designers 
thoroughly consider all of the items involved in relation to the 
intended service before deciding upon the flange type best suited 
for their needs. The hubbed flange offers the best stress distribu- 
tion and when all factors are considered is usually the most 
economical. 


J.D. Mattimore.’ This paper aims at effecting a simplifica- 
- tion in the design of special flanges by the selection of specific hub 
* Standards Engineer, Taylor Forge & Pipe Works, Chicago, Ill. 
ASME. 
4“Modern Flange Design,” 
Works, third edition, 1950. 
a * Chief Engineer, Product Engineering and Research Department, 
- Tube Turns, Inc., Louisville, Ky. Mem. ASME. 
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proportions which are stated to lead to maximumeconomy. Un- 
doubtedly, the use of the author’s procedure saves considerable 
computation labor, especially if there are a substantial number of 
flanges to be designed. The question what is the most economical 
flange for given conditions cannot be given an unqualified answer, 
since the cost of the flange depends to a certain measure upon its 
size and method of manufacture in addition to theoretical con- 
siderations such as the author appears to have had in mind. 
This is not to say that the author’s experience of what is economi- 
cal is not as good a criterion as any, since a large number of esti- 
mates would be required to establish the point more definitely. 

However, since such flanges are frequently part of vessels the 
value of which is considerably greater than that of the flanges, 
there may be some question about basing the method on a value 
of f = 1. Even though the Code permits designing a flange so 
that f = 1 (or, stated otherwise, so that the bending stress due to 
bolting is the same at either end of the hub), the writer believes it 
desirable to work to f < 1, ie., to select the proportions so that 
the stress at the large end of the hub controls, for the following 
reasons: 


1 The moment lever arm is somewhat greater at the small end 
of the hub than it is at the large end (the Code does not take this 
into consideration). In the example shown in the paper, the 
moment arm from the center of the boltholes to the center of the 
hub is 2'/; in. at the large end and 3'/, in. at the small end, which 
produces an increase of 25 per cent in that portion of the moment 
which is due to the internal pressure acting on the ID of the flange. 

2 Any small reduction in the thickness at the small] end from 
the calculated value, owing to corrosion or other causes, will result 
in a relatively large increase in the f-factor. 

3 The small end of the hub already carries a longitudinal 
pressure stress equal to one half the allowable stress, where, as is 
usual, the shell has been designed to the limiting stress. 

4 The weld is directly at the smal] end of the hub in the con- 
templated design, and, while this is generally at least as strong as 
the parent metal, its quality is dependent on the possibility of 
human error. 


In so far as the hub taper of 1:4 is concerned, this, in general, 
produces very satisfactory hub proportions, although for some 
conditions a sharper taper, of the order of 1:3, will produce a 
more economical flange, even though a cylindrical tangent of 1.5 
go length has to be added to comply with the Code. 


J. J. Murpny.* A good practical method to guide the first 
assumptions of hub thickness, length, and flange thickness is 
needed not only by the designer of occasional flanges but also by 
the experienced designer. The procedure developed by the 
author undoubtedly will be of assistance but flange proportions 
and design conditions vary widely, and test application to various 
flanges already designed indicates that it will not be suitable in 
many cases. 

We have long realized the desirability of providing guidance to 
the designer and have investigated various ways of accomplishing 
it. The first promising approach was one somewhat similar to 
that presented in this paper in that it involved establishing g,/go 
and A to maintain f equal tounity. Upon testing on a variety of 
designs it was not uniformly satisfactory. The weakness in the 
approach was that no account was taken of the moment applied to 
the flange in estimating g:. The procedure outlined by the 
author has this same deficiency, although it probably will give 
satisfactory results in many cases, 

Reasoning that the hub and flange thicknesses of a well-de- 
signed integral flange could be related to the thickness of a loose- 
ring flange (which can be readily calculated in the early stage of 


*M.W. a Company, Jersey City, N. J. 
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design ), a study of many designs with widely different dimensions 
and loadings was made in co-operation with F. 8. G. Williams of 
Taylor Forge and Pipe Works. Asa result of this study and trial 
application to widely different designs, the following approach 
was developed to guide the designer in selecting his initial values 
of g,, h, and t after the gasket, bolting, and design moment have 
been 


Determine h/+/ Bg: from Fig. UA-51.6 of the 1950 ASME 
Unfired Pressure Vessel Code for f = 1 by entering with g,/go. 
This will establish the value of h. 

Before Equation {13} can be applied it is necessary to assume 
some preliminary value for g; so that the gasket, bolting, and ap- 
proximate design moment can be established. Assuming g, equal 
to 2ge for ge up to 1'/: in. and 1'/s go for go exceeding 1'/; in. is 
suggested for this purpose. Adjustment of the assumed value 
can then be made after Equation [13] is used. 

In the foregoing S is the allowable flange design stress and other 
symbols are as defined in the paper. The term VY MY/S is the 
thickness required for a loose-ring flange. 

Equations [13] and [14], herewith, are empirical, and it is nec- 
essary to check the design by the Code formulas. As in the 
author’s method, if calculated stresses are not satisfactory they 
generally can be corrected by a slight readjustment of ¢. 

Values of g, slightly different from that resulting from Equation 
{13] can be used and stil! give a well-proportioned flange. For g, 
values not greatly different from Equation [13], the following 
alternative to Equation [14] has been found to give a reasona- 
bly good estimate for! 


This reduces to Equation [14] when Equation [13] is used for g;. 
If g; calculates less than go by Equation [13], it would indicate 
that a tapered hub is not necessary and that g, could be taken 
equal to go. 

Test application to various flanges indicates the method sug- 
gested in this discussion will yield satisfactory results in a greater 
variety of cases than the method in the paper. For the example 
given in the paper, the method gives (assuming a design stress = 
11,000 psi) 

= 1.34 in.,h = 3'/,in., = 3.9 in. 
which differs only slightly from the result in the paper. 

As a further comparison, assume that the flange of the example 
had an applied moment of only 20,000 in-lb per in. The author's 
method gives the same values of g, and A whereas the approach 
just outlined gives 


= lin., = 2'/in., = in. 


This is a slight indication of the greater flexibility of the sug- 
gested approach but in other cases investigated there is much 
greater variation in the results of the two methods. For several 
smal]-diameter high-pressure flanges and for very large-diameter 
low-pressure flanges, the author’s approach proved misleading 
whereas the method suggested herein still gave reasonably good 
results in the test cases assumed. 

Although we have attempted to spot check the method sug- 
gested herein over the possible range of integral-flange applica- 


tions, it has not been in usage long enough to know whether there 
will be exceptions. Results thus far indicate that the estimated 
values are sufficiently close so that final adjustment can be made 
readily. In some cases it will be advantageous to make a final 
slight upward or downward adjustment of g, as well as ¢ in order 
to improve the balance between flange and hub proportions. 
The method is simple to use and provides an estimate of ¢ as well as 
g:. Future usage may indicate that improved results can be ob- 
tained by adjusting the constants in the equations, == 
ad 

The paper was written to provide the designer with a means of 
obtaining rapid solutions to specific flange problems. Conse- 
quently, the development was treated briefly so that the mechan- 
ies of the solution could be emphasized. To cover this background 
and incidentally, to answer points in detail raised in the discus- 
sions, a disproportionate amount of space would be required_ 
Nevertheless, the following paragraphs do indicate the more 
salient features in the development. 

It should be understood that two related but separate themes 
were presented: the method of calculation, and the economical 
hub shape for a tapered-hub flange. For the present purpose 
these themes may best be treated separately. 

The method of calculation presented is a simple algebraic- 

j graphical solution of the ASME flange stress equations. For the 
straight-hubbed flange (one unknown ¢) the method provides a 
solution free of any restrictions; for the slip-on flange of rec- 
tangular ring section with a welded hub the solution is restricted 
only by those conditions specified in the code and given in the 
paper; for the tapered-hub flange (three unknowns ¢, g:, and h) 
two conditions must be set to have a singular solution. Although 
the graphs presented in the paper for the tapered hub flange are 
based on f = 1 and (g: — go)/h = 1/4, the method can be applied 
as easily with f and (g, — go)/h equa] to any constant or to any 
function of B/go; the graphs, of course, would have to be re- 
drawn for the new conditions. 

The dimensionless ratio \V B/go was chosen as a parameter pri- 
marily because it enters easily into all flange calculations. Also, 
it is a known ratio which may be computed from the stress 
formula for the shell, that is 
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B/g 


The author has found it to be good practice to use the exact 
value of B/go computed from Equation [16] in all calculations. 
The resulting design will then, when an integral value is finally 
used for the shell thickness, have an equal corrosion allowance 
through the shell and flange. It is worth noting that the ratio 
B/g is inversely proportional to the design pressure. Moreover, 
the moment in a well-designed flange (except for the discrete 
jumps caused by changes in bolt size) is directly proportional. . 
to the pressure. Therefore the ratio B/go is inversely propor- 
tional to the moment. The objection by Mr. Murphy that the 
_ method is insensitive to the moment i: therefore not valid. 


_ Correspondingly, in the example given by Mr. Seay, where 


the moment is 20,000 in. Ib/in., the value of V /B/ge would be 
= 2, not 8. 

Economically, the diameter-thickness ratio is important in 
considering the applicability of various flange types. When the 
ratio V B/qis very small, due to high pressures, the necessarily 
large bolt force is the controlling factor in the flange design. Ulti- 
mately, to reduce the effect of the moment caused by this force 
it is necessary to use a value of g; equal to go so as to obtain the 
smallest possible moment arm. Thus the straight-hubbed flange 
is almost 
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As the ratio VV B/go increases from this extreme, (pressure de- 
creasing) it becomes desirable to use a tapered-hubbed flange. 
The tapered hub lends support to the ring, at the expense of a 
somewhat greater moment arm, permitting a reduction in the 
over-all weight and cost of the forging. Analysis shows that a 
hub slope of 1:4 is most advantageous here; it lends the maximum 
support to the ring consistent within the code restrictions. Slopes 
less than 1:4 cause a costly increase of hub length with little 
additional strength. 

Messrs. Lattan and Mattimore have referred to instances 
wherein a hub slope of 1:3 produces a more economical flange 
even though a cylindrical tangent of 1.5 go must be added to 
comply with the code. The following comparison shows this to 
be true only beyond the limits recommended in the paper. 
First of all, for any particular value of g:/go the 1:4 tapered hub 
will be stronger than the 1:3 tapered hub for two reasons; (1) 
there is more material in the effective hub, and (2) for any shell 
diameter and thickness, the value of f is always smaller. In the 
range of design where g:/go is less than 2.5 the 1:4 tapered hub is 
stronger and of less over-all length than the 1:3 hub with the 
sudded straight section. For values of g:/go in excess of 2.5, the 
1:3 tapered hub is shorter in length than the 1:4 tapered hub. 
Therefore, in this restricted range, despite its lower strength, 
the 1:3 taper is a candidate for use. Reference to Fig. 2 of the 
paper will show this critical value of 9:/go of 215 corresponds to a 

B/go value of 8—the approximate upper limit for the 1:4 ta- 
pered hub flange. 

The foregoing would indicate the field of usefulness for a 1:3 
tapered hub flange is where the ratio VB /go exceeds 8. This is 
indeed the case when the structural features of this type of flange 
are important. In practice, however, the author has found the 
use of this flange type to be justified only when the slip-on flange 
with a welded hal cannot. be used. The reagon for this i is that 
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the material used with the slip-on flange is either cut from plate 
or made from a rolled ring—a material that is more readily availa- 
ble and less costly than the forged material necessary in the 
tapered-hub flange. Moreover, the bolt circle may be decreased 
with a corresponding reduction in the moment acting on the 
flange. On the other hand, the costs of flanges are subject to 
many manufacturing variables, so that the designer should 
compare the merits and economics of both designs in the upper 
range of \/ B/g: before making his choice. 

In reference to the discussion of Mr. Mattimore, the author 
feels that there may be some merit in making f smaller than 1. 
Nevertheless, there are some arguments that may be presented 
for the usual practice of setting f equal to or greater than 1: 


1 If for some reason stresses on the hub should reach the yield 
point, yielding would start at the small end of the hub allowing 
the major portion of the hub to still lend support to the ring. 

2 Economically, when the hub stress is controlling, a penalty is 
paid for setting f less than 1. The values of F and V are neces- 
sarily smaller than when f is equal to 1 thus contributing to a 
greater hub stress. 

Mr. Murphy proposes a method wherein he has given one 
equation for t and another for g;. In addition, f is set equal to 
unity. The controlling stress equation becomes a fourth equa- 
tion. Thus there are four equations available to solve for three 
unknowns. This accounts for the flexibility in the method in 
that it provides three solutions to the problem dependent upon 
which set of equations the designer selects. If one attempts 
to make these equations consistent it is found that the ratio t/g, 
is equal to a function of K, that is, t/g, = 1.03 VY = function of 
K. The ratio t/g is, therefore, largely dependent upon the bolt 
size selected. This method, at best, can furnish a rough first ap- 
proximation to the design and does not materially shorten the 
labor of the bt 
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Formula for 


By W. 


The so-called Lamé formula, either in its true form, or 
in an equivalent but less complex modified form, is ad- 
vanced as the most suitable formula for the design of pipe 
that is stressed in the elastic range by internal pressure. 
In the creep range, the use of the Bailey-Nadai formula 
is proposed, and it is shown that the so-called Lame 
formula in either form is a good approximation of the 
Bailey-Nadai formula. In the selection of these two 
formulas, the so-called Lamé formula and the Bailey- 
Nadai formula, an examination has been made of the 
common, average (membrane), Barlow, Clavarino, Guest, 
Beltrami, and von Mises formulas. The origin and mean- 
ing of all of these expressi are di d. Their signifi- 
cance for design purposes is explained, and their rela- 
tionship to the so-called Lamé formula is demonstrated. 
The need for additional pure shear experimental data on 
creep and on stress rupture is emphasized. 


NOMENCLATURE 
» following nomenclature is used in the paper: 


= internal pressure, psi 
3 = design stress, allowable working stress, or tensile stress 
in tensile test specimen, psi 
= radial stress at point in cylinder wall, psi 
circumferential (tangential) stress at point in cylinder 
wall, psi 
axial (longitudinal) stress at point in cylinder wall, psi 
major principal shear stress at point in cylinder wall, 
psi 
= radial stress at inner surface of cylinder wall, psi 
. = circumferential] (tangential) stress at inner surface of 
cylinder wall, psi 
axial (longitudinal) stress at inner surface of cylinder 
wall, psi 
major principal) shear stress at inner surface of cylinder 
wall, psi 
outside diameter of cylinder, in. 
inside diameter of cylinder, in. 
radial distance of point in cylinder wall from axis of 
cylinder, in. 
T = thickness of cylinder wall, in. 
€, = radial strain at point in cylinder wall, in. per in. 
€, = circumferential (tangential) strain at point in cylinder 
wall, in. per in 

| This investigation was made as a part of the work of currently 
revising ASA B31, Code for Pressure Piping, Section 3, Oil Piping. 

* Inspection Supervisor, Whiting Refinery, Standard Oil Com- 
pany (Indiana). Jun. ASME. 

2 Assistant Chief Engineer, Whiting 
Company (Indiana). 

Contributed by the Petroleum Division and the Boiler Code 
C and pr d at the Annual Meeting, New York, N. Y., 
November 26-December 1, 1950, of Tae American Society or 
MECHANICAL ENGINEERS. 

Nore: Statements and opinions advanced in papers are to be 
understood as individual expressions of their authors and not those 
of the Society. Manuscript received at ASME Headquarters, 
October 26, 1950. Paper No. 50-—A-62. 
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€, = axial (longitudinal) strain at point in cylinder wall, 

in. per in. 

C, = major principal shear strain, during creep, at point in 
cylinder wall, per cent (related to major principal 
shear stress, S,) 

= circumferential (diametral) strain, during creep, at 
point in cylinder wall, per cent 

= axial strain, during creep, in tensile test specimen, gl 


cent 
W = radial displacement of point in cylinder wall, in. a f 


b 


Cr 


C,, C: = constants of integration 
# = Poisson’s ratio, assumed equal to 0.3 for steel 
n = exponent in analytical expression for shear stress-strain 
relationship 
B = (2/n) 
A = coefficient in analytical expression for shear stress-strain 
relationship 


INTRODUCTION 


| The so-called Lamé formula, either in fundamental or modified 
form, is a design formula for cylindrical structures that are sub- 
jected to internal pressure. In fundamental form it is used by 
the API-ASME Code for Unfired Pressure Vessels as an alternative 
design formula, and by the Bureau of Mines for proportioning 
piping for use in coal hydrogenation. The modified form is a 
satisfactory approximation of the fundamental form, and because 
of its greater simplicity is much more suitable for engineering 
calculations. It is used in such codes and standards as the 
ASME Code for Unfired Pressure Vessels, the ASA B16e Standard 
for Steel Pipe Flanges and Flanged Fittings, and the ASA B31 
Code for Pressure Piping. Discussion at the time the so-called 
Lamé formula in modified form was chosen by Subcommittee 3, 
Oil Piping, of ASA Committee B31, Code for Pressure Piping, 
indicated a need for review of the origin of the Lamé formula and 
an explanation of its significance relative to that of a number of 
other formulas formerly used with confidence. 


Lamé Formuia 


Gabriel Lamé (1795-1870) published his solution for pressure- 
load, elastic stresses in uniformly thick, hollow cylinders in his 
Lecons (1)* in Paris in 1852. His analysis is based upon the 
following assumptions: 

1 The state of elastic stress considered is that which exists 
at and near the central portion of an infinitely long, closed-end 
cylinder under pressure load. 

2 The end closures of the cylinder, regardless of their form, 
are presumed to be too remote from the central portion to produce 
there any discontinuity effect on the state of direct axial stress. 

3 The central portion of the cylinder is regarded as sufficiently 
distant from the ends so that the direct axial stress in the central 
portion has become uniformly distributed. 


The third of the preceding assumptions seems to have been 
unnecessary (2). 

Lamé’s results give the three principal stresses at any point in 
the cylinder wall. Confined to internal pressure load, the formu- 
las are as follows 


* Numbers in parentheses refer to the Bibliography at the end of 
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Circumferential stress 


S,=P 


p + 


Radial stress 


arranged in the order of major, intermediate, and minor principal 
stresses. Under internal pressure load, the circumferential stress 
is tensile, increasing from the outer to the inner wall surface; the 
axial stress is tensile and is constant throughout the wall thick- 
ness; the radial stress is compressive, decreasing from a value 
equal to the internal pressure load at the inner wall surface to 
zero at the outer wall surface. Thus the point where these 
stresses are most critical is at the inner wall surface where they 
obviously are 


S,=P 


i 


While these six formulas are all Lamé formulas, only the first 
one of the preceding three, Equation [4], is usually referred to in 
engineering design work as Lamé’s formula. In this paper it will 
be designated as the so-called Lamé formula, and will be written, 
following custom, as | 

(Dt + a) 
S= D?— 

( 
or in an equivalent form. It estimates the value of the greatest 
of the major principal elastic stresses, the circumferential stress 
at the inner surface of the cylinder wall. In contrast with many 
formulas that predict artificial stress values, this so-called Lamé 
formula theoretically predicts values of stresses which actually 
exist at the inner wal! surface under elastic conditions and inter- 
nal pressure load, and this prediction can be verified by the use 
of such means as SR-4 gages. For this reason, because these 
are stresses that can be verified experimentally, the so-called 
Lamé formula has been used quite generally as a design formula 
for cylindrical structures subjected to internal pressure. 


Farture THEORIES 


Mention of a design formula implies at once the existence of a 
design stress. In ductile materials it has been customary to 
set the elastic design stress at one fourth or one fifth of the nomi- 
nal minimum u!timate tensile strength of the material, based on 
results of standardized uniaxial tensile tests. But in most struc- 
tures the actual elastic-stress distribution is triaxial. Efforts to 
correlate the uniaxial criterion with triaxial conditions has given 
rise to a number of proposed solutions usually referred to as 
failure theories (3). Specifically these theories attempt to de- 
rive from the three principal stresses of the triaxial distribution 
a single artificial stress equivalent, and exactly comparable in 


* It is expected that Prof. R. G. Sturm, Purdue University, will 
soon publish these results as a part of the Pressure Vessel Research 
Committee, New York, experimental test program that will serve as 
a check of the earlier results of Cook and Robertson (14). 


ment authorities as to which, if'e any, is the most 
of these failure theories, nevertheless their application to the __ 


design of cylindrical structures under internal pressure load will 
be considered here because such application has resulted in Be 


origin and true significance are obscured by their having been 
named for some famous authority. These failure-theory formulas 
will be discussed briefly following mention of three well-known — 
approximate formulas derived largely from considerations a 
static equilibrium. 

In order to compare results of these several formulas, pre- 
viously given or to be discussed, each will be exhibited in dimen- — 
sionless form. The so-called Lamé formula, Equation [7], in this 
dimensionless form is 


number of well-known and popular design formulas whose a 


(D/T)—-1 
0.5(D/T)* —(D/T) +1 


(P/S) = 


Common, AVERAGE, AND BaRLow ForRMULAS 


Probably the best-known of the approximate formulas, the : 


“eommon”’ formula (4), assumes a uniform distribution of cir- 
cumferential stress on the section between the inner and outer 
wall surfaces. Therefore, because of this uniformity, the deriva- 


tion rests on static equilibrium between internal pressure load _ 


and circumferential tension. The formula is 


1 
(P/S) = 1 


But the so-called Lamé formula gives a circumferential stress 


higher on the inner wall surface then on the outer wall surface, _ 


and, therefore, higher than the uniform circumferential stress 
predicted by the common formula. 
stance, an attempt has been made to rectify the “common” for- _ 
mula by the assumption that the internal pressure acts on the aver- 


age diameter or on the outside diameter rather than on the inside es 


Because of this circum- epi 


diameter, although this latter condition is, of course, the true prio 


one. These rectifications produce the “average” formula (5) 


1 
0.5(D/T) — 0.5 ws 


and the well-known Barlow formula (4) a sae 

= - 
(P/S) 0.D/T) 


FarLure-THeory FormMuLas 


Another formula, much used in the design of cylindrical struc 


tures, is Clavarino’s formula (4). Haven and Swett (5) and 


others have stated that Clavarino’s formula is to be preferred to | ie : 


the so-called Lamé formula because Clavarino’s formula gives the 
true stress, and makes use of Poisson’s ratio neglected (they say) 
by the so-called Lamé formula. Nothing could be further from | 
the truth than these statements. Actually, the term true stress — 
refers to an artificial stress obtained through the use of Ponce-~— 
let’s and Saint Venant’s maximum-strain theory of failure ap- 
plied to Lamé’s three formulas for the principal stresses at the 
inner surface of the cylinder, Equations [4], [5], and [6]. The 
so-called Lamé formula, Equation [4], does not neglect anything. 
It is the result of Lamé’s exact analysis, employing Poisson’s 
ratio. It is, significantly, one of the three Lamé formulas from 
which Clavarino’s formula is developed by means of the maxi- 
mum-strain theory of failure, now questionable because of the 
lack of definite experimental confirmation shown as early as 1888 
by H. Wehage (3, 7). Thus it is Clavarino’s formula that is 
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doubtful, not the Lamé formulas, and the doubt arises from the 
questionable failure theory basis of utilizing the three Lamé 
formulas, and not from the three Lamé formulas themselves. 
Further proof of these statements lies in the actual derivation of 
Clavarino’s formula, which is (3) 


This leads to the dimensionless form 
(D/T) 
P/S) = —— 
(P/8) 0.425(D/T)* — 0.4(D/T) + 0.4 
which is algebraically equivalent to the ordinarily published form 
of Clavarino’s formula (4) if Poisson’s ratio is assumed to equal 
0.3. 
Using the maximum-shear theory of failure, proposed by 
Coulomb and Guest (3), a formula usually known as Guest’s 
formula is derived from the relationship 


8 =S,_,—S,_... 
which, as before, leads to the dimensionless form 


Using the maximum strain-energy theory of failure, proposed 
by Beltrami and Haigh (3), another failure-type formula, usually 
called Beltrami’s formula, is obtained from the relationship 


Ss = [S*,_, + + 2u(S,_,S,_. + 


+ . [16] 


which leads to the dimensionless form 


(P/S) = ((D/T) — 1}{0.2375(D/T)* — 0.6(D/T)* 
+ 1.8(D/T)* —2.4(D/T) + 1.2)... . [17] 
if Poisson’s ratio is assumed to equal 0.3. 

Lastly, by using the modified maximum strain-energy theory 
of failure, proposed by Hiiber, by Hencky, and by von Mises 
(3), a third failure-type formula, usually known as von 
Mises’ formula, is obtained from the relationship 


S= (0.5(S,_. + 0.5(S,_, 


which, as before, leads to the dimensionless form 


_(D/T)—1 _ 
(P/8) = 


There is another theory of failure, the maximum-stress theory 
of failure, proposed by Rankine and Lamé. Its use results in a 


5 - formula identical to the so-called Lamé formula. But this fact 


has had nothing whatsoever to do with the recommendation here 
of the so-called Lamé formulas as a design formula. It was se- 
lected because, as previously stated, the so-called Lamé formula 
predicts the existing measurable circumferential stress on the 
inner wall surface, and not because it might predict elastic failure 
in the cylinder as Rankine and Lamé thought. The so-called 
Lamé formula is recommended here because it is important for 
many reasons to know what stress really exists, This knowledge 


_ is eertainly much more valuable than any knowledge of some 


artificial stress whose origin is not only questionable but probably 
unknown to the majority of users of the formula. When and if 
some failure theory becomes acceptable and accepted, then its 
results might better be applied to tabulated values of design 


stresses than to design formulas so that the design formula can 
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very well remain the so-called Lamé formula without change. 
For example, if von Mises’ formula is eventually accepted, its 
application to tabulated design stresses can be expressed as 
a design stress alteration as follows: 

Per cent change of design stress predicted by von Mises’ theory 
of failure 

(D/T)* — 2AD/T) + 2 


CoMPARISON OF ForMULA ResuLts 


A comparison of the stresses predicted by the formulas pre- 
viously presented is given in Table 1 where P/S values are tabu- 
lated for selected D/T values ranging from 5 to 200. In any 
column of this table, higher values of P/S are less conservative 
than lower values. For large values of D/T, it will be observed 
that there is very little advantage to be gained by the use of any 
one formula in preference to another. The per cent design stress 
alteration predicted by von Mises’ theory of failure is given in 
Table 2. 


TABLE 1 VALUES OF P/S FROM VARIOUS FORMULAS 
D/T VALUES IN THE PRACTICAL RANGE 5 TO 200 


FOR 


FORMULA 


SO-CALLED 
| MODIFIED 
COMMON - 
| AVERAGE 
| BARLOW 
CLAVARINO 
| GUEST 
 BELTRAMI 
VON MISES 


.111 04170204 101 | 
500.400.333.222 .105 |.0408 0202! .0101 | 
|.400.333.. 286.200, .100 400.0200, 0100 | 
443.376 .325).231) .117 0118 
.103 |0412|.0206 103 


.370|.321). 282.208, .109 04530229 0115 


TABLE2 V ALG = OF PER CENT CHANGE IN CURREN 
STRESSES FR VON MISES’ FORMULA FOR D/ 
THE PRACTICAL RANGE 5 TO 200 

OF 


6 


VALUES OF D/T 
10 | 20 | 50 | 100 | 200 
27.4 —19.9—14.7 +4.3+9.9+11.6 +12.5) 


Mopirtep Lamé Formu ia 


The significance of the so-called Lamé formula has now been 
established relative to other formulas. But the objection of ite 
complexity in use has not been discussed. However, Dr. H. C. 
Boardman (8) has been able to overcome this objection by the 
introduction of a simplified empirical formula, the modified 
Lamé formula, which duplicates the results of the so-called Lamé 
formula with an error not more than plus or minus 1 per 
cent for the range D/T' equal to 5 or greater, which is the entire 
useful range. In fact, for D/T equal to 6 or greater, the error is 
entirely on the safe side. This very close duplication is shown 
clearly by values given in Table 1 for the so-called Lamé formula 
and for tho meal modified Lamé formula, which is 

(P/S) = — 0A 
Comparison of Equations [8) and [21] shows the greater sim- 
plicity of the modified Lamé formula. 


0 
VALUES OF P/S 
VALUES 
5 | 6 20| So | 100| 200 
|.385,.324 .220, .105 |.0408 0202! .0100 
— 
| 
Ke 
IGN 
YALUES IN 
| 
= — 
Li 
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Bamuey-Napar Formvua 

The propriety of the use of the so-called Lamé formula for the 
design of cylinders under elastic conditions and internal pressure 
load, and the reasonableness of the substitution of the simple 
and more practical modified Lamé formula for the more com- 
plicated so-called Lamé formula, have now been discussed. But 
there still remains the problem of considering a design formula to 
be used under conditions of high temperature and internal pres- 
* gure load where a plastic instead of an elastic state of stress dis- 
tribution exists in the cylinder wall. There appears to be no 
unanimous opinion on how to proceed under these conditions 
although several methods are in use. However, the following 
ideas, assumptions, procedures, and conclusions have evolved 
in the study of the high-temperature design problem: 


Creep-Deformation Criterion: 

1 An arbitrary limiting plastic deformation (limiting creep) 
is the design criterion most generally employed. Usually this is 
established as 1 per cent or less in the life of the equipment, 
which is often assumed to be 100,000 hr. 

2 The stresses that produce this arbitrary limiting plastic 
deformation in a tensile specimen at various elevated tempera- 
tures have been determined by means of standardized uniaxial 
tensile tests. 

3 The mechanism of plastic deformation in the wall of a cyl- 
inder subjected to an internal pressure load’ at elevated tem- 
peratures seems to be different from the mechanism of plastic 
deformation in a standardized uniaxial tensile specimen tested at 
elevated temperatures. Although all plastic deformation ap- 
pears to be a shear phenomenon, the plastic deformation in a 
cylinder wall is due to a state of pure shear, whereas the plastic 
deformation in a uniaxial tensile specimen is due to a state of 
simple tension. Therefore it seems quite obvious that the re- 
sults of uniaxial tensile-creep tests cannot logically -be applied 
directly to the design of cylinders without some modifications. 

4 An effort has been made by R. W. Bailey (11) and others to 
evaluate and relate these two types of deformation, the one in the 
cylinder wall and the other in the tensile specimen. Apparently 
Bailey had recourse to Nadai’s (10) methods prior to 1931. Bai- 
ley’s results, in one of the possible forms of the Bailey-Nadai 
formula, are proposed here as a suitable analytical solution of the 
problem of the design of cylinders subjected to internal pressure 
at elevated temperatures. This proposal is made with the full 
understanding that more experimental creep data, especially 
pure shear - creep data, are needed before this formula can be 
used with complete confidence. Pure shear-creep data when 
obtained, either can be used directly in the Bailey-Nadai formula 
or can be used to rectify tensile-creep data so that the latter in 
altered form can be used in the formula. The source of the pure 
shear-creep data can be elevated temperature tests made either on 
closed-end cylinders subjected to interna] pressure loads or on 
circular solid bars subjected to torsion loads. 


Stress-Rupture Criterion: 

5 A few years ago Dr. C. L. Clark, his associates (9), and 
others introduced a second design criterion based upon the idea 
of stress rupture where, under certain conditions, failure (frac- 
ture) occurs before the arbitrary limiting plastic (creep) deforma- 
tion is reached. 

6 Load values producing tensile stress rupture at various 
elevated temperatures have been established by means of stand- 
ardized uniaxial tensile tests in a manner similar to that for 
determining arbitrary plastic deformation. 

7 Unlike the relationship between tensile and shear creep 
which has been established to a certain degree in the case of de- 
sign based on an arbitrary limiting plastic deformation, ™ condi 
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tionship of stress rupture in the tensile specimen to stress rupture 
in pure shear (as in the case of the cylinder wall) apparently 
has not been established by any logical means and, furthermore, 
the actual existence of such a relationship appears to be ques- 
tionable. Failure so far to establish a logical relationship either 
analytically or experimentally seems to leave a serious weakness 
in the theory of design of cylinders subjected to internal pressure 
load at elevated temperatures. Data on stress rupture in pure 
shear appear to be greatly needed. This part of the problem 
should receive immediate attention. 


Basis of Bailey-Nadai Formula: 


8 Consideration of stress distribution under plastic deforma- 
tion at elevated temperatures is usually based on the assumption 
that elastic deformations are so small when compared with plas- 
tic deformations that the effect of elastic stress distribution can 
be neglected. 

9 The assumption that plastic deformation at elevated tem- 
peratures occurs with negligible volume change is now generally 
accepted (10). 

10 The fact that closed-end cylinders under internal pressure 
load at elevated temperatures do not change in length during 
plastic deformation has been quite well established by Bailey (11), 
Soderberg (12), and others. 

11 The assumptions of plastic deformation without volume 
change and without length change (items 9 and 10, preceding) 
lead at once to the conclusion that a cylinder undergoes outward 
plastic deformation under internal pressure load at elevated 
temperatures without any change in sectional area. 

12 Geometrical considerations show that the assumption 
of no change in sectional area under plastic deformation (item 11, 
preceding) means that the inner wall surface of a cylinder is 
forced radially outward further than the outer wall surface. 

13. The general formula for twice the maximum shear stress 
serves as a criterion that can be used to predict radial deforma- 
tion. As shown in Fig. 1, values from this criterion formula 
vary across the wall thickness and are largest at the inner surface, 
confirming the relative deformations described in item 12. The 
Bailey-Nadai formula, which results from applying the criterion 
formula for twice the maximum shear stress to a point on the in- 
ner surface of the cylinder wall, therefore seems to be more justi- 
fied for use than the average stress method supported by some 
designers, because it is not obvious why an average stress would 
deform the inner surface radially outward more than the outer 
surface. 

14 Based on the assumptions of constant volume and constant 
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length, the development of the Bailey-Nadai formula (see Ap- 
_ pendix) shows that the magnitude of the diametra] (circum- 
_ ferential) creep is just one half that of the pure shear creep in a 
cylinder. This deduction rests on the fact that the principal shear 
_ strain equals the difference of the principal tensile strains, which 
are equal but opposite in sign, and it is entirely independent of 
- any assumed form of the shear-creep stress-strain relationship 
such as that used to develop Equation (22). 


CoNncLUSIONS 


15 If the Bailey-Nadai formula properly predicts the critical 
plastic deformation in cylinders subjected to internal pressure 
loads at elevated temperatures, then it seems reasonable to be- 
lieve that this formula also will prove to be suitable for relating 
tensile test specimen stress-rupture data to a criterion of stress- 

_ rupture failure in cylinders, when and if a basis for such a rela- 
tionship is established. 

16 As previously stated, it appears that additional experi- 
mental evidence is needed to substantiate further the deforma- 
tion theory, and that considerable experimental data are required 
to determine the relationship between uniaxial and multiaxial 

__ stress rupture or to increase the understanding of multiaxial stress 
‘rupture. 
The Bailey-Nadai formula, based upon a specific arbitrary 


_ shear stress-strain relationship, is (see Appendix for complete 


derivation) 
1 
[: 


An examination of the Appendix shows that a power function 


(P/S) = (P/2S,) = (1/8) | 1 — (22) 


pied - has been used in the particular analytical expression proposed by 


Bailey and Nadai and assumed here to represent the shear-creep 
stress-strain relationship. Bailey, in 1935, suggested 6 for the 

value of the exponent n in this power-function expression for 

carbon and low-alloy steels. From carbon-steel tensile-creep 
_ data given by Kanter and Spring (13) and rather roughly extra- 
polated in log-creep versus log-time co-ordinates as shown in the 
following tabulation: 


984-hr test, 10000 psi, 800 F; Cr 


= —1.99 + 0.271 Log, hr 
1008-hr test, 15000 psi, 800 F; Cr = 


—0.94 + 0.235 hr 
—2.07 + 0.341 Logy hr 
—1.61 + 0.317 Logy hr 


2736-hr test, 3000 psi, 1000 F; Cr 
137-hr test, 3500 psi, 1000 F; Cr 


it appears that for 100,000 hr the exponent n equals about 4.94 
for the 800 F extrapolations and about 5.08 for the 1000 F extra- 
polations. The average is, roughly, 5 and on the basis of this and 

other studies, 5 has been chosen here for the value of the exponent 
n (B = 0.4) used in the calculations, the results of which are 
shown in Table 3 and in Fig. 1. 


TABLE 3 VALUES OF P/S FROM BAILEY-NADAI AND LAME 
FORMULAS FOR D/T VALUES — PRACTICAL RANGE 5 TO 


VALUES OF P/S : 


FORMULA 


OF 
6|7 | 10] 20] so | 100 
BAILEY-NADAI 
MODIFIED LAME |.476 |.217/.104).0407 0202, 

SO-CALLED LAME].471 .220|.105|.0408 |.0202 


In the use of the Bailey-Nadai formula for estimating de- 
formation in the cylinder, it is to be noted, as previously stated, 
that the diametral (circumferential) creep is only one half of the 
shear creep. By assumption, shear creep and tensile creep are 


equal when the tensile or design stress is twice the shear stress, 
as it is by specific intent in the Bailey-Nadai formula. Hence, 
when the stress indicated by the Bailey-Nadai formula equals 
the tensile stress producing 1 per cent tensile creep, for example, 
then the diametral (circumferential) creep in a cylinder should be 
only '/; percent. Therefore the use of an increased design stress 
causing 2 per cent tensile creep will produce only the customary 
1 per cent diametral creep in a cylinder. This doubling of the 
tensile creep is attained by increasing the tensile stress by about 
15 per cent, because 1.15 raised to the n = 5 power equals 
about 2 (see Appendix). 

The results of the Bailey-Nadai formula, Equation [22], are 
set forth in Table 3 along with results for the so-called and for 
the modified Lamé formulas. Examination of these values in- 
dicates that the Lamé results closely approximate the Bailey- 
Nadai results and can be substituted for the latter with very little 
error when making actual calculations. 

Therefore, on the basis of present data, the modified Lamé 
formula appears to be well suited for use as a criterion equation 
for plastic (creep) conditions at elevated temperatures, as well 
as for elastic conditions as previously shown. 
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Appendix 


Bartey-Napal Stress FormMutas 

The following is a review of the development of stress rela- 
tionships for creep conditions at points remote from the ends 
of an infinitely long, closed end, uniformly thick, circular, hollow 
cylinder, with the load restricted to internal pressure. Three 
assumptions are made: 

1 Elastic strains can be neglected (10, p. 183). 

2 No volume change of metal (10, pp. 11 and 201). 

3 No change in cylinder length (10, p. 201; 11, pp. 328 and 
773, 1930; 12, pp. 770-771). 


The second assumption (no volume change) is expressed by 
€, + €, + €, 
The third assumption (no length change) is expressed by 


From Equations [23] and [24] it follows that 
= 


which shows that the state of strain in the hollow-cylinder wall is 
pure shear. 

The major principal shear stress, connected with this state 
of pure shear strain, at any point in the cylinder wall (not near the 
cylinder ends), is 


From the third rule of plasticity (10, p. 78), it follows that the 
corresponding principal shear strain is 


€é,— €, = 0.01C, 
and the relationship among the principal stresses is 
S, = 0.5 (S, + 8,) 


The complete solution of this problem rests on a knowledge 
of the relationship between S,, Equation [26], and C,, Equation 
(27). 

The radial and circumferential strains in the cylinder wall 
are, as usual (10, p. 187) 


€, = (W/R) = 0.01 Cp 
= W = 0.01 + Cp) 


where the dot, used for the sake of simplicity of notation, indicates 
the first derivative with respect to the independent variable, 
the radius, R. 

Now Equations [25], [27], and [29] give 


0.01 C, = 2¢, = 2°W/R) = 0.02 Cp 


_ This shows, because Cp = 0.5 C,, that diametral (circumferen- 


tial) creep is one half of shear creep at any point in the hollow- 
cylinder wall. 
The equation of deformation, from Equations [25], [29], and 


RC, + 2Cp = 0 


The equation of equilibrium of forces (2, p. 330; 10, p. 188) is, 
as usual 


A solution of the deformation Equation [32] is 
0.01 Cp = (C;/R*) 


where C, is a constant of integration. This solution shows that 
the greatest diametral creep is at the inner surface of the hollow 
cylinder. 

Now if the relationship between S, and C, of Equations [26] 
and [27] is stated as 


S, = a function of 0.01 C, 
then Equations (31], [34], and [35] yield 
S, = same function of (2C,/R*) 
By means of Equations [26] and [36], Equation [33], the equilib- 
rium equation, becomes 
s, = (2/R) times same function of (2C,/R*)... . [37] 


This is a form that can be solved because the variables are sepa- 
rated. 

Bailey (11, p. 785) proposed an empirical form for Equation 
(35) relating shear creep and shear stress (apparently suggested 
by Nadai’s European work) 


[38] 


and with the help of this Equation [38], Equations [31] and [34] 
yield 
S," = 2(C,/AR*) 


The solution of Equation [33] in the form given in Equation 
[37], through the use of Equations [26] and [39], is 


8, = + 


where C; is a second constant of integration. 

The obvious boundary conditions, sufficient for the evaluation 
of the two constants of integration in Equations [34] and [40], 
are 


S, = —P when R = 0.5d 
S, = 0 when R = 0.5D 
If it is assumed, for the purpose of simplifying the notation, that 
B = (2/n) 
it follows from Equation [39] chat the shear stress is 


p 
1 — (d/D)* 


from Equations [40] and [44] that the radial stress is 


— (d/D)P 
—p 


from Equations [26], [28], [44], and 


[45] that the axial stress is 
p —(1— 0. 0.58 )(d/2R)* 
1— 


2) 
| 


p (a/D¥ — (1 — 
1— (d/DP 


=; ‘rom Equation [44] it follows that 


= 
(P/S) = (P/28,) = + 


stress i is twice the shear stress in the test, specimen for tensile creep. 
At the inner surface of the hollow cylinder, where 2R = d 
_ and where creep is the greatest, Equation [48] reduces to 


‘This is the Bailey-Nadai criterion equation for creep. It de- 
pends upon the parameter n defined in Equations [38] and [43]. 


E. G. Curtton.* The authors are to be congratulated on their 

clear and precise presentation of a problem which, while in- 

- trinsically simple, has been confused on frequent occasions. 

Their statement of the various failure theories is most illuminat- 

_ ing. For a concise summary and evaluation of these various 
Fe theories, the writer would like to refer to Timoshenko.’ 

The conclusion of the authors to base the design of pressure 

_ vessels on the Lamé formula for the tangential stress on the inside 

- surface—at least in cases where creep effects can be neglected— 

ss appears questionable. The reasons given for this choice is the 

ieee absence of any “acceptable and accepted” failure formula. 

- Yet, despite the authors’ disclaimer, a design based upon the 

=" maximum stress inherently, if tacitly, assumes the accept- 

ance of the Rankine or maximum-stress theory of failure. Blair,* 

to whom the authors refer also, clearly shows that this theory is 


to account for the effect of the other stresses, an effect, moreover, 
which changes with variations in the diameter - wall thickness 
ratio. It seems more reasonable, therefore, to base the design of a 
- vessel upon one of those theories which take account of al) stres- 
ses of the pipe and one which has proved representative of failure 
conditions in other cases. The maximum-shear-stress theory for 
- ductile materials and the maximum-strain-energy theories ap- 
pear to meet this condition most adequately, with the former 
perhaps somewhat morg on the conservative side. 
Moreover, sinc: a pressure vessel fails only by bursting, and 
- not by yielding on the inner wall alone, it seems reasonable to 
- consider conditions at the bursting point, since the inside wall 
cannot yield substantially until the entire tube wall is ready to 
yield, at which point the structure can be said to fail. Blair* at- 


* Research Engineer, Mechanical Engi ing Department, 
Shell Development Company, Emeryville, Calif. Jun. ASME. 
_- “Strength of Materials,” by 8S. Timoshenko, second edition, D. 
- Van Nostrand Company, Inc., New York, N. Y., vol. 2, 1941, p. 
473 ff. 
“Stresses in Tubes Due to Internal Pressure,”’ by J. S. Blair, 
_ Engineering, London, England, vol. 170, 1950, p. 218. 


tempts such an approach by assuming constant hoop stress at 
the point of failure, and, using the Haigh and Beltrami strain- 
energy equation, develops a design formula, which he calls the 
“Blair extended strain-energy’’ equation. Unfortunately, the 
assumed stress distribution does not meet the condition of equilib- 
rium 


a8, 
dr 

as substitution wil] readily show. 

Timoshenko’ has used the maximum shear theory—which, as 
just pointed out, is generally conservative—to determine the 
stresses at the point of yielding of the entire tube, such that 
these stresses satisfy the equilibrium condition. The result 
can be written as 

inclusion in the authors’ table are shown as follows: 

Values P/S 
Values D/T 

le 7 10 20 50 

0.405 0.337 0.223 0.105 0.0408 


P/S = log (D/d) 


ater 
200 
0.0101 


100 
0.0202 


The values fit very closely to some failure test data given by 
Blair.* 

An attempt by the writer to find a formula, similar to Timo- 
shenko’s, but based on the more generally accepted Hiber- 
Hencky-von Mises’ strain - energy relation, has led into rather 
difficult mathematical work which could not be completed in 
time for this discussion. 


T. McLean Jasper."* It is believed that the Lamé type of 
formula is the most appropriate for the precise application of 
pressure and strength values for cylinders. Lamé also has a 
formula for the sphere. 

These are essentially strain formulas reduced to stress values 
in which the Poisson-ratio characteristics cancel out. Within 
the elastic range of steel these formulas can be used directly. 
Above the elastic limit they can still be used, providing the strain 
equivalents as shown by the stress-strain diagram of the mate- 
rial is applied. The stress-strain diagram referred to is the usual 
engineer's method of producing it and not the so-called true stress 
values, in which the loads are divided by the area at the time of 
loading. This is because the wall of a vessel reduces in area 
similarly to that of a plate when pulled in a testing machine. 

The writer would not be so positive in this unless a check by 
testing to failure of many cylinders had been taken which fol- 
lowed very closely the foregoing statement. 

Most cylinders are under normal biaxial stress, and a few 
solid-wall cylinders under very high pressures come under tri- 
axial considerations when designed. The Lamé formulas show 
that the difference between the stress on the inside and outside 
of the cylinder wall is equal to P, the pressure in pounds per 
square inch—this within the elastic range. Above the elastic 
range it will follow more closely the strain equivalent of this 
stress difference. The varying of this stress from maximum to 
zero can only be accommodated through the wall of a cylinder 
by appropriate shear values. 

It is believed that the Lamé formula for maximum stress in a 


* Footnote 8, p, 289 ff 
” A. O. Smith Corporation, Milwaukee, Wis. Mem. ASME. 
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i and from Equations [28], [45], and [46] that the circumferential 
ad 
a 
A(d/2R)P 
‘This is t riter creep in the hollow cyline 
1+ ‘a 
| | 
where B is written for (2/n) in accordance with Equation [- ~ 


cylinder becomes effective when the length of the cylinder divided 
by the diameter is 4 or more. Several tests bave been made in 
which this ratio has been exactly 2, and the pressure values at 
yield and ultimate strength have shown an average of about 13 
per cent above the values that might be calculated by the Lamé 
formula. This we have considered to be due to the strengthening 
effect of the cylinder heads. For vessels in which the length has 
been 4 or more, the Lamé formula bas invariably produced the 
bursting pressure for thin-wall vessels. 

Referring to triaxial stressing in thick cylinders, in which the 
pressure may be a considerable value of the operating stress, 
it is interesting to note some of the things which have occurred 
in tests. The thin-wall pipe of which we have burst a very con- 
siderable number behave as if the failure theory of the material 
could be the maximum-stress, the maximum-shear or the maxi- 
mum-energy values. This we believe to be due to the very small 
effect of the pressure on the inside of the cylinders. However, 
when the pressures are a considerable proportional value of the 
strength values of the steel we have found that for thick large 
} solid-wall cylinders we have never reached the anticipated value 

of the bursting strength as calculated by the simple Lamé for- 
mula. In the case in which we had a pressure value approxi- 
mately one quarter of the steel strength at failure, the average 
burst pressure of five vessels was only about 80 per cent of that 
which we had anticipated. We were in “” plus, plus, minus 
zone of the triaxial diagram. This led us to &tudy the theories of 
failure, and concluded that the maximum-energy theory was the 
one which applied in this instance also—this after many searching 
tests. 

For this reason, for stee) at ordinary temperatures, we are 
inclined to cleave to the maximum-energy theory for very large 
thick solid-wall vessels designed to operate at high pressures. 
As a matter of fact this is what, 17 years ago or thereabout, de- 
cided us to build the layer type of vessel and, since the original 
patents have now run out, it is believed that-something might be 
said about it. 

At that time we concluded that if we could make a vessel of 
many layers, each layer would act as a diaphragm and, in this way, 
the pressure on the inside of the inner layer would have little 
effect on bringing triaxiality into focus on the remaining layers. 
To date we have designed five thick-wall-layer vessels by the 
Lamé formula to burst in the neighborhood of 20,000 psi. Each 
vessel] has met the requirements which apply to a thin-wall ves- 
sel. The Lamé formula for maximum stress in a thick-wall pres- 
sure vessel seems to prevail even to the ultimate strength of the 
steel when vessels of thin layers are resisting the bursting pres- 
sure. 

Today we are being asked to design vessels for very high 
operating pressures. A survey of the maximum pressures for 
relatively large volumes indicates that the upper ceiling of 
5 working pressures may be in the neighborhood of 30,000 pounds 

per square inch. Pressures as high as 200,000 psi have been ex- 
perienced; but to produce such pressures for large volumes is not 
now practical nor are they expected to be for a very long time, 
One of the most difficult reasons fo> this is pump design and 
capacity. 

The point the writer wishes to make is this: When the pres- 
sure and the allowable stress are the same, a pressure-vessel 


or Ay 


é oa We cannot be designed by the Lamé formula 


This can only prevail when R; is equal to zero. This brings up 
the necessity for precompressing the inner portion of a cylinder 
wall and pretensioning the outer portion to balance the effect. 
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There are several methods which, over a considerable period of 
time, have produced this effect, and this is the thing which it is 
proposed shall apply in the production of vessels for high pres- 
sures. After a vessel of this type has been produced, the Lamé 
formula for the maximum stress due to pressure can be applied 
and when properly applied in this way, a vessel for high operat- 
ing pressure can be the most economical] one to build to — at 
a given stress. 
PD. 


We can then apply the formula f 


2t 


in which D,, equals the inside diameter, in order to figure the 
maximum allowable operating stress. For thin vessels and pipe 
it is questionable if anything but the old formula, written in a 
manner similar to the foregoing, where D is the outside diameter, 
should be used. 


A. W. Rani." The calculation of wall thickness for high- 
temperature piping is of extreme importance to both land and 
marine power-plant designers from the three basic viewpoints of 
safety, reliability, and cost. With regard to the safety and relia- 
bility considerations, a known and open factor of safety is 
desired, while the practical features of cost weigh heavily against 
too great a degree of conservatism. In addition, the modern 
demands for steel as compared with the available mill capacity, 
together with the ever-tightening restrictions on strategic alloys, 
and——most important to marine designers—the requirements of 
minimum safe practicable weight, also tend to weigh heavily 
against overconservatism. 

The writer will limit his comments on the formulas presented 
by the authors to the Bailey-Nadai formula, the so-called Lamé 
formula, and the common formula, as, since his discussion deals 
only with high-temperature piping, the others presented by the 
authors are not at all applicable in his opinion either because of 
their obvious inapplicability or because of their dependence upon 
yield criterion. As a passing remark, regarding fears of minor 
yielding in a pipe, and particularly of formulas which are based 
upon “theories of failure,” which are really only the initiation of 
minor yielding, it has always appeared illogical to the writer to 
allege that minor yielding in piping after assembly should be 
construed as evidence of even incipient failure, although it is 
completely acceptable to cold-bend pipe and cold-form pressure- 
vessel parts prior to assembly. With regard to fatigue stresses, 
one can hardly say that the normal starts and stops on any tur- 
bine apparatus will be sufficient in number to correspond to 
endurance life. 

It is encouraging to view the suggestion of a pipe formula based 
on creep considerations, such as the Bailey-Nadai formula, for 
those applications in which creep is of major consideration. 
However, there is considerable question as to why one should be 
concerned about creep itself in a properly cold-sprung pipe, 
but, based on design experience in turbine manufacture, if creep 
should be a factor, there does nut seem adequate justification for 
concern about creep on the inside surface (unless it should result 
in rupture which will be considered later in this discussion). 
The creep on the outside surface is the only strain that can be 
measured conveniently and might result in annoying dimensional 
changes, while the creep on the inside surface per se can do no 
harm. 

During the discussions preceding the adoption of the com- 
mon non formula in the ABS Interim Guide, the writer suggested the 


u Division Engineer, Steam Turbine Engineering Divi- 
sion, General Electric Company, Schenectady, N. ¥. Mem. ASME. 


= 


D/T 
Equation {49}. . 
Bailey-Nadai (outer surface) 


So-called Lamé 
Bailey-Nadai (inner surface). 


ao use of the expression given as follows, which is in use for pipe 
Tea 4g design in the Steam Turbine Division of the writer’s company 


0.462 


S= [49] 


2t 


= ia. “This corresponds to the stress given by the common formula plus 
_ 20 per cent of the internal pressure. In Table 4 the writer gives 
= P/S values calculated for the same range of D/t as the authors 
used, but evaluated by Equation [49], and by the Bailey-Nadai 
_ expression for the outside surface of the pipe wall, together with 
_ other evaluations presented by the authors. 
4 It can be seen from Table 4 that Equation [49] is a close ap- 
zo _ proximation to the Bailey-Nadai expression when the latter is 
bs _ evaluated at the outside surface which the writer believes is the 
pe point of major practical consideration, since it is the only place 
_ at which creep could be of consequence. However, the common 
i formula is itself a good approximation as the D/t ratio must get 
below 7 before this simple formula underestimates the stress by 
more than about 10 per cent. When one considers the scatter in 
 ereep-strength test results, an underestimation of this magni- 
_ tude is of minor consideration. 
One can argue that consideration of the creep strain at the 


- _ outer surface only is an error in judgment because the creep 


_ strain at the inner surface, being greater than that at the outer 
surface, conceivably could result in rupture failure by requiring 
teo much strain. This is a point which definitely must be 
considered in pipin gcalculations, but it is fallacious to believe that 
setting the allowable stresses in terms of creep strength alone is a 

_ positive method of protecting against long-time rupture. The 

long-time rupture ductility exhibited by various alloys differs 

- considerably, and further differences will be invelved as harder 
alloys are developed for the higher temperatures. Protection 
against long-time rupture must be obtained by factors of safety 
based on the long-time rupture strengths of these various alloys. 
The evaluation of rupture strength is plagued, admittedly, 
by the lack of a universally acceptable law of fracture under 
multiaxial stresses. Nevertheless, a satisfactory engineering 
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result can be obtained by consideration of bursting tests on 
rotating wheels, and of rupture tests of pins in shear. 


2 “Bursting Tests of Steam-Turbine Disk Wheels,” by E. L 
_ Robinson, Fenn. ASME, vol. 66, July, 1944, p. 373. 


Exastic Stress DistripuTion 4 Rotatinc Disk at 


th 


Fig. 2 of this discussion shows the stress distribution in a ro- 
tating disk with a center hole, when the stresses are all in the elas- 
tic range. In particular, the large tangential stress at the sur- 
face of the inner hole should be noted since, in an exaggerated 
fashion, this stress distribution is similar to that obtained in a 
pipe under internal pressure when in the elastic range. In spite 
of this large stress at the inner surface, failure does not occur, 
when this disk is slowly accelerated, until the speed is reached at 
which the average tangential stress throughout the disk cross 
section is approximately equal to the ultimate strength of the disk 
material. Applying this actual experimental result to the prob- 
lem of the pipe under interna! pressure indicates that, for con- 
sideration of wall rupture, the average wall stress, as given by the 
common formula, is the most applicable criterion of safety of 
operation. 

It can be argued, however, that tests on rotating disks are not 
directly applicable to pipes because the tangential and radial 

in a rotating disk are both positive (tension), while in a 
pipe under pressure the corresponding stresses are positive (ten- 
sion) and negative (compression). There is considerable merit 
in this argument as some test data are available which indicate 
that rupture may be controlled by shear stress. Test data on 
shear-rupture strength are not available in the literature to any 
considerable amourt, but tests conducted by the writer’s com- 
pany indicate that shear-rupture strength is approximately 65 
per cent of tensile-rupture strength. This value has been ob- 
tained both in room-temperature tests of dovetails in which the 
hooks sheared off, and in high-temperature tests of pins in 
straight shear, and although these tests were not conducted 
under “‘pure shear” stresses, it is believed that they are applica- 
ble to the stress conditions present in engineering design. 

Using the results of the rotating-disk tests to the extent that 
they imply that rupture is controlled by the average stresses 
across the wall, the average shear stress can be written as follows 
in which the first term in the bracket is the average tangential 
stress while the seeond term is the average radial stress 


The allowable pressure in terms of the allowable shear-rupture 
strength is given by Equation (51! in which the value of S,, is 
the test shear-rupture strength and F, is the desired factor of 


safety 


S, (avg) + 0.5 [50] 


+ 0.5 


Utilizing the experimental] observation that the shear-rupture is 
65 per cent of the tension rupture S,, the allowable pressure in 
terms of the uniaxial tension rupture is given by 


8, 
X 0.65 


— + 0.5 
2 + 


In asad 5, herewith, are given values of the ratio P/S, in 


688 0.455 0.370 0.238 0.109 0.0413 0.0203 0.0101 
0.440 0.360 0.234 0.108 0.0412 0.0202 0.0100 
Meld otal 667 0.500 0.400 0.250 0.111 0.0417 0.0204 0.0101 Ve 
471 0.385 0.324 0.220 0.105 0.0408 0.0202 0.0100 
HEE 0.374 0.315 0.213 0.103 0.0405 0.0201 0.0100 a 
15000 
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TABLE 5 P/Ss VALUES, RUPTURE CONSIDERATIONS 
D/T 20 50 


Equation [49] 0.109 0.0413 
0.137 0.0531 


0.134 
0.111 


0.0526 
0.0417 


So-called Lamé. . 


which S, is the allowable stress which itself is given, in turn, 
by the ratio S,/F, with S, the long-time rupture strength and F, 
oA the desired factor of safety. The ratio P/S, has been evaluated 

in Table 5 for the average shear expression of Equation [52], 
_ the Bailey-Nadai shear at the inner surface, and other formulas 
used i in Table 4. 

The most conservative of these expressions is the so-called 
Lamé which the writer rejects as being inapplicable to high-tem- 
perature rupture because of its elastic-stress basis. The next 
most conservative is Equation [49], which itself is well approxi- 
mated by the common formula for D/t ratios equal to 6 or larger. 
It should be remembered that these two latter expressions evalu- 
ate the potentialities of failure if rupture is a function of the 
average tangential stress as indicated by tests on rotating disks. 
If wall rupture is controlled by shear stress, the two shear expres- 
sions—the Bailey-Nadai shear stress evaluated at the inner sur- 
face, and the average shear stress given by Equation [52}— 
would both permit larger internal pressures than are permitted 
by Equation [49]. 

The conclusion indicated by the results presented in Tables 4 
and 5 is that Equation [49] is the most applicable and repre- 
sentative expression for use in the design of high-temperature 
piping. It evaluates to a satisfactory degree of exactness the 
creep on the outer surface of the pipe wall, and is the most con- 
servative expression for evaluating the potentialities of long- 
time high-temperature rupture. (The so-called Lamé expression 
is not representative of high-temperature operation because of its 
elastic-stress basis any more than elastic stresses are representa- 
tive of bursting tests on rotating disks.) For these reasons, the 
writer again recommends that Equation [49] be adopted in the 
various piping codes, although the common formula (in use in 
the present ABS Interim Guide) is sufficiently representative of 
actual conditions to be a satisfactory substitute. 

The writer also recommends that the national piping codes 
permit sufficient tolerance in their rules to alleviate the situation 
which sometimes occurs in which a designer must select an over- 
heavy wall because his calculated stress was only a few per cent 
over the allowable stress for the next thinner schedule. Engi- 
neers familiar with creep and rupture testing are fully cognizant 
of the spread in results for any particular steel, and it is accord- 
ingly illogical] to insist on an exact interpretation of a stated al- 
lowable stress. A practical solution would be to permit an in- 
increase of 10 per cent in the allowable stresses whenever this 
crease would result in the use of a lighter schedule of 


piping. 


The writer again wishes to compliment the authors for their 
presentation of the major formulas for pipe-wall thickness. Their 
paper appeared at such an opportune moment, and is such a 


ees! clear presentation of the pertinent information on an important 


subject, that this discussion of further experimental data seemed 
if warranted. The writer has taken the liberty of including in this 
dine ussion several remarks applicable primarily to the national 
- piping codes, but has done this because the subject paper is 
itself of primary interest to those codes. It is the writer’s opin- 


a coupled with the overdemand on our steel-producing capacity 
and the tightening restrictions on all alloys, both foreign and 


a 


0.105 0.0408 


domestic, warrant a reappraisal of our design methods and a 
saving in steel and alloy tonnage wherever possible. Over- 
conservatism in design, resulting in unnecessary expenditure 
of labor, material, and money, and, in particular, an increase 
in weight, is a luxury which this country can no longer 
afford. 


H. A. Wacner." This presentation is timely in that lengthy 
consideration has been given by the Boiler Code Committee’s 
Subcommittee on Stress Allowances for Ferrous Materials to 
assignment of allowable stresses for determining pipe-wall thick- 
ness. Of equal importance in the problem is use of a pipe-wall 
thickness formula which is correct for bigh-temperature service, 
where a material is operating in the plastic rather than elastic 
ranges. 

The writer is particularly interested in the use of the Bailey- 
Nadai formula for estimating deformation in a cylinder, as com- 
pared to creep obtained in a tensile specimen. It is concluded 
that if a tensile stress produces a 1 per cent tensile creep, the 
circumferential creep in a cylinder should only be '/; per cent. 
Also, increasing the tensile stress by 15 per cent has been as- 
sumed to double the circumferential creep, since the latter is a 
power function. 

Creep and stress-rupture data show a wide range in values for 
the same temperature. It has been proposed that allowable 
stresses be assigned based on an average value. Accordingly, 
it is possible that if an average stress of, say, 6000 psi produces a 
tensile-creep rate of 0.01 per cent per 1000 hr, there may be a 
heat of steel which will, at the same temperature, extend at that 
same rate with a stress of only 3000 psi. No high-temperature 
properties are specified in ASTM specifications. If this latter 
material is stressed to 6000 psi, is it correct to assume by the 
foregoing analysis that the tensile creep will be increased by 2* or 
32 times, and the circumferential creep by sixteenfold over 
what might be expected of the average material? If this is the 
case, it would appear that we shall have to exercise more care in 
selecting materials for high-temperature service. 

The application of the Bailey-Nadai formula is of interest in 
another respect with reference to its prediction that the circum- 
ferential creep will be only one half the tensile creep. This does 
not seem to agree with test measurements which we made a 
number of years ago in connection with our 1100 F test super- 
heater installation at the Trenton Channel power plant." 

In the hope of securing data from which some correlation might 
be made between actual performance of pipe and tubes in service 
and laboratory creep data on conventional test specimens, four 
machined tube sections with uniform walls were installed. Two 
of these sections were subjected to 1100 F steam, and two to 925 F 
steam. The laboratory data on tensile coupons were obtained 
from the University of Michigan. While field tests are difficult to 
make with the same degree of precision as laboratory tests, pre- 
cautions were taken to secure results comparable in accuracy. 

'* Engineering Department, The Detroit Edison Company, De- 
troit, Mich. Mem. ASME. 

‘«“High-Temperature-Steam Experience at Detroit,” by R. M. 
Van Duzer and A. McCutchan, Trans. ASME, vol. 61, 1939, pp. 
383-401. 
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In these tests which operated from 8000 to 11,000 hr, it ap- 

_ ‘pears that contrary to the Bailey-Nadai assumption, cireum- 
ferential creep corresponds closely to the tensile creep for the 
same stress. On the carbon-moly material, the circumferential 
creep rate was greater than the tensile creep rate at approximately 
the same stress. Further test data are needed as it is obviously 


E. O. Waters.'* This paper gives a concise summary of the 


-_- various design formulas now available for piping and cylindrical 


pressure vessels, with a discussion of their relative merits, that 
should be informative and most valuable to all workers in this 
field. For this, they should be duly grateful. But, without wish- 
ing to appear faultfinding, it does seem to the writer that the 
_ authors have somewhat overstated their case in alleging the per- 
fection of the Lamé formula and the comparative worthlessness 
: of all the others. 
As a matter of fact, there is nothing artificial or hypothetical 
_ about what most of these formulas estimate or predict. The 
- common formula, for example, gives with 100 per cent accuracy 
the average circumferential! stress in the pipe wall; the Clavarino 
_ formula gives the circumferential strain on the inner pipe surface, 
- in terms of inch per inch times EZ, and is actually more closely 
related to strain-gage measurements than any of the Lamé for- 


- mulas, which can only be verified experimentally by a somewhat 


- cumbersome translation of biaxial strain into biaxial stress. 

The same holds for the Guest, Beltrami-Haigh, and Hencky- 
~ von Mises’ formulas, which give, respectively, to some arbitrary 

- geale in each case, the maximum shear stress, maximum total 


4 _ strain energy per cubic inch, and maximum distortiona] strain 
energy per cubic inch, induced by a specified pressure. 
_ Hencky-von Mises’ formula also gives the octahedral shear stress 


The 


at a point on the inner pipe surface. Although the name is for- 
_ bidding, there is nothing “‘artificial” about this stress; it is the 
actual shear-stress component in a certain specified direction, 
and, for the kind of loading that exists in a closed-end pipe, hap- 


is pens to be proportional to the maximum shear stress (S;-. — 


‘The writer is quite as fully convinced as the authors of this 
paper that the Lamé formula, either “straight” or modified, is 
the best of the lot for piping design, at least at the present 
time. He differs from them only in his reasons for this belief. 


These are of a practical nature, and might be summarized as 


follows: 

The formula comes from an accurate analysis based on classi- 
eal elastic theory, which results in expressions for the three prin- 
cipal normal stresses that are independent of each other, and does 
not involve any combined stresses or components of stress taken 
at odd and peculiar angles; hence it appeals to the designer who 
has been brought up on a diet of uniaxial) stresses and strains. 
He thinks he can really ‘‘see” this maximum circumferential stress 
on the inside of the pipe. Further, it gives results, as the authors 

show in Fig. 1, which are not far enough from those given by more 
“advanced’’ theories to furnish serious cause for worry. Then 


too, it is a “near relation” of the common formula for pipe thick- 


ness which has the weight of tradition back of it, and it is, there- 
fore, an easy step to take in the direction of a general improve- 
ment in the methods of piping design. 

With regard to the Bailey-Nadai formula for high-temperature 
_ piping, it is interesting to note how well the analysis on which this 


16 Professor of Mechanical Engineering, Mason Laboratory, De- 
partment of Mechanical Engineering, Yale University, New Haven, 
Conn. Mem. ASME. 


formula is based has stood the test of time. The authors’ refer- 
ences pertaining to this formula are practically all dated between 
1930 and 1935, (references 10 and 11 of the paper). Now, almost 
20 years later, we find in Nadai’s recently published work” 
three formulas for the three normal components of stress that 
are identical, after due translation of the letter symbols from 
one system to another, with Equations [45], [46], and [47] for 
8,, 8S, and S,, in the Appendix of the present paper. 


F. W. Wovosewicx.’” The use of the Lamé equation for 
calculating the thickness of tubing and vessels under large pres- 
sures has been established over a period of years. In one form 
or another it is the basic rule for evaluation of piping thicknesses. 

The 1942 Pressure Piping Code apparently uses a modified 
form of the Lamé equation for evaluation of wall thicknesses of 
piping 4 in. diam and more. The agreement between this equa- 
tion, and Lamé’s is quite noticeable, as shown in Table 6. 


TABLE 6 P/S VALUES 

5 6 10 20 
105 
105 


0.470 
0.471 


50 

In the new 1947 Pressure Piping Code, there appears a single 
formula, covering both the thick and the thin-wall piping. 
Upon a closer study of the Piping Code formula, and also those 
2 by the authors, this single equation is Dr. Boardman’s 

ification of the Lamé equation. Since this equation, as 
shown by the authors for ratio’s of D/T’ = 5 and above, satisfies 
practically the basic Lamé equation, its use therefore, represents 
considerable simplification, in so far as evaluation of wall thick- 
nesses is concerned. 

The authors’ expression of doubt as to the possibility of pre- 
dicting elastic, plastic, and creep behavior of complex structures 
from standardized uniaxial tensile tests, has been shared by 
many engineers and scientists in the past decades. Consequently 
numerous hypotheses have been advanced from time to time, 
to bridge the gap between simple tensile tests and actua] behavi- 
ors of complex structures. 

What is really encouraging, in so far as the writer is concerned, 
is that these various hypotheses are not too far apart from agree- 
ments with each other, although they may be at variance with the 
true values. This of course can be determined from further ex- 
perimental] studies. 

It may be well to recount some of the newer experimental 
findings as to probable stress variations across the necks of 
standardized test specimens, and also the eect the size of the 
test bar has on final experimental results. 

Quite recently J. Miklowitz™ presented a graph, compiled 
by other research workers, on the probable distribution of stress 
within the reduced neck of the test specimen. The stresses are 
not purely tensile as has been accepted generally, but are of a 
very complex nature. Except for the shear stresses which are 
constant, the radial, tangential, and tensile stresses across the 
neck of the specimen behave in a parabolic fashion. 

Thus the maximum longitudinal-stress variation is approxi- 
mately 34 per cent, while the maximum radial and tangential 
stresses at the center line are approximately 34 per cent of the 
total longitudinal stress. The radial and tangential stresses are 
zero at the outer boundary lines. 


0.384 0.219 0. 
0.385 0.220 0 


1* “Theory of Flow and Fracture of Solids,” by A. Nadai, McGraw- 
Hill Book Company, Inc., New York, N. Y., vol.4, 1950. 

17 Registered Structural Engineer, Chicago, Il. 

18 “Inf of the Di | Factors on Mode of Yielding 
and Fracture in Medium-Carbon Steel,” by J. Miklowits, part 2, 
Journal of. Applied Mechanics, Trans. ASME, vol. 72, 1950, pp. 
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equa! to the tensile creep, or only one hall of It, and whethet 
Saat relation is a power function as indicated in this paper. 
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rg cent) over that in the tensile specimen. 
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The experiments further indicate that the size of the test bar 
is also an important factor in the experimental] studies, which in 
turn would reflect on probable evaluation of action of complex 
structures. 

At a recent lecture’* Dr. Frudenthal bas indicated that failure 
can be predicted statistically from the presence of maximum stress, 
wherever that maximum stress may occur. In line with 
stress intensifications, authorities are beginning to evaluate ex- 
tremely high stresses at the grain boundries. 

It is therefore evident that considerable theoretical and experi- 

mental studies are still needed before it may be possible to inter- 
pret correctly uniaxial tensile tests. 
In line with experiments recommended by the authors, the 
writer suggests that a parallel set of experiments under the same 
conditions be conducted on hollow cylinders with relatively low 
D/T values. Such tests at least would be somewhat analogous to 
the true action of piping or tubing, more so than the solid test 
specimen. The data from such test should be of interest, and 
could be co-ordinated with other experimental data. 

In high-temperature and pressure piping, wal] thicknesses are 
considerable; therefore the D/T ratios are low. In addition to 
the stresses due to internal pressure, there are also bending, 
shearing, and direct stresses from thermal expansion. 

These various stresses have to be combined in order to deter- 
mine the “equivalent stress.”” In this study the authors do not 
indicate any modifications of, nor extension of the Lamé equation 
for the determination of the maximum combined stress. Such a 
study would be of considerable value. | 

The authors’ discussion of the application of Bailey-Nadai 
formula was solely for pipes under the action of internal pressure. 
There are, however, a large number of comparable structures, 
which are statically indeterminate, and which, in addition to re- 
sisting high internal pressures, carry and support gravity loads. 

From a study of the authors’ paper, it would seem that creep, 
and/or plasticity, would in time have an appreciable effect on 
stress distribution owing to statical indeterminateness of such 
structures. Any increase in stress from sudh analysis would re- 
quire either increase in tube thickness, or an increased stress, 
thereby limiting the useful life of the equipment, if the original 
thickness was maintained. 

In line with the authors’ study of the tube thicknesses, this 
question undoubtedly must have attracted their attention. The 
authors’ discussion on this point would be of interest. 


Avutuors’ CLosuRE 


The authors wish to thank Messrs. Chilton, Jasper, Rankin, 
Wagner, Waters, Wolosewick, and others for their discussions of 
this paper. 

Although Mr. Chilton states that the utilization of the so-called 
Lamé formula, as proposed in this paper, is a tacit acceptance of 
the Rankin-Lamé maximum-stress theory of failure, it must be 
reiterated that such is not the intent. The use in this paper of 
thelso-called Lamé formula rests entirely on the application of the 
theory of elasticity to the determination of stress distribution, and 
ignores completely the theories of failure listed because of the 
divergence of their results, certain weaknesses in their logic, and 
present lack of experimental confirmation. For example, Table 2 
of the paper shows that one of the most popular of the failure 
theories, von Mises’ theory, predicts for a cylinder with D/T 


While the reduction of 
the yield point, predicted by this theory for relatively thick 
_ cylinders, seems reasonable, the increase is doubtful. Other fail- 


%* Applied Mechanics Seminar, Illinois Institute of Technology, 
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ure theories appear to have comparable weaknesses. Therefore, 
consideration of the yield point, as predicted by failure theories, 
is neglected completely. As in the design of most other struc- 
tures, cylinders are proportioned by equating their major princi- 
pal elastic stresses, as obtained by means of the theory of elas- 
ticity, to tabulated design stresses arbitrarily established. 

Timoshenko’s discussion of failure theories is well known. 
However, it is thought that persons interested in this subject will 
benefit by reading Sir Richard Southwell’s presentation (3). 

Timoshenko’s equation, cited by Mr. Chilton, appears to repre- 
sent an additional concept of failure in that it is based on the 
assumption of equal and constant principal shear stresses, in both 
cylinder and tensile test specimen, during yielding in both struc- 
tures. It is heartening to know that Mr. Jasper agrees that the 
so-called Lamé formula is suitable for the design of those cylinders 
contemplated by existing codes. It cannot be questioned that it is 
entirely necessary to apply more advanced engineering procedures 
to the design of special cylinders. 

With regard to Mr. Rankin’s discussion, it is not clear how cold- 
springing affects creep due to internal pressure alone, although 
Bailey predicts increased diametral creep from other forces act- 
ing in conjunction with internal pressure. Mr. Rankin’s proposed 
Equation [49] appears to be a Boardman type empirical formula 
since it can be eee as 


1 
0.5 (D/T) —08 


(P/8) = 


a form similar to that of Equation [21] of the paper. It seems to 
have been developed to approximate the Bailey-Nadai formula 
for the outside surface of the cylinder with n assumed to equal 5. 
If such is true, it may be valuable in case a double criterion is 
ever employed for the design of pipe in high-temperature service: 
creep deformation at the outside surface versus stress rupture at 
the inside surface. Mr. Rankin’s estimate of shear-rupture 
strength at 65 per cent of tensile-rupture strength does not ap- 
pear to have at present 2 sufficiently sound experimental basis to 
warrant its immediate acceptance in place of the more conserva- 
tive theoretical value of 58 per cent (equal octahedral shear 
stresses). 

The example cited by Mr. Wagner accentuates weaknesses in 
assumptions underlying the development of the Bailey-Nadai 
formula. Unfortunately, these assumptions have not been im- 
proved in the 21 years following the introduction of the method. 
However, materials with such a wide variation of high-tempera- 
ture properties, as those described by Mr. Wagner, do not appear 
to have been reported at Whiting. Observed diametral creep 
of the same order as tensile creep, as mentioned by Mr. Wagner, 
may be the result of increased creep due to other forces acting in 
conjunction with interna] pressure. As previously stated, this 
effect is one of Bailey’s predictions. 

It is again heartening to find that Professor Waters agrees that 
the so-called Lamé formula is suitable for design purposes. Per- 
haps references in the paper to the artificiality of the stresses pre- 
dicted by the failure-theory formulas correspond to Professor 
Waters’ statement that these stresses are expressed in terms of 
“some arbitrary scale.” 

While Equation [8] appears to be different from the 1942 Pres- 
sure Piping Code formula, mentioned by Mr. Wolosewick, actu- 
ally the formulas are algebraically identical so that no differences 
should be expected in corresponding values given in Table 6. 

Although statements in the paper indicate that the creep-defor- 
mation criterion is based on total creep, and this sometimes is the 
case, it should be emphasized that creep rate is also used as the 
creep-deformation criterion. For example, the criterion is often 
established as 1 per cent per 100,000 hr. 
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__ The comments, in general, indicate that the proper use of the Owing to reasons now obscure, Equation [22] is expressed in 
Seat c= Bailey-Nadai formula is understood. However, it should be the paper in a rather complicated although correct form. A 
a) —— that the recommendation of the use of Equation [22] simpler, algebraically identical form is 
presupposes an increase in the values of tabulated design stresses. 
‘The amount of this increase is not a settled question. Usually, 
a ah itis assumed to be 15 per cent, as suggested in the paper, but it is 
by some to be as low as zero per cent, or 
ashigh as 25 per cent. 
at 
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: A Summary of Viscosity and Heat-Conduction 
Data for He, A, H, O, N, CO, CO, HO, 


EVES! CAMBRIDGE, MASS. 


The available viscosity data in the literature have been 
lected, reduced to a uniform basis, and formulated by 
-means of an empirical equation containing three con- 
_ stants. At very high temperatures, the equation ap- 
proaches the form of the Sutherland formula. In the case 
is of helium and argon, it was not found possible to it 


and Air 


investigation of thermodynamic and transport properties by the 
ASME Special Research Committee in April, 1947 (2). Data are 
not given for mercury vapor for lack of adequate observations, 
nor for ammonia, methane, and ethylene. 

The practical need for viscosity and heat-conductivity data on 


pr 


the data over the whole temperature range of the available 


_ measurements with a single set of constants. Attention 
_ is called to the fact that the available viscosity data are in 

many instances known over a sufficiently long temperature 
range and with an -y which requires for its repre- 
_ sentation a more exact knowledge of the intermolecular 
_ field than can be obtained from the application in trans- 
_ port theory of a two-constant field representation. The 

question of the viscosity of mixtures is discussed briefly, 
and the use of a theoretical formula deduced by Enskog is 
_ illustrated by application to the binary mixtures, hydro- 
_ gen-carbon dioxide and hydrogen-propane. The formula- 
3 tion of the available heat-conductivity data for the sub- 
_ stances listed in the title has been carried out using an 
- equation of the same general form applied for viscosities. 
_ A table of formula constants for the substances is given. 


INTRODUCTION 


i OME years ago an attempt was made to examine critically 
and correlate the extensive data for the viscosity of sub- 
stances. The greater part of the reported measurements 

have been made at pressures of 1 atm or less, but for many sub- 
stances over a considerable range of temperature. 

One of the early successes of the classica] kinetic gas theory 

was the prediction that the viscosity is independent of pressure, 


4 _ and all the measurements carried out up to 1910 failed to dis- 


_ close a pressure dependence. In the course of the last 40 years, 
_ however, a pressure effect has been observed, and an increasing 
_ amount of observations have accumulated in the past 20 years. 
_ At the present time pressure-effect data exist for some fifteen 


substances, in one instance, that of nitrogen, to 1000 atm from 


- 50to75C. E. W. Comings, B. J. Mayland, and R. 8. Egly (1)* 
_ have published a comprehensive study of the pressure effect for 
viscosity. 
= The present paper will give the results of a study of the gase- 
ous phase, low-pressure data for most of the substances listed for 


1 Department off Chemistry, Massachusetts Institute of Tech- 
nology. Mem. ASME. 
? Numbers in parentheses refer to the Bibliography at the end of 
the paper. 
Contributed by the Research Committee on Properties of Gases 
and Gas Mixtures and presented at the Annual Meeting, New York, 


ber 26-D. b 
or Macwantcan ENGINEERS. 

_ Nors: Statements and opinions advanced in papers are to be 

understood as individual expressions of their authors and not those of 

the Society. Manuscript received at ASME Headquarters on August 

24, 1950. Paper No. 50—A-40. 
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gas mixtures as wel! as pure gases has become increasingly 
acute because of design requirements involving accurate heat- 
transfer information, and also for the solution of flow problems 
generally. It is clearly a practical impossibility to measure the 
transport properties of an almost indefinite number of mixtures 
arising in practice, some of which may involve four main con- 
stituents, and, accordingly, it is necessary to find the means 
of computing the viscosity and heat conduction of a mixture from 
the properties of the pure constituents. It is in part for this 
reason that the attempt has first been made to review and for- 
mulate the data for pure gases for use as a basis for the study of 
the combination rules leading to the possibility of calculating the 
properties of mixtures. 

There exists a considerable body of viscosity data for a variety 
of binary gaseous mixtures, and, in addition to the older ternary 
mixture Ne-A-He, recent results have been reported for three 
ternary and two quaternary mixtures (3). In the case of heat 
conductivity the property has been measured for some sixteen 
different binary mixtures. There appears, however, to be no 
information on the heat conductivity of a ternary mixture. 

Recently an empirical] correlation (3) of the viscosity of binary 
mixtures over the range 11 to 225 C has been reported, and the 
correlative scheme generalized with a favorable result when ap- 
plied to the ternary and quaternary mixtures. 

A correlation of heat-conductivity data for the existent binary 
mixtures has also been worked out by A. L. Lindsay and L. A. 
Bromley (4), who developed the means of representing the con- 
ductivities of some 85 different compositions with an average 
deviation of 1.9 per cent. 

It is not intended to attempt a review of the data on mixtures 
in this paper. However, brief mention will be made of the result 
of the application of a theoretical development to viscosity. 
In a companion paper on heat-conductivity measurements, 
however, the results of correlating the new data for the mixture, 
N,-CO,, are given in detail. In a later paper the completed 
study of mixtures will be reported. 

The dynamic or kinetic theory of equilibrium states deals with 
properties in which the molecular motion is everywhere sym- 
metrical relative to every direction in space. In considering the 
transport properties, however, the symmetry characteristic of 
the equilibrium states does not hold, for when the layers of gas 
are caused to move relative to one another, we have mass motion 
or momentum varying from point to point in the gas, and deal 
with the phenomenon of viscosity. Again if the temperature 
varies systematically from point to point, the phenomenon of 
heat conduction or energy transfer is being observed; and finally, 
if mass equilibrium does not exist we encounter diffusion. A 
major of the is the law 
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lar distribution is unknown. If the distribution were known at 
any instant ¢, under the transport circumstances, knowledge of 
the law would make it possible to follow and describe the motion 
of each molecular group and obtain the distribution at a later 
time, ¢ + dt, and at every subsequent time. The general “char- 
acteristic equation,’’ which the distribution law must satisfy 
in the steady state, was derived by Boltzmann (5). 

In the general case, representing the contribution produced by 
collisions to be O(»f)/Ot, where v represents the number of mole- 
cules per unit volume and f the law of distribution, and adding to 
the expression the rate at which (vf) changes on account of the 
motion of the molecules whose velocities are u, v, and w, with 
forces X, Y, Z, Boltzmann obtained the following equation: 


0/dt (vf) = —(X0/Ou + YO/Or + ZO/Ow) + (ud/Oxr + 
v0/Oy + wd/d)vf + |d/dt (vf)]. 


This equation must be satisfied by vf and in the steady state the 
right side vanishes. The evaluation of [0/Ot (vf)! can be effected 
in finite terms only for a restricted ber of cir tances. 
The first systematic solutions of the steady state were given by 
Enskog and Chapman, and appear in detail in a recent book by 
Chapman and Cowling (6). 

The specific equation obtainable from the solutions of Equation 
{1] will depend of course upon the type of molecular field assumed. 
Thus the classical molecular field of van der Waals may be cited, 
and the special field often used, E(r) = ufr? + /r', as specific 
examples. The numerical evaluation of the integrals arising 
from the application of Equation [1] referred to as ‘‘collision 
integrals” for spherical molecules subject to both types of field 
have been published by Kotani, and Kihara and Kotani (7) in 
1942, and by Hirschfelder, Bird, and Spotz (8) in 1948, for the 
positive potential of the inverse 12th power and negative poten- 
tial of the inverse 6th power form in the two-constant E(r) equa- 
tion just quoted. The latter work contains the application to the 
viscosity of pure gases and of mixtures with a discussion of the 
difficulty of computing heat conductivities from the classical 
relationship A = enC, where XA, 7, and C, denote the heat con- 
ductivity, viscosity, and heat capacity, while ¢€ is a constant of 
proportionality. 

Knowledge of intermolecular forces is no longer limited to 
inferences from virial coefficients, viscosity, and other properties 
obtained from measurements on practically infinite molecular 
aggregations of substances. Some 10 years ago means were 
completed by I. Amdur for the production and detection of neu- 
tral atomic beams which have been made the basis for measuring 
the beam scattering. From the scattering data, using high- 
velocity beams, the positive potential can be computed (9). 
These measurements of potential show that the simple form 
\/r" is oversimplified. Indeed this conclusion has recently been 
confirmed by measurements of the p-v-7 properties of helium 
in the range 600 to 1200 C by J. L. Yntema and W. G. Schneider 
(10), who show that no unique value of n for m = 6 in the poten- 
tial form E(r) = Ar~" — yr” could be made to fit the experi- 
mental data over the entire range of temperature. Further, 
the theoretically calculated potentials of Slater and Kirkwood 
and of Marganau were found by Yntema and Schneider t« give 
potentials 8.5 and 27 per cent, respectively, lower than the ex- 
perimental values. 

From the foregoing brief summary it appears that the poten- 
tial function E(r) = \/r!* — y/r* will not be a sufficiently good 
approximation to the actual intermolecular potential, even in the 
case of a monatomic substance, for the evaluation of collision 
integrals useful for viscosity correlations over a long range of 
temperature, say, 500 C or less in some instances. An example 
of the situation is illustrated the example. 
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JULY, 1951. 


For carbon dioxide we have experimental data reported by a 
large number of observers covering the temperature range 
198 to 1686 K. Table 1 gives the constants of the empirical 
correlation equation representing the observations. The first 
of the papers of reference (7) gives in Table 2 the values of the 
function V /W‘(2) for various values of z = kT'/e, where k is the 
gas constant per molecule and ¢ is the value of the minimum in 
the potential curve given by the equation E(r) = X/r!* — y/r', 
the two-constant equation used by H., B., and 8. (8) (the initials 
of the authors of the reference). The distance r,, of the potential 
curve from the origin may be taken as a second curve character- 


TABLE 1 VISCOSITY AT LOW PRESSURE 
i here Constants of the following empirical equation: 
1 + ar/10™ 


(9 in poises) : = 


~ 


data for helium and argon cannot be represented by the 
whole range of temperature using a single oye of eonntante. 
The information following is the best that ean be provided at this time: 


He 1.64- 20°K 10% = 0.848 VT/(1 + 1.593 7) 

He 20-140° K log (10%) = 1.722 + 0.6268 log T 

He 140-873° K 10% = 1.805 /T/(1 + 251 7/10”) 

A 55-273° K 10% = 2.173 VT/ + 218.4, {10% ); deviation 2.2 
= about per cent otherwise. 
mston and Grilly 


Peng = 1.910 VT/(l + 136.6 Largest deviation 1.5 
per cent for 0204 4 


A 180-1873° K 


TABLE 2 VALUES OF ro-1® A 


ND «/k DERIVED FROM SMOOTHED 
VISCOSITIES OF CO; EMPL 


OYING EQUATION [2] 


Temperatures at which 
viscosities were taken 


773 
Nore: Hirschfelder, Bird, and Spots (8) used r-10* = 3.995, and 
190 for CO, in their examples of the use of Equation [2]. 
istic, and E(r) may be expressed as E(r) = —4e [(r,/r)** —(r,/r)®]. 
With this understanding the viscosity is given by the following 
equation (first of the references 8) 


10°» = 2.6693 (MT')'/* 


(A)? (g/em see). . (2) 


where 7 denotes the viscosity, M the molecular weight, V/W‘®(2) 
the “collision integral’’ factor, and (r,. A) the potential curve dis- 
tance from the vertical axis along the r-axis in 10-* em units 
(Angstrom units). 

To evaluate € and r, from the viscosity data it is convenient to 
have an algebraic relation between z = V/W(2) and z = 
kT/e. The following form was used, based upon the values of 
z and z given in Table 2 of reference (8) 


2 = 0.629 — 1.3445/108-428/2 — 13) 


The equation fails for z = 400, but gives for z = 100 a calculated 
value 1 in 235 larger than the tabulated value. The deviation 
curve of tabulated less calculated values passes from positive to 
negative, the maximum deviation occurring at z = 0.3 in the 
amount of 1 part in 23, while the average deviation amounts to 
0.0055, excluding z for z = 0.3 and z forz = 400. 

Any two values of z, for = 2%, = 2s, will in their 


¢ 
iS 
He* 
A¢ 
Temp range, 
He........ 0.623 
7.3 90-551 
501 3:9 
Air 1488 0:0 
sot 3.0 198-1686 
5 0 
90-1845 
| 
‘Ad 
Bye 
q 
fi | 
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ratio z,/z, equal 7,/T;. Accordingly, = 2, 7:/7;. Refer- 
mi _ ring to Equation [2] and denoting the viscosities corresponding 
, to T, and T; by 10%; and 10*y., we have for their ratio 


f (x1) 


ie ~ where f(21) i is given by Equation [3]. By trial the value of z, may 
be determined and hence (r,). Table 2 gives the values of ro 
and €/k determined for pairs of temperatures and corresponding 
___ viseosities along the CO, viscosity curve, which again indicates 
_ the difficulty of representing the intermolecular potential curve 
by a two-constant form. However, within present limits of 
_ viscosity accuracy a restricted range may be represented by means 
of Equation [2]. 
_ _ The following equation for viscosity given by Kihara and 
Kotani (7) is the equivalent of Equation [2] although expressed 


different form 


1 
<1 
9 = 6.788.10-" 


_ Equation [5] is accompanied by a table of values of € and F;* 
 (£) for the argument, { = 2/kT u*/4X, based on the potential 
function just given, namely, E(r) = A/r'? — y/r*, which has a 
minimum at E(r) (min) = and r, = (A/p)’/*. The 


authors give an analytical expression for 


HENS 


j facilitating the evaluation of \ and y, the two constants defining 
_ the potential assumed for the pure gas of molecular weight M. 


Table 3 contains the values of (u*?/4X)/k and of (A/p)'”, corre- 


PANS) 
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sponding to €/k and r, in the notation taken from the recent work 


_ of Hirschfelder, Bird, and Spotz (8). 


An Empretcan Equation ror Rerresentine Viscosity at Low 
PRESSURE 


. The formulation of the experimental data for the substances 
_ listed in the title has proceeded through the use of the following 
empirical equation, where denotes 


a T 
= 
which grew out of a study of the relation of the variables »/7/y 
and 7, suggested by the well-known Sutherland equation. An 
examination of the heat-conductivity data indicates that the 
form of Equation [6] is also satisfactory for the representation of 
_ the available data, although the data reported by different ob- 
servers are not nearly as consistent as in the case of viscosities. 
It has been stated by Hirschfelder, Bird, and Spotz (8) that the 
Sutherland equation, which is based on the van der Waals con- 
cept of the molecular field, namely, rigid elastic spheres possessing 
a spherically symmetrical field, cannot be expected to represent 
the viscosity over long tempersture ranges. This is indeed the 
- fact? as established by an examfnation of the viscosity data rep- 
resented in Table 1, giving the constants a,, a, and a, determined 
for the substances listed. 
The case of the viscosity of helium requires, however, special 
* Kotani (6) gives an exact equation for the viscosity based on the 
van der Waals field (Sutherland-type formula) and compares the 
representation of the viscosities for Ne, Nz, and CH, using the formula 
resulting from the two-constant potential, equation [5]. The repre- 
cae a relative to the observations are high for Ne at 0 C, low at 


remark since it was not found possible to represent the reported 
data with a single form of equation, and to a lesser degree the 
same statement applies in the case of argon. In the helium 
instance, it is well known that the attractive aspect of the inter- 
molecular field is weaker than for any known substance (critical 
temperature 5.26 K). 

As a consequence of the weak attraction between helium atoms, 
the positive or repulsive component‘ of the field dominates. 
It is now known that the field requires a complicated algebraic 
expression for its representation over the range of distance of 
separation of the atoms encountered between, for example, 100 
and 1000 K. When, however, the field is strongly attractive, as 
for example, in N; or CO,, the attractive field is dominating in the 
case of some properties, and an accurate knowledge of the re- 
pulsive effect is not required. This is the case with the viscosity 
and the second virial coefficient for most substances of high boil- 
ing point, and explains why the van der Waals type of field ap- 
pears to be satisfactory in some instances and fail in others (He, 
Ne). It also may be stated, however, that the demand made on 
accuracy of knowledge of the repulsive potential becomes greater 
at very high temperatures for all substances (11). 

The viscosity of air has been measured many times and, in 
consequence, more data are available than for any other sub- 
stance in the gaseous phase. Recently Johnston and McCloskey 
(12) and Johnston and Grilly (13) have reported exceptionally 
consistent measurements for air, Ns, NxO, NO, CH,, O02, CO, A, Ne 
gnd He for range of temperature 80 to 300 K. Using the latter air 


ABLE 3 


UANTITIES re AND «/k COMPUTED FROM E 
it GIVEN 


KIHARA AND KOTANI (7) Dees USEO 
EXPRESSIO 


ro e/k 
92 206.8 
3.84 235.3 


UATION 
THEIR 


273.16; 373.16 
673.16; 773.16 


data in the variables \/7'/n versus f(r) = the 
given for air in Table 1 were found. The graph, Fig. 1, was 
prepared by drawing the line »/7'/9.10° = 0.672 + 82.056 
7/10°", where the ordinates are valuesof +/7'/9.105 and the abscis- 
sas 7/105". The results of all observers above 273.16 K were 
now placed on the diagram. It will be observed that no altera- 
tion of the constants of the original formulation of the Johnston- 
McCloskey air data in the range 80 to 300 K is required, since 
the ensemble of high-temperature data is well represented by the 
extrapolation. 

Extrapolation from the low-temperature range did not in 
every other instance proceed as favorably. Thus, in the case of 
argon, the higher temperature data of Vasilesco fails of accurate 
representation on extrapolation, the viscosity being smaller by 
some 7 per cent at 1600 K. Carbon-dioxide extrapolation like- 
wise failed though by much less, while nitrogen extrapolated — 
about as satisfactorily as air eee 


Viscosrry or Mrxrures at Low Pressure 


M. Thiesen (16). The authors finally adopt an equation related 
to the Sutherland-Thiesen formula due to Schudel (17). An ex- 
tensive test of the formulation was carried out for 116 mixtures 


* The mode of referring to the potential as part positive and part 
negative is somewhat misleading since the field is a continuous func- 
tion of the dist centers. 


The question of the viscosity of mixtures as stated previously . 
has been most recently considered on the empirical basis by Bud- 
denberg and Wilke (3). The authors cite the earlier efforts to 
compute the viscosity of mixtures from the viscosities of the 
pure constituents. The basis of the method relates, however, 
to a type of relation given by W. Sutherland (15) and later by 
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: over the temperature range 11 to 225 C and showed an average 


An equation for the case of the viscosity of binary mixtures 


= = ag has been given by David Enskog (18), employing the van der 


_ Waals intermolecular-field concept. 
_ viscosity and heat conduction appear in the same paper. 


The equations for both 
The 


- equation for viscosity follows 


formula for binary and multicomponent mixtures is given, and 
calculations are given for binary mixtures and a ternary mixture 
showing their relation to the observed data. In all cases the 
agreement is satisfactory. For example, in the case of the H,- 
CO,, almost perfect accord is obtained at 26 C, while at 277 C 
the 19.93 per cent H; observed viscosity is 2.7 per cent larger 
than the calculated, the 41.29 per cent H, observed is 2.5 Pr cent 


2d(m 


tam 


(1 + ais [1 + om (2:/22)] 


a? 


= 1/3 [2mm /(m, + + Sime) + 


d= (8/9)'/* (Si22/S,S2) [(mmyme)*/*/(my + m,)*/*] 


The application of Enskog’s equation to the available data on 
mixtures will not be given in this paper except for two examples; 
the case of H,-CO, (19) and H,-C,Hs. The first of these examples 
is an instance of widely differing viscosities of the components, 


_ where for H; at 26.87 and 278.1 C, 10% is 8.95 (10° poises) and 


13.07, respectively; 


while correspondingly for CO., 10% is 


- 15.63 and 25.36, taken from correlations of all available data 


(see Table 1 for He). 


The viscosity of the lesser molecular 


_ weight substance will be given the numerically smaller subscript 


number in the following. The diameters of the molecules S; and 


8, are taken from the equation of state formulation or second 


virial coefficients, while S,, is assumed given by one half the sum 


__ of the individual diameters. 


The data on the H,-CO, mixtures are given by Trautz and Kurz 
(19) for four temperatures (extremes about 27 and 278 C), and six 


constant compositions. Each composition was formulated as a 


to 1/2 + Ss). 


_ of state constants published by J. A. Beattie (20). 


_ function of temperature using the type Equation [6]. The values 
of 10°» given in Table 4 designated “‘obs” are computed from 
the formulation of the T and K observations and may be con- 
sidered smoothed values. 


TABLE 4 VISCOSITY OF H;:-CO; 
(26.87° C) 

11. 19.93 41.29 59 

14.96 14.99 15.27 


15.58 15.53 15.21 
14.90 14.87 14.62 

(278.13° C) 
25.46 25.10 24.15 21.77 
25.03 24.30 23.11 20.51 
25.30 24.60 23.44 20.87 


-46 78.51 
14.76 13.61 


14.62 13.22 
14.11 12.85 


25.57 

25.19 

calc* ¢ 25.45 
™ reported by Sante 9 ood Kurs (19). 

m from a of all reported data, Table 1. 


‘aki of state (20) for Hy and an 


The case of H,-C;H; is interesting (19) because the viscosity of 
each component is nearly the same nvmber, while the mixtures 
have viscosities greater than either cohstituent. The diameter 
of the propane molecule was taken from the tabulation of equation 
A comparison 
of the results of the calculations for H,-C;Hs and observed quanti- 


ties is given in Table 5. It will be observed that the molecular 


diameters employed were taken from the equation of state con- 


stant corresponding to the van der Waals constant b = 2/3 xNS'. 
_ However, it is possible to regard S,, S:, and Sy as disposable con- 


stants. 
In the second paper by Hirschfelder, Bird, and Spotz (8), the 


TABLE 5 VISCOSITY OF H;-C.Hs 


18.21 
8.40 


9.038 
8.40 
14.40 ‘15.28 15.68 


14.42 14.62 14.81 14.75 
14.41 14.64 14.90 14.93 


* m and m reported by Trauts and Kurs (19). 
and = from a of all data. 
from of state 


(20) and assuming Si, 


TABLE 6 HEAT CONDUCTIVITY AT LOW PRESSURE 
Cc of irical equation () in cal per sec per om per deg C) 
avr 
= 
1 + 


10% = 


owocooceu 


10.632 


© New data for nitrogen (2) leads to the following equation 


10% = 0.4508 VT/(1 + 84.1 

+ Constants given are derived from new steam data (2). 
¢ In the the case of argon there exist measurements at 0, 11.93, 100, —78, 
—182.C. ‘our o| report for 0 C, the 1 maximum difference’ being 


Spercent. The data for a for 


greater, and the 78.5 per cent H, observed is 2.1 per cent greater. 
However, the viscosity of pure hydrogen observed is 2.5 per cent 
greater than the calculated. ce 


Tue Heat Conpuctivity 

It is somewhat atonishing that the same form of equation may 
be used to represent the heat conductivity as was found useful to 
represent the viscosity. Table 6 contains the constants found 
for the various substances, and Fig. 2 gives an impression of the 
relation of the results reported by different observers for CO, in 
relation to the formulated values. 

The paper reporting data for the mixture N,-CO, contains com- 
putations of the heat conductivity of mixtures employing En- 
skog’s formula analogous to his formula for the viscosity of bi- 
nary mixtures. 

Recent [nrorMATION oN THE Heat Conpuctiviry or CO; 


Table 7 contains the most recent measurements for CO, de- 
termined using the strain-free cell to 358 C along with recent data 
for CO, reported by D. W. Stops (21). New values for seven 
gases to 200 atm are also reported in a thesis for the PhD degree 
by J. M. Lenoir (22). 

The values of Table 7 and all other values for CO,, Fig. 3, have 
been used to compute the variable ania -10* and the numbers 


ts 
bee 


: 
= 
Per cent 
Hy 0.0 04 58.18 78.82 87.50 92.25 100 
obs* 8.20 77 «69.25 «49.84 9.92 9.71 8.92 
corrd 8.92 acs pee 8.96 
obs* 14.20 15.39 14.87 13.44 
2} corr’ 14.24 Kee 13.06 
14.69 14.40 
cK 
78 = 90-875 
po kit 90-584 
Per cent 
aaa He 0.0 88.88 100 
obe® 14.93 12:28 8.90 
calle» 
11.49 
- 9.11 13.44 
13.07 
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plotted with f(r) = 7/10" as abscissas. Using the constants 
for CO, given in Table 6, Co and C,, the straight line has been 
inserted whose constants had been determined earlier from the 
existing data in the range 190-592 K. 

It appears that one of the D. W. Stops’ results (304 C) lies upon 
the line but the remaining five are more consistent with the 
Archer data than with the remaining body of measurements. It 
is hoped to have data at a later time at higher temperatures using 
equipment designed for above 500 C. 
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on the Lennard-Jones potential E(r) = Ar — ur-™ appear 
somewhat misleading. Thus the comparison of results based 
upon the viscosity of CO, (Table 2 of the paper)shows an apprecia- 


2 ble variation in the values of the “constants” r, and €/k required 


to fit the data in various temperature ranges. It should be noted 


that the changes shown for these two constants almost cancel 
each other in the calculation of viscosity using the Lennard-Jones 


potential, so that a single set of constants yields a fair fit over the 
_ whole temperature range considered. Indeed, Hirschfelder, Bird, 


and Spotz® show that the Lennard-Jones potential can be fitted 


fairly satisfactorily up to at least 1500 deg K to the available 


. te data for the gases here considered, with the possible exception of 


helium. 


F. L. Rupr.’ In order to permit engineers to use the equa- 
tions in the paper, it is desirable to define the pressure ranges for 
_ which the equations are applicable. 

It is to be noted that the properties of some gases vary greatly 
with pressure, e.g., for steam at 800 F, the viscosity at 3500 psia 


is approximately double that at 0 psia, and the thermal conduc- 


tivity is approximately 20 per cent higher at 2000 psia than at 
zero pressure. 
AvuTHOR’s CLOSURE 
It is indeed a fact that based on the correlation values for the 
* “Viscosity and Other Physical Properties of Gases and Gas Mix- 
tures,"’ by J. O. Hirschfelder, R. B. Bird, and Ellen L. Spotz, Trans. 


ASME, vol. 71, 1949, pp. 921-937. 
™ The Lummus Company, New York, N. Y. 
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viscosity of carbon dioxide using all experimental data found in 
the literature, r. and «/k prove to vary in opposite senses. Com- 
parison of the computed viscosities for carbon dioxide given by 
Hirschfelder, Bird, and Spotz (8) with the correlation and ob- 
servation values is supplied by Fig. 4. It will be remarked that 
the data obtained by any single observer tend to be more con- 
sistent as regards precision than do the separate groups. Thus 
the results of Bremond are smaller, on average, than the correla- 
tion values by nearly 2 per cent, independent of temperature. 
The Bremond group may be compared with the Vasilesco group 
which crosses the correlation line at about 1100 K with a relative 
variation of plus */, per cent to minus an equal amount. The 
calculated values (8) using constants r, and ¢/k, obtained it is be- 
lieved from viscosity data in the lower range of temperature, tend 
to fall increasingly below the correlation line to the extent of nearly 
3 per cent. Taking into consideration the known limitations of 
the two-constant molecular potential employed (8), the result is 
astonishingly good and it will be informing to obtain similar 
quantitative comparisons for other substances than carbon 
dioxide. 

Fig. 4 does not contain numbers for viscosity by Rammler and 
Breitung (23) cited for comparison by Hirschfelder, Bird, and 
Spotz (8). The Rammler and Breitung values cited are not ex- 
perimental values but viscosities cited by these authors from a 
correlation made by others in 1932 using Sutherland’s equation 
for viscosity. 

A partial answer to Mr. Rubin’s suggestion is included in the 
Closure to the companion paper, published in this issue oa the 
Transactions of the ASME, pp. 597-603. ¥ ts ear 
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Measurements of the Heat Conductivity oo: 
Nitrogen—Carbon Dioxide Mixtures 


teat 
By F. G. KEYES,’ CAMBRIDGE, MASS. 


Measurements have been made of the heat conductivity TABLE 1 AND CARBON 
at 0, 50, and 150 C for three mixtures of nitrogen and car- tn ons Gar Gen CH 
_ bon dioxide. At 50 C the conductivity of the pure com- trogen 
i. P ds was ed over a range of pressure for con- > on 
_ stituents and mixtures. A disc ion of the p e ef- 1 ‘ 1 ' 
fects is given, based upon a theoretical formula deduced by 
Enskog for pure gases, and it is found that to a good ap- 
proximation the coefficients of p/T for the mixtures are a 7 
linear function of the composition. In the course of mak- 
ing the measurements on the mixtures a limit was ob- ' 150 deg C af 
_ served of the pressures at which accurate results could be ‘ 35 1 6.41 
obtained. It is suggested in explanation of the phenome- ‘ 
non, that thermal diffusion causes a separation of the 
_ constituents in the temperature gradient of the apparatus. 
_ The conductivity cell employed was designed for measure- 
_ ments in the case of pure gases, to pressures far in excess 
of the pressures at which the effect was observed for the | 
binary mixtures. The Enskog equation for the heat con- 
_ ductivity of binary mixtures at low pressure is applied to 
_ the heat-conductivity data for hydrogen-carbon dioxide 
at two temperatures and also to the new conductivity re- : 
sults for nitrogen-carbon dioxide mixtures. The com- 
parison of observed and computed conductivities suggests = 
_ the desirability of making new measurements on the pe 
hydrogen-carbon dioxide mixtures to determine whether = | 
or not the effect noted in making the new measurements 
__ has invalidated the older data. 


~ 


The Enskog formula is based on the van der Waals field con- 
HE heat conductivity of nitrogen-carbon dioxide mixtures cept and follows 
is of practical interest because these gases comprise two 
of the most abundant gases in the products = 1/K + 6/5 b p + 0.7574 K 
_ bustion of coal or hydrocarbons with air. The plan envisaged where \ denotes the heat conductivity at density p; b represent- 
_ for the measurements was to make three mixtures of the pure ing fourfold the volume of the molecules contained in a unit of 
_ components and store considerable amounts of each mixture in the substance; and K the quantity following 
__ eylinders under pressure in order to maintain an ample stock, and 
_ to obtain the pressure effect on the heat conductivity. The K = 1+ 5/8b p + 0.29 b* p*........... [la] 
_ ‘measurements having been completed on the binary mixtures, =} wil] be observed that Equation [1] predicts that the 
_ the further aim was to add a third component, for example, water quantity \/p diminishes to a ane Beam increases in a 
vaper, and complete a further series of measurements on ternary similar manner to the course of the viscosity-density ratio as a 
mixtures. In similar way it becomes possible to proceed to function of density.* It follows that the minimum from Equa- 
the measurement of a quaternary mixture by adding to the tion [1] would occur at a density given by the following rela- 
ternary mixtures. tionship 
Table 1 contains the values of 10°) in calories per sec per cm per 
_ deg C for the pure gases, and the binary mixtures at 0, 50, and 150 
from the point fa {i} lead to the equation 
for the minimum value of the heat conductivity 


1 Department of Chemistry, Massachusetts Institute of Tech- - 
nology. Mem. ASME. Amin = 2.94 Ao d p 


the Numbers in Parentheses refer to the Bibliography at the end of Jt ig remarkable that Equation [1) contains the van der Waals 
Contributed by the Research Committee on Properties of Gases > but nota. Equation [3] also predicts that Amia/As is propor- 
and Gas Mixtures and presented at the Annual Meeting, New York, tional to the density only; a result which on general grounds 
 N.Y.N ber 26-December 1, 1950, of Taz American Society oF would appear oversimplified. There were of course no data in 


pate te and opinions advanced in papers are to be existence in 1922, on heat conductivity as a function of pressure 


understood as individual expressions of their authors and not those 
of the Society. Manuscript received at ASME Headquarters, August © * The Enskog formula for the yass of ty is 
24, 1950. Paper No. 50—A-38. a/me = 1/K + 4/5 p + 0.7614 bY p K 


dioxide at 40.3 C with gratifying success. 
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or density, and accordingly, Enskog was unable to test the ap- 

plicability of his equation. He did, however, test the viscosity 

equation using the data of Warburg and von Babo (2) on carbon 
It was found, how- 
ever, that the minimum value of 9/p deduced from the measure- 
ments was 10 per cent smaller than followed from the theory, 
but there is the question of the value of b underlying the con- 
sideration. 
_ The density of a gas may be expressed as a function of p/T 
or p tT, where rt denotes the reciprocal of the absolute tempera- 
ture. Thus, to a first approximation p = M/R (p r) and to the 
next higher order of approximation by the following expression 


p = (M/R) (pr) 


B{M/R)* (p r)?.. {4} 


where By denotes the second virial coefficient, a function of 7 
only. 

Expanding Equation [1] and employing Equation [4] gives 
the following equations 


= + 0.575 b p + 0.0768 p? — 0.133 p*)....[5] 


A = Ao (1 + 0.575 (M/R) (p 7) + (0.076 b* — 0.575 By b) 
(M/R)? (p — (0.133 b* + 0.1536 By b*) (M/R)* (pr)... .) 
[5a] 


where M/R is the reciprocal of the gas constant per gram of sub- 
stance. 

It follows from Equation [5a] that the function (A — A )T'/ 
op = z and pt may be used to correlate the pressure effects of 
heat-conductivity data. In particular, the value of z, as p Tr 
diminishes to zero, or the intersection of the curve formed by the 
z, p T co-ordinates with the z-axis gives the value of 0.575 b(M/R). 
It will be observed that this limiting value is temperature in- 
dependent, whereas the coefficient of (p 7)? and higher-order 
coefficients is dependent upon temperature through the second 
virial coefficient Bo. 

A consideration of recent heat-conductivity data for nitro- 
gen (3) led to the following formula 


105 = + 2.5 — [6] 


an expression which may be expanded and written in terms of the 
z-function given previously. Thus there is obtained 


= (2.99/Xo) + (1.79/Xo) (p 7). 


an equation whose first term is not temperature independent 
and therefore sharply differentiated from Equation [5a]. How- 
ever, at 50 C the value of 2.99/Xo is 0.457, while the independent 
treatment of the nitrogen data in terms of Equation [5a] leads 
to 0.47 for the value of 0.575 b(.47/R). The equation of state 
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0.86 obtained empirically.‘ 
is as follows 


An empirical equation used for CO, 


= 105 Ao + 0.464 — 1)......... [8] 


and this equation gives 0.875 as the value of z for p — 0 at 50 C 
in sufficiently good agreement with 0.86 obtained by direct 
treatment of the 50 C isotherm data. It appears therefore that 
the Enskog equation offers no advantages for the general cor- 
relation of the data for nitrogen and carbon dioxide from equa- 
tion of state b values; however, Equation [5a] regarded as an 
empirical relationship is useful. 


A Dirricuuty ENcounTERED IN Measurtnea Heat Conpvucriv- 
ITY OF MIXTURES 


The method of carrying out the measurements (3) requires 
the maintenance of a constant energy input to the heater of the 
central cylinder of the conductivity cell for a period long enough 
for a steady state of heat flow to become established in the ap- 
paratus. A minimum of three differing energies is employed at 
each pressure and average temperature of the substance to pro- 
vide data for extrapolation to zero energy input. 

The width of the annulus which contains the gas or fluid 
under measurement was fixed in the conductivity-cell design at u 
value, 0.025 in., which keeps convection at a negligible level for 
the highest pressures which it was contemplated would be em- 
ployed in the case of nitrogen and steam. When, however, the 
heat conductivities of mixtures whose molecular weights differ 
considerably are being measured, an effect enters which appears 
not to have been given attention in carrying out heat-conductiv- 
ity measurements. 

In the course of theoretical considerations connected with dif- 
fusion on the basis of the kinetic theory of the phenonenon, 
Enskog, and at almost the same time Chapman (5) recognized 
that the Maxwell-Boltzmann general transport equations led to 
the prediction that the components of a mixture tend to separate 
in a temperature gradient. The phcnomenon is termed “ther- 
mal diffusion” and the measure of the quantity, the thermal- 
diffusion ratio, is written ky = D;/Dy, where Dj; is the well- 
known mass diffusion coefficient for constant temperature and 
density for constituents 1 and 2. The degree of separation pro- 
duced by thermal diffusion is not large, but under certain condi- 
tions can prove disturbing. The following effect observed dur- 
ing the measurements of the nitrogen-carbon dioxide mixture 
under pressure is believed caused by thermal diffusion. 

The method of measurement, as stated previously, requires 
waiting for a steady state of heat flow, sometimes for several 
hours, until repeated readings of the temperature drop across the 
gas annulus of the heat-conductivity cell remain independent of 
time. The sensitivity of the temperature readings is nominally 
0.0023 C, but temperature changes of smaller amount are de- 


constants listed by J. A. Beattie (4) gives for b the value 1.805, 


ce and, accordingly, 0.575 b(M/R) becomes 0.354, a quantity 


tectable. It was observed first a: a comparatively high pres- 
sure with the 0.34 mole fraction nitrogen mixture that the tem- 
perature of the thermocouples inside but near the surface of the 
emitter would not attain constancy. After the lapse of several 
hours a quasi-periodic displacement of the light line from the 
galvanometer mirror to right and left of the scale center set in 
The periodic movement was observed in the case of the four 
thermocouples used to obtain the temperature drop in the fluid. 
Two of the couples are located in the emitter cylinder and two 
in the heat receiver. The amplitude of the galvanometer fluc- 

tuations diminished, however, as the pressure was reduced, and 
(7) the effect was not observed for pressures of a few atmospheres for 


It was not found possible to represent the entire range of nitro- 
_ gen data, Equation [1], empirically, (0 to 400 C and pressures of 
140 atm) over the available range of pressure and temperature 
using the p 7-expression, Equation [5a]. It is possible, however, 
to represent the nitrogen data at 50 C. 
In the case of pure carbon dioxide, the data for 50 C led to the 
following equation 


be 


2(CO,) = 0.86 + 2.8 (pr) + 19.4(pr)*..... 


_ The correlation of all late p-v-7' data for CO; was completed some 
years ago, yielding a value of 6 equal to 1.77, and employing this 
- number it is found that 0.575 b( M/R) becomes 0.546 compared to 


‘James A. Beattie (4) gives the value b = 2.38 ce per gram for 
COs, based on the old data of Andrews. This value gives 0.734 com- 


| 
1 


> 


f the nitrogen-lean mixture, but was observed for each of the re- 
maining increasingly nitrogen-rich mixtures at correspondingly 
__ higher pressures. A possible qualitative explanation of the 
_ observed fluctuations follows. 

It will be perceived that any inequaiity of composition of the 
2 3 ‘;-CO, mixture in the annulus caused by the temperature gradi- 
=. ent is ee by the mass diffusion forces appropriate to the 

ay 


7 


+ + + 


higher-order mixtures by using the requirement that the sup- 
pression of any component of the ternary mixture must restore 
Equation [9] to the form for the binary mixture originally de- 
duced. In the case of quaternary mixtures, the suppression of 
any two components should result similarly. A possible equation 
for higher-order mixtures would then be as follows, using as ex- 
ample the ternary case 


AB AC 


mixture, and a steady state will result under certain conditions. 

If the pressure of the gas mixture is high enough in an annulus, a 

x * n situation can arise where a larger amount of CO, will accumulate 

at one wall of the annulus relative to the opposite wall. Now 

Ne _ the heat conductivity of CO, is smaller, 4.38, than that of nitro- 

ee: gen, 6.54, and, accordingly, the temperature gradient would 

~ 2 tend to nonuniformity, being steeper at the CO, rich side of the 

annulus. Also, the density of the CO, richer layer would be 

greater, and the concentration gradient could unite with the 

_ disturbed temperature gradient to induce a circulation varying in 

a: activity with time. The effect as a whole will be to cause the 

Se resistance to heat flow through the gas annulus to vary in a some- 

what cyclical manner; the effect making itself manifest in the 

; 1S indications of the thermocouples embedded in the silver of the 

- emitter and receiver. The amount of the effect was large enough 

at all temperature drops across the annulus to affect seriously the 

- aceuracy of the measurements under pressure or to limit the 
— _ pressures at which reliable measurements could be made. 


Corre.ation oF Heat Conpucrivrry or Binary Mixtures As A 
Function oF CoMPOSITION 
The Enskog equation (6) for the heat conductivity of binary 
mixtures is as follows 


AL dz 21 


1 — B)+ (ha®/A C) + C)| 


A = 1 + + B= 1 + + 


C = 1 + + gael 22/2) 


The meaning of the quantities gis, gis, 922, ete. will be inferred 
from the explicit expressions, Equations [9a}. 

The empirical formulation of the heat conductivities of binary 
mixtures has recently been reported by A. L. Lindsay and L. A. 
Bromley (8). The development is based on an older scheme for 
correlating mixtures due to Sutherland (9). The Lindsay and 
Bromley formula established through a study of the existing 
data for the heat conductivity of binary mixtures was extended 
in form by induction to deal with multiple component mixtures. 
There are no reported examples of ternary mixtures by which the 

ized equation can be tested, but the representation of the 
en bea is satisfactory. The extent to which the exist- 
ing binary-mixtures data are invalidated by the thermal-diffusion 
effect appears at this time to be completely unpredictable. It is 
for this reason, however, if for no other, that Enskog’s theoretical 
formula should be applied with the expectation that a survey of 
the differences between the observed and computed values may 
lead to inferences of value in perfecting our knowledge of the heat 
conductivities of mixtures. It is clearly evident also that a sus- 
tained program of heat-conductivity measurements of mixtures 
should be carried out in view of the theoretical implications and 
also the great importance of the data in technical design. 

In this paper only one example other than the new nitrogen- 


_ (n2/n) 1 + gx 


a + giz (n2/m)) + gn 


(mi /na)) 


where A, and A, are the low-pressure heat conductivities of the 

gases of the binary mixture at a constant temperature, the 
- numerically lesser subscript denoting the component of smaller 
- molecular weight. The symbols giz, gn, and / have the following 
significance 


1/gi2 (S:/Siz) ( am ) 30 m,* + 16 mm, + <3 m,* 
m + m\*/* 8 (m + m)* 
2 
Men = ( 2 m, ) 30 m,? + 16 + 13 
; .. [9a] 


L = e(gisga)'/*; ¢ = 27 ab 


= m (30 + 16 mum + 13 b = 
me/(30 m2 + 16 + 13 m,*)'/* 


- The quantities S,, S; are the molecular diameters of the mole- 

cules, and S;,; may be assumed the arithmetical mean of S, and 

_ $_ (7). The m refer to the masses of the molecules, or since 

ratios are involved in the homogeneous fractions, molecular 
weights may be substituted for the m-symbols. 

Equations [9] and [9a] may be extended to apply to ternary or 


carbon dioxide mixtures will be discumed, namely, the case of 


hydrogen-carbon dioxide. This binary mixture was investigated 
by Sophus Weber (10) and a large number of heat-conductivity 
measurements reported for0 C. The mixture was also measured 
by T. L. Ibbs and A. A. Hirst (11) at room temperature, using a 
katharometer, the indications of which were interpreted for 
heat conductivity by calibrating the instrument through the 
use of gases of known heat conductivity. The results for the hy- 
drogen-carbon dioxide mixture were reduced to the temperature 0 
C for comparison with the Weber data. 

Table 2 contains the data reported by Weber for the various 
hydrogen concentrations submitted to measurement. There 
are, however, three series of computed values tabulated using 
Equations [9] and [9a]; those for which the molecular diameters 
have been taken from the equation of state formulations* and 
using heat-conductivity values for the pure components from a 


* The molecular diameter for hydrogen has been calculated from 
bon dioxide is derived from an unpublished correlation of the most 
recent data for CO:. The value obtained, 3.95.10~* cm, may be com- 
pared with 3.996.10~-* recently deduced from viscosity data by Hirsch- 
felder, Bird, and Spots. 
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( 
7.53 
4.48 
4.42 
4.37 
4.66 


10%] cale4: ¢ 
* 10A* values for pure 


values. 


TABLE 2 HEAT CONDUGTIVEFT OF MIXTURES OF AND CARBON DIOXIDE 
EBER (10) DATA AT 0 


per sec per cm per Cc) 
17.01 


© Taking S; and S; from eq cave t 
10~-* om from a study of recent GO. ae: 
: Employing 8. Weber values for og compone 
Taking fictitious value of S; = 3.5.10 ~ 


3 COMPARISONS OF OBSERVED AND COMPUTED 


UES FOR NITROGEN-CARBON DIOXIDE MIXTURES 


r cent Ni 
obs* 3 
caled 


* Values entered for pure components are from a correlation of all existent 
ues. 


+ Early values using brass test cell. 
Silver = ell. 

i [9], [9a], and molecular diameters from 
‘of state (4) for pure gases. S; = 3.41 X 107%; = 
a recent formulation of equation of state for CO, 


consideration of all reported data: a second series employing 
Weber's values for the pure components; and the final series 
employing a “fictitious” hydrogen diameter. It will be observed 
that the computed values employing a hydrogen molecular diame- 
ter derived from the equation of state lead to computed values 
which are considerably smaller than the reported measured 
values. The differences form a smooth curve when related 
graphically to composition. The computed values using the 
fictitious diameter are, however, in reasonable agreement, and 
even better agreement could be obtained by employing for both 
components molecular diameters unrelated theoretically to 
interpretations of either viscosity or equation of state data. The 
advantages of being able to utilize the molecular diameters de- 
rived from the latter kind of information for computing the heat 
conductivities of mixtures are, however, considerable. It will be 
observed that thermal diffusion conceivably could provide the 
convective disturbances which lead to high values in the mix- 
tures. 

Turning to the new data for mixtures of nitrogen-carbon di- 
oxide, computations employing Equations [9] and [9a] of the heat 
conductivities for the mixtures have been completed for low 
pressures, and the results are listed in Table 3, employing molecu- 
lar diameters deduced from Beattie’s nitrogen equation of state 
constants (4) and the value 3.95.10~-* em for CO,, employed for 
the computations entered in Table 2. It will be observed that 
the agreement between the observed and the computed values 
are tolerable. However, the differences in the heat conductivi- 
_ ties of the individual components are much smaller than for the 
case of hydrogen-carbon dioxide, N;/CO, 1.49 at 50 C to H,/CO, 
11.48 at 0 C. 

Except for purposes of discussion it would be unwarranted to 
— that the failure of the equation of state diameters em- 
ployed in Equations [9] and [9a] to reproduce the reported heat 


conductivities of the hydrogen-carbon dioxide mixtures was 


caused by thermal-diffusion-effect errors in the observed data. 
It is a fact that a theoretical formula for the viscosity of mix- 
tures similar to Equations [9] and [9a], employing the equation 
of state molecular diameters for both hydrogen and carbon di- 
oxide, leads to computed viscosities in fair agreement with the 
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- 
36.98 60.68 
10.34 17.24 
8.4 14.29 

14.78 


re components are those reported by 8. Weber (10). 
> Values of 10°; Sea 10%%¢ for pure > compenae are from a correlation equation based on all reported ae mee 


(4) for nitrogen, S; = 2.55.10~* em, and S; = 3.95.- 


= 3.95.10-%em; Six = 3.725.10-* cm. 


observed viscosities (13). However, the relation between vis- 
eosity and heat conduction is not in a state of development which 
makes a favorable comparison between observed and computed 
viscosities a basis for certain inference with respect to a failure to 
compute satisfactorily heat-conductivity values. The situation 
can be clarified only by resorting to new measurements which 
it is hoped can be made in the forthcoming year. 


Heat Conpvuctiviry or Mrxtures or NirroGen-CaRBoNn 
Droxive UnpER Pressure 


In an earlier section of the paper it was found that the pres- 
sure dependence of the heat conductivity of nitrogen and carbon 
dioxide could be represented by the two following equations 
suggested by Enskog’s theoretical formula 


50 C, (Nz) A = Ao [1 + 0.47 p r + 0.36 (p r)*] 
50 C, (COs)A = Ao [1 + 0.86 p + 2.8 (p + 19.4 (p 


For the 0.3406 mole fraction nitrogen, the 0.5288 and the 0.6650 
mixtures, the coefficients of p r are, respectively, 0.75, 0.65, and 
0.57. These values appear to be linear in the compositions within 
the limits of accuracy of the data as the following indicates. 
Denoting the coefficients of (p 7) by a, we may write 


a = 0.47 x, + 0.86 z = 0.86 — 0.39 x, 


Table 4 gives a comparison between the coefficients found for 
the three mixtures and those calculated from Equation [13). 


TABLE 4 COMPARISON OF COEFFICIENTS 
a 0.341 0.529 0.665 
@ obs 0.75 0.65 0.57 
a cale (13) 0.727 0.654 0.601 
There does not appear to be a simple relationship between the 
@,-coefficients, certainly not a linear correspondence between 
coefficients and the mole fraction composition. However, 
should the linear form for the a,-coefficient prove to be general, 
the design engineer has at his disposal considerable command over 
pressure effects for any mixture. Indeed the linear relation- 
ship is a plausible inference from Enskog’s theoretical con- 
siderations. 
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Discussion 


R. T. Bryan* anp J. G. Pere.’ The Research Committee on 
Properties of Gases and Gas Mixtures must be complimented for 
sponsoring this work and for obtaining the services of the author 
who is an authority in the field. This paper and a companion 
paper* are important contributions to our limited knowledge of 
gas properties. The data for the carbon dioxide-nitrogen mix- 
tures under pressure, and the single-gas Sutherland-type equa- 
tions for thermal conductivity and viscosity are valuable and new 
tools for the design engineer. The author is also to be commended 
for the introduction of a new means for calculating the conduc- 
tivity and viscosity of gas mixtures based upon sound theoretical 
considerations. 

This discussion is presented to anticipate such questions which 
may occur to an engineer in applying the .author’s data to the 
solution of probiems or designs in the field of heat transmission. 

The author introduces new data demonstrating the pressure 
effect on conductivity of carbon didxide and nitrogen. The 
writers cite the experimental data of Lenoir® who determined 
thermal conductivity of seven gases, including carbon dioxide and 
nitrogen, over a pressure range of 1 to 200 atm. Lenoir compared 
his observed data to a generalized correlation of single gas conduc- 
tivity published by Comings and Nathan,’® and it was shown that 

* Analytical Engineer, Research and Development Department, 
Babcock & Wilcox Company, Alliance, Ohio. 

7 Analytical Engineer, Research and t Department, 
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*“A Summary of Viscosity and Heat-Conduction Data for He, A, 
Hz, Oz, Nz, CO, COz, H:0, and Air,” by F. G. Keyes, published in 
thie issue of the Transactions, pp. 589-596. 

* Measurement of the Thermal Conductivity of Gases at High 
by J. M. Lenoir; Abstract of thesis for degree of PhD in 
ical Engi ing, ee of Illinois, 1949. 
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REDUCED PRESSURE Fr 
GENERAL CORRELATION OF THERMAL CONDUCTIVITY 
RATIO ACCORDING TO COMINGS & NATHAN 


FIGURE 


Fie. 1 Generac Correcation or Taermat Conpvuctivity Ratio 
AccorpinG To Comines AND NATHAN 


| agreement was satisfactory. Fig. 1, herewith, is a reproduction 


of the Comings and Nathan’® generalized conductivity-ratio plot 
versus reduced pressure and temperature. The conductivity 
ratio is the ratio of the conductivity of the gas at any pressure to 
the zero pressure conductivity. The reduced temperature and 
pressure are the ratios of gas temperature and pressure to the 
critical temperature and pressure. It is readily seen from inspec- 
tion of Fig. 1 that at low values of reduced temperature the 
deviation from zero pressure conductivity is serious. 

A comparison is made in Table 5 of this discussion of values 


TABLE 5 COMPARISON OF KEYES, COMINGS @ NATHAN TO LENOIR 


PRESSURE — CONDUCTIVITY 


TEMP THERMAL CONDUCTIVITY 
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calculated from the author’s Equations [8] and [12] and from the 
Comings and Nathan generalized conductivity correlation with 
the experimental values of Lenoir. One wil] note that the au- 
thor’s Equation [8] for carbon dioxide is not satisfactory for 
extrapolation beyond the experimental range. His Equation [12] 
for carbon dioxide does not give good agreement with Lenoir’s 

4° “Thermal Conductivity of Gases at High Pressures,” by E. W. 


Comings and M. F. Nathan, Industrial and Engineering Chemistry, 
vol. 39, 1947, p. 964. 
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data beyond 50 atm. For nitrogen, Equation [6] is quite close to 
the observed data. The Comings and Nathan chart yields good 
agreement to all values of Lenoir. The writers feel that the 
Comings and Nathan work can be relied upon to produce single- 
gas conductivities accurate enough for most engineering usage 
and as such is a valuable aid to the designer. 

In the author’s paper he notes that at “comparatively high pres- 
sures’ a phenomenon occurred in his apparatus which he attrib- 
utes to “thermal diffusion.” He hypothesizes that the constit- 
uents of the mixture separated due to the temperature gradient 
across the gas layer. If this is true, then any heat-transfer data 
obtained on high-pressure gas mixtures should be examined care- 
fully for this effect, particularly in the laminar region. It may be 
necessary to take thermal diffusion into account in order to ob- 
tain a satisfactory heat-transfer coefficient correlation. Further 
study of this phenomenon should be made so that the design 
engineer can evaluate properly the thermal-diffusion effect in the 
application of general heat-transfer correlations to gas mixtures 
at high pressures. Would the author indicate what he con- 
siders to be “comparatively high pressures?” 

A survey of the literature yields three equations for calculation 
of the zero-pressure conductivity of a gas mixture; the Chapman- 
Enskog,"' Enskog referred to in the paper, and Lindsay-Bromley'* 
equations. The Lindsay-Bromley equation is the only one of the 
three that can be used for a mixture of polar and nonpolar gases. 
The Chapman-Enskog equation and the author’s Enskog equa- 
tion are based upon classical fields, involving nonpolar mole- 
cules. To our knowledge, the behavior of polar molecules has 
not been evaluated to the extent that their behavior can be taken 
into account in the two equations. Thus mixtures of gases that 
contain water vapor or ammonia cannot be calculated using the 
author's recommended equation. 

Table 4 of the paper presents a comparison of alphas observed 
to alphas calculated. Would the author pledse explain in more 
detail the derivation of his Equation [13] and the method of 
obtaining the experimental alphas? 

In view of the facts that there are almost no data for conduc- 
tivity of gas mixtures at pressures above atmospheric, and that 
there is no generalized procedure for calculating the conductivity 
of these mixtures, the heat-transfer designer is forced to estimate 
mixture conductivities. We suggest the following method which 
will permit a designer to approximate the right order of magni- 
tude for the gas-mixture conductivity: calculate the equilibrium 
pressure of each constituent and, using the Comings-Nathan 
generalized correlation of thermal-conductivity ratio as a func- 
tion of reduced temperature and pressure (Fig. 1, herewith), 
determine the conductivity ratio for each gas at its equilibrium 
pressure. Most applications for heat transfer will have the 
gases at relatively high reduced temperatures, and Fig. 1 demon- 
strates that the deviation from zero pressure conductivity is small. 
The mixture conductivity can then be calculated from the au- 
thor’s recommended Enskog formula Equations [9] and [10) 
when nonpolar gases are involved, or by the Lindsay-Bromley 
formula for any gases. 

A similar proiedure can be followed for gas-mixture viscosity, 
utilizing the general correlation of viscosity ratio as a function of 
reduced pressure and reduced temperature presented by Comings, 
Mayland, and Egly." The final viscosity can be calculated with 

Mathematical Theory of Non-Uniform Gases,"’ by 8. 
Chapman and T. G. Cowling, ste Press, Cambridge, England, 
1939. 

12 “Thermal Conductivity of Ges Mixtures,” by A. L. Lindsay and 
L. A. Bromley, Industrial and Engineering Chemistry, vol. 42, 1950, p. 
1508. 

8 “The Viscosity of Gases at High Pressures,"’ by E. W. Comings, 
B. J. —— and R.8. Egly, University of Illinois Bulletin No. 42, 
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the author’s recommended Enskog equation for viscosity* or with 
the viscosity relationship expressed by Hirschfelder, Bird, and 
Spotz." 

Calculated values determined by the foregoing have been com- 
pared to the author’s experimental values of conductivity with a 
maximum deviation of —13 per cent. (This range of deviation 
is tolerable for design purposes, considering that heat-transfer 
correlations are usually valid to approximately +15 per cent 
deviation.) The error appears to become progressively larger as 
the reduced pressure increases; therefore this procedure should 
be applied with caution when deviation from zero-pressure proper- 
ties is significant. If we accept the mixture equations as correct 
for zero-pressure properties and that the generalized conductivity 
and viscosity correlations are adequate, then the proposed method 
is correct in the limit. We realize that the proposed method is 
not exact but it may serve in the interim until a sound 
generalized method is evolved. 

It would be extremely helpful if the author would indicate any 
further suggestions he may have in mind which would aid the 
design engineer in attacking this problem. 


CLOSURE 


The author thanks Messrs. Bryan and Pere for their detailed 
discussion and suggestions. The author’s paper was intended to 
serve as a first report of progress in an investigation of mixtures 
of N.-CO,, which must necessarily require considerable time be- 
fore sufficient data become available over a large enough range of 
temperature to test the adequacy of alternative formulations. 
The following comments are being written (March 23) seven 
months later than the material in the preprint with more new 
data available. It is hoped to bring additional new results into 
presentable form for the next ASME Fall Meeting. 

It is first necessary to state that in the final revision of the 
paper the data on the N,-CO, mixtures for 150 C have been 
removed from Table 3 for the following reason. The 150 C 
observations on the mixtures were taken just prior to the summer 
vacation period of 1950, and resulted in a higher value of the 
heat conductivity for nitrogen than either the correlation value 
based on the old data or the value reported by Keyes and Sandell 
in 1949. Since there had not been a redetermination of the 
“blank” for the heat conductivity cell at 150 C for about a year 
prior to the measurements of 1950, the blank for 150 C was calcu- 
lated from the readings with N, filling the cell. A complete 
redetermination of the cell blanks over the whole temperature 
range to 350 C was carried out last December and the older 
blanks were confirmed. The measurements of the mixtures and 
both the components were then all repeatedly measured during 
the course of which every detail of the electrical circuits and 
electrical standards was verified. The dryness and purity of 
the N, and CO, and the mixtures were also meticulously investi- 
gated. The result of the effort was confirmation of the original 
December, 1950, observations at 150 C. Measurements were 
then extended to temperatures higher than 150 C with the finding 
that the correlation values are increasingly lower in value above 
60 C as are also the measurements for nitrogen reported by 
Keyes and Sandell in 1949. However, the correlation values for 
CO, are essentially confirmed to 350 C as shown in Fig. 3 of the 
companion paper, published in this issue of the Transactions 
of the ASME, pp. 589-596. No explanation has been discovered 
for the low results reported by Keyes and Sandell above 60 C in 
the case of nitrogen nor does an examination of the low Weber 
and Borelius results at 325 and 500 C lead to clarification. In- 


«Viscosity and Other Physical Properties of Gases and Gas Mix- 
tures,”" by J. O. Hirschfelder, R. B. Bird, and Ellen L. Spots, Trans. 
ASME, vol. 71, 1949, pp. 921-937. 
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deed these two of the older values along with others at tempera- 


tures between 63 C and 0 C comprise all the older values above 


_ 0C. The group of older data nevertheless leads to an apparently 


consistent correlation represented by the equation for N: given 


in Table 6 of the accompanying paper giving a summary of 
viscosity and heat conduction data. A full discussion of the 
discrepancies in the heat conductivity of nitrogen will appear at 
a later date. 

The author has followed the work of Comings and Nathan in 
relating the heat conductivity ratio K/K to the reduced pressure 
for constant values of the reduced temperature. A somewhat 
similar corresponding states correlative device was introduced 
some twenty years ago for the fugacity-pressure ratio in graphical 
relation to the reduced p for constant reduced tempera- 
tures, and experience has proved that many necessary approxi- 
mate calculations of properties can be made leading to important 
conclusions in situations where measured properties are incom- 
plete or entirely lacking. The corresponding states approach 
ean however be shown, on the basis of assured theory, to be at 
_ best a rough approximation. For this reason principally, the 
_ author, having planned a broad program of investigation of heat- 
conductivity properties, believes that Comings and Nathan have 
already given as much discussion as is possible of the advantages 
of employing corresponding states representation until a con- 
siderable accumulation of new heat-conductivity data over a 
wide temperature range is available. 

Turning to Table 5 and the case of COs, it will be noted that 
the critical temperature for this substance is 87.8 F and the 
critical pressure 73 atm. The volume ch with p is 
enormous in the region above the critical temperature and our 


- measurements have not been carried out in the case of CO, even 


_ at 112 F, to pressures exceeding 60.6 atm. It would be beyond 
reasonable expectation to hope that the simple formula [8] for the 
CO, pressure effect could be used for extrapolation into a region of 
state as complicated as that corresponding to 106 F, 134 F, and 
pressures above 100 atm. 
‘The situation of state for N, at 106 F and 200 atm is quite 
different from that of CO,. Indeed 106 F in the case of N, is 
comparable to 896 F for CO, on the basis of equal fractions of 
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the critical temperature and were Equation [8] applied to the 
CO, at 896 F, perhaps it would give as good an accounting of the 
pressure effect as in the case of N,. No data for the comparison 
are available. However, using the reduced temperature 2.48 
corresponding to 106 F (Tei for Nz = 228.6 R) and reading 
from the CO, chart, Fig. 1, one finds a tolerable agreement be- 
tween K/K, cale for 200 atm (p, = 2.74), namely, 1.20 and 1.26 
resulting from Equation [8], albeit the value of K/Ky from 
Equation [8] is obtained by generous extrapolation. 

The commentators request a definition of the author’s concept 
of “comparatively high pressures.” A cylindrical-annulus type 
of conductivity cell may be designed with a value of the annular 
width suited for measurements of the heat conductivity of a fluid 
having a density and temperature difference in the annulus 
which must not be exceeded if convection is to be avoided. In 
the case of N,-CO, mixtures, disregarding thermal diffusion in 
the temperature gradient in the cell, measurements without con- 
vection should be possible to say 60 atm. A “comparatively 
high pressure” would therefore be an appreciable fraction of 60, 
say 45 atm. Actually to obtain complete absence of convection 
it was necessary to employ pressures less than half of 60 atm. 

The commentators request derivation of Equation [13]. The 
a,’s at 50 C are 0.47 for pure N2, and 0.86 for pure CO,, Equations 
{11] and [12], representing the first order combined effect of 
pressure and temperature in terms of p/T. For mixtures of N; 
pod CO, it would be of interest to know whether a linear compo- 
sition dependence of the a,’s for the components represented the 
measured dependence for the three compositions. Equation [13] 
is a linear dependence form where 2, is the mole fraction of nitro- 
gen in the binary mixture. For the case z, -> 0 we have a for 
pure CO,, namely, 0.86; and for pure N; or z; — 1, a, = 0.48. 
Table 4 exhibits the accord with the observed a’s for each mix- 
ture. The experimental a; values were obtained from the meas- 
ured pressure effects in each case employing Equation [1] em- 
pirically, i.e., not employing 6 values from p-v-T data, for ex- 
ample. 

The author requests an extension of time to accumulate more 
data on mixtures over a range of temperature before attempting 
to answer the commentators’ last paragraph. 
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where k,, is a constant. 
— this is a unique definition of dr. 
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A Method for the Calculation of Heat 


Transfer in Solids With Temperature-_ 


The problem of heat transfer in a solid, whose conduc- 
tivity and specific heat depend on the temperature, is 


converted by a simple change of variable to one in which 


iF the conductivity may be held constant, and only the spe- 


_ ¢ific-heat term varies with temperature in a way which 


, depends upon the variation of both parameters. The 
_ method is illustrated by application to a problem previ- 


_ @usly solved by Dusinberre in a different way. The effect 


on the final solution of different finite approximations to 
the derivatives is also discussed. 


HE general form of the beat-transfer differential equation 
for an isotropic solid may be written* 


where k is the conductivity and is a function both of position and 


temperature; q is the rate of heat input per unit volume and is a 
function of position, temperature and time; and c is the specific 


heat per unit volume and is a function of temperature and posi- 


tion. TJ is the temperature and @ the time. The equation as 


given is nonlinear and the various coefficients are not simple 


functions of the variables, which makes the solution intractable 
_ by any but numerical means. However, it may be simplified in 
- many eases and put in more usable form for numerical computa- 
_ tion. One very important special case is where & and ¢ are 
functions of temperature alone. Following a procedure sug- 
gested by Kirchhoff* and also by Elrod,‘ we may make a scale 


change in T, letting 


Since k is now a function of T alone, 
Thus it may be seen that 


k(t — 7.) = Se kaT 


E cab From this we may choose 7’, and 1, arbitrarily, and the most 
logical choice is to take them equal at some base value which is 
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Dependent Properties 
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germane to the problem, such as the temperature of a constant- 
temperature heat sink. It has been customary to determine the 
value of k,, by equating 7 and r at the highest temperature oc- 
curring in the problem, but this is not necessary, and some other 
temperature may be more convenient. 

Substituting Equation [2] into Equation [1], it is not difficult 


The usual boundary conditions either fix the temperature or the 
heat flow across a surface. In the first case the value of 7' is 
fixed, and t may be found from Equation [3]. In the second 
ycase the condition is 


where q, is the heat-flow rate per unit area. By use of Equation 
[3] this may be written 


which fixes the normal derivative of r. This also shows that 
the total heat flow over any area for a given period of time may 
be found by taking the solution for 7 and calculating heat flow 
in the usual manner, using r in place of the actual temperature 
T, and letting the conductivity be &,,, a constant. In other 
words, the heat flow is 


ff ff 


Heat Firow Turoves Brick Furnace 


As a specific example, let us take the case of the heat flow 
through a brick furnace wall as discussed by Dusinberre.* The 
problem is that of a wall so large that the flow is essentially one- 
dimensional. The outside air has a constant ambient tempera- 

ture and the inside of the wall is subjected to a known cyclic 
temperature variation. This reduces Equation [4] to 


[7] 


where ¢c/k is a known function of T and thus of r, and T and 
therefore r at the inner boundary is a known periodic function 
of time. The condition for the outer boundary is 


or 


Oz 


where h is the surface coefficient, and T’, is the ambient tempera- 
ture. 1’, is the temperature of the outer surface. Fortunately 


* Reference 2, p. 186. 


A(T, — T,) =k 


be 


J 


T,,) is small and of rather limited variation, so that if 
m is defined by 


kt, — Te) = kaT 


where 7, = T.,, t, = T,, and 7’, is an approximate average value 
of T,, then (7, — 7,) and (7, T,) will always be approxi- 
mately equal; what is more important, the total heat transfer 
will be exactly the same over a complete period. Since c/k is 
not a simple function of temperature, Equation [8] is still a rather 
complicated nonlinear equation, and numerical methods are best 
adapted to its solution. Dividing the thickness of the brick 
wall into n equal sections each Ar long, we may call the outside 
face point o and the inside face point x. The time must also be 
divided into steps of A@; the function 7 at point i Az and time 
j 40 may be designated 7,,,. Then a numerical approximation to 
Equation [8] is 


= + +19 [ec Tig—s (10) 
ar. k 240 


‘The error on the left-hand side is of the order of magnitude of 


1 O'r 
— Ar 
12 Ort 
and the error on the right-hand side is of the order® Sm “eer* 
1 O'r —2 
a6 
6 


Using the fact that (7, T,) is approximately equal to (7', 
T,), Equation [9] may be written, for the values of r,, 7,, and 
7, (an interior point) at a given time 


hA(r, — 7.) = k,, 
ar 
or 
ky, k,, os 


which satisfies the boundary condition at the outside face. The 
right-hand side of Equation [11] is in error by approximately 

1 O*r 

2 Oz? 
This could be a sizable error depending on the magnitude of 


both terms. Az is known and (0*r)/(Ozr*) can be found from 
Equation [8]. If this term is appreciable it will be necessary to 


write 
2 
Ar 2 
(m — ke Or 
=k As .. lal 


where (Or)/(O8) is evaluated at the present time and at r = 
4, T,. This can be set up as a difference equation, but it probably 
would be simpler to consider the term involving (O7)/(O@) as a 
correction term which may be evaluated approximately alter 
_ finding the value of 7, from Equation [12). 

It is not too difficult to show that these equations are identical 
- to those derived in a different manner by Dusinberre,’ with the 


ose “Eigenwertprobleme,” by L. Collats, Chelsea Publishing Com- 
: lel pany, New York, N. Y., 1948, p. 272. 

Reference 2, Equation [15-19], et seq 
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exception of the right-hand side of Equation [10] in which he 
uses the approximation 


+1 
a6 


for (Or)/(O8); this involves an error of 


1 
6 
2 00 


and contributes nothing to simplicity, except in the conditions in- 
volving the starting time. While the equations are algebraically 
identical and thus, theoretically, should give the same numeri- 
eal results, with the exception noted, which could easily be in- 
corporated into Dusinberre’s method, the manipulation is dif- 
ferent, since he does not use the r-concept. He avoids this by 
using a chart from which numerical corrections are found; not 
only must this chart be prepared anew for each material used, but 
the calculations essentially involve finding the small difference 
between two large numbers, both of which are picked off the 
chart by a double interpolation method. The proposed method 
is open to a similar objection in Equation [10], which may be 
written 

Ar c 


= [10a | 


However, the quantity in square brackets is the small difference 
between two large numbers each of which is a primary quantity 
instead of being derived from a supplementary chart. This is 
best illustrated by a numerical comparison of one step by each 
method. In Dusinberre’s problem 7, ~ 150 F, T, = 100 F 
and, thus k,, may be taken to be 0.93 Btu/hr ft* (deg F/in.).* 


Then rf is given by 
T 
AT + 100 13 
7 = 593 q 
100 


where q = //0.99 (again from the same table,* last column). 
Dusinberre’s calculations for the 58th hour are as follows: 


Time Point To T. Ts T; T. = Ts 
57 100 175 620 1075 =1440 1500 
Xntin 65 175 160 30 
Xn-in -150 175 60 
5S 100 180 645 1060 1360 


For example, X,,4,.. is found from a two-dimensional contour 
chart from the two temperatures 7; and 7;, 1440 and 1500. 

To proceed by the proposed method it is necessary to convert 
T to r by Equation [13]; this, of course, would be unnecessary 
at each step in actual computation since t would be used in the 
whole procuss. Using Equation [10a] (the 2 disappears, since 
we are evaluating the derivative over only one interval): 


Time Point Ta ve Ts 

57 100 180 649 1202 1723 1818 
Titus — 469 553 6521 95 

— TH) — — 84 —426 
29 —13 —205 

58 100 185 678 1189 1518 
1-12 hr/ft? (deg F/in.) 
= 0.332 
25° Btu 


(k must be found from Dusinberre’s table*) aa 
2. Table 15-7 


| 
- 
| 
= 


PLUNKETT- 


which gives the value of 7, at 58 hr from the values of r, and 7, 
at the same time. 

A comparison will show that the r-values at 58 hr are exactly 
equivalent to the 7'’-values at the same time as found by Dusin- 
berre within the margin of error of the latter. A disadvantage 
of the proposed method is that a further operation is necessary 
if the actual temperatures are desired, but this is unnecessary 
since the heat flow may be found from the 7-values by Eq. [7]. 


APPROXIMATION 


It is of interest to examine the effect of using the double- 
interval approximation to the first derivative of temperature 
with respect to time instead of the single-interval approximation, 
as used in the illustrative problem. As has been shown, the 
simpler method involves an error proportional to the second 
derivative; from an examination of the temperature-time curves 
in the cyclic process cited by Dusinberre,® it may be seen that 
the second derivative is generally positive temperature decreas- 
ing and negative with temperature increasing. 

From Equation [1] it may be seen that recurrent errors of 


constant sign, such as these, have the same numerical effect as _, 


heat removal or generation throughout the material, so that, in 
the case of increasing temperature, the effect is that of continually 
adding heat, which leads to the overshoot that Dusinberre men- 
tions. For decreasing temperature, the effect is of removing 
heat which again leads to overshoot. The remedy is either to 
use a smaller interval or a better approximation, such as the one 
suggested in the foregoing. 

The two-dimensional case with heat generation may be handled 
in a similar manner. In this case let the function 7 at position 
x = ib, y = 76, and time kA@ be 7,,,; then the numerical ap- 
proximation to Equation [4] is” 


/ 


Discussion 


— 


G. M. Dustvserre."' Before attempting to evaluate this 
paper, one should be familiar with Southwell’s contribution, 
“The Quest for Accuracy in Computations Using Finite Dif- 

It will then be seen that the author is following what Southwell 
has characterized as the “mathematician’s approach,” that of 
striving toward an improved accuracy in each step of the 
numerical computation, at the cost of some complication in the 
procedure. This is by contrast with the “engineer’s approach” 
which seeks to retain the greatest simplicity of procedure and 
to attain a necessary and justifiable degree of accuracy at the 
cost of closer subdivision. 

Each approach has its merits and in each case (as is inevitable 
in numerical analysis) the cost of greater precision is more 


Reference 2, Fig. 15-10 
* Reference 5, p. 286. 
“ Professor of Mechanical Engineering, Pennsylvania State Col- 
lege. State College, Pa. Mem. ASME. 
“Numerical Methods of Analysis in E ing,” 
by L. E. Grinter, The Macmillan Company, New York, 


-HEAT TRANSFER IN SOLIDS WITH TEMPERATURE-DEPENDENT PROPERTIES 


tpt the single-interval approximation to te’ (= Ot/00) is given by 


607 


work. This writer has always favored the engineer's approach 
for at least two reasons: 


1 At the first encounter with a problem, it may not be 
clear what degree of precision is attainable and justifiable; 
therefore the simplest possible method should be tried first. 
The problem selected by the author, viewed as an engineering 
problem, was solved with all the accuracy that the data war- 
ranted by much simpler methods" than those which the author 
compared. 

2 Unless the differential equation is taken as fundamental 
rather than the physical situation, the question of “errors” in 
terms of derivatives is rather academic (to an engineer) and 
even when the differential equation is taken as “exact,”’ South- 
well'? has shown that wrong conclusions may be reached. 


Nevertheless, those whose turn of mind inclines them to the 
mathematician’s approach will find Plunkett’s work instructive 
and useful. 

The author notes the “overshooting” which was reduced by 
the use of a smaller time interval. It would be interesting to 
know whether his analysis gives an improvement in respect to 
the day-to-day change in this overshooting. Formerly, this 
change could only be attributed to some variation in the actual 
physical properties of the material. 


D. H. Fax.'"* The idea of linearizing the space-dependent 
derivatives of the heat-transfer equation according to the sug- 
gestion of Kirchoff, whereby the temperature-dependent proper- 
ties appear only in the coefficient of the time derivative, is cer- 
tainly an excellent one. This procedure makes the partial dif- 
ferential equation more amenable to numerical integration tech- 
niques than does the previously proposed method of solving thix 
problem. 

This paper deals with two ideas: That mentioned in the fore- 
going, and the order of the error involved in different finite- 
difference approximations to the partial derivatives. The 
writer is particularly interested in the latter idea and, since the 


- two ideas are really independent of each other, will discuss its 
_ application to problems involving constant thermal properties. 


The author states that the first term of the error involved in 


A@ te’’/2, while that corresponding to the double-interval ap- 
proximation is A@*is’’’/6; hence the latter error is less than 
the former because the latter is proportional to the third deriva- 
tive while the former is proportional to the second derivative. 
That this argument is not valid is fairly obvious; without a 
priori knowledge of the wanted function we can say nothing 
of the relative magnitudes of the various derivatives. In fact, 
we cannot even say that the first term of the remainder of the 
Taylor series expansion is the largest of the terms. What can 
be said, however, is the following: As the interval A@ is decreased 
in successive approximations to the solution, the error in the 
single-interval approximation goes to zero as A@, while the double- 
interval error chokes off more rapidly, ie., as A@*. In other 
words, while we know nothing regarding the relative magnitude 
of error due to the two alternate expressions at a given A6, 
we do know that the double-interval expression converges more 
rapidly to the derivative as A@ is successively reduced, hence 
it is, in general, superior if properly used. 

In the present application, however, the writer doubts whether 
the double-interval approximation for tg’, as suggested by the 
author, helps the over-all convergence of the heat-transfer prob- 


% Reference (2), p. 160 ff. 
“ Assistant Professor of Mechanical E 


gi ing, The Johns 
Hopkins University, Baltimore, Md. Jun. ASME. 
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lem unless a quadruple interval is used for approximating 
t,’". If we use the double interval for z and the single interval 
for 0, the finite-difference equation becomes 


where 8 = a(A@/Az’). If 8 is held constant while the interval 
Az is successively reduced, the over-all] error can be said to be 
of the order of Az’. On the other hand, retaining the double 
interval for z and introducing the double interval for @ gives an 
error 


Thus nothing is gained by the new complication since the over- 
all error is still of no higher order than Az’. 

It is of interest to apply the same test to the technique of 
handling the boundary condition. Using here the single interval 
in z as in the author’s Equation [12] } 


log & (t, los — Jo... (15] 
1.00 
0.98 
é\e 
| EXACT SOLUTION 
eve 
0% 
° 
$ ae 
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FOURIER NO. - 


Fic. 1 Comparison or Numericat Inrecrations Versus Exact 
SoLuTION 
(Problem: One-dimensional slab of thickness L, originally at uniform 
temperature of unity, one face of which is perfectly insulated, the 
other suddenly exposed to an infinite medium at zero temperature; 
Biot number = AL /k = unity.) 
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there depend upon those at the boundary. However, su is 
stituting 
to.jti — bj Aé 


46 2 
in the preceding equation yields 
to.j+1 — 28> tig + (28 — __ 4’ . [16] 
Az 6 
This last expression converges at the desired rate and is easily 
solved for to.;+1- 
As an illustration of the foregoing, Fig. 1 of this discussion com- _ 
pares the results of the numerical methods with an analytical 


= [to los = 


h 


the conventional boundary operator derived from Equation [15] 
herewith, the circles from an operator derived from Equation _ 
{16}. In each case a calculation was made for two values of | 
Az; 8 = 0.5 for all calculations. While the second-order 
approximation (Equation [16]) shows an oscillation with in- 
creasing 9, it is seen that this oscillation damps out quickly | 
with decreasing Az and that the oscillation is about a mean curve 
which approaches the exact solution much more rapidly than 
does the conventional Equation [15]. There is no difference in 
the labor involved in the two methods. 

While the usual bar analogy aids the intuition in developin, 
the finite-difference operators, it tells nothing of the order of the 
error incurred. The writer much prefers the Taylor-series ap- 
proach for that reason. 


Avurnor’s CLosuRE 


The author agrees completely with Professor Dusinberre that 
the engineer’s approach is often preferable—for engineers—on 
first treating a problem. However, it is frequently possible to 
refine the method, once it has been set up, by the “mathemati- 
cian’s”’ approach. It is difficult to see any difference between the 
differential equation and the physical situation, since one is a 
description of the other; the finite thickness or bar approach is 
definitely not the physical situation. Southwell’s discussion is 
rather misleading as he is comparing results obtained by forward 
differencing instead of those obtained by central differencing. 
The whole question of accuracy is closely tied up with the proxim- 3 
ity of nonanalytic points. As for overshoot, in the example 
quoted from Dusinberre the amount of overshoot seems to be 
almost the same for the second and third days, within the limits 
with which the boundary temperature is held; reducing the time 
interval by two, reduces the overshoot by about 75 per cent, as it a 
should. 

The author agrees with Professor Fax that the Taylor series 

approach gives a better opportunity to discuss accuracy and con- 
vergence. No reference was made as to the size of the derivatives Y 
in discussing accuracy, but only in considering cumulative effects. 
As was pointed out by Mr. Emmons in oral discussion, the double 
interval as used in the paper leads to divergent oscillatory results, 
as can be seen by considering the roots of the governing matrix; 
this can be overcome by an averaging process,'* which is equiva- 
lent to increasing the modulus,*’ which is not desirable. 

Professor Fax’s illustrative example is very interesting and his 
remarks on convergence should prove helpful. 


‘* “Heat Transfer Notes,” by L. M. K. Boelter, et al., University 
of California Press, Berkeley, Calif., 1948, pV-35. 

‘*“On the Convergence of Matrix Iteration Processes,” by R. 
Plunkett, Quarterly of Applied Mathematics, vol. 7, no. 4, January, 
1950, pp. 419-421. 

17 Author’s reference 2, p. 115. 
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A the Mechanism of Boiling 


Heat Transfer 


By W. M. ROHSENOW! anp J. A. CLARK,* CAMBRIDGE, MASS. eet 


An analysis of the heat quantity required to form a vapor 

_ bubble in a liquid is presented. High-speed motion pic- 
tures of boiling heat transfer in forced convection showing 
_ bubbles departing from a heated surface are analyzed and 
the net heat transferred to the bubbles is compared with 
_ the total heat transferred from the heated surface. It is 
_ found that the heat transferred to the moving liquid by 
_ the condensation of the bubbles is a negligible part of the 
_ total convective heat t fer. Th it is proposed 
‘ that the high rate of heat transfer associated with surface 

boiling in a subcooled liquid is due primarily to the violent 
agitation of the quiescent layers of liquid adjacent to the 
heated surface resulting from the motion of vapor bubbles 
_ being generated there. From the literature two examples 
of similar processes are cited as evidence supporting the 
proposed agitation mechanism. 


NOMENCLATURE ‘ 
The following nomenclature is used in the paper: i 
A = heater area, sq ft 
A = first term in equation for surface tension, lb,/ft 
B = coefficient of T in equation for surface tension, lb,/ 
ft deg R 
C = coefficient of T* in equation for surface tension, Ib,/ 
ft deg R* 
E’ = initial internal energy of vapor in bubble, Btu 
E” = final internal energy of vapor in bubble, Btu 
E, = internal energy of film, Btu 
¢ = unit internal energy of liquid, Btu/Ib,, 
F = surface area of bubble, sq ft 
h” = unit enthalpy of vapor in bubble, Btu/Ib,, 
h, = unit enthalpy of liquid, Btu/lb, 
= unit enthalpy of saturated vapor, Btu/Ib, 
= latent heat of vaporization, Btu/Ib,, 
= unit enthalpy of a superheated or subcooled liquid, 
Btu/Ib,, 
= mass of matter in film, Ib,, 
= incremental mass of liquid, lb, 
= initial mass of vapor in bubble, Ib,, eianty' : 
= mass of vapor in bubble, 
) = estimated number of bubbles formed on heater sur- 
face per cycle [1] 
= estimated total number of bubbles formed on heater 
surface per cycle (1) 
Pz, = liquid pressure, Ib,/ft® 
p” = vapor pressure, Ib, /ft* 
! Assistant Professor of Mechanical Engineering, Massachusetts 


Rutt 


P = cycles perhour,hr-! 
Q = heat quantity, Btu cial 
r’ = initial bubble radius, ft 
r” = final bubble radius, ft 
ne = root mean cube radius, ft 
Tar” = root mean cube radius based upon total number 
bubbles, ft 
S, = entropy of film, Btu/deg R 
T = absolute temperature, deg R 
T, = wall or surface temperature, deg R 
T, = average fluid bulk temperature, deg R 
u’ = initial unit internal energy of vapor in bubble, Btu/Ib,, 
u” = final unit internal energy of vapor in bubble, Btu /Ib,, 
= unit internal energy of liquid, Btu/Ib,, 
= unit internal energy of film, Btu/Ib,, 
= volume of system, cu ft 
= volume of bubble, cu ft 
unit volume of liquid, ft*/Ib,, 
initial unit volume of vapor in bubble, ft*/Ib,., 
final unit volume of vapor in bubble, ft*/Ib,, 
work quantity, Btu 
surface tension, A + BT + CT", lb,/ft 


INTRODUCTION 


The data for heat transfer between a solid surface andi a , boiling as 
liquid has not yielded adequately to correlation by dimensional 
analysis or other methods. It would seem that continued study 
of the mechanism of heat transfer in boiling should aid in estab- 
lishing a more satisfactory correlation of the data. A survey of 
the studies of the mechanism of boiling is presented by Jakob (1),* 
and further work was presented by Gunther and Kreith (2). 
Most of this work bas been done for the processes known as “pool 
boiling.” 

McAdams, et al. (3) have taken high-speed motion pictures of 
the boiling process associated with forced convection. Water is 
passed through an annulus and is heated by a '/,-in-diam tube 4 
in. long at the axis of the annulus. Figs. 1 through 5 are taken 
from this work. 

These high-speed motion pictures were analyzed in an attempt 
to determine the relationship between the total heat transfer 
from the heater surface to the fluid bulk and that heat trans- 
fer from the heater surface to the bubbles being formed at the 
surface. However, when a bubble forms in a liquid at a surface, 
the net heat transfer to that bubble is not from the surface alone 
to the bubble but also involves an exchange of heat between the 
bubble and liquid. For this reason it was not possible by obser- 
vation to distinguish between the heat transfer from the heater 
surface to the bubble and that exchanged between the liquid and 
the bubble. Nevertheless, the net heat transfer required to form 


Inatioute of Technology. Jun. ASME. 

* Instructor, Mechanical Engineering Department, Massachusetts 
Institute of Technology. 

Contributed by the Heat Transfer Division and presented at the 
Annual Meeting, New York, N. Y., November 26—December 1, 1950, 
of Tae American Society or MacHANICAL ENGINEERS. 

Nore: Stat t adv: in papers are to be 
understood as individual expressions of their authors and not those 
of the Society. Manuscript received at ASME Headquarters on 
— 21, 1950. Paper No. 50—A-60. 


a bubble of a given size can be calculated. 


ANALYSIS 


The formation of a single bubble is analyzed by considering 
an incremental growth in an existing bubble and writing the 


* Numbers in parentheses refer to the Bibliography at the end of 
th 
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corresponding heat quantity dQ, in terms of energy and work 
quantities, dE and dW. The resulting expression for dQ is then 
integrated from zero bubble radius to a finite radius giving the 
heat required to form a bubble of that size. During this incre- 
mental change it is permissible to define a system to include the 
vapor in the bubble, the liquid which is vaporized during the 
change, and the liquid film which constitutes the phase bound- 
ary. The phase boundary is also considered to be a control sur- 
face across which work and heat flow. From the statement of 
the first law of thermodynamics the heat, work, and energy quan- 
tities are related by 


{1} 


Considering the work quantities external to the system (includ- 
ing that of the expanding control surface) and accounting for the 
energy changes within the system, the heat quantity required to 
form a single bubble of radius r*, may be written (see Appendix) 


The last term in the brackets accounts for the energy change of 


_ the phase boundary during the transformation and is similar to 
that given by Larson (4). 


With o given (5) aso = A + BT + 


Vig 


ap 


| 


26 


Q/A* 275,000 BTU/HR-F T? 50°F (SUBCOOL ING) 


Q = wr’? + A .. BI 
where Q is in Btu per bubble of radius r”. Except for very small 
bubbles (r” < 2 X 10~* ft) the terms A — 2BT — 5CT? in Equa- 
tion [3] may be neglected. Also, the effect of curvature on 
equilibrium saturation conditions as given (6) is important only 
for very minute bubbles (r” < 10-7 ft) so that h” becomes hg, 
and h, is that liquid enthalpy corresponding to the temperature 
of the superheated liquid from which the bubble forms. Equa- 
tion [3] may then be written with good approximation 


4 
Q= [h, - + [4] 


and with fair approximation as 


where all properties correspond to the saturation state at the 
pressure of the liquid. This form of the equation has been sug- 
gested by BoSnjakovié as reported by Jakob (1). 

Data of two reels analyzed are shown in Figs. 1 through 5. 
The periodic generation and collapse of vapor bubbles is to be 
noted, a cycle being approximately 13 frames duration for reel 
No. 6 and 26 frames for reel No. 1. The heating was done by 
direct-current electric power, and the periodicity of bubble popu- 
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lation was noted in all reels in which there was an orderly forma- 
tion of bubbles. Even in the other few reels where the boiling 
was “frothy” and approached a film condition, a pulsation was 
noticeable at close examination. The number and mean radius 
of the bubbles were estimated for each period by direct measure- 
ment from the films using a microfilm viewer. From these it was 

_ possible to determine the hourly rate of heat transfer to and from 
the bubbles themselves using Equation [4], and thus obtain an 
estimate as to the magnitude of the heat which is accountable 
to the bubbles as they formed and then condensed in the fluid 

- bulk. Data taken from these film reels is given in Tables 1 and 
2. 

The procedure for computing the beat-transfer rate was to 
determine the bubble population by counting the actual number 
of visible bubbles in each frame, measure the diameter of each 
bubble, and tabulate these data for each frame for each period, 
Fig. 3. Only 1 in. of the total 4-in. tube length was photographed. 
Assuming these results are representative of the unphotographed 


of the tube they be by to account 


2 23 26 27 


for the unphotographed length, and by 2 to account for the back 
side of the tube. 

It is observed that a bubble will persist for many frames. 
It might be assumed that bubbles are formed during the first 
half of the period (for example, during the first 7 frames of reel 
No. 6, Fig. 3), and no bubbles are formed in the last 6 frames, but 
merely persist from the earlier formation and decrease in number 
as they condense. From the measurements of bubble diameters 
and population the heat quantity Q, required to form a bubble of a 
mean diameter, was calculated from Equation [4], and the 
hourly rate of heat transfer associated with the bubbles alone 
was found from 


= QNP 
where 
Q = Btu per bubble, Equation [4] 
N = estimated maximum number of bubbles formed on heater 
surface per cycle 
rs = estimated number of cye les per hour 
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For reel No. 6 the total ¢/A was 721,000 Btu/hr tt*, Fig. 5, but 

_ the g/A from the nonboiling curve extended to the same tem- 

perature difference was 350,000. The difference between these 

a two rates of heat transfer is in some way due to the process as- 

Ake ‘sociated with the presence of the bubbles. _ If the increase in heat- 

- tranter rate when a heated liquid boils is due primarily to 

. ae transfer of vapor bubbles as “latent heat”? packages to the 

a ee fluid stream, then the heat quantity from Equation [6] should 

on an important amount of the difference between these 

two numbers. 

_ Detailed calculations for reels Nos. 1 and 6 are given in the 

appendix, and the results bere. Based upon the foregoing as- 

_ sumptions, it was found for reel No. 6 that the estimated heat- 

. 2 transfer rate which can be charged directly to the condensation of 

> "the vapor bubbles themselves is only */10 of the observed in- 

- crease over that for forced convection without boiling; for reel 

No. 1 this figure was found to be '/ of the corresponding in- 

_ ereased heat-transfer rate. Because of errors which probably 

occur in this sort of an estimation, it was further assumed that 

during each period the entire 4-in. X '/-in-diam heater sur- 

- face was solidly packed with bubbles of the observed mean radius. 

_ Even with this optimistic assumption it was possible to account 

= only about '/:9 of that heat transfer which represents the in- 

crease over forced convection without surface boiling for reel No. 6 
- for only '/, for reel No. 1. 

A further limiting calculation can be made, assuming that all 

of the bubbles in each frame condense in the time interval be- 

- tween frames and that all of the bubbles appearing in the next 

: ca _ frame were formed in the same time interval. This is indeed an 

extreme assumption because separate observations of many 

- individual bubbles indicate that they persist for a quarter to a 

+ half of the cycle. With this extremely optimistic assumption it 

was possible to account for only '/s of the heat transfer which 

___—- represents the increase over forced convection with boiling for 

So reel No. 6 and for only '/s for reel No. 1. 


PropaBLe Mecuanism or Heat TRANSFER 


These observations indicate that the bubbles are not important 
“carriers” for the heat-transfer process but act as agitators of the 
- fluid, thus increasing the heat transfer from the wall to the 
liquid. Fig. 6 traces the path and approximate size of a single 


_ and diminished in size during the next 6 frames along a somewhat 
random path in space. Characteristic of the bubble path is the 
large bubble velocity perpendicular to the tube wall, compared 
¥ se with the mean fluid velocity. This would indicate that the fluid 

ss adjacent to the wall is highly agitated by the bubble motion, 

resulting in relatively high induced velocities in the otherwise 
quiescent region. Then in the boiling regimé it might be ex- 
pected that the fluid velocity itself would have little effect on 
_ the rate of beat transfer, the primary mechanism being the 
high local velocities induced by the bubble motion. Experimental 
evidence, Fig. 4, seems to substantiate this hypothesis. Shown 
_ here are data for mean fuid velocities from 1 to 13 fps. In the 
boiling regimé at the right, the curves merge, demonstrating the 
insensitivity of g/A with mean fluid velocity. 

se. Pe the bubble moves away from the wall, it is visualized that 

he surrounding liquid flows rapidly into the region previously 

ae by the bubble. This flow of less superheated liquid 

into the region near the wall may account for the periodicity of 
bubble population observed in Figs. 1 and 2. 


Processes 


It appears from the foregoing that the increased heat-transfer 
rate in boiling is accomplished by agitation due to the formation 


and which are a result natural in- 
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stability of a superheated liquid. If an additive were introduced 
to cause earlier agitation, similar increased heat-transfer rates 
could be experienced. Experimental results of McAdams, et al. 
(3) with gasified water, Fig. 7, show that before the boiling 
temperature of the water is reached (point of first vapor) the 
heat-transfer rate increases in much the same way as it does when 
degasified water boils, indicating that the dissolved gas perhaps 
came out of solution as bubbles at the heater surface agitating 
the quiescent layer in much the same manner as is described in 
the foregoing for water-vapor bubbles. 

A phenomenon similar to that observed in boiling heat trans- 
fer is found in the effect of vibration on free convection from a 
horizontal cylinder as studied by Boelter and Martinelli (7), 
Fig. 8. Here the Nusselt number is plotted against a modified 
Reynolds number which indicates the severity of forced vibra- 
tion of the cylinder. Without vibration, or for small vibration 
of the cylinder (or agitation of the fluid), the Nusselt number is a 
function of the product of the Grashof and Prandt] numbers 
which is a measure of the free convection or mean fluid velocity 
past the cylinder. As the forced agitation is increased by increas- 
ing the vibration of the cylinder the two curves merge, Fig. 8, 
showing the Nusselt number to be independent of the free convec- 
tion velocity and a function only of the forced agitation. This is 
similar to the effect observed in boiling where it is proposed that 
the increased heat transfer is primarily the result of agitation due 
to bubble formation and motion. 

It is interesting to speculate on the possibilities of obtaining 
further increased heat-transfer rates by combining the processes 
associated with the presence of dissolved gases, boiling, and me- 
surface 


613 
ag 
ey, 
= 

f- 
a 
2 sy 
10 
; 


TRANSACTIONS OF THE ASME 


GROPR= 


GR-PR°6 x 10° 


EFFECT OF VIBRATION ON FREE CONVECTION FROM A HORIZONTAL CYLINDER 


a 
CSPLACEMENT AMPLITUDES, INCH 


4 


AMPLITUDE OF DISPLACEMENT OF TUBE (FT) 


FREQUENCY LIMITS, 0-40 CYCLES /SEC SIGMFICANT OMENSION (FT) d 


nl 


Picornell, and J. E. Dew, Industrial and Engineering Chemistry, 
vol. 41, September, 1949, p. 1945. 

4 “Occurrence of Metastable States of Liquid and Vapor,” by 
R. F. Larson, Industrial and Engineering Chemistry, vol. 37, October. 
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Furure Work 
It is felt that a program of research directed at an investiga- 
tion of the formation and departure of the bubbles from the 


heater surface and the attending agitation of the surface layers of 
liquid would uncover many important properties of this type of 
heat transfer. It would be the object of sugh a study to correlate 
the mean bubble size and population with such variables as 
liquid subcooling, surface temperature, flow rate and type of sur- 
face, and thus predict heat-transfer rates from measurements of 
the bubbles. 


CONCLUSIONS 


The results of a study of the formation of vapor bubbles in a 
heated liquid in forced convection indicate that the bubbles 
themselves are insignificant carriers of energy as they condense 
in the fluid bulk. It is proposed that the pronounced increase in 
heat-transfer rate coinciding with surface boiling in forced con- 
vection is due primarily to the agitation of the quiescent regions 
of liquid adjacent to a heated surface which results from the 
motion of vapor bubbles being generated there. This agitation 
with its attendant flow of cool liquid into the regions of the heat- 
ing surface appears to be the cause of the periodic nature of the 
boiling process. 


ACKNOWLEDGMENTS 


The authors express their gratitude to Profs. W. H. McAdam- 
and J. N. Addoms, Department of Chemical Engineering, Massa- 
chusetts Institute of Technology, for providing the motion-pic- 
ture films for this study. 


BIBLIOGRAPHY 


1 “Heat Tranifer in Evaporation and Condensation—I,"" by M 
Jakob, Mechanical Engineering, vol. 58, 1936, p. 649. 

2 “Photographic Study of Bubble Formation in Heat Transfer to 
Subcooled Water,” by F. C. Gunther and F. Kreith, Heat Transfer 
and Fluid Mechanics Institute, 1949, p. 113. 

3 “Heat Transfer at High Rates to Water With Surface Boiling,” 
by W. H. McAdams, W. E. Kennel, C. 8. Minden, C. Rudolf, P. M. 


1945, pp. 1010-1016. 

5 “Thermodynamics,” 
New York, N. Y., 1941 

6 “Thermodynamic Properties of Steam,” by J. H. Keenan 
and F. G. Keyes, John Wiley & Sons, Inc., New York, N. Y., 1936. 

7 “The Effect of Vibration on Heat Transfer by Free Convection 
From a Horizontal Cylinder,’ by L. M. K. Boelter and R. C. Mar- 
tinelli, Proceedings of the Fifth International for Applied 
Mechanics, John Wiley & Sons, Inc., New York, N. Y., 1939, p. 578. 


by J. H. Keenan, John Wiley & Sons, Inc., 


Appendix 


AnaLysis OF Heat Quantity POR FORMATION OF A 
Since Busse 
Assume a bubble at any radius r’ which is less than the fully 
developed radius, r". In this condition an analysis will be made 
of the heat quantity required to increase the radius by the vapori- 
zation of an increment of liquid, dm. For this incremental 
change in the radius a thermodynamic system will be defined 
which includes all matter enclosed within the boundary of the 
bubble after the change has been accomplished. This system 
includes, therefore, the mass of vapor M, which is initially in 
the bubble, the film forming the boundary of the bubble, and the 
liquid mass dm, which is vaporized during this change. From the 
standpoint of the first law of thermodynamics, it is necessary to 
account for the change in the internal energy of these components 
in terms of the heat and work quantities which are external to the 
defined system, Let the following be pertinent: 
E’ 
E’ 
dE, 


From the statement of the first law this change is described as 


= internal energy of matter initially enclosed within film 
= internal energy of matter finally enclosed within film 
unit internal energy of liquid mass dm 

change in internal energy of film 
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The work quantity dW is that work done by the system on the 
surrounding liquid and is written 


he change in the internal energy of the system is written 


dE = E” — (k’ + edm) + dE, 


Therefore combining Equations [8] and [9] with [7], it is 
found 


+ edm) + dE, = dQ + pyri tm — . . [10] 


or neglecting kinetic energy and potential energy terms, Nquation 

becomes 

(M, + dm)u’ — Muu’ — updm + dE, 
+ [(M, + 


= dQ {11} 


Since the change ir the energy of the bubble is due primarily 
to the transfer of the mass dm and is much less dependent 
upon the change in the thermodynamic state of the vapor within 
the bubble due to this mass transfer, e.g.. state ( )” & state 
)’, Equation [11] becomes 


u"dm — — + + dE, = dQ {12} 


and integrating this expression from MV = 0, e.g., 
M=M 


all liquid, to 


M[u" — uy, — pur, + + = Q {13} 


Now, the energy of the film on the fully developed bubble may be 
written (5) 


E, = TS, + oF + u,m, 
But since the mass of the film m, is extremely minute, this is 
written with practically no error oer 
E, 
F 


S, 
F 

Keenan shows that this expression can be written with excellent 

approximation as 
E, 


eles 


so that Equation [13] is then given 
M{u" + piv” — (uz + p,v,)| + Fo — FT (=) =Q.. 
Now, the mass of the bubble is (44 /3)(r"*/v"), its surface area is 
4rr*?, and p, is related to p” through the expression for equilib- 
rium, p, = p” —2¢/r". Substituting these into Equation [14] 


and rearranging, expressing u + pv as the property enthalpy, we 
arrive at the expression giving the heat quantity required to form 


a single bubble of radius r” 
or/ 


(15) 


4 

3 v 


This is Equation 


CaucuLaTion or Heat Quantity Drrecr_Ly ACCOUNTABLE TO 
Formation or Vapor Bussies or A Mean Raprvs, r,” 
1 Proceeding with the first assumption regarding bubble life 
and population and using the root-mean-cube bubble diameter 
from Table 1, reel No. 6 is analyzed. Here a masionem number of 
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TABLE 1 REEL NO. 6 


Number and measured 
diam of visible 


4 
= 


coo 


Nr = 360 
Norte: Root-mean-cube radius of entire reel No. 6 = 0.000903 ft 

58 bubbles were observed in any one frame during the cycle, 
having a root-mean-cube radius for frame number 7 of 0.00097 ft. 
As seen from Fig. 1, the liquid is subcooled 150 F so that it 
may be assumed that the liquid temperature is 100 F. Actually, 
the bubble forms from a superheated liquid, but in the caleulation 
of the heat quantity this 100 F assumption is conservative. 
The bubble size is well above the radius at which curvature alters 
the equilibrium saturation conditions as given in reference (6), 
so that it is a good assumption that the vapor state within the 
bubble is at a saturated condition corresponding to the pressure 
of the liquid. Equation [4] then becomes 


19-12 (1164-1 — 69.97) 
13.74 


bubble 


= 0.305 X 10-* Btu per 


From Equation {6] the hourly heat-transfer rate attributed to the 
bubbles is found 


where the factor 8 accounts for the unphotographed portion of the 
heater tube. 
From Fig. 5 it may be seen that the heat-flux increase over 

forced convection without boiling is 371,000 Btu/hr ft* or 8100 
_ Btu/hr for the '/-in. X 4-in. heater. Therefore, by this analysis 
it is possible to account for only 78.5/8100 or approximately 1/103 
of the observed heat transfer which can be directly assigned to the 
~ condensing of the bubbles in the fluid bulk. 

2 The second assumption regarding bubble population is that 
once during the cycle the '/,-in. X 4-in. heater surface is solidly 
packed with vapor bubbles of the mean radius 9.7 x 10~* ft. 
These bubbles then leave the surface and condense in the fluid 
bulk as the cycle is completed. The number of bubbles of this 
size required is 5800. The heat transfer then for the bubbles is 
found from Equation [6] as 


= (0.305)10~* (58) (0.555) 10° (8) = 78.5 Btu per hr 


2Q = 0.305 (10~*) (5800) (0.555) 10-* = 981 Btu per br 


With this rather optimistic assumption it is possible now to ac- 
count for but ™*/mo or '/s25 of the observed increase in heat 
transfer which can be directly assigned to the condensing bubbles. 

3 A further assumption is made to emphasize the negligible 
importance of the bubble as an energy carrier. This is that all 
of the bubbles observed in each frame condensed in te time 
interval between frames, and all of the bubbles observed in the 
next frame formed in the same time interval. This represents 
the limit of bubble formation since, as it can be observed in Figs. 
1 and 2, the bubbles persist for more than one frame. The total! 
heat quantity resulting from this assumption is the sum of heat 
quantities per bubble for each of the frames listed in Table 1, or is 
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q 
number -mean- root-mean- 
visible radius, cube radius 
a 
> 
iat 
i 
> 


[1164.1 — 69.97} 


1 +6 
i374 (361 X8)(0.555)10 


=Q = 
= 393 Btu per hr 


_ where the factor 8 accounts for the unphotographed portion of 
the heater surface, Nz is the total number of observed bubbles for 
the cycle, and r,,7” is the root mean cube radius based upon the 
total number of observed bubbles in the cycle. 

Here then it is found that even with this limiting assumption, 


Similar assumptions to the foregoing were made for the an- 
alysis of reel No. 1. The calculations will be shown here without 
explanation: 


1 The maximum observed number of bubbles is 78 for frame 
number 12, reel No. 1 (Table 2), with a root-mean-cube radius of 
6.65 X 10-* ft. From Fig. 2 the liquid temperature is seen to be 
- 200 F. By Equation [4] Q is found to be 8.91 X 10~* Btu per 
bubble, and by Equation [6] the heat-transfer rate associated 

_ with the bubbles is 15.4 Btu per hr. 
From Fig. 4 it is seen that the increase in Keat transfer for the 


“ares Vein, X 4-in. heater is 1090 Btu per hr. 


TABLE 2 REEL NO. 1 


Number and measured 
diam of visible 
bubbles- 


32 in. ié in. 32 in. 


te 
OOH 


toto 


~ 


b 

29 
35 
34 
35 
58 
52 
53 
55 
59 
67 
66 
78 
72 
65 
61 
65 
65 
63 
62 
58 
40 
49 
30 
22 
20 
16 


Nore: Root-mean-cube radius of entire reel No. 1 = 0.000631 ft. 


Therefore, by assumption 1, it is possible to account for only 
of the observed increase in heat-transfer 


2 By this assumption the entire heater surface is solidly 


Discussion 


Frep Gunruer.‘ The authors have made an orderly in- 
vestigation of the relative importance of latent heat transport 
in surface boiling, and their conclusion, that latent-heat effects 
cannot account for the heat-transfer rates observed, is in agree- 
ment with similar calculations performed on photographic data 
obtained at JPL.** The 2000 frame per sec photographs availa- 
ble to the authors were of too low repetition rate to show good 
growth and collapse chronology of typical individual bubbles. 
Therefore they were understandably uncertain of the cycling 
frequency of the bubble pattern and properly assumed the ex- 
treme possibilities, 80 to 2000 cycles per sec (eps) in their cal- 
culations. From the writer’s recent photographs, taken with 
a Kerr-cell shutter at 20,000 frames per sec, it can be estimated 
that the cycling frequencies for their reels Nos. 1 and 6 were 
about 800 and 1800 eps, respectively. 

To demonstrate that random turbulence velocities existed 
close to the heating surface, the authors plotted the trajectory 
of a bubble which detached and condensed away from the heat- 
ing surface, and perhaps unintentionally implied that all bubbles 
detach and condense in the subcooled fluid stream. As was 
indicated in our work on pool boiling, and since confirmed 
for the case of forced convective surface boiling,’” the boiling 
mechanism at high heat-transfer rate consists exclusively of the 
growth and collapse of near-hemispherical bubbles which do 
not detach from the heating surface. In photographs obtained 
at a magnification about 8 times greater than was used in the 
films available to the authors, the attached hemispherical 
bubbles can be clearly observed sliding downstream in contact 
with the heating surface. Only when stream velocity and sub- 
cooling are reduced to low values (as in their reels Nos. 1 and 4) 
do occasional bubbles detach and survive for an interval. This 
results from the fact that under these conditions the stratum of 
subcooling sufficient for condensation is moved farther from the 
wall. 

Decrease in velocity and subcooling to zero of course 
leads to bulk boiling, with all bubbles detaching, accompanied 
by low heat-transfer limits. While turbulence is certainly 
excited by the inrush of cooler water behind the few detaching 
bubbles, the fact that only a very small percentage of bubbles 
detach at high heat flux would seem to make this a minor part 
of the process. 

It seems worth suggesting that the superposed low-frequency 
cycling (75 to 150 eps) of bubble population observed by the 
authors may have resulted from pressure surges due to cyclic 
collapse of large cavitation bubbles at a region of low static 
pressure elsewhere in the water-flow circuit. Similar surging 
of the boiling process has been experienced in our work, accom- 
panied by cavitation noise at valves and pump inlet. By in- 
creasing the flow-circuit pressure level while holding subcooling 
and heat transfer constant, the cavitation was suppressed, and 
steady-state boiling was established at the test section. 

Our observations suggest that future investigation of the 
surface-boiling mechanism might profitably include an effort to 


packed with bubbles of radius 6.65 <X 10~‘ ft once during the 
___ eyele. ~This results in 12,300 bubbles per cycle, and by Equations 
si ~ [4] and [6] the associated heat-transfer rate is 303 Btu per br. 
By this assumption then it is possible to account for only **/1o9—0 
.* 1/, 5 of the observed increase in heat-transfer rate. 
_ 8 Assuming the bubbles collapsed frame by frame, the total 
number of bubbles taking part during each period is (8) (1309) or 


‘10,472. By Equations [4] and (6) the heat-transfer rate asso- 


deal with the local hydrodynamics associated with hemispherical 
bubbles growing and collapsing in a boundary-layer temperature 
gradient. 


‘Jet Propulsion Laboratory, California Institute of Technology, 
Pasadena, Calif. 


* Authors’ Bibliography (2). 
* Jet Propulsion Laboratory Report 4-120. 
? “Photographie Study of Surface-Boiling Heat Transfer to Water 
With Forced Convection,” by Fred Gunther, Trans. ASME, vol. 73, 
February, 1951, pp. 115-123. 
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Frame visible be radius cube radi 
no. b les inches) (ft) x 1 
1 ).0316 5.26 
2 15 18 ).0285 - 4.75 
3 26 5 0254 4.24 
5 17-29 0323 5.38 
6 4.95 
7 23028 ). 0279 4.64 
8 19-27 ).0329 5.48 
9 20 30 ).0297 4.95 - 
10 22. 35 0319 5.40 
‘ ) 65 
13 14 34 0385 6.41 
2 6. - 
16 10-23 0430 7.17 F 
17 16 0478 7.97 . 
A 18 16 8.05 
0425 7.09 
0423 7.05 
21 ). 0403 6.71 
24 ‘0371 6.18 
25 0341 5.68 
26 0360 6.00 ° 
. 
3 

. \ 
cla with these is 222.4 Btu per in 
crease in heat-transfer rate due to t 7 
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Jaxos.* The authors refer to the writer’s survey® of 

air the studies on this mechanism which were started 20 years ago 

te continued for several years in co-operation with W. Fritz 

d W. Linke. It was gratifying to see that the major features 

which we observed in ordinary nuclear boiling also hold in sur- 
face boiling. 

For instance, we found that in regular intervals the formation 
of a bubble was followed by a relaxation period, and the writer 
explained this’* by the sudden plunging of cooler liquid upon the 
spot of the heating surface given free by the bubble which just 
had left it. Gunther and Kreith,"' obviously without knowing 
about our previous work, observed and stated a similar inrush 
of liquid when, in surface boiling, bubbles collapsed before 

_ leaving the surface. The present authors were concerned with 
bubbles that collapsed only after having left the surface. Here 
a the inrush of cooling liquid was essentially the same as in our 

— experiments. Accordingly, the velocity of the floating 
_ bubbles, observed by them, was of the same order of magnitude 
om as in our experiments. However, while in ordinary boiling 
_ bubbles are growing and, therefore, accelerate in rising, as 

observed in our experiments, bubbles floating in undercooled 
‘ liquid should become smaller and decelerate. It was of particular 

_ interest to the writer to find this verified in the authors’ Fig. 6. 
7 _ Another difference in principle is the following: In ordinary 
x ~ boiling the enthalpy taken up by the liquid serves to grow the 
_— bubbles; therefore all of it appears as latent heat in 

e vapor formed. In surface boiling, on the other hand, the 

enthalpy first gained by the bubble from the surface in a detour 
over the liquid close to the surface, is afterwards spent to more 
remote, undercooled portions of the liquid, while the floating 
bubble collapses. From the thermodynamics of the process, 
the authors found that this amount of enthalpy which migrates 
from the surface to the liquid, then from the liquid to the bubble, 
and finally from the bubble back to the liquid, is a rather in- 
significant part of the total heat transfer which occurs in surface 
boiling. 

The writer did not check this, but it seems to him to be reasona- 
ble since in surface boiling the bubbles reach a much smaller 
maximum volume only than in ordinary boiling under the same 

heating load. If this is so, then the main net heat transfer 
between surface and liquid must come from the impact of colder 

: —— Tiquid upon the surface in the regular cycle of bubble formation 


and relaxation, and from the stirring effect (as we called it) of 


the vapor columns, each of which is formed by bubbles leaving 
from the same spot of the surface. 

: In fact, our curves in a plot of the Nusselt number Ny, 
versus the product of Grashof and Prandtl numbers (Ng, Np,) 
had the same character as the curves in the authors’ Figs. 4 and 
_ 5. In making this comparison, it must be considered that, by 


definition, (Ng, - Np,) is proportional to the authors’ AT and 


(Ny,- is proportional to the authors’ Q/A. It is easily 
seen that in the nonboiling range the authors’ straight lines 
transform to straight lines in our plot and that, after a transition 


region, log (Q/A) as well as log(Ny,- AT) are steeply upsurging 


_ in almost straight lines. 
Referring to the authors’ section on Similar Processes, the 
Pi writer would like to mention that fluidization also seems to be a 
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process in which disturbance of the boundary layer causes an 
unexpectedly high heat transfer. A few sentences quoted from 
a recent paper of Dow and Jakob'* emphasize this similarity: 

“Supposedly, the bombardment with small solid particles 
prevents the formation of a laminar boundary layer and leaves 
only a sort of sublayer which virtually never can be entirely 
removed and a thicker turbulent layer in both of which the 
particles receive heat energy from the air. In terms of the mo- 
mentum theory of heat convection this would mean that the 
mechanical and thermal eddy diffusivities are unusually large 
and control the heat transfer.” 

We further stated that one part of the mechanism consists of 
“transfer of heat from the tube wall through a very thin air film 
to a somewhat thicker air layer and from the air to solid particles 
moving downward near the wall. This mechanism is similar 
to the mechanism of nuclear boiling on a heating surface where the 
heat energy also makes a detour, namely, from the surface 
over the liquid to the vapor bubble.” 


R. F. Larson." The authors’ excellent paper may be added 
to the increasing evidence that heat transfer in boiling is exceed- 
ingly specific, and is influenced primarily by what takes place 
at the heating surface, and secondarily, and sometimes neg- 
ligibly, by such large scale factors as bulk-flow velocity, diameter 
of tube or other dimension of the heating element or model, or 
eyen the geometry of the heating model. The foregoing state- 
ment refers only to the nuclear range, and not to the region of 
onset of or transition to the vapor bound state, or to film boiling. 
Thus the boiling process serves only as a turbulence creator at 
the surface, to enhance the over-all process which, in this case, 
was heating of the liquid with no over-all phase change, or per- 
haps the dissipation of heat. 

If, however, the over-all process is vaporization or phase 
change, then disposal of the bubbles formed at the heating 
surface, and their eventual coalescence into continuous vapor 
at the free liquid-vapor interface or liquid level, becomes an 
equally important factor in maintaining a stable nuclear boiling, 
and increased tube diameter, hydrostatic head, boiler geometry, 
and provision for adequate circulation are well-known aids. 
In this case, the principal heat-transfer quantity takes the detour 
route of convection to the superheated liquid, and eventual 
transfer by phase change and mass transfer across the large 
liquid-vapor interface formed by the bubbles. This process is 
affected by more factors, and hence is expected to be somewhat 
more complex. 

However, the amount of superheat, as indicated by the tem- 
perature difference between the heating surface and the satu- 
rated-vapor temperature, that brings about the onset of film boil- 
ing or a maximum value in heat flux, appears to be of the same 
order of magnitude for both cases. The maximum heat flux 
is somewhat greater for the heating of subcooled water. This 
indicates that the controlling mechanism of heat transfer at the 
heating surface is essentially the same for both cases, and, there- 
fore, can be affected principally only by the heating-surface 
phenomenon. The important factors appear to be distribution 
of active nuclei, frequency of nucleation or bubble formation, 
physical character of the heating surface, and the chemical or 
adsorption characteristics of ¢e liquid and of the solid heating 
surface. These are reflected in the ordinary liquid-vypor sur- 
face tension or surface energy, and in the adhesion surface 
energies which express the interaction of the solid heating 


1? “Heat Transfer Between a Vertical Tube and a Fluidised Air- 
Solid Mixture,”” by W. M. Dow and M. Jakob, presented at the Heat 
Transfer and Fluid Mechanics Institute, Los Angeles, Calif., 1950. 


Now in printing in Chemical Engineering Progress. 
_™ University of Illinois, Urbana, Ill. Mem ASME. 
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; surface and the liquid and vapor phases. These factors are 


probably not independent, but together determine at any given 
_ pressure the maximum adhering bubble size at the time of release 


from the surface. 
That these factors are important is evidenced by the experi- 
- mental results obtained when different solid surfaces, different 


liquids, or when additives known to affect these relationships are 


used. Since we are dealing with a surface phenomenon, con- 


tamination or changing surface characteristic can easily occur, 


and must be carefully avoided if we are to obtain a correct under- 


a standing of surface ebullition or boiling. Since solid surfaces are 


undoubtedly nonhomogeneous, and it may not be possible to 
vary these factors independently, a statistical analysis of experi- 
_ mental results obtained may be the only approach to a difficult 
yet interesting problem. 

‘The remainder of this discussion will be devoted to the deriva- 
- tion of the equations used for calculating the heat required to 
_ form bubbles of the mean radius observed. Under Equation [11] 
in the Appendix of the paper, a statement is made that “the 
_ change in the energy of the bubble is due primarily to the transfer 
of mass dm and is much less dependent upon the change in thermo- 
_ dynamic state of the vapor within the bubble.” This statement 
_ is, in general, not true for it can be shown that the latent heat of 
vaporization changes greatly with small bubble size which means 
Hence, neglecting thé initial mass M, is 
quite improper if we are dealing with the growth of sufficiently 
Furthermore, the integration from M = 0 
to M = M indicates that bubbles of mass zero are assumed. 
Clearly, the differential Equation [12] is suitable only for small 
changes in relatively large bubbles, for which the statement 
that the surface-energy term and the effect of radius of curvature 
on the equilibrium pressures and enthalpies are small enough to 


be neglected, is proper. The limits of integration cannot include 
very small bubble sizes, much less bubbles of zero mass. 

The integral expression, Equation [13], in the Appendix is 
still quite correct; however, it properly can be obtained by recog- 
nizing that all terms in Equation [11] are point functions, and, 


hence can be integrated directly to give Equation [13]. No 
knowledge of the intermediate or small-bubble property values is 
necessary if one deals only with large bubbles. Such was the 
case of the bubbles considered in this investigation. 

In the treatment of the energy of a phase boundary there 
exists the contention'* that the interface can be regarded as a 
system, a film, with mass m, capable of coming to equilibrium 
with the vapor in the bubble and exchanging energy with it. This 
contention or hypothesis is quite incorrect and does not at all 
represent the facts. It leads to the expression given in the 
Appendix: E, = TS, + oF + uym, 

If we may define energy as capacity for interaction or change, 
then the energy of the interface is due to interaction of the two 
systems (phases)—the vapor mass and the liquid mass surround- 
ing it. It is customary to group this energy with the smaller 
(enclosed or discontinuous) phase, although this practice is 
arbitrary, and in the process of phase change, as, for instance, 
from liquid to vapor, it may change from one to the other. If 
the phase boundary could be regarded as a separate system with 
mass, volume, pressure, energy, and so forth, then it should be 
capable of isolation without change, which obviously is impos- 
sible. A more common example is our arbitrary assignment of 
the gravitational field energy to the smalier mass capable of 
falling toward earth. This mass can exchange energy only with 

_ other masses in the same gravitational field, and cannot be 
isolated without change, hence its energy (gravitational) more 
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properly belongs to the system capable of interaction, namely, 
the enlarged system—particular mass and earth mass. 

Discarding the contention that the phase boundary may be 
regarded as a separate system having mass, one is forced to the 
conclusion that interfacial energy is a function only of tem- 
perature and extent or area, i.e. 


Ey 

F or 
This expression has been verified experimentally. Whether the 
statistical concepts of surface, volume, pressure, surface tension, 
energy, and enthalpy, as usually understood, can be carried down 
to very small systems where the number of component molecules 
becomes small, is questionable. In this realm statistical me- 
chanics should give us the correct interpretation, provided a 
proper model can be set up that behaves like the actual system. 

In view of the results obtained from this investigation, and of 

the inescapable conclusions derived, the use of the approximation 
accredited to Bosnjakovic is justified. For very small bubbles it 
would be considerably in error. 


V. Pascuxis." The authors explain the high boundary con- 
ductance in case of boiling heat transfer by the wiping action 
of the individual bubbles. In way of proof for this hypothesis 
they show Fig. 4 and Fig. 8. 

Fig. 4 seems to show that at low temperature differences be- 
tween Surface and fluid the heat transfer is greatly influenced 
by the fluid velocity; but that the latter’s influence of the fluid 
velocity vanishes at a given critical value of temperature dif- 
ference. 

It is commonly known that in quenching, improvement of 
the rate of heat transfer may be obtained by a high rate of 
velocity of metal versus quenched piece; such velocity may be 
produced either by moving the quenched piece in the bath or by 
applying a rapidly moving quenching medium. 

In quenching, one can, of course, not speak of a single value of 
boundary conductance, but rather does the latter vary in mag- 
nitude through the three well-established phases of heat transfer 
in quenching, i.e., boiling heat transfer during formation of a 
vapor layer, restricted heat flow across the vapor layer, break- 
down of the layer, and high rate of heat flow to the liquid. Only 
the over-all effect, namely a more rapid total cooling with in- 
creasing velocity of the quenching medium, has been observed. 

This contradiction between the experience in quenching and 
the observation of the authors in another field is interesting 
and should, if possible, be clarified. 


P. C. Zmoua."* In observing natural convection boiling in a 
subcooled liquid, two types of bubbles can be discerned. Bubbles, 
which form on the heating surface and subsequently collapse 
all within 0.010 sec or less, have been the subject of this and 
previous work. In addition, bubbles with diameters of the order 
of 0.010 in. and smaller exist in the subcooled liquid bulk above 
the heater. Both types can be seen, for example, in Fig. 10 
of the paper by Gunther and Kreith.” In work done by the 
writer™ it was found that the decay time for the small bubbles 
was of the order of 5 to 10 sec, which is very much slower than 
the decay time for the larger surface bubbles. It would be 


ve Heat and Mass Flow Analyzer Laboratory, Columbia Univer- 
sity, New York, N.Y. Mem. ASME. 
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4 interesting to know if the authors noticed any of these relatively 
_ stable small bubbles in the analysis of their photographs of 
foreed-convection boiling. 

The high oscillatory velocities that exist in the boundary layer 

_ as a result of bubble growth and collapse certainly must con- 
aS ~ tribute to the manifold increase of heat transfer when phase 
_ change accompanies the ordinary convection process. On the 
other hand, the assumption that the only role of the bubbles is 
to provide this mechanical action does not seem entirely justified. 


geeks, As a bubble grows on the heater surface, the liquid-vapor inter- 


a face passes through a region of high-temperature gradient. It 
seems plausible that, for at least part of the bubble lifetime, 
os evaporation would be taking place at that section of the inter- 
Pak face in the high-temperature region (near the heating surface), 
_ while vapor would condense at the interface at the low tempera- 
_ ture. This mass transfer would provide a low-resistance heat 
A path. Under these conditions a calculation which would evaluate 
the heat transferred by the bubble as the latent heat of the vapor 
at maximum volume would underestimate the role of bubble 
E- Sain as a means of reducing the thermal resistance through 
Poppendiek® performed calculations for 
We an idealized fo~are which indicated that the heat transferred 
a as a result of mass transfer within the bubble exceeded by several 
times the latent heat of the vapor at maximum bubble size. 
‘There is also some further evidence that the phase change 
processes take place with sufficient speed under the conditions 
experienced in subcooled boiling that an appreciable mass trans- 
_ fer could take place even during the lifetime of the bubble.** 


Auruors’ CLosuRE 


We are indeed pleased to have received the amplifications of 
this work as provided by the various discussers. The points for 

_ discussion appear to hinge upon details of analysis and explana- 
<4 tion and not on our conclusions regarding the probable mechanism 
4: ee for high-heat flux rates in surface boiling, and the 


The attached bubbles observed by Mr. Gunther had a life of 
me approximately one and one-half frame at 2000 cps and hence 
_ shou!d be very difficult to observe on the McAdams films. It 
appears that with high subcooling the prime mechanism causing 
the stirring at the wall is the formation and collapse of the 
bubble while attached to the surface, but at low subcooling the 
prime mechanism would be the inrush of liquid behind the rapidly 

_ moving bubble retreating from the surface. 
We welcome Dr. Jakob’s comments which tie together his 
_ work on pool boiling with these observations on surface boiling. 
We had noticed the similarity between his pool boiling curves of 
Ny, vs. Ng,-Np, and the surface boiling curves of g/A vs. AT 
but hesitated in drawing conclusions regarding this similarity be- 
cause the significance of the Grashoff number associated with 
surface boiling in forced convection is not immediately apparent. 
Dr. Larson presents an interesting discussion of the probable 
_ faetors influencing the boiling mechanism. We hope that fur- 
ther investigations of the effect of these various factors will 


someday clarify the mechanism of boiling. 


; In evaluating Equation [11] it was assumed that the proper- 

ties of the vapor within the bubble did not change with bubble 
radius, 

‘The terms neglected in reducing Equation [11] to Equation 


i * “Progress Report No. 1 on Boiling Studies,” chapter 8, by H. F. 
. Poppendiek, University of California, Department of Engineering, 
August, 1949; and personal communication. 
2% “Kinetic Theory of Liquids,” by J. Frenkel, Oxford University 
Press, New York, N. Y., 1946, p. 398 


{12] are M,(u” — u’) and M,p, (v" —v’) which are equivalent 
to M.duivapor and M,p;dvvapor. Thus, in the integration of 
Equation {12} to obtain Equation [13], u” and v* for the vapor 
in the bubble are assumed constant. However, before making 
this assumption we made the following study. 

Adopting a model similar to that of Jakob,*' p. 617, or Keenan 
(5), p. 434, the isothermal variation of the pressure of a vapor 
with height, y, above a free surface of its saturated liquid is 
written 


(16) 

This can be integrated at constant temperature if an equation 
can be found which expresses pv" as a function of p’, T. Such 
an equation is an “isothermal equation of state” and is generally 
assumed to be that of an ideal gas, p’»” = RT, as in the well- 
known Kelvin-Helmholtz analysis for liquid-vapor equilibrium 
along a curved interface at low pressures. However, at high 
press ires and particularly in the region of the saturated-vapor 
line steam does not behave like an ideal gas so © move realistic 
equation of state than p’v” = RT must be found. This equation 
ean be determined from the tabulated properties of steam (6) by 
plotting u = p’v"/RT vs. p” and determining the equationf or an 
isotherm in the superheated vapor region on such a chart. This 
fas done and an equation of the form 


= — RT (p, (17) 
op" /r 

was written where: 

wade 

ot 


) at saturation condition 7, p, 


RT 
p, = saturation pressure corresponding to 7’, psia 
p” = pressure of superheated vapor in vicinity of saturation 
condition. 
Substituting Equation [17] into Equation [16] and integrating 
at constant 7’ and (0u/dp"), from saturation pressure to p", we 
have 


=| rrp, | og + RT (p* — — 


From the conditions of static equilibrium for a curved surface 
in a capillary tube the height of rise y is written 


Combining Equations [18] and [19] the following relationship 
is found between r” and p” for an isothermal pressure variation in 
a real vapor 


Using Equation [20} p” is plotted vs. r” in Fig. 9 fora tempera- 
ture of 640 F (saturation pressure 2059.7 psia). The resulting »” 


from Equation [17] is also plotted against r” and is shown in Fig. 


“Heat Transfer,” by M. Jakob, Wiley & Sons, Inc., 
N. Y., vol. 1, 194 
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Fic. 9 (left) anp Fie. 10 (right) 


10, These figures demonstrate the fact that after the initial 
growth of a bubble from 0 radius to a finite radius (order 10~ 
_ ft) the pressure and the specific volume of the steam vapor 
within the bubble rapidly reach a constant value and do not 
_ change with interface curvature during the subsequent bubble 
growth. Thus, since p” and T or p” and v” are independent 
properties, fixing them fixes all other properties u”, s", ete. Now 
then, the bubbles analyzed in this paper had mean fully de- 
veloped radii of the order of 10~* to 10~* ft which is 1000 to _ 
times the size (r” ft) at which the properties v” ete. 
are no longer affected by the transfer of mass across the qui. 

e vapor interface. This is the justification for assuming u” and v” 

constant and integrating from M = Oto M ="M. ~ 
vn _ Although it is tacitly assumed here that the bubble forms at a 
‘ - mathematical point of zero size, it is highly probable that it 
actually forms from a finite convex protrusion on the heated sur- 
face and thus has an initial curvature; or, its “birth” might be a 
minute explosion of a small mass of liquid superheated beyond its 
limit of essential instability*? consistent with local mechanical 
ey } _ disturbances. It i is quite possible that both mechanisms play a 
In any event, this transition 
from all liquid to a finite bubble doubtless occurs in an extremely 
short time and involves such small physical dimensions as to 
es render impossible their detection with any optical system short of 
8 very powerful microscope. Consequently, the corresponding 
heat quantities associated with this birth are small and can be 
¥ neglected, since the order of magnitude of the error in Q, Equa- 
tion (2], is probably somewhere between 0.1 and 0.01 per cent 
_ for the bubbles analyzed in this paper. 

For the energy associated with the film we used the same equa- 
tion suggested by Dr. Larson. His discussion of this point hinges 
on a matter of pedagogy. It is not necessary that a thermody- 
anes namic system be capable of isolation. The requirements are 
Father those associated with the definition of the boundary of a 


= 
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BUBBLE RADIUS 


Properties or IN A BuBBLe 


system. The boundary of the system must be perfectly elastic 
and must be impervious to matter. The system itself need not 
contain any mass. An example of a massless system which is 
commonly discussed is space which has radiant energy passing 
through it. 

The generalized form of the equation for the energy associ- 
ated with a film possessing mass is presented by Keenan (5), p 
479. 

Dr. Paschkis raises the question regarding the increased veloc- 
ity during the quenching of metals. When a metal is quenched 
the temperature difference between the metal and fluid is very 
high and a vapor film blankets the piece during most of the cool- 
ing processes. This is not nucleate boiling as is discussed here. 
It is true that fluid velocity does influence the rate of cooling in 
film boiling but when the metal is cooled to near the saturation 
temperature and nucleate boiling occurs, the rate of cooling 
would then be independent of fluid velocity until the metal 
temperature falls below the saturation temperature and boiling 
stops. 

There appears to be no contradiction between the observa- 
tions of surface boiling and the quenching process. 

The small stable bubbles mentioned by Dr. Zmola, while they 
may have existed, were not observed by us in the McAdams films. 
It is difficult, however, to imagine such lengthy existence of pure 
vapor bubbles in a subcooled liquid. We would suggest the 
possibility that these longer-life stray bubbles are really bubbles 
of a foreign gas which take longer to be reabsorbed in the sub- 
cooled liquid. 

In the opening paragraphs of the paper it was pointed out 
that our analysis accounted only for the net heat transferred to a 
bubble and could not distinguish between bubble and surface 
exchange and bubble and liquid exchange. This type of an- 
alysis leads to the conclusion that only a few per cent of the in- 
creased heat transfer is associated with latent heat effects in the 
bubble. Even if the effect studied by Poppendick were included 
this heat quantity would still be small and the conclusions the 


same. 


1900 
3 
Fy \ 
: 


which may be desirable in various applications. 
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Study of Linear-Resistance Flowme 


By F. W. 


sistance element, and a differential gage across the porous 
plug. In a certain flow range the volume rate of flow 


: cs 7 _ through the meter is directly proportional to the pressure 


i drop across the plug. An investigation was made of 
linear flowmeters with cotton and steel-wool plug ele- 
ments. The tests covered a range of pipe sizes, plug 
_ lengths, and plug specific weights. Typical characteris- 
a tic curves are presented. A set of dimensionless ratios is 
proposed for a correlation of all the data for general ap- 
plication. 


-InTRopucTION 


MONG the various types of fluid meters is one which we 
will call a linear or a linear-resistance type. In one form 
of construction this meter consists of a straight piece of 

_ pipe with a porous plug, or a resistance element, and a differen- 


EAL Sie tial gage across the porous plug. In a certain flow range the 


volume rate of flow through the meter is directly proportional 
to the pressure drop across the plug. 
The linear-resistance flowmeter has certain characteristics 
It indicates 
_ directly the flow rate. Because of its linearity, it has the same 


_ This feature may be important when the flow rates are low. 
_ The meter may be constructed easily and with materials readily 
available. If basic calibration data are established for easily 
duplicated plug or resistance elements, then possible users may 
not need to calibrate over well-established ranges. 

The National Bureau of Standards did development work on a 

_ linear flowmeter for special use in oxygen regulator test stands. 

_ The resistance element was curly glass wool. That work was 

described i in a report? of limited circulation. 

__ In the published literature is a definite lack of basic data and 
_ other information on the linear flowmeter for general applica- 
tion. Thus an experimental investigation was made and mate- 
tial organized, in order to bring out more prominently and 


_ simply the general characteristics of this type of instrument. 


EXPERIMENTAL INVESTIGATION 


Fig. 1 shows a diagrammatic sketch of the apparatus used. 

_ Atmospheric air entered the bellmouthed inlet, then passed 
through a straight, constant-diameter pipe, and then through 
ns __ the porous plug. The inner pipe surface was 


? Jackson, Miss., formerly Graduate Student, Purdue University, 
West Lafayette, Ind. 

? Professor of Mechanical Engineering, Purdue University. Mem. 
ASME. 

*“Linear Pressure Drop Flowmeters for Oxygen Regulator Test 
Stands,’ National Bureau of Standards, 1943-1945. 
| Contributed by the Fluid Meters Research Committee and the 

_ Industrial Instruments and Regulators Division and presented at the 


Annual Meeting, New York, N. Y., November 26-December 1, 1950, 


of Tae American Society or ENGINEERS. 

: Stat ts and advanced in papers are to be 
_ understood as individual expressions of their authors and not those of 
the Society. Manuscript received at ASME Headquarters, August 
21, 1950. — No. 50—A-37. 
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Fie. 1 Scuemaric Diagram OF APPARATUS 


Tests were made with pipes having inside diameters of 1.873 
in., 1.383 in., 0.872 in., and 0.502 in. Thin metal screen retain- 
ers were used in the pipe to hold the resistance material in place. 
In each case the length of straight pipe upstream from the plug 
was about 21 in. In the largest tube the static-pressure taps were 
6 in. apart, in the smallest tube the taps were 6.5 in. apart, and 
ih the two intermediate diameters the taps were 7 in. apart. 
In each case the plug was installed midway between the taps. 

Cotton and steel wool were used as the plug or resistance mate- 
rials. The cotton was ordinary absorbent cotton with an aver- 
age fiber diameter of about 0.00075 in. The steel wool was 
medium No. 1 with an average or effective diameter of 0.0017 in. 

The following nomenclature wil! be used: 


A = cross-sectional area of pipe or plug normal to flow 
D = diameter of plug or inside diameter of pipe 
d = diameter of fiber 
é = porosity, (volume of voids in plug)/(total volume of plug) 
H = difference in head across plug or resistance 
L = length of plug or resistance in direction of flow 
P = static-pressure difference across plug or resistance 
Q = volume rate of flow through plug or resistance 
S = specific surface (surface area exposed to fluid)/(total 
volume of solid matter in resistance) 
w = specific weight of plug element, equals weight of plug 
divided by volume of element 
w, = specific weight of fiber material in plug 
u = dynamic viscosity of fluid passing through meter 
p = density of fluid passing through meter 


Figs. 2 and 3 are curves obtained from direct measurements. 
In Fig. 2 for a cotton resistance element there is a linear rela- 
tion between flow rate and head drop until the flow reaches 
about 3.5 cu ft per hr. Above this value the flow is no longer 


linear. Fig. 3 illustrates a similar case for steel-wool resistance. a 


In Fig. 4 is plotted the flow rate versus head drop for different 
specific weights of the plug element, with both the area and re- 
sistance length constant. The flow rate is directly proportional 
to the head drop for each plug specific weight. Similar trends 
were found for stee]-wool elements. 

In Fig. 5 is plotted the flew rate versus head drop for different 


‘lengths of the plug with both the area and plug specific weight 


constant. In each case the flow rate is directly proportional to 
the head drop. Similar trends were found for steel-wool ele- 
ments. 
CorRELATION OF Data 


The foregoing plots illustrate the types of curves obtained with 
individual! meters. A large number of tests were made with 
cotton and steel-wool elements over a wide aes of — 
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(In each case A = 2.76 sq in., and « = 2.76 Ib per cu ft. Number along 
each curve is length / in inches.) 


There is a question as to an effective organization of all the data 
for general application. The problem of laminar or viscous flow 
through a porous plug is quite complicated. Various attempts 
indicate that a completely rational solution is complicated, and, 
as yet, has not been fully established. Thus a dimensional 
analysis appears to be of direct value. 

There are questions as to the variables involved in the prob- 
lem. The two factors Q and A can be combined into one, to 
give an average velocity Q/A. In various flow problems the so- 
called hydraulic radius has been useful. In the porous plug, 
however, the channel sizes and shapes vary. Trials indicate 
that for the porous plug, the hydraulic radius is not as useful as 
in simpler flow channels, Trials with different parameters indi- 
cate that the so-called specific surface S may be a useful variable. 
S is defined as the ratio of surface area exposed to fluid, divided 
by the total volume of solid matter in the resistance; S is a defi- 
nitely measurable quantity irrespective of the different sizes 
of particles in the porous element. Thus it is judged that the 
variables involved in the problem are 


Q/A, L, 


There are eight variables and three primary dimensions or 
units. This means five dimensionless ratios. It would be con- 
venient if the number of dimensionless ratios could be reduced to 
two. The ratio w/w, (or its reciprocal) looks like one convenient 
dimensionless ratio. 

Tests with cotton and steel wool show that P/Q is directly 
proportional to L, or that P/QL (or its reciprocal) is constant. 
An illustration is given in Fig. 6 for cotton plugs. Similar trends 
were found for steel wool. Thus the terms P, Q, and L can be 
combined with the remaining terms (other than w and wy) to 
yield the dimensionless ratio QLuS*/PA. 

Fig. 7 shows a plot of all the tests with cotton elements, using 
the proposed two dimensionless ratios. There is some scatter 
of these data, but the parameters appear useful in organizing 
data, at least for design studies. Fig. 8 shows a plot of all the 
tests with steel-wool elements, using the proposed two dimen- 
sionless ratios. The data in Figs. 7 and 8 were obtained with 
the four different pipe sizes indicated in the introduction. The 
scatter for the steel wool is less than that for the cotton. 
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lishing a limit rs laminar or viscous flow. For the porous plug a 
_ Reynolds number R is defined as the dimensionless ratio 

Ww ith the use of plots similar to Figs. 2 and 3, a number of Reyn- 
olds numbers were determined at the approximate limit of 
7. for both steel wool and cotton. For each material 
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16.6 H/Q Versus P.ve Lenets ror Corron 


A = 2.76 sq in.; H in in. of water, Q in cu ft per hr. Number alo 
curve is specific weight of plug element in pounds per cubic foot. 


each 


was thus determined a maximum Reynolds number R for linear 
flow. For cotton this maximum Reynolds number R is about 
0.3. For steel wool, the maximum Reynolds number R is 
about 0.65. 


CONCLUSION 


The foregoing discussion brings out some of the main features 
of the linear-resistance type of flowmeter. Basic data for two 
different types of plug material are presented. 

A dimensional analysis indicates parameters which are useful 
in organizing data. A comparison of Figs. 7 and 8 shows that 
the two curves coincide completely at the lower portion of the 
cotton curve. The close agreement of these two curves may be 


an indication that the dimensionless ratios selected are very 


useful in the genera! correlation of data. 
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Appendix 
In practical metering work questions may arise as to the 


pr y. measurement of the different quantities used in connection with 


a porous plug or resistance element. The following discussion 
on the relations between these quantities may help to answer 
these questions: 

The specific weight of the fiber material in the plug w, can be 
determined by weighing a known volume of the material. For 
steel and other common substances w, can be found in the refer- 
ence literature. 

The specific weight of the plug element w can be determined 
by weighing the plug element and measuring the volume of the 
in the installation. The volume of the 
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pends upon the installation; the same weight of plug may occupy 
different volumes. 
The porosity e is defined by the relation 


4 Volume of voids in plug 
Total volume of plug 


Fiber volume 


1— = 
Total volume 


Fiber volume 
Total volume 


4 The porosity e can be determined once w and w, are ae 
The specific surface is defined as the ratio 


Surface area exposed to fluid 
Total volume of solid mee 4 in element 


For cylindrical fibers 


S =4/d 


This relation is approximately true for cotton and similar fibers. 
A microscopic measurement of fiber diameter gives a value for S. 


For some materials, as steel wool, the fibers may not be exactly 


cylindrical. By a microscopic measurement, a mean or effective 


diameter can be found, and thus a mean or effective value of S 


can be calculated. 


Discussion 


J. F. Aucock.§ The writer’s firm have, since 1935, made lin- 
ear-resistance flowmeters, which have mainly been used for 


& Co., Ltd., Shoreham-by-Sea, Sussex, England. 


measuring the pulsating air flow to the intakes of reciprocating 

ymbustion engines and compressors. About 120 of 
these meters have now been in use over periods ranging up to 12 
years, and thus a good deal of operating experience has been 
accumulated. This experience prompts the writer to draw atten- 
tion to some points which may be helpful to users of this type of 
meter: 


1 Since the flow passages are fine the calibration will be 
affected by blockage unless the gas is absolutely clean. In our 
meters (Alcock Viscous-Flow Air Meter), there are straight tri- 
angular passages 0.017 in. high formed between alternate layers 
of straight and corrugated strips as in an Amal flame trap, and 
these should be less liable to blockage than the tortuous passages 

_ of cotton wool, but, nevertheless, blockage is appreciable. With 


the rather poor air filtration originally used, the rate of blockage 
on engine test-shop air averaged about 1 per cent change of cali- 


bration per 20,000 cu ft of air total through each square inch of 
_ “porous-plug” frontal area; recently, better air filters have re- 


duced the blockage rate to negligible proportions. 


2. Since the pressure drop across the plug is proportional to the 

flow rate, the mean pressure drop is an accurate measure even of a 

7 _ pulsating flow—a very useful characteristic when metering air to 
reciprocating engines. Normally, however, a manometer will not 
indicate the true average of a fluctuating pressure drop, and this 
can cause serious error. The remedy is to fit viscous resistances, 
e.g., felt pads, in the manometer tappings; these viscous resist- 
ances must be high enough to swamp all other resistances in the 
manometer piping, etc. 

The straight-passage or flame-trap type of porous plug appears 
to maintain streamline flow up to far higher flow rates than do 
the wool plugs mentioned in the paper. Thus the limit of linear 
flow given in Fig. 2 for a cotton-wool plug is 3.6 cu ft per hr with 
a frontal area of 0.198 sq in., i.e., 18.2 cu ft per hr X sqin.; the 
limit for the flame-trap type described above has not been 
reached, but is higher than 750 cu ft per hr X sq in. 
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By R. G. 


The discharge characteristics of orifices at low pressure 
ratios were investigated. Probe measurements of high- 
velocity jets confirm and extend the work of Stanton. 
Expansion factors (Y) at pressure ratios down to r = 0.13 
were measured for the flow of air in a 2-in. pipe meter and 
for the flow of steam in a 3-in. pipe meter. Both meters 
were installed in accordance with ASME specifications, and 
operated at a diameter ratio of 0.15. The effects of high 
approach velocity on the discharge characteristics of 
square-edged orifices at low pressure ratios were investi- 
gated; expansion factors were determined for diameter 
ratios from 0.2 to 0.8 over a range of pressure ratios from 
unity to0.2. A linear Y-r correlation is shown to exist at 
low pressure ratios; a change of flow regime occurs at a 
pressure ratio of 0.65. A theoretical solution for super- 
critical flow, previously established by the author, is 
further compared with experimental results. 


NOMENCLATURE 
The following nomenclature is used in the paper: 
Subscripts 
1 = position of undisturbed flow wpowenn | from orifice 
ng 
Symbols 
A = area 
= specific heat at constant pressure 
= specific heat at constant volume 
= diameter 
. = orifice diameter, in. 
= ASME thermal expansion factor for orifice plates 
mass flow rate, lb per sec tyme. seaaety 
= gravitational constant, Ib, ft/b,sec®@ 
enthalpy per pound of fluid 
orifice discharge coefficient for incompressible flow 
pound force 
= pound mass tt 
edge width of orifice ub, Thou 
= orifice-meter area ratio A,/Ai = 
p = pressure 

Pie = orifice initial pressure at corner tap Kol ek tea 

1 From certain experimental portions of a dissertation submitted 
to the graduate school of Northwestern University in partial fulfill- 
ment of the requirements for the degree of Doctor of Philosophy. 

* Research Engineer, The Pure Oil Company, Research and De- 
velopment Laboratories. Present position, Project Engineer, En- 
gineering Experiment Station, The Pennsylvania State College, 
State College, Pa. Jun. ASME, 

Contributed by the Fluid Meters Research Committee and In- 
dustrial Instruments and Regulators Division and presented at the 
Annual Meeting, New York, N. Y.. Nov. 26-Dec. 1, 1950, of Tax 
American Society or por ENGINEERS. 

Norn: Stat i advanced in papers are to be 
understood as individual pb sven of their ao and not those 
of the Society. Manuscript received at ASME Headquarters on 
August 12, 1950. Paper No. 50—-A-45. 
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= orifice initia] pressure at wall tap 

= orifice discharge pressure at corner tap 

= orifice discharge pressure at wali tap 

= gas constant, ft lb,/lb,,F abs 

= pressure ratio p2/pi 

= theoretical critical pressure ratio 
ser 


Pie 


bien 


mee 


orifice-meter expansion factor 

theoretical expansion factor 

orifice-meter diameter ratio d,/d, 

ratio of specific heats C,/C, 

orifice pressure difference (p, — pa) 
= Regeln orifice-meter expansion factor 
= orifice-jet contraction coefficient for incompressible flow 
= orifice-jet contraction coefficient for compressible flow 
p = density (1/v) 


> 


INTRODUCTION 
One-dimensional gas-dynamics relations may be developed 
which express the velocity of a compressible fluid at a certain 


_ cross section of the stream tube as a function of the ratio of the 
- pressure at that section to the initial pressure. When the pres- 
sure ratio is that defined as the “critical,” the fluid velocity is 


equal to the local velocity of sound, and the area is a minimum. 


One-dimensional relations are commonly applied to the case of 
compressible flow through a nozzle, and the mass flow rate de- 
pends on the ratio of the downstream or receiver pressure to the 
initia] pressure. Experiment reveals that the flow rate of a 
convergent nozzle attains constancy at a pressure ratio defined 
as the “maximum flow ratio.” For a well-formed convergent 
nozzle, the (experimental) maximum flow ratio is essentially 
identical with the (theoretical) critical-pressure ratio. Evi- 
dently the occurrence of sonic velocity at the throat of the nozzle 
prevents flow response to changes in the discharge pressure. 

Contrary to the behavior of the convergent nozzle, the square- 
edged orifice does nct exhibit a maximum flow ratio. Rather, 
experiment shows that the flow rate (for constant upstream con- 
ditions) continues to increase at al] pressure ratios between the 
critical and zero; this range is defined as the “‘supercriti 
range of ratios. 

One of the most widely used means of metering compressible 
fluids is the square-edged orifice. However, the flow character- 
istics of this metering device are comparatively unknown in the 
supercritical range of pressure ratics. The purposes of this in- 
vestigation are (a) to establish the factors affecting supercritical 
flow, ss to extend the present range of experimentally deter- 

mined discharge coefficients for certain standard orifice meters to 
low pressure ratios, and (c) to investigate the effect of high veloci- 
ties of approach on the supercritical flow characteristics. 
Tue Ontrice Jer at SuPercriticat Pressure Ratios 

Stanton (1)* investigated the free jets issuing from sharp-edged 
orifices by means of total and static-head pressure probes. His 
findings may be summarized as follows: 


+ Numbers in parentheses refer to the Bibliography at end of paper. 
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1 For supercritica] flow, the orifice jet converged to a mini- 
mum section and then diverged. 

2 The minimum area of the jet was found to be a function of 
the downstream pressure. As the pressure ratio was decreased, 
the minimum area approached the orifice and became larger. 

3 The location of the critical axial pressure approximately 
coincided with the minimum section of the jet; and it shifted to- 
ward the orifice in the same manner as the minimum stream sec- 


Bic as the pressure ratio was lowered. 


Bailey (2) made an axial traverse of the static pressure along 
the flow axis in a '/;-in-diam convergent nozzle, and in a similar- 
sized orifice. Curves showing the drop in pressure in the direc- 
tion of flow were plotted for a distance of nearly 2 diameters 
downstream and well-developed shock fronts were apparent for 


‘ys the nozzle and the orifice. 


The results of Stanton’s investigation contribute greatly to- 


a an understanding of high-velocity orifice flow; at the same 
E. time, several questions present themselves: 


1 Are Stanton’s results applicable to the jet issuing from an 


having an unrestricted approach section? 
5 


2 What are the pressure-drop characteristics of an orifice jet 


_ for constant initial conditions and variable discharge pressures? 


r 3 Do shock discontinuities originate at the edge of the orifice 
as in the case of nozzles? 

4 At what pressure ratio do shock waves first appear in the 
orifice jet? 

Answers to these questions are indicated in the following para- 
graphs. 

An investigation of the orifice jet was made by more or less re- 
peating Stanton’s work, the important difference being that the 
orifice had a long and unrestricted approach section. The limi- 
tations of space prevent a review of the results (see reference 3); 
suffice it to point out that the pressure curves were quite similar 
to Stanton’s. Shock disturbances were evident at all orifice 
pressure ratios below the critical; the closest approach to the 
orifice plates was of the order of one-half orifice diameter. Con- 
densation shocks were detected in the free jet at positions deter- 
mined by the initial humidity of the air and downstream from the 
critical jet-pressure location. 

To study the effects of discharge pressure on a jet issuing from 
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an orifice at supercritical pressure ratios, a discharge chamber 
with an adjustable axial probe guide was constructed. For a 
constant upstream pressure of 82 psia and an initial tempera- 
ture of about 75 F, the pressure drop along the jet axis is shown 
in Fig. 1 for nine orifice pressure ratios. The critical pressure 
has the same value for all of the curves but not the same position, 
and the shift of p, toward the orifice plate, as the discharge 
pressure is lowered, is readily apparent. The curves further re- 
veal that the free jet develops shock waves for an orifice pres- 
sure ratio of 0.49, but not for a ratio of 0.535. Thus it would 
appear, that like the convergent nozzle, shock waves first origi- 
nate in the free jet for a pressure ratio near the critical value. 

A brief pressure-probe investigation of steam jets issuing from a 
square-edged orifice was made. The results were similar to those 
obtained with air. The critical jet pressure shifted toward the 
orifice as the discharge pressure was lowered. The high-velocity 
jet overexpanded and developed shock waves similar to those 
found in the jet from a nozzle. Shock disturbances first appeared 
in the orifice jet at pressure ratios quite near the critical value 
and the regular spacings of the shock fronts varied with the orifice 
pressure ratio. 


EXPERIMENTAL INVESTIGATION OF OnIFICE METERING 


The laboratory investigation of orifice metering was divided 
jnto separate phases: 

(a) An extension of the present range of the ASME orifice ex- 
pansion factors (4). 

(b) An investigation of the effects of high velocity of approach 
on the supercritical flow characteristics of an orifice meter. 

The equation 

G = KY A, V%.p,Ap . (1) 

hereafter referred to as the “ASME Equation” (4), was adopted 
as the basic experimental flow equation. The discharge coef- 
ficient KY consists of the product of the incompressible or water 
coefficient K, and the expansion factor Y. The coefficient K is 
correlated in the ASME tables by means of the Reynolds num- 
ber, pipe size, diameter ratio, and pressure-tap location. The 
value of KX, for any one installation, is a function only of the Reyn- 
olds number. It decreases with increase in Reynolds numbers 
up to a certain high value, beyond which K is independent of the 
viscous forces represented by the Reynolds criterion. Except 
for very small orifices at low flow rates, the Reynolds number for 
compressible flow is usually quite large—well beyond the limiting 
value; as a result, K may be assumed to be a constant. 
The value of K may be determined by water tests. (The values 
tabulated in the ASME tables were largely determined by this 
method.) The value of K may also be established in quite an- 
other manner. At low velocities the compressibility effects ap- 
proach zero, and therefore the flow of a gas through an orifice 
approaches that of an incompressible fluid. Since the product 
KY is conveniently linear when plotted versus the orifice-pres- 
sure ratio, it is readily extrapolated. The intersection of the KY- 


curve with the ordinate (at r = 1.0) defines the water coefficient 
K. Values determined in this manner agree well with water flow 
measurements. [Bean (5) has noted that the effects of compres- 
sibility and viscosity are probably interrelated in a complex 
fashion. But the Reynolds-number effect customarily is con- 
fined to K, and the compressibility effects to Y, and this division 
offers a practical and successful method of data correlation. } 
The experimental determinations of the expansion factors (Y) 
in this work utilized both methods of finding K for the meter. 
For part (a), the meters were installed in strict conformance to 
ASME specifications, and K values were therefore available. 
Part (6) involved flow in small pipes and the coefficients for the 
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_ orifice meter were completely unknown. Therefore the K- 
coefficients were found by extrapolating the subcritical KY-r 
_ eurves to unity pressure ratio. The expansion factor Y could 


_ then be found by dividing the KY values by K. 


Extension OF Expansion Factors ror Air 


Apparatus, Air at pressures up to 100 psi was supplied by a 

_ reciprocating-piston compressor (240 cfm) equipped with a five- 
pass aftercooler. The compressor and auxiliaries were located 
on the lower level of the laboratory. The two metering orifices, 


used to measure the mass flow rate, and the test orifice were 
__ located on the upper level. The orifices were separated from the 


air receiver at the compressor by approximately 60 ft of 3-in pipe, 
thus minimizing pulsations. 
Mass Flow. The mass flow rate for each run was 1 ed 


SUPERCRITICAL COMPRESSIBLE FLOW 


inside diameter of about '/, in. All pressure connections were 
made with */i¢in. copper tubing and (SAE) flared fittings. 
High-pressure needle valves were installed in the manometer and 
pressure-gage lines. Each of the four sets of pressure taps was 
duplicated on opposite sides of the pipe. The pressure-tap lines 
were valved into four manifolds. Independent pressure measure- 
ments were made between each pair of corresponding manifolds. 

The value of pressure or pressure differential for each run was 
taken as the average of the two readings; the method used to 
measure the pressure differential (Ap) for each run depended 
upon the pressure ratio. For runs at high pressure ratios, the 
differential pressure Ap was measured with cistern-type mercury 
manometers. Low pressure ratios resulted in discharge pressures 
near atmospheric, and p, was measured directly with mercury 


by two standard orifice meters placed in series with the experi- 
mental orifice. The upstream meter was made from (new) 2- 
in, steel pipe and a pair of commercial orifice flanges (flange taps), 
while the downstream meter was similar but constructed with 3- 
in. pipe. Such installation details as the lengths of approach and 
discharge piping, the location and method of pressure and tem- 


3¥ perature measurements, and the orifice plate proportions were 


all determined in accordance with ASME specifications (4). 
The orifice pressure taps (flange) were duplicated to permit two 
independent measurements of the orifice pressure differential. 
The edges of the pressure-tap holes ('/, in.) were slightly rounded 
to remove burrs. The initial orifice pressures were measured 
with single-leg mercury manometers for pressures up to 30 psi; 
for greater pressures Bourdon-tube test gages, calibrated daily, 
were used. The pressure differentials across the orifice (main- 
tained between 10 and 50 in.) were measured (in duplicate) by 
cistern-type water manometers; the value of the pressure differ- 
ential for each run was taken as the average of the two readings. 
The temperature of the air stream at each meter was measured, 
at a location 10 pipe diameters downstream from the orifice, 
with bare-bulb thermometers held in packing glands. The 
thermometers were precision-grade with scale divisions of '/, 
deg F. Each meter was equipped with a set of five graduated 
orifice plates, covering a diameter ratio (8) range of 0.15 to about 
0.6. The density of the air was corrected for departures from 
the perfect-gas relation, and the effect of humidity was taken into 
account. The coefficients and expansion factors for the orifice 
meters were taken from ASME tables (6). Analysis shows that 
the tolerance on the mass flow rate G is of the order of +0.9 per 
cent. The values of G from each meter were averaged to estab- 
lish the mass flow rate for each test. The agreement between 
the two meters was used as a criterion in accepting or rejecting a 
test: If the values differed by more than 1.0 per cent, that par- 
ticular test was rejected. 

Test Orifice Meter. The test meter was made from (new) 2-in. 
steel pipe and a pair of commercial orifice flanges. The pipe 
ends were faced flush with the flange faces, and the pipe-flange 
threaded joints were sweated to ensure airtightness. The 
straight approach and discharge lengths were 50 and 22 pipe 
diameters. The meter was modified to include corner taps, 
throat taps, and pipe taps, as well as the flange taps (4). Corner 
taps were formed by drilling a '/s-in. hole at an angle of 45 deg to 
the orifice plate in the corner formed by the pipe and orifice plate. 
The gasket between the orifice plate and flange was carefully cut 
to prevent interference with the pressure-tap holes. The edges 
of the drilled flange and corner-tap holes were carefully smoothed 
to remove burrs. Brass (SAE) tubing fittings were inserted 
into the wall to form the pipe-wall taps (pipe taps and upstream 
throat taps). The ends of the fittings were filed flush with the 
inner walls of the pipe, and burrs were removed from the edges 
of the holes. This method resulted in a tap hole having an 


ters, having one leg open to the atmosphere. Inter- 
mediate pressure ratios necessitated the use of series manometers. 
Four 50-in. mercury manometers (U-tube) were connected in 
series, the spaces above the mercury and the connecting tubing 
being filled with water. Air bubbles were carefully eliminated 
and each of the two sets of manometers was checked against 
a single-leg manometer at 30 psi to ensure accuracy. The dif- 
ferential pressure for each run was calculated by summing the dis- 
placements of each of the four manometers, making proper allow- 
! ance, of course, for the water legs. The initial or upstream pres- 
sure was measured with a Bourdon-tube test gage which was 
calibrated for every operating period. The two meters and the 
test section were tested frequently for air leakage by painting 
all piping and pressure-tubing joints with soap solution. 

The initial temperature of the air stream was measured with a 
bare-bulb thermometer inserted into the line through a packing 
gland located 15 pipe diameters upstream from the orifice. 
The line was not lagged, as the stream temperature never dif- 
fered from that of the room by more than a few degrees, thus 
effectively eliminating any error caused by heat transfer through 
the pipe wall. The orifice plate used in the test meter was made 
from '/j,-in, stainless-steel plate. It was designed to ASME 
specifications (7) as regards diameter ratio (8), downstream bevel- 
ing, ete. The finished diameter d, was 0.3122 in., resulting in a 
diameter ratio 8 of 0.1503. The upstream edge of the orifice 
plate was formed by making the final boring cut toward the 
upstream face, and then carefully removing the resultant burr by 
honing with a fine-grade oilstone held flat against the face of 
the plate. The result was a square edge that did not reflect 
light. 

Procedure. The compressor was caused to run continuously 
by controlled bleeding of excess air over that flowing through the 
meter run. The inlet and discharge pressures at the test section 
were adjusted to approximately the desired values and then suf- 
ficient time was allowed for constant pressures and temperatures 
to obtain. (The most sensitive indicators of steady flow were the 
differential water manometers.) When steady flow was estab- 
lished, one operator recorded the pressures and temperatures 
for the two meters, while a second man recorded the test-section 
data." If the differential pressures across the standard meters 
changed during a run, the data were discarded. Little or no dif- 
ference existed between the pressures at the four upstream tap 
locations (flange, throat, corner, and pipe); and, since, for a 2-in. 
pipe, the downstream throat tap and the flange tap coincide, the 
readings of the throat taps were discontinued. 

Range of Variables. One orifice plate (d, = 0.3122 in., 8 = 
0.1503) was tested with air (y = 1.40) over a range of pressure 
ratios from unity to about 0.13 at nominal upstream pressures of 
112, 100, 80, and 60 psia. A majority of the runs were made with 
the orifice operating at supercritical pressure ratios. Sufficient 
subcritical runs were made to check the experimental coefficients 
against the ASME values. 
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Air Density. The initial density of the air at the orifice was 


py 


= R.T, 


where y is a correction for departures from the ideal-gas law. 

a The value of y was obtained from the ASME Fluid Meters chart 
(4), and, in addition, the data of Sage and Lacey (8) were used as 
Fe (Both sources agreed well in the range encountered 

The gas constant R,, was computed from R,, = 


and water vapor. The air was assumed to be saturated with 
water vapor at the pressure and temperature in the air receiver. 
_ The same value of R,, was used, of course, for density calcula- 
: i a for the two metering orifices and the test orifice. 
Be Experimental Discharge Coefficients (KY). The values of KY 
were computed for each test from the ASME (4) relationship 


G 
525 d, V 


Forty-eight tests on the 0.3122-in. orifice were calculated, and 

two of these tests were discarded as obviously containing errors. 

_ Three values of KY representing corner taps, flange and throat 

ss taps, and pipe taps were calculated for each test. The KY-r 

curve was plotted for each pair of taps. The points were con- 

_ centrated in narrow bands without exhibiting any differences 

- arising from the initial pressures (112, 110, 80, 60 psia). The best 

e urve that could be drawn for the corner and flange taps con- 

sisted of two straight lines, one extending from r = 1.0 tor = 

0.63, and a second line of greater slope extending from r = 0.63 to 

r = 0.0. A similar linear correlation resulted for pipe taps; how- 

ever, the inflection point‘ occurred not at rn = 0.63 but at r = 

0.77. The unity pressure-ratio intercepts of the K ¥- curves agreed 

p me . with the proper K values tabulated (6) by the ASME for 

wr “flange taps and pipe taps, and with the value of a given by Regeln 

(9) for corner taps. The limiting value of K for flange taps dif- 

fered from the Regeln value for corner taps by only 0.2 per cent; 

ms accordingly, the value of A for both pairs of taps was taken to be 

0.5993, the ASME flange-tap value. The K-value for pipe taps 
was taken as 0.6068, as listed in the ASME tables. 

_ Expansion Factor Y. Having established and confirmed the 

4 three values of K, each experimental value of KY was then di- 

vided by the corresponding K to find the expansion factor Y. 

These values of Y have been plotted versus the orifice pressure 

-ratior, in Figs.2and3. The corner and flange-tap values form a 

common curve. The subcritical air data agree well with the 

(linear) ASME flange-tap and pipe-tap expansion factors. 

The supercritical data form straight lines which intersect the 

ASME YF-r lines at r = 0.63 for flange (and corner) taps, and at 

_ r = 0.77 in the case of pipe taps. In Fig. 2 the values of the 

subcritical expansion factors are best represented by the ASME 

equation for flange taps (4) 


. [2] 


= 1.0—-(0.41 + 0.35 6) 


a at pressure ratios below r = 0.63 the air test results for corner 
_ and flange taps are represented by the following equation 


Y = You — 0.3501 (0.63 — r) 


where Yo¢; is the value of Y in Equation [3] at r = 0.63, and is 


ee This stands in contradiction to Perry's work with pipe taps (10). 
sar However, Perry smoothed his data by plotting certain ‘‘flow factors” 
for whieh he presented equations. Relations for KY as a function of 
a were based upon these (empirical) equations. 


dee, leaving an edge thickness of ‘2 in, 
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0.8916 for air. enna the | inten data at high pres- 
sure ratios are represented by the following equation (4) 


¥ = 1 — (0.333 + 1.145 + 0.7 + 12 


At pressure ratios below r = 0.77, the air test data for pipe taps 
are represented by 


Y = Yon — 0.364 (0.77 —r)....... .. (6) 


Yo.n is the value of Y in Equation [5] at r = 0.77, and is 0.9410 
for air. 

Accuracy of Mass Flow Determination. The experimental Y 
determinations are based upon the use of standard ASME orifice 
meters to measure the flow rate G. An analysis of the errors 
affecting the mass flow rate indicates that the probable tolerance 
on the value of G for each test is 0.94 percent. The actual test 
results showed that an even smaller tolerance might be assigned; 
the two values of G calculated from the meters for each run agreed 
surprisingly well. With the exception of a few preliminary tests, 
every run showed an agreement between the upstream and 
downstream meter rates within 1.0 per cent. Of the final group 
of runs, the maximum difference between G, as indicated by the 
2-in-diam meter (upstream) and as indicated by the 3-in. meter 
(downstream), was 0.83 per cent. The average difference was 
0.292 per cent (without regard for sign). The meters displayed 
no consistent differences. For 24 of the 46 runs, the down- 
stream-meter rate was greater than the upstream-meter rate by 
an average of 0.282 per cent. For the remaining 22 runs, the 
downstream-meter rate was less than the other meter rate by an 
average of 0.30 per cent. 

Accuracy of Experimentally Determined Y Factors. An analysis 
of the expansion factors Y, indicates that the tolerance on Y 
values is about +1.0 per cent. (The tolerance assigned to Y in 
the subcritical zone in ASME Fluid Meters (1937) (4) is 0.5 per 
cent.) This figure applies at a pressure ratio of about 0.5; runs at 
higher pressure ratios may be expected to be slightly less ac- 
curate, the opposite being true at lower pressure ratios. 


Extension OF Expansion Factors ror STEAM 

To determine the effect of ratio of specific heats y on the ex- 
pansion factor Y, essentially the same range of experiments as 
that made with air (y = 1.40) was made using superheated steam 
(y = 1.30). Saturated steam from the laboratory main (140 
psi) was passed through a gas-fired superheater. The steam 
was admitted to the orifice-pipe run through a 2-in. angle valve; 
and after expansion through the test orifice and a downstream 
control valve (3-in. steel globe), the steam was discharged into a 
surface condenser on the lower level of the laboratory. (The 
steam was desuperheated at the entrance to the condenser by 
injecting a metered quantity of water.) 

Test Orifice Meter. The meter was made from (new) 3-in. 
seamless-steel pipe and a pair of forged~steel orifice flanges. 
(Since the air tests had shown similar expansion factor-pressure 
ratio correlations for flange taps and corner taps, the steam meter 
was equipped only with flange taps.) The pipe ends were faced 
flush with the faces of the screwed flanges and the pipe diameter 
(3.091 in.) at the flanges was determined as the average of eight 
measurements made with telescoping gage and micrometer. 
The orifice meter was installed in strict accordance with ASME 
specifications (7); the straight approach and discharge lengths 
were 23 and 15 pipe diam. All piping from the superheater to 
the condenser discharge was lagged with 1 in. of 85 per cent mag- 
nesia insulation, and the meter flange was covered with 2 in. of 
asbestos. The orifice plate, made from '/,in. stainless-steel 
plate, was beveled on the downstream side at an angle of 45 
The finish-boring cut 


: 
_ 


CUNNINGHAM—ORIFICE METERS WITH SUPERCRITICAL COMPRESSIBLE FLOW 


10 


che 
Wat 


RELATION FOR 
FLANGE TAPS 


ont 


@ 


—EXPERIMENTAL RESULTS 


1 
| 
| 
| 


EXPANSION FACTOR, Y 


COMMERCIAL STEEL PIPE, 4,*2077in. 
ORIFICE, in 
80.1503 


Leen’ 
(2457.6, 

alti 


FLANGE 


06 


Fico. 2 


05 04 
PRESSURE RATIO, 


Expansion Facrors Versus Onirice Pressure Ratio ror Ain FLow a 


o3 0.2 ol 


2-In. Merer (ASME) 
(Pressures measured at corner and at flange taps.) 


TASME RELATION ron 


PIPE TAPS 


EXPERIME NTAL 


RESULTS 


COMMERCIAL STEEL PIPE, 4,+2.077 in. 
ORIFICE PLATE, 4..*0.3122 in. 


AIRF #140 
PIPE TAPS 


Mic. Experimenta 


05 04 3 
PRESSURE RATIO 


02 


Expansion Factors Versus Orntrice Passsure Ratio ror Arm Fiow A 


2-In. Pipe Meter (ASME) 
(Pressures measured at pipe taps.) 


was made toward the upstream face and the burr was carefully 
removed by honing with a fine oil stone. The finished diameter 
of the orifice plate was 0.4680 in.; when installed in the 3-in. pipe 
the diameter ratio was 8 = 0.1514. The pressure tap (flange) 
holes were made with a '/,-in. drill, and the hole edges were 
slightly rounded. Both initial and discharge pressures were 
measured with Bourdon-tube test gages which were calibrated 
daily. (The taps were not duplicated on opposite sides of the 


pipe.) An ASME finned thermometer well (11) (stainless steel) 
was installed at a location 15 pipe diam upstream from the orifice 
plate. A mercury-in-glass (750 F) thermometer was inserted 
in the oil-filled well, and the exposed end of the well was insulated 
to reduce heat transfer. Stem-temperature readings (measured 
by fastening a mercury thermometer to the exposed stem) were 
recorded and stem corrections were applied to the steam ther- 


mometer readings. 
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‘Test Procedure, About 3 br were required to establish equilib- 
rium values of pressure and temperature at the orifice meter. 
Tt was possible to maintain a constant initial pressure at the 
9 rifice by occasional adjustment of the inlet (angle) contro! valve. 
The steam temperature was controlled by adjusting the firing 
rate of the superheater; however, variations of 3 to 4 F did 
ss eeur during a test, The temperature was recorded every 2 
Wat min during the 35-min tests, and these readings were averaged to 
4 a find the run temperature. After steady flow was established at the 
hs a desired pressure and pressure ratio, the condensate and injection 
water tanks were weighed and two stop watches were started. 
_ Frequent short checks were made of the flow rate at the conden- 
sate tank to detect rate changes during a run (the condenser was 
- operated at atmospheric pressure). The water tanks were 
weighed again (simultaneously) at the end of a run. 
Range of Variables. One orifice plate (d, = 0.4680 inch, 8 = 
0.1514) was tested with steam at pressure ratios down to r = 
0.127 with flange taps. The runs ‘vere made in four groups 
with constant initial pressures of 113, 92, 75, and 60 psia and with 
a constant superheat of about 190 F. 

Experimental Discharge Coefficients. The values of KY were 
computed for fifty tests from the relationship 


0.525 Ed,? p,Ap 


[7] 


where E is a factor to compensate for the area enlargement of the 
orifice from thermal expansion (7). At any one initial pressure, 
the average steam temperature ¢, varied by less than 10 F; 
hence it was assumed that the steam density would respond to 
the small temperature variations as an ideal gas, and the mass 
flow rate for each test was corrected for the deviation of the run 
temperature from a selected average value ¢,. The relation is 


G, = GV7,/T, 
where G and 7; are the actual test values and 7, is the mean tem- 
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perature for the particular group of tests. Having thus ad- 
justed the mass flow rates, the initial density was taken from 
steam tables (12) at the constant pressure (p,) and mean tem- 
perature (t,) for each of the four groups of tests. 

The individual KY-values were plotted versus the orifice- 
pressure ratio. Despite the wide scatter of the data (when com- 
pared to the tests on air), the ordinate intercept (at r = 1.0) of the 
KY-curve agreed well with the high Reynolds number ASME 
value: K = 0.5952. 

Expansion Factors Y. The Y values (KY divided by 0.5952) 
are plotted versus the orifice pressure ratio in Fig.4. The ASME 
expression (Equation [3]) for Y (y = 1.3) is plotted as the solid 
line in the subcritical region; a second straight line is drawn to 
represent the supercritical data. Note that the supercritical 
line intersects the ASME curve at r = 0.63, It will be recalled 
that similar results were obtained with air, but the slope increase 
at r = 0.63 is only about one half that for air. (The change in y 
from 1.4 to 1.3 no doubt affects this inflection pressure ratio, but 
the [steam ] data are insufficient to show the nature of the effect.) 

The supercritical data for steam are represented by the rela- 
tion 


Y = Yow — 0.3480 (0.63 —r)........ .. [8] 


where Yo: is the value calculated from Equation [3] for r = 
0.63, and is 0.8833 for y = 1.3. (Equation [8], probably, also 
applies to corner taps at low diameter ratios, since the air tests 
established the identity of the flange-tap and corner-tap Y-r 
correlations, at B = 0.15.) 

Accuracy of Experimental Y Curve. A mathematical analysis 
of the errors affecting Y indicates the tolerance to be slightly over 
+1.0 per cent. However, examination of Fig. 4 shows that the 
spread of experimental data, even in the supercritical region, 
is of the order of +3.0 per cent, a scatter that is quite inferior to 
the results obtained with air. For some reason, the computed 
Y-values for the 113- and 92-psia tests fell below the values for the 
75 and 60-psia tests. This apparent pressure effect accounts, 
in part, for the wide scatter of data. Such a pressure effect is 
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3 not to be expected and probably stems from a systematic error 
a. in the experimental technique. 
_ Comparison With Other Data. Although Schiller’s (13) data 
for steam were taken with German standard orifices (corner taps), 
a they may be compared with the present results, since the air 
tests have established that the Y-r curves for flange taps and 
corner taps are identical (for 8 = 0.15 only). Values of ¥ have 
been calculated from Schiller’s data for 8 = 0.2 and are plotted, 
_ for comparison, in Fig. 4. In addition, a dotted line has been 


es * _ drawn in the subcritical region to represent the Regeln values for 


_ the expansion factor, (for steam, y = 1.31). The agreement of 
oe Schiller’s data and the Regeln curve with the experimental re- 


ne 4 sults is evident. 


_ Mazimum Mass Flow Rate. A few investigations of compres- 
sible flow through orifices (1, 14, 15) have indicated maximum 
flow ratios of the order of 0.2, i.e., further reduction in the dis- 
charge pressure had no effect on the flow rate. 
___ tests, conducted at pressure ratios as low as 0.13 for both air and 
ae t steam, showed that the flow rates continued to increase as the 
ae discharge pressure was lowered. A few tests were made with 
ms steam at pressure ratios down to 0.074, with no apparent limit- 
ing flow being reached. Rateau (16) and Reynolds (17) ob- 
tained data at ratios as low as r = 0.04 and 0.10, respectively, 
_ with similar results. 


Supercriticat Frow Wirs Vevocrries or Arrroacu 


For diameter ratios greater than about 0.4, the approach or 
pipe-line velocity becomes an appreciable factor. The approach 
velocity is directly proportional to the flow rate and hence 
varies with the orifice pressure ratio. The combination of a 

_ large diameter ratio 8 and a low orifice pressure ratio creates two 


unique problems: 


1 Violent shock discontinuities exist in the orifice jet. These 
disturbances logically might be expected to complicate measure- 
ment of the discharge pressure when the pipe wall is in close 
proximity to the jet. 

4 2 The stream temperature can no longer be measured in the 
- usua] manner, because stagnation of the high-velocity fluid on the 
thermometer causes a temperature to be indicated that is higher 
than the actual static stream temperature. 


The investigations of Hodgson (19) and Schiller (13) appear to 


be the only two sources of data on supercritical flow at high 8 


- values in the literature.’ They are alike in two important re- 

spects: (a) both used corner taps to measure the orifice-meter 
pressures, and (b) both apparentiy neglected the fact that tem- 
perature measurement constituted a special problem. 

To investigate the flow characteristics with a square-edged 
orifice and a high approach velocity, the 2-in. pipe test section 
used for air was replaced with a small (d, = 0.527 in.) pipe and 

orifice flanges. Orifice plates ranging from 8 = 0.2 to 8 = 0.8 
were tested in the small pipe over a wide range of pressure ratios. 

High-Velocity Test Section. The general arrangement of the 
test section and details of the orifice meter are shown in Fig. 5. 

_ The meter was made from £/;-in. (hard) drawn copper tubing 
_ (d; = 0.527 in.) and a pair of orifice flanges machined from 
brass. The two flanges were sweated onto the tubing and the 
final facing operations were made with the tubing held in a lathe 
collet, thus ensuring that the recesses cut in the flange faces would 

5 At least with data based upon initial static pressure and tem- 

_ perature. Grey and Wilsted (20) and Neal (10) have presented adia- 

 batie discharge c based upon total pressure and total tem- 
perature. Except for very small diameter ratios, the two forms are 
not directly comparable. Through continuity, total head coef- 
ficients may be converted to the usual form, but the relations are 
rather complex. 


the and checks in the laboratory that 


be concentric with the tubing. The corner taps were drilled at 
an angle of 45 deg to the flange faces as shown in Fig. 5. In 
addition, another set of taps was located in the pipe wall, 1 pipe 
diam above and 1 diam below the upstream face of the orifice 
plate. These taps will be referred to as “wall taps” in the fol- 
lowing section. In addition, a third downstream tap crepe 
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8 diam from the orifice plate in the standard pipe tap location. 
Thus pressures could be measured at the following: 


1 Corner taps. 
2 Wall taps, located 1 diam from the face of the orifice plate. 
3 A downstream pipe tap, 8 diam from the orifice plate. 


The taps were duplicated on opposite sides of the pipe, and all 
(ten) of the tap holes were drilled with a No. 60 drill (0.040 in.). 
The bore of the tube was polished with crocus cloth to remove 
burrs. The method of pressure measurement (by manifolding 
the lines) was similar to that described for the 2-in. pipe meter, 
the only difference being that the pressure differential, for the 
intermediate range of orifice-pressure ratios, was determined by 
measuring the discharge pressures directly with a gage. 

The entry to the test section (at A, Fig. 5) consisted of a pol- 
ished convergent nozzle having a throat diameter equal to that 
of the tubing inside diameter. The inlet end of the nozzle (2 
in. diam) was coupled to the 2-in. discharge pipe from the up- 
stream metering orifice. The approach (A-—B) of the test meter 
was long in length to ensure uniform flow at the orifice. The 
discharge length (B-C’) terminated in a 1'/; in. globe valve which 
was used to regulate the downstream pressure. The air was fi- 
nally discharged to the atmosphere through the downstream 
metering orifice. All piping joints and pressure tap lines, from 
the upstream meter inlet to the downstream meter outlet, were 
checked frequently for leaks (with soap solution). The initial 
pressures at the test orifice, as well as the discharge pressures at 
pressure ratios near 0.5, were measured with a precision dial 
manometer. For the range encountered, the gage could be read 
to about '/i» per cent accuracy; it was specially calibrated by 
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for the range in which it was used, no corrections were neces- 
sary. 

Temperature Measurement. In addition to the fact that high 
fluid velocities produce thermometer errors, the tube size (0.527 
in.) was such that a thermometer or thermocouple inserted 
through the tube wall would seriously restrict and disturb the 
flow. As an alternative, the temperature of the air was measured 
in the 2-in. pipe a few diameters upstream from the convergent 
entry nozzle (at A in Fig. 5). The assumption was made that 
the air upstream from the nozzle possessed zero velocity—a valid 
assumption, since the maximum velocity in the 2-in. pipe for 
any of the tests was less than 40 ft/sec. The flow from the 
nozzle entry to the orifice was assumed to be adiabatic because: 


1 The stream temperature (¢;) in the 2-in. pipe was essen- 
tially equal to the temperature of the room. 

2  Frdéssel used a similar nozzle and tube arrangement in his 
determinations of high-velocity friction factors. Fréssel 
found that “. . . . as a result of friction, the gas in the neighbor- 
hood of the wall acquired approximately the temperature of the 
outside air so that no heat exchange takes place through the pipe 
wall” (21). 


By thus assuming the total energy of the flow to be constant, 
the total temperature at the orifice is equal to the (total) tem- 
perature at the tube nozzle entrance, and the stream temperature 
t, at the orifice may be calculated. 

The enthalpy before (h;) and after (h,) expansion in the entry 
nozzle are related by 


Since air can be assumed to be an ideal gas, then h = C,T7 and 
pv = RT. These relationships along with the continuity equa- 
tion G = p,w,A, can be substituted into Equation [9] 


Rt 
and thus the static temperature 7; is a function of the known 
quantities 7';, p:,, and G. Equation [10] was used to compute the 
stream temperature 7; for runs with high approach velocities. 
In the majority of the tests, the difference between 7, and 7; 
was small; however, the difference was appreciable for tests on 
orifices with diameter ratios of 0.7 and 0.8. 

Prediction of Stagnation Error. By continuity and the ideal 
gas relation 
= K¥mVi—r 


w= 


Aip, 


By combining Equation [11] with the isentropic velocity equation 


w= RT; (1 — [12] 


it follows that 
(KY) m*(1—r) = —— {T;/T, — 1] 


From Equation [13] the ratio of the total temperature 7’; to the 
static stream temperature 7, may be calculated at any pressure 
ratio on the basis of the K Y-value. 

Orifice Plates. The square-edged orifice plates, machined 
from sass carbon steel, were 1.48 in. diam. The downstream 


faces of the plates were beveled at an angle of 45 deg. Dimen- 


sional details are given in Table 1. 


DIMENSIONS OF ORIFICE PLATES 
Edge-width 
ratio, L/de 
1090 
0.0805 


0.0220 
0.0263 0.8071 


The dimensions were determined by measurements with a 
cathetometer microscope. The values of d, for each plate were 
established as the average of 8 measurements across 4 diam. 
Previous investigations have shown that the thickness of the 
orifice plate does not affect the discharge characteristics provid- 
ing the edge-width ratio L/d, is small. The ASME specification 
(7) in this respect is L/d, € 0.125; thus all of the plates conform. 

Test Procedure. The tests were conducted in the manner pre- 
viously described for the 2-in. pipe meter. The mass flow rate G 
was similarly measured with two standard meters. Duplicate 
readings of the pressure differentials were not recorded; rather, 
checks were made with each orifice plate installed to ensure that 
the pressures at the taps on one side of the line agreed with 
those of the diametrically opposite taps. No differences were 
detected for any of the orifice plates. 

Range of Variables. Seven orifice plates, representing a range 
of diameter ratios of 0.2 to 0.8, were tested at a nominal initial 
pressure and temperature of 90 psia and 75 F over a range of 
pressure ratios from unity to about 0.14. The orifice-meter pres- 
sures were measured at two pairs of taps and at a downstream 
pipe tap for each test. 

Experimental Discharge Coefficients KY. Discharge coefficients 
were computed for each of an original group of 149 tests. Of this 
number, four tests were discarded as obviously in error. The 
calculations were based upon a discharge pressure measured at 
the corner tap (pz-) and on an upstream pressure measured at the 
wall tap (pis) located 1 pipe diam upstream from the orifice. 
The corner-tap initial pressure p,, is nearly equal to pi» for flow 
through orifice plates of low diameter ratios (and for all flows 
near unity pressure ratio). Whenever the approach velocity 
becomes appreciable, a ram effect occurs at the face of the orifice, 
and the corner-tap pressure is increased: pi. > Piw. It was de- 
cided to base the calculations on pi. and ps for the following 
reasons: 


1 Calculation of the density p; in the ASME equation re- 
quires knowledge of »,, the static stream pressure. The corner 
pressure p;. represents the static pressure plus some unknown ram 
effect. 

2 The method of forming the corner taps was, of necessity, 
arbitrary. Although the downstream (p2-) reading may reasona- 
bly be expected to be unaffected by high-velocity phenomena, 
the “recovery factor” of the upstream taphole is an unknown 
quantity. On the other hand, the simple wall-pressure measure- 
ment is dependable and easily reproduced; it may be relied upon 
as a close approximation to the “true” static pressure. 

3 The method is not unprecedented. Witte reported data on 
a similar basis (22). 


TABLE 1 


Nominal 8 


The KY-coefficients are plotted versus the orifice pressure 
ratio Prc/Piw in Fig. 6. Individual plots of the data for 8 = 0.2, 
0.3, 0.4 revealed that the data were all essentially alike; accord- 
ingly, the test values for all three of the low-diameter-ratio plates 
were plotted to form one curve in Fig. 6. Separate curves are 
shown for the remaining four orifices. All of the coefficients 
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were calculated originally on the basis of 7, the total tempera- 
ture. Where warranted, the coefficients were recomputed on 
the basis of 7’; (as established by Equation [10]). The differences 
between 7, and 7; were negligible for the five smallest plates, 
ie., 8 = 0.2 to 0.6. (The value of 7; — T, was a maximum of 
about 4 deg for 8 = 0.6.) However, all of the runs on the two 
largest plates were computed on the basis of 7, as well as 7’. 
The maximum temperature differentials occurred for the low- 
pressure-ratio tests on the 8 = 0.8 plate, and were of the order of 
10 to 15 deg. Two KY-r curves, based on 7; and 7; have 
been drawn for the 8 = 0.7 and 0.8 plates; the progressive sepa- 
ration of the coefficient curves illustrates the temperature effect. 
At a pressure ratio of r = 0.5, the difference between the coef- 
‘ficient curve, based upon the total temperature 7’; and the curve 
based upon 7), amounts to about 0.6 per cent for 8 = 0.7 and 


1,25 percent for 8 = 0.8. 


_ The graphical presentation of the coefficients in Fig. 6 reveals 
some interesting facts: 


1 The subcritical K Y-data form a linear relation from r = 
tor = 0.63. 
2 Asecond straight line represents the data from r = 0.63 to 
the limit of the test-pressure ratios. 

_ 3 A change of flow regime apparently occurs at r = 0.63 for 
all of the diameter ratios. 


It will be recalled that similar results were obtained with the 
- air data and with the steam data, (8 = 0.15). 
Determinations of K by Extrapolation. Since no established 


water coefficients exist for a meter as small as 0.527 in. diam, the 


values of K for each orifice plate were determined by extrapolat- 
_ ing the (suberitical) KY-, curve to r = 1.0. The resultant 
values are given in Table 2, along with the K Y-values at r = 0.63 
andr = 0.0. 
The values of K for diameter ratios up to 0.7 are represented 
to within 1.3 per cent by the relation 
K = 0,608 + 0.415 #*................ [14] 


2 This equation for K is included to emphasize the conventional be- 


havior of K as a function of 8, despite the very small diameter of 


the orifice meter. 
Expansion Factor Y Versus Pressure Ratio. The data in Table 
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TABLE2 EXP MENTAL DISCHARGE CENTS FOR AN 
ORIFICE M WITH HIGH VEL OF APPROACH 


K 
Nominal (KY atr = 1.0) 
2 0.616 
0.616 
0 616 


KY atr = 0.0 
0. 


407 
407 
407 
413 

423 


* The two values are, respectively, KY for Ti and KY for T.. 


Fie. 7 Expansion Factors ror Ain Frow Taroves an Onirice 
Merer at Low Pressure Ratios ror Diameter Ratios From 0.2 
To 0.8 


2 are sufficient to establish the expansion-factor curves for the 
seven orifice plates; the KY-values at r = 0.63 and r = 0 were 
divided by K for each orifice plate; the value of Y at r = 1.0 is, 
of course, unity. The Y-r relations appear in Fig. 7. 

The value of the expansion factor is little affected by minor 
changes in pressure-tap location near the orifice plate. The 
ASME (subcritical) relation (4) for Y is linear, as is ¢, the 
“Regeln” (9) expansion factor. In Table 3 the values of the 
experimental Y-values at r = 0.63 are compared with the values 
computed from the ASME equation 


=1—(0.41 +0358" 


for flange taps, and with the values of ¢ at r = 0.63 taken from 
Regeln for corner taps. 


TABLE 3 EXPANSION-FACTOR VALUES AT r = 0.63, y = 140 


4 


o 


o 


* The two values are, respectively, Y for Ti, and Y for 7. 


The experimental values for Y agree well with the ASME 
values; the Regeln values are lower by about 0.3 per cent at 
small values of 8, to about 0.8 per cent at large values of 8. 

Considering this agreement (Table 3) of subcritical Y~values, 
it is probable that supercritical flow through standard (large) 
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meters can be predicted on the basis of the results demonstrated 
in Fig. 7. 

At pressure ratios below 0.63, the expansion factor for 8 = 0.2, 
0.3, 0.4 is represented by the following relation 


Y = You — 0.365 (0.63 — r) 


where Yo: is the value from Equation [3] at r = 0.63 for the 
proper diameter ratio. Supercritical data for the larger plates 
may be represented by similar equations. (The slope increase 
in the Y-r curves, at r = 0.63, is less for the larger orifice 
plates.) 

Significance of Y-r Inflection Point. The correlation of Y 
with pressure ratio demonstrates that compressible flow in an 
orifice undergoes fundamental change in flow regime at, or near, 
r = 0.63. It is reasonable to assume that high-velocity com- 
pressibility effects account for the different Y-r correlations at 
low and at high pressure ratios. Local accelerations in the flow 
afford a logical explanation for the fact that the inflection occurs 
not at r = 0.528, the theoretical critical ratio, but at r = 0.63. 
Stream filaments adjacent to the orifice plate undergo large ac- 
celerations, and, no doubt, sonic velocities are encountered at the 
edge of the plate before the over-all pressure ratio is sufficiently 

low to produce (one-dimensional) sonic velocity. 

y of Ex Factors. Air and steam flow measure- 
ments at 8 = 0. 15, and air flow at high approach velocities, all 
produced Y-r correlations that had inflection points at r = 0.63, 
when based upon pressure taps located close to the orifice plate. 
(While it is likely that the inflection points were affected by the 

 specific-heat ratio y, and the diameter ratio 8, the amount of 
data did not warrant investigation of these variables. The net 
effect on the pressure ratio of the inflection would be quite small.) 


2-in. and 3-in. meters (at 86 = 0.15) are probably applicable to ata 
diameter ratios as large as 0.4. S:) > 


Chaplygin (23) in 1904, presented an analytical solution for 
the subcritical efflux of a gas from a slit in a plane wall; and the 
period of 1930 to 1933 marked the appearance of several (24, 
25, 26, 27, 28, 29) approximate theoretical solutions to the 
problem of subcritical compressible flow through orifices. Al- 
though a few of these solutions have been extrapolated (errone- 
ously) to supercritical pressure ratios (13, 23, 27), no successful 
means of predicting the flow behavior of an orifice at very low 
pressure ratios has been known. In conjunction with the present 
investigation an equation was derived (18) that predicts the 
contraction behavior of the gas jet at supercritical pressure 
ratios. The contraction coefficient, in conjunction with certain 
one-dimensional gas-dynamics relations, renders possible the 
prediction of the mass flow rate for a square-edged orifice. This 
new solution, plus the solution of Buckingham (27) for the sub- 
critical zone, enables the gas flow rate of an orifice meter to be 
predicted quite accurately over the entire range of pressure ratios 
from unity to zero. In common with other approximate theo- 
retical solutions, the gas jet-contraction coefficient was estab- 
lished by correcting the incompressible or water coefficient for the 
effects of compressibility. Impulse-momentum relations* were 
applied to the orifice jet at the minimum section of the conver- 
gent-divergent stream where the jet pressure and velocity are 
constant and of critical magnitude. 

The supercritical contraction coefficient u,, which represents 
the ratio of the minimum or critical jet area to the area of the 
orifice, was expressed in the form of a cubic equation 
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B,? (7.2/7 m* (r, — r)] 


| The agreement of the subcritical experimental data with the 
ASME expression for Y suggests that the ASME (4) equation 


r 


Y =1— (041 +035 8) 


be modified as a means of establishing an equation to represent Y 
at lew pressure ratios. On this basis, the results of air-flow tests 
in a 2-in. pipe meter (flange and corner taps 8 = 0.15, Fig. 2), 
be represented by 


Y = You — 0.3501 (0.63 — r) 


where Yo. is Y from Equation [3] at r = 0.63. 
Similarly, for superheated steam (y = 1.3, 8 = 0.15, d, = 3 
in., Fig. 4) 
Y = Yow — 0.3480 (0.63 — r) 


— expansion-factor data for the high velocity of approach tests 
(for 8 = 0.2 to 0.4, Fig. 7) be represented by 


Y = Yous — 0.365 (0.63 —r) 


Similar equations may, of course, be written for the other ex- 
iene curves in Fig. 7. It is noted that the increase in 
slope of the Y-r lines at r = 0.63 is less for large than for small 
values of B. 

The diameter ratio 8 has little effect, when small, on the ex- 
pansion Consequently, [4] and [8] for the 


-1 
) (ne + ‘) —ma—n| 


2y = 
. . [16] 


Equation {16} demonstrates that the jet contraction’ yu, is de- 
pendent upon the pressure ratio r, the ratio of specific heats y, 
the orifice-pipe area ratio m, the incompressible contraction co- 
efficient wu, and the critical pressure ratio r,. The term r, was 
shown to be related to m and ¥ by the following equation 


—! 2/7, 


[19] 


* Unlike the Borda nozzle, the pressure on the upstream face of 
the orifice plate is not uniform, but diminishes near the edge of the 
opening. To overcome this problem, resort was made to a relation 
devised by Buckingham (27) in his approximate theoretical solution 
for the subcritical case: The force exerted on the upstream face of 
the orifice plate by a compressible fluid and by an incompressible 
fluid are equal under certain conditions. The validity of the method 
is evidenced by the ll t bet experimental (sub- 
critical) data and Buckingham's 's solution. 

7 Compressible flow in a Borda nozzle was similarly treated, and 
the on expression for the supercritical contraction coefficient 
was deriv: 


re(¥ + 1) 
As was the case with the orifice solution, this expression may be solved 
atr = 0, yielding a value of wu, = 0.790 for y = 1.40. The subcritical 
contraction coefficient was previously established by Busemann (30) 
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Be for 4, reduces to identity with the subcritical Equation [22]. 
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*f = m, the area ratio for the orifice meter, is selected, the value of 
< is established, i.e., it is the incompressible flow coefficient for 
that orifice, at high Reynolds numbers. 
a The mass flow rate, at supercritical pressure ratios, may be 
found from 


( 
} 
‘ 29.¥ 21 


’ and the value of 4, from Equation [16]. Buckingham (27) de- 
rived an expression for u, for the case of subcritical flow. His 
_ quadratic-equation solution may be expressed, in the nomen- 


_clature of this paper, as 


#, from Equation [22], the mass flow may be found from 


| 
_ At the critical pressure ratio, the supercritical Equation [16] 
The 
_ Supercritical solution for 4, and Buckingham’s subcritical solu- 
_ tion were compared with the experimental results of Bachmann 
(31) for air flow, and with Schiller’s data (13) on superheated 
steam. The theoretical solutions predicted the experimental 
results to within 1 per cent; the difference increased to 2 per 
cent at pressure ratios below 0.2. 
By eliminating the mass flow rate G between the ASME equa- 
tion and the isentropic equation, a relation can be obtained in 
which a theoretical expansion factor Yu is expressed as a func- 
_ tion of the theoretical coefficient 4,. The relationship is 


= mA, 


a 
Yu = 


for the subcritical case where yu, is computed from Buckingham’ 8 
Equation [22] and ; 


. [24] 


Ya = 


for the supercritical range of pressure ratios where the value of 
is computed from the cubic Equation [16]. 

The information necessary to establish yu, is m, w, r, and r,. 
The incompressible, or liquid, contraction coefficient u may be 
found from the water coefficient K by the relationship 

K 


(26} 


The theoretical Y-r curves from r = 1.0 to r = 0 have been 
plotted for two of the orifices tested: 


1 The (ASME) 2-in. pipe meter with 8 = 0.15, y = 1.40, 
2 The mid-range orifice plate of the series tested in the 0.527, 
in. line: 8B = 0.5, y = 1.40. 


Note that for 1, K was taken from the ASME tables, and for 2, 
K was obtained by extrapolation of the KY-r curve tor = 1.0. 

In Figs. 8 and 9 the solid-line curves represent the theoretical 
solution, and the points represent the individual Y-values deter- 
mined by experiment. The comparison shows that the theo- 
retical solution predicts experimental results to within 1 per cent 
over most of the range of pressure ratios, the difference increas- 
ing to a maximum of 2 per cent at r = 0.12 for the 2-in., 8 = 0.15, 
meter. Thus the correlations obtained with the data of Bach 
mann and Schiller have been confirmed by new experimental 
evidence. 


SuMMARY 


Experimental Results. Probe investigation of air and steam 
jets showed that (a) Stanton’s findings are applicable to an orifice 
with unrestricted approach, (b) shock disturbances first occur at 
or near the critical pressure ratio and are present for all lower 
ratios, and (c) apparently no shock disturbances exist at the 
edge of the orifice, the initial shock occurring downstream in the 
free jet. 

The discharge coefficients for the flow of air (2-in. pipe meter) 
and for the flow of steam (3-in. pipe meter) were measured 
at pressure ratios from unity to 0.13. The diameter ratio 8 of 
both meters was 0.15. Steam flow tests at pressure ratios as low 
as r = 0.074 (and for air, r = 0.13) failed to detect a limiting 
mass flow rate (as previously reported by some investigators). 
For the air tests, the orifice-meter pressures were measured at 
duplicate flange, corner, throat, and pipe taps. Values of the 
expansion factor Y were computed for each air test and plotted 
versus the orifice-pressure ratio; the corner and flange-tap values 
formed a common curve. The subcritical air data agreed well 
with the (linear) ASME fiange-tap and pipe-tap expansion-factor 
equations. The supercritical data formed straight lines which 
intersected the ASME (¥-r) lines at r = 0.63 for flange (and 
corner) taps, and at r = 0.77 in the case of pipe taps. 

Similar results were obtained with the experimental flange- 
tap data for steam. Again, the subcritical data were best repre- 
sented by the ASME expansion-factor equation. The super- 
critical data formed a straight line which intersected the ASME 
curve at r = 0.63; the change in slope at this ratio was considera- 
bly less for the steam data (y = 1.3) than for the air data (y = 
1.4). 

The effects of high approach velocity were investigated by 
measuring discharge coefficients (KY) for the flow of air through 
orifices in a 0.527-in. smooth pipe with diameter ratios from 0.2 
to 0.8 (seven orifice plates). Pressures were measured at wall 
taps located 1 pipe diam upstream and downstream from the 
orifice plate, and at corner taps. The coefficients (KY) were 
computed for each test on the basis of the upstream pressure 
measured at the pipe wall 1 diam from the plate and on a dis- 
charge pressure measured at the corner tap. Each of the seven 
plates was tested over a range of pressure ratios from unity to 
about r = 0.20. When plotted versus the pressure ratio, the 
KY-values formed essentially two straight lines for each plate; 
one line extended from r = 1.0 to 0.63, and a second line of 
increased slope extended from r = 0.63 to the limit of the test 
pressure ratios. The water coefficient K was determined for 
each plate by extrapolation to unity pressure ratio. The expan- 
sion factor-pressure ratio relation was established; the sub- 
critical Y-values showed close agreement with the ASME flange- 
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tapfexpansion factors for plates with diameter ratios to 0.7. 
Expansion-factor equations were presented for the supercritical 
region. 

A theoretical solution for the case of supercritical flow pre- 
viously presented by the author was compared with air data for 
orifices with 8 = 0.15 and 8 = 0.50. The theory agreed with 
experimental results within 1 per cent for most tests; the differ- 
ence increased to 2 per cent at very low pressure ratios. 

Practical Applications. The square-edged orifice for super- 
critical flow appears to have the same advantages that have firmly 
established it as a metering device in the subcritical range of pres- 
sure ratios, i.e., simplicity, economy, and ease of reproduction. 
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These factors plus the convenience of the supercritical expansion- 
fa-tor correlation suggest the use of the orifice in place of the so- 
called critical-flow nozzle in many applications: the convergent 
metering nozzle is not infallible, for appreciable variations may 
occur in the discharge coefficients for flow at high velocities if the 
nozzle is not properly shaped to avoid wall separation.* 
Heretofore, the absence of any theoretical solution, and the 
limited nature of the experimental evidence, have barred effec- 
tively the use of the orifice for accurate metering at low pressure 
* Witte’s tests (32), for example, showed that the coefficient of a 


convergent nozzle changed by as much as 6 to 8 per cent for flow 
near the critical-pressure ratio. 


| 
ia 
af 
we 
| 
| | | 
= + — 
ORIFICE IN SMOOTH COPPER | | | 
PIPE, 4, *O.527 in. | 


patios, 


versity, Evanston, Iil., 


CUNNINGHAM—ORIFICE METERS WITH SUPERCRITICAL COMPRESSIBLE FLOW 


Such use has received scant attention in the literature; 
and the usual attack has been to treat the orifice as a convergent 
nozzle, i.e., to assume a constant discharge rate in the super- 
critical range of pressure ratios. Suggested values of discharge 
coefficients have ranged from 0.60 to 0.86; actually, the adiabatic 
discharge coefficient varies by about 15 per cent in the super- 
critical region. 
"The use of the expansion-factor type of flow equation and the 
convenient linearity of the Y-r correlation should facilitate 
the metering of compressible fluids at supercritical pressure ratios 
_ with an aceuracy comparable to that in the usual metering range. 
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Discussion 


J. A. Perry, Jn.* The writer's values of KY in a previous 
paper” are a maximum of 2.2 per cent higher than the author's. 
This could be due, in part, to the smaller values of 8 used by the 
writer. 

It will be noted that when values of KY for 8 > 0.4, taken from 
Table 2 and Fig. 6 of the paper, are substituted in Equation [1], 
that the flow G, increases to a maximum and then decreases with 
decreasing pressure ratio. This maximum flow value appears 
between r = 0.1 andr = 0.3 depending upon 8. 

It would not seem that decreasing pressure ratio could result in 
decreasing flow, so there appear to be discrepancies in the 
values given for KY in Table 2. 

The writer indicated that subcritical flow with a negligible 
velocity of approach could be expressed 


Q=M V1i—r 


where 


where 


flow, lb per see 

upstream temperature, deg R 
upstream pre&sure, psia 

orifice area, sq in. 

pressure ratio, P;/P, 

const 


This equation takes the form of an ellipse. That subcritical flow 
can be expressed in elliptical form was further shown by Bean, 
Buckingham, and Murphy" as demonstrated by the writer. 


“* Republic Flow Meters Company, Chicago, Ill. Jun. ASME. 
1° “Critical Flow Through Sharp-Edged Orifices,” by J. A. Perry, 
Jr., Trans. ASME, vol. 71, woe pp. 757-764. 
11 “Discharge Coefficients 8. Bean, E. Bucking- 
ham, and P. 8. Murphy, National Bureau of Standards, 
_ Research, vol. 2, 1929, ‘8 561-658 (RPno. 49). 
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An investigation of the author’s subcritical data indicates that 


_ the compressible flow function is approximately elliptical for the 


values of 8 as given. 
Since compressible flow is not a function of pressure differential, 
as is in compressible flow, but seems to be a function of some other 


s variable, namely, pressure ratio, it wouldappear that the approach 


Corrections should be on the 


order of a few per cent, rather than the sizable corrections now 
employed. 


The author is to be congratulated on his paper. The work 


appears to be quite thorough and is an excellent contribution on a 
_ gubject about which a minimum of information is available. 


AvutTHor’s CLOSURE 


In Table 2 the values of the KY products at zero pressure ratio 
were, of course, obtained by extrapolation, and are included only 
to illustrate the method used in constructing the expansion-factor 
curves in Fig. 7 from the KY plots in Fig. 6. 

When plotted as a function of the orifice pressure ratio, the mass 
flow rate G forms a curve of decreasing slope as lower pressure 
ratios are encountered. The response of G to a decrease in r at 
low values of the pressure ratios is quite small, particularly for 
large diameter ratios. For example, a reduction in pressure ratio 
from 0.3 to 0.2 results in a mass-flow increase of about 2 per cent 
for orifice meters of small diameter ratio, and an increase of less 
than one per cent for large diameter ratios. 

Curves representing the mass-flow rates G as functions of the 
pressure ratio can be constructed from Equation [1] and the 
KY— relations presented in Fig. 6. For some of the orifices of 


larger diameter ratios, this method results in the mass flow G 


attaining a maximum. For diameter ratios of 0.5, 0.6, and 0.7 
(see Fig. 6) this maximum occurs between r = 0.15 and 0.10; 
and every case at a value of r beyond the limit of the experimental 
data. The decrease in the magnitude of G from this point to 


and 0.6 and about one per cent for 8 = 0.7) as to be negligible. 
This behavior is no doubt a result of the extrapolation and is not 
surprising, for in this region near zero pressure ratio, a relatively 
large change in r p a small change in G that is of the same 
order of magnitude as the over-all accuracy of the measurement. 

The measurement of discharge coefficients for the largest orifice 
plate, with 8 = 0.8, was limited by the apparatus to pressure 
ratios above r = 0.464. The extrapolation of the data for 6 = 
0.8 beyond the limits indicated in Fig. 6 is unwarranted. If KY 
or Y values are obtained in this manner, the calculated G—r 
curve displays a definite maximum between r = 0.25 and 0.30. 
Based upon improper extrapolation, this curve has little, if any, 
significance. 

A flow equation with “corrections ....... of the order of a 
few per cent” exists in the author’s theoretical solution (18) 
which is reviewed in this paper. The solution for the gas-jet 
contraction coefficient with the isentropic flow Equations [21] 
and [23] have been shown to predict mass-flow rates quite accu- 
rately. It has been pointed out (18) that a small correction factor 
could be incorporated to enable even closer agreement with ex- 
perimental results. Similarly, if values of Yiu. be computed 
from Equations [24] and/or [25] for use with Equation [1], any 
small deviations between the theoretical solution and experi- 
mental data (see Figs. 8 and 9) could be compensated with an 
experimentally determined correction factor C. For example 


G = K(CY¥a)AcV 29.94 P 


The term C will depend upon the same variables as Yi, such as 
r, B, and y. 

There would appear to be little advantage in treating C and. 
Yu separately, other than to evaluate the accuracy of the theo- 
retical prediction. Accordingly, the correlation of experimen- 
tal data may be simplified without sacrifice of theoretical sound- 
ness by treating the product CYw, or Y, instead of the parts. 
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Orifices and Flow N 


By H. P. GRACE! anv C. E. LAPPLE,? WILMINGTON, DEL. 


Discharge coefficients were determined in a standard 1-in. 
pipe for thick-plate and knife-edge orifices of '/»-in. to 
‘/,-in. diam, and for critical (sonic) flow nozzles of '/»- 
in. to '/;-in. diam. With properly constructed knife- 
edge orifices the discharge coefficients were established 
within +0.5 per cent for all sizes, but, with small orifices 


of 1/, to 1-hole-diam thickness, the discharge coefficients 


were not reproducible. Thick-plate orifices (1-hole-diam 
thick) were found to be as good or better than nozzles 
in constancy of discharge coefficients when used under 
critical-flow conditions. 


NOMENCLATURE 
The following nomenclature is used in the paper: 


A = orifice area, sq ft 
» = pipe area, sq ft 
C = orifice discharge coefficient, dimensionless — 
= discharge coefficient for critical-flow nozzle (or orifice), 
dimensionless 
= orifice diameter, ft 
pipe diameter, ft 
conversion factor = 32.17 (Ib/lb force) (ft/sec?) 
ratio of specific heat at constant pressure to that at con- 
stant volume, dimensionless 
molecular weight, Ib/Ib mole 
Reynolds number, dimensionless 435 
absolute upstream pressure, lb force/sq see 
orifice differential, lb force/sq ft 
= gas constant, 1546 (ft-lb force)/(Ib mole) (deg F) . 
= absolute upstream temperature, deg F abs, or deg R pet 
= mass flow rate, lb per sec 
B = ratio of orifice diameter to pipe diameter, dimensionless 
Pave = average density of fluid going through orifice (i.e., den- 
sity at arithmetic average of pressure at upstream and 
downstream pressure taps), Ib/cu ft 
= fluid viscosity, (Ib)/(ft)(sec) 


INTRODUCTION 


Experimental engineering work frequently involves the flow 
measurement of widely varying quantities of liquids and gases. 
Up to the present time it has been customary in most cases to 
improvise metering equipment for the specific requirements of 
each experiment. While a great variety of metering apparatus is 
commercially available, there is no equipment available with the 
range and flexibility often desired. Orifiee meters are relatively 


1 Engineering Re.,arch Lab y, Engi ing Department, 
E. I. du Pont de Nenturs & Company. 

2 Engineering Research Laboratory, Engineering Department, 
E. I. du Pont de Ni s&C y. Present address: Chemical 
Engineering Department, Ohio State University, Columbus, Ohio. 

Contributed by the Research Committee on Fluid Meters and 
Industrial Instruments and Regulators Division and presented at 
the Annual Meeting, New York, N. Y., November 26-December 1, 
1950, of Tae American Socrety OF MECHANICAL ENGINZERS. 

Nore: Stat ts and opini advanced in papers are to be 
understood as individual expressions of their authors and not those 
of the Society. Manuscript received at ASME Headquarters on 

5, 1950. ‘Paper Me. 50 64. 
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easy to assemble and possess the wide range of measurement 
desired, but, while discharge coefficients have been well estab- 
lished for Reynolds numbers over 10,000 and for orifice sizes over 
‘/-in. diam,* only a limited amount of data‘,5* are available for 
the smaller orifice sizes and lower Reynolds numbers, which 
become necessary for the measurement of small flows. Since 
these data are spotty and not entirely comparable, calibration 
of orifice-metering equipment for a wide range of flow rates was 
undertaken to establish performance and reproducibility. ' 


MeTERING ASSEMBLY AND OrtFice 


_-—-—-: Details of the metering-element assembly and the orifice and 
flow nozzles evaluated are shown in Fig. 1, while Fig. 2 shows 
_ photographs of the assembly and orifice and nozzle plates. The 


assembly consists essentially of a 22-in. length of 1-in. Schedule-40 
stainless-steel pipe containing a faced and gasketed union into 
which an orifice or nozzle plate is inserted. The orifice and nozzle 
jplates were numbered to indicate nominal aperture size in 32nd’s 
of an inch, and covered flows in the range of 0.01 cfm (5 ce per 
sec) to 100 cfm for air or gas, and flows in the range of 0.002 gpm 
(0.1 ce per sec) to 40 gpm for water. Various orifices and nozzles 
which were calibrated are listed with measured diameter and 
calculated 8-factor in Table 1. The orifice plates were specified 
originally for '/g-in. length of orifice throat but, owing to an error 

in fabrication, were made with a '/»-in. length and tested as such 
she ith the sharp edge upstream. The poor reproducibility subse- 
obtained these thick-plate orifices led to remachin- 
ing or refabrication of all three sets of orifice plates to give 

a orifices which were recalibrated as orifices with the 
sharp edge upstream. A series of flow nozzles and a special thick- 
plate orifice were fabricated for calibration under critical-flow 
conditions. For purposes of calibration, as well as future meter- 
ing uses, a stand supporting manometers, pressure controls, and 
air and water filters was assembled, Fig. 3. This equipment 
was designed to provide a constant-pressure source of filtered air 
and water for test purposes. 


CALIBRATION PROCEDUaES 


Details on experimental techniques and precision of measure- 
ment are given in the Appendix. The thick-plate and knife- 
edged orifices were calibrated in separate ways, as follows: 


1 With air flow, using a xylene manometer for measuring 
orifice differential and measuring flow rate by displacement of 
water. 


2 With water flow, using an inverted manometer for measur- 


*“Fluid Meters—Their Theory and Application,” Part 1, The 
American Society of Mechanical Engineers, Research Publication, 
New York, N. Y., fourth edition, 1937. 

4 “Coefficient of Discharge of Sharp-Edged Concentric Orifices in 
Commercial 2-In., 3-In., and 4-In. Pipes for Low Reynolds Numbers 
Using Flange Taps,” by E. E. Ambrosius and L. K. Spink, Trans. 
ASME, vol. 69, 1947, pp. 805-812. 

5 “Viscous Fluid Flow Through a Small (0.03-In.) Orifice in the 
Reynolds Range From 0-2000," by W. Jones and O. Lutherer, 
Instruments, vol. 16, 1943, pp. 728-729. 

* “Orifice Discharge Coefficients in the Viscous Flow Range,” 
by G. 8. Peterson, Trans. sane, vol. 69, 1947, pp. 765-768. 
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ing orifice differential in terms of water head and measuring flow 
rate by direct weight or volume of collected water. 

3 With water flow, using a mercury-under-water manometer 
for measuring orifice differential and measuring flow rate by 
direct weight or volume of collected water. 
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4 With air flow, using a xylene manometer for measuring 
orifice differentials and cross-calibrating two orifices located in 
separate assemblies in series. 


The nozzles and orifices were calibrated under critical-flow 
conditions with the same arrangement as that employed for item 
4. In this case, the critical-flow nozzle or orifice was located in 
the upstream assembly; a pressure gage was used to measure 
upstream pressure, and a mercury manometer was used to mea- 
sure downstream pressure, the same pressure taps being used as 
in the orifice calibration. The orifice against which the critical- 
flow orifice or nozzle was calibrated was located in the down- 
stream assembly. 

In the calibration of the smallest orifices with air, the prob- 
lem of preventing air leaks was particularly difficult since leak- 
age was difficult to detect and measure. A very slight leakage 
volume may have a marked effect on the results, especially if 
the pressure in the system is relatively high. Leakage checks were 
made by the following methods: 


1 Sealing the inlet and outlet of the system, putting it under 
a specific pressure, and noting the drop of pressure with time (the 
leakage was then estimated from the pressure in the system, the 
rate of drop of pressure, and the volume of the system). 

2 Attaching the system outlet to the top of a burette, seal- 
ing the inlet to the system, attaching a water supply to the bot- 
tom of the burette, putting a specific pressure on the system, 
maintaining this pressure at a fixed value by admitting water to 
the burette, and noting the rate of rise of water in the burette 
(leakage rates may then be calculated from the pressure in the 
system and the volumetric rate of water admission; when leak- 
age was present to the extent of more than 1 per cent of the 
lowest flow rates measured, steps were taken to eliminate it). 


REsvULts 


All results have been presented in terms of standard over-all 
discharge coefficients, as defined by the following equations for: 


Orifice Meter 


w =CA V2 pave Ap/(l — 


Reynolds Number 
Ng, = pD =wD,/Byua, 


For orifice calibrations, the discharge coefficients were obtained 
with air and water, and have been plotted against the Reynolds 
number, based on the orifice area for the various orifice sizes, 
Figs. 4 and 5. For critical-flow calibrations, the discharge 
coefficients were obtained with air and have been plotted against 
the ratio of downstream to upstream pressure, Fig. 6. 

The precision of measurement for orifice calibrations was 
*0.6 per cent, on the average, with an appreciable number of 
values in error by as much as 1.0 per cent. For extremely low 
orifice differentials (under 1 cm manometer reading), corre- 
sponding to the lowest value of Reynolds number for each fluid 
used for calibration, the possible error has been estimated as 
+2 to 3 per cent, arising almost entirely from the accuracy of the 
differential — The precision of the critical-flow discharge 


JU Y , 1951 
coefficients is estimated as +0.7 per cent, on the average. A de- 
tailed analysis of precision of measurement for all cases is given in 
the Appendix. 


OriFice COEFFICIENTS 


The over-all discharge coefficients obtained in the calibration 
of the thick-plate orifices are shown in Fig. 4 as a function of 
the Reynolds number based on the orifice area. For a given 
Reynolds number, the data show a spread of as much as 30 per 
cent for the smallest (*/.-in.) orifice, the spread becoming less 
as the orifice size increases. This lack of reproducibility is be- 
lieved to be due to the thickness of the orifice throat and is a 
characteristic of these plates. The degree of contraction (which 
is the primary significance of the discharge coefficient in this 
case) of the fluid jet as it moves through the orifice is apparently 
extremely sensitive to minor uncontrolled secondary factors 
when the throat length becomes appreciable. Such factors may 
be (1) minor pressure pulsations in the lines; (2) vibration of 
equipment; (3) dissolved air in water; (4) cleanliness or sur- 
face condition of orifice throat; (5) temperature gradients’ and 
(6) orifice approach conditions. 

For high Reynolds numbers, thick-plate orifices can be used, 
although they are not recommended for high accuracy by the 
Society,? but require individual calibration. For low Reynolds 
numbers, however, these results indicate that thick plates can- 
not be used even with calibration, since such calibrations are 
inherently not reproducible. 

Available literature data® on a '/»-in. orifice with a '/,-in. 
throat length show as much as a 15 per cent spread in the dis- 
charge coefficient for calibrations at a given Reynolds number 
with a specific oil. These data correspond to the upper range of 
coefficients shown in Fig. 4 for the LAT and 1CT orifices. 

Curves that represent the coefficients obtained for knife- 
edged orifices of comparable size have been drawn in Fig. 4 for 
comparison. It will be observed that these curves correspond 
roughly to the lower range of coefficient obtained for the thick 
plates at the larger Reynolds numbers. Thus at large Reyn- 
olds numbers, the thicker throat results in an effective decrease 
in degree of contraction. At low Reynolds numbers, some of the 
thick-plate coefficients are less than the knife-edged orifice coef- 
ficients, indicating an appreciable effect of friction, owing to the 
added length of throat. 

The results obtained with orifice No. 6AT are peculiar and dis- 
concerting. The results on this plate indicated a clean-cut differ- 
ence in behavior on air and water. This could be possible, in 
view of the difference of secondary effects that can be encoun- 
tered with air and water on the discharge coefficient in the case of a 
thick plate. However, none of the other plates showed such a 
pronounced distinction between air and water. Unfortunately, 
these results were not checked, and no reasonable explanation 
has been advanced. Leakage during calibration was considered 
as a possible explanation. However, leakage was checked in the 
subsequent runs and, while found to be appreciable, was entirely 
too small in magnitude to offer any explanation. 

The coefficients obtained for the knife-edged orifices are shown 
in Fig. 5. The reproducibility in substantially all cases is well 
within the estimated precision of the primary measurements. 
Plates of the same nominal size also show excellent agreement. 
Whenever possible, curves given by the Society® and reported in a 
private communication to the authors, have been included for 
comparison. The ASME curves apply for sharp-edged orifices 
located in a 2-in. standard pipe with vena contracta taps, while 
those reported to the authors are for sharp-edged (0.01-in. throat 
length, 90-deg included angle on downstream bevel) orifices 
located in '/,-in-ID steel tubing with corner taps. The latter 
curves were based upon calibration with water. While, owing to- 
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ra 2 the differences in installation, an exact check with these results is 


not to be expected, the results show reasonably good agreement. 


: In view of the excellent agreement between cross-calibrations 
and calibrations on air and water, the average curves through 
all the data should be considerably more precise than the individ- 
i ual points. Consequently, the discharge coefficient as deter- 
- mined from the average curves should be precise to better than 
_ +0.5 per cent for an assembly like that used in these tests. 


Criricat-FLow CoEFFICIENTS 


The discharge coefficients obtained for the various orifices and 
¥ orifice orientations are plotted in Fig. 6 as a function of the 
__- pressure ratio (ratio of downstream to upstream absolute pres- 
sure). Critical-flow conditions are not attained until the pressure 
ratio drops to 0.528 for ordinary compressed air. Consequently, 
the discharge coefficient C,, loses its physical significance at pres- 


sure ratios larger than 0.528, and would drop to zero at a pressure 


ratio of unity. 

The results indicate that the knife-edged orifices (1A-4A) show 
an appreciable vaciation in coefficient with pressure ratio, even 
after critical-flow conditions are reached. Reversing the orifices 
__ [1ACR) — 4A(R)] so that the bevel faces upstream results in a 
higher coefficient, as expected, and a somewhat smaller variation 

___ With pressure ratio. 
The flow nozzles (LAN — 8AN) show relatively little depend- 
ence on pressure ratio for critical-flow conditions, as expected, 
_ but show a somewhat erratic effect of size. Reversing the flow 
nozzles [iAN(R) — 8AN(R)] gives a lower discharge coefficient 


but still shows an erratic size effect. The '/win. thick-plate 


orifice [2ANT, 2ANT(R)] shows substantially no variation 
with pressure ratio at pressure ratios below the critical. 

The relatively low coefficient for nozzle 1AN is probably due to 
an appreciable variation in diameter from inlet to outlet of the 
straight throat section, together with a possible error in diameter 
measurement. The coefficient was based on a diameter as 
measured on the downstream face, and, if this diameter were 
slightly larger than the upstream diameter, a low coefficient 
would be calculated. Unfortunately, it is difficult to measure 
the upstream diameter in such a small hole, and no direct check 
on this conjecture was obtained. It would tend to be confirmed, 
however, by the fact that the curve for 1AN is practically parallel 
to that for 2AN, while the curves for LAN(R) and 2AN(R) coin- 
cide. In the latter case, the diameter at the flat face (ie., the 
one measured) would be controlling, and the unmeasured diame- 
ter would exert little influence. 

The erratic size effect, especially that observed in the spread 
between the curves for LAN(R), 2AN(R), 4AN(R), and 6AN(R), 
8AN(R), is not readily explained. It may be the resul\ of 
minor differences in construction. 

In the case of the orifice ZANT or 2ANT(R), the upstream 
and the downstream diameters differed by 1.5 per cent. In 
calculating the discharge coefficient, the respective upstream 
diameter was used in each case since, with such slight varia- 
tions in diameter, the flow pattern (or degree of contraction) is 
determined entirely by the upstream diameter. This procedure 
was apparently justified by the fact that it yielded identical coef- 
ficients for the two orientations. If the coefficient in both cases 
had been calculated on the basis of the smallest diameter, a 
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TRANSACTIONS 


Measurements made on the larger orifices with micrometer 
calipers checked those measured under the microscope within 0.3 
per cent, in all cases indicating a smaller diameter than the 
microscopic measurement. This slight discrepancy may be due 
to the presence of very small burrs or foreign matter on the metal 
or to the curvature of the orifice. The eccentricity of the ori- 
fiees was less than | per cent, usually less than 0.5 per cent. 

The thick-plate orifices were nominally '/;-in. long on the 
straight sides of the orifices. However, they were not very ac- 
curately made, and this thickness varied an estimated +30 per 
cent for the various plates. The knife-edged orifices were very 
well made and showed a knife-edge thickness of leas than 0.002 in. 
in all cases. The nozzles and the diameters of the thick-plate 
beveled orifice were measured only on the flat face. 

Views of the upstream, or knife-edged, face of two of the ori- 
fices are shown in Fig. 7. 


spread of 3 per cent would have resulted. Calculations for all 
other plates operated in the reversed positions were based on 
the same physical constants as for the normally positioned plate. 

The average curves in Fig. 6 are probably precise to better 
than +0.5 per cent on coefficients for the particular orifices 
represented. However, the coefficient for similar nozzles or 
orifices cannot be predicted with a precision of better than +2 
per cent without further study or specific calibration of each 
nozzle or orifice fabricated. 


SumMary 


1 Thick-plate orifices do not give reproducible results at low 
Reynolds numbers, even with calibration. With a '/,-in-diam 
orifice containing a '/s:-in. throat length, a spread of as much as 30 
per cent in discharge coefficient was obtained in the calibration 
data for a given Reynolds number. 


2 For knife-edged orifices properly constructed and installed 
in 1-in. Schedule-40 pipe with pressure taps as specified in Fig. 4, 
discharge coefficients have been determined within +0.5 per 
cent as a function of the Reynolds number, Fig. 5. The over-all 
precision of measurement for any specific application will depend 
on the precision of measurement of other prime factors, such as 
orifice diameter, pressure differential, temperature, and pressure, 
in addition to the precision of the discharge coefficient. The 
precision of fabrication and measurement of the actual orifice 
diameter is a particularly important item in achieving good over- 
all precision. 

3 In using small orifices (on the order of '/»-in. diam), sys- 
tem leakage is an especially critical and troublesome considera- 
tion and should always be checked carefully. 

4 The discharge coefficients of plates used as critical-flow 
nozzles, given in Fig. 6, as a function of the pressure ratio, are 
precise to +0.5 per cent for the specific nozzles or orifices cali- 
brated. When applied to new nozzles of similar design, the 
precision should not be considered as better than +2 per cent 
without individual calibration. 

5 Thick-plate (1 hole-diam thick) orifices appear to be as 
good as or better than nozzles when used under critical-flow 
conditions, in so far as constancy of discharge coefficient is con- 
cerned. The coefficient, as given in Fig. 6, for 2ANT may be 
used for such applications. However, the precision cannot be 
taken as greater than +2 per cent without further work or in- 
dividual calibration. 


Appendix 


Nores ON CALIBRATION TECHNIQUES AND PRECISION OF MeEas- 
UREMENT 

Orifice Diameter. Orifice diameters were measured with a 
sliding-stage microscope (approximately X30 magnification ), 
the stage being equipped with a micrometer-wheel caliper read- 
ing directly in microns. Each diameter measurement was made 
at least in duplicate. Measurements were always made at right 
angles, and in some cases, measurements were also made at 45 
deg. Reproducibility of measurements of diameters varied from 
+0.000 mm to +0.006 mm (range of 0.012 mm) with an oc- 
casional spread of +0.015 mm in the large-size orifices. A given 
diameter reading could generally be reproduced to +6.002 mm. 

The greatest variation in reproducibility was due to eccentric- 
ity or to variations in diameter and was influenced to an ap- 
preciable extent by ability to decide on the position of the edge 
of the orifice or nozzle aperture. The average diameters re- 
ported in Table 1 are believed to be good to +0.005 mm ( +0.0002 
in.) in the '/,-in. size and to +0.010 mm ( +0.0004 in.) in the 
largest sizes. 


Positioning of Orifices and Orifice Assemblies. For calibration 
with water, the orifice assembly was mounted in a horizontal 
position, i.e., orifice plates were in a vertical plane. For ealibra- 
tion with air, the orifice assembly was mounted vertically, and 
orifice plates were in a horizontal plane. 

For cross-calibration of orifices with air, two orifice assemblies 
were mounted vertically in series. In several cases of cross-cali- 
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bration, the orifices calibrated against each other were inter- 
changed in the orifice assemblies and again calibrated against 
each other, in order to bring to light incidental effects which were 
due to minor differences in assembly details, air leakage, or ap- 
proach conditions. Since substantially identical results were 
obtained within the expected precision, it was concluded that 
such incidental effects were of negligible magnitude. 

In calibration of nozzles or orifiees under critical-flow condi- 
tions, the same assembly arrangement as that for cross-calibra- 
tion of orifices was used. The critical-flow nozzle or orifice was 
always located in the upstream assembly. 

Manometer Differentials. 'Manometers were made of */s-in-]D 
glass tubing backed by millimeter graph paper. Differentials 
were obtained by reading the level of the bottom of the meniscus 
in the case of water and xylene as manometer fluids and the 
top in the case of mercury. Orifice differentials never varied 
more than 2 per cent during a specific timed interval, and, in all 
cases, the “average” differential during the interval was re- 
corded. Levels could be read within +0.01 cm. Hence differ- 
ential readings are good to +0.02 cm. In the case of water as a 
manometer fluid, cleanliness of the tube may affect the differen- 
tial reading, owing to surface-tension effects. 

With water, zero-reading differentials, not attributable to 
manometer leveling, of as much as 0.04 cm were obtained. With 
such high zero readings, it was observed that peculiar meniscus 
contours were present. No correction was made for such zero 
readings, since such a correction probably would vary with the 
position of the liquid surface in the tube. Thus water differ- 
entials may be in error by as much as +0.04 cm, owing to sur- 
face-tension effects. The same effect was noted with mercury 
under water and in the same magnitude. Such effects are not 
significant in the case of xylene. 

The xylene used was colored with a green dye to improve defi- 
nition of the interface contour. The specific gravity of the 
colored xylene was checked with a hydrometer as 0.870 at 9 C 
and 0.860 at 20 C. Usually, the room temperature was within 
5 C of 20 C, and the value of 0.860 was used in all calculations. 
In one case, the room temperature dropped to 10 C, and an ap- 
propriate correction was applied for xylene density. Since the 
calculated discharge coefficient varies as the square root of xylene 
density, the maximum error in the discharge coefficient due to 
neglecting variations in room temperature was +0.3 per cent. 
At the higher flow rates, the accuracy of reading the manometers 
was controlled by fluctuation in the reading. Such fluctuations, 
however, were usually less than 0.5 per cent of the total reading. 

Temperature. Temperatures were measured with precision 
thermometers which are accurate to +0.1 C. The effect of this 
error in discharge coefficient is negligible. The largest error due 
to temperature measurement is involved in measuring the air 
flow rate by displacement of water. It was assumed that the 
collected air was at the temperature of the displaced water 
through which it bubbled. This assumption is probably good 
within +1 C. Thus the possible error in discharge coefficient 
due to this assumption may be as large as —0.3 per cent, since 
the coefficient varies inversely as this temperature. Where con- 
venient, water was circulated over the collecting bottle or 
graduate during the run. This water was within 0.5 C of the 
temperature of the displaced water. 

Barometric Pressure. In the case of the runs with air on the 
knife-edged orifices and flow nozzles, allowances were made for 
barometric pressure. In the case of the thick-plate orifices such 
corrections were not included. The maximum probable error 
on discharge coefficient due to neglecting barometric-pressure 
variations entirely is approximately +1 per cent when metering 
gases. It has no effect on ae metering. 


ments were made by timing the collection of air or water, or the 
displacement of water. Times were measured with a stop watch 
and are considered accurate to +0.1 sec. The timing accuracy 
is primarily one of muscular reflexes. The accuracy of the stop 
watch was checked against an electric clock over 5-min intervals. 
For this interval, the error was less than +0.2 sec. Normally, 
approximately 60-sec intervals were employed for a run. For 
very high flow rates, time intervals as short as 15 sec were in- 
volved. Fluid volumes were measured by a graduate or by 
weighing. In each case, a graduate size was chosen so that the 
graduate was almost filled during the run. Thus this volume 
measurement is probably good to +0.2 per cent. For volumes 
larger than 1000 cc, the fluid was weighed on Toledo dial scales, 
believed accurate to +0.005 lb. Such weighings are conse- 
quently accurate to better than +0.2 per cent. 

In calculating air-flow rates through the orifice, it was assumed 
that the air from the compressed-air line was essentially dry 
(15 per cent or less saturated), and the air in the collecting bottle 
or graduate was at the temperature of the displaced water, 75 
per cent saturated with water vapor. If the air had been 100 
per cent saturated instead of 75 per cent, as assumed, a 0.3 per 
cent error would be present in the calculation. 

Pressure Measurements. Where possible, static-pressure meas- 
urements were made with mercury manometers which could be 
read within +0.02 em. Errors in the discharge coefficient from 

{ this source are negligible. For critical-flow nozzle measurements, 
upstream pressures were measured with “Helicoid” pressure 
gages of 4-in. face diam. These gages could be read within +0.1 
psi, and were calibrated against a dead-weight gage tester, and 
checked at intervals during the tests. 

Calculations. All calculations were made carefully on a slide 
rule. The error involved in calculation is +0.1 per cent. 

Over-All Precision. As an average for most of the runs involv- 
ing direct calibrations of orifices, the following breakdown of 
deviation of the various factors in their effect on the discharge 
coefficient can be made: 


Per cent 


Manometer readings 
Calculation 


Most probable deviation 


Thus, on the average, the discharge coefficients should be pre-_ 
cise to +0.6 per cent. Owing to extreme variations in the 
precision of certain measurements, as discussed in the foregoing, 
it is estimated that an appreciable number of values are in error 
by +1.0 per cent. The worst errors arise in the measurements 
at very low differentials (under 1 em). Thus for the very lowest 
air and water flow rates, the discharge coefficient may be in error 
by as much as +2 to3 percent. These errors are almost entirely 
in the measurement of orifice differential. This error is rapidly 
reduced as this differential is increased. The coefficients for the 
smallest (*/s:-in-diam) orifices may be in error as much as 1.3 
per cent on an absolute basis, owing largely to the precision of the 
orifice-diameter measurement. 

For nozzle calibrations at critical-flow conditions, the over- 
all precision is estimated as +0.7 per cent on the average, and is 
determined largely by the precision of the discharge coefficient 
of the orifice against which the nozzle was calibrated. The 
orifice discharge coefficients were taken from average curves 
through all the orifice-calibration data, and values taken from 
these curves are probably good to better than +0.5 per cent. 
The precision for the smallest ('/-in-diam) nozzle may be in 
error by as much as 1.4 per cent, owing primarily to the ac- 
euracy of the diameter measurement. 
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Determination of the Dynamic 


ee of Friction for Transient Condition 


By G. G. GOULD,' WHITE OAK, SILVER SPRING, MD. 


A numerical value cannot be assigned to the coefficient 
of sliding friction between two materials. For most 
friction-clutch and brake applications, the friction forces 
during the first 2 min of operation are of primary interest ; 
however, during this time these forces do not remain 
constant even under otherwise steady operating condi- 
tions. Curves, derived from experimental data, are pre- 
sented showing the behavior of friction during this tran- 
sient period for many different combinations of friction 
materials and mating surfaces. 


INTRODUCTION 


HE coefficient of friction between two materials is tacitly 

assumed to be a constant in most engineering applications 

wherein friction is encountered. Although at times such an ; 
assumption is an adequate representation of the behavior of fric- 
tion forces, more often the assumption is necessitated by lack of 
information on friction behavior during transient conditions. 
For example, when a brake shoe is applied to the wheel of a loco- 
motive to stop the train, conditions do not remain constant; at 
the friction surface the temperature will change, the force exerted 
by the brake shoe will change, and the relative speed between 
wheel and shoe will change. As a consequence of these changes, 
the coefficient of friction, which is normally described as the ratio 
of tangential to normal forces, also will change. Since published 
data are not available showing how friction is affected by such 
changes, it is usually assumed that their effect on friction is negli- 
gible. 

In many studies of friction, tests are so conducted that the fric- 
tion material is always presented with a chemically clean, physi- 
cally smooth surface by causing the friction material to travel only 
on previously untouched surfaces of the mating material. Such 
conditions are rarely met in normal applications. More fre- 
quently, the brake shoe or clutch lining operates against a metal 
face on which it has previously run. Thus there is the attendant 
surface film or surface scoring, resulting from such previous runs. 
The value of the coefficient of friction as published for fresh sur- 
faces is not necessarily the same as that obtained for oxide-film- 
coated or scored surfaces. 

In the design of a centrifugal friction clutch used for converting 
a variable-speed source to a constant-speed generator drive, it was 
necessary to choose materials for the clutch which exhibited little 
change in friction during 20 min of operation. Similar require- 
ments are imposed by many servomechanism controls, or in the 
design of brakes for airplanes and trains. In these applications 
the designer is confronted with the evaluation of friction forces 
during a transient period when the friction does not remain con- 
stant. Once steady-state conditions have been established, it 
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may be feasible to specify the coefficient of friction from “hand- 
book” values, but this cannot be done for applications of short 
duration. 

To enable making the proper choice of materials for the clutch, 
a series of experiments were performed wherein the coefficient of 
friction was determined as a function of time for different speeds, 
pressures, and temperatures. Only dry or ‘‘coulomb”’ sliding- 
friction tests were conducted. Many different friction materials 
were tried against many different mating materials. Chief at- 
tention was focused on the powder-metallurgy sintered materials 
commonly used in industry for brake and clutch applications. In 
the tests, the friction material was spring-loaded against a revolv- 
ing drum, while tangential and norma! forces were observed as a 
function of time. 

It was found that for transient conditions, the coefficient of 
friction cannot be expressed as a simple, nondimensional number. 
For any two mating materials the coefficient of friction, or the 
force available for doing work, varies with time during the early 
part of a run, even under constant conditions. Furthermore, it 
will also depend upon the speed, temperature, and pressure ap- 
plied to the surfaces. 

For the typical mechanical clutch or brake application, a desira- 
ble combination of friction material and mating surface is that 
which exhibits the following properties: 


(a) High value of “coefficient of friction.” 

(b) Friction which is independent, or nearly independent, of (1) 
pressure; (2) relative speed between materials; (3) temperature. 

(c) Low wear rate of both materials. 

(d) No grabbing, chattering, or scoring. 


Merson or Perrormine Tests 


For comparative purposes, all the friction studies were made at 
constant ambient temperature and humidity on the apparatus 
illustrated in Fig. 1. By adjustment of a loading screw, thereby 
compressing the calibrated loading spring, the friction brush was 
forced against the rotating drum with a known normal force. 
The rotating drum, in turn, was driven by the dynamometer mo- 
tor, yielding a direct reading of the torque exerted, via friction, 
on the drum. To measure temperatures, iron-constantan ther- 

leads were inserted in a hole in the friction brush ap- 
proximately '/i. in. from the rubbing surface. Local ambient 
temperatures could be changed by means of a small electric heater 
mounted above the rotating drum. A dirert-reading Strobotac 
was used for measuring drum speed. Dynamometer calibration 
was established by calibrating against a small Prony brake and 
spring balance. 

A normal run was chosen to be of 30 min duration, since it had 
been observed that steady-state conditions could be achieved usu- 
ally in less than that time. It should be noted that many fric- 
tion applications will not exceed 10 min in duration. Prior to 
making a run, both the friction material and drum were cleaned 
thoroughly of all foreign matter, then “worn-in” until the fric- 
tion-brush face showed seating over 100 per cent of its surface. 
Brushes and drums were always allowed to cool to room tempera- 
ture before the start of a run or between subsequent runs. 
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‘od These latter additives are used to achieve desired friction charac- 
isi ¥ 44 teristics such as low wear rate or high coefficient of friction. The 
basen following commercially available powder-metallurgy materials 
roms ome were tested (the name and number refer to the company designa- 

tion of the material): 


(a) General Metals Powder Company. Gempco: 716, 473, 
418, 333. 

(b) S. K. Wellman Company. Wellman: 8500, 8600; Wel- 
Met B8500. 


Copper-graphite or copper-carbon brushes, commonly used in 
electric motors, are somewhat similar to the sintered friction ma- 
terials both in composition and in method of fabrication. Of 
these, the following were tested: Speer 688—a tin-alloyed brass- 
type material; Speer 690—a lead-bonded copper-graphite mate- 
rial. 

Because of their temperature stability and good lubricating 
qualities, carbons are sometimes used as friction materials. The 
wear exhibited by carbons is considerably lower than that of most 
other friction materials. Among the carbons tested as brush ma- 
terial were Morganite EX-2A, Stackpole T-10, and an electro- 
graphitic grade, National Carbon SA25. In addition, an inor- 

ganic, nonmetallic friction material, manufactured by the Ray- 
‘ ; bestos Company, was tested for use as a friction-brush material. 
Brushes made from these materials were mated against differ- 
roa ‘ ent drums. The drum materials chosen for test were also based 
Mareriats Testep ry on prior use in clutch application or manufacturer's reeommenda- 
tions. All the drums and brushes were identical in physical di- 
mensions in accordance with the ones shown in Fig. 2. The drum 
materials used included the following: 


Materials selected for study were chosen on the basis of availa- 
bility, prior use in clutch or brake applications, physical properties, 
manufacturers’ recommendations, and common sense. The 


brush materials included the powder-metallurgy sintered materi- (a) Cold-rolled steel (SAE 1020). oe 


als, various grades of carbons, and some inorganic, nonmetallic (b) Stainless steel, 18-8M Type 316. rf pal} a 

friction materials. (c) Stainless steel, hardenable, Navy Class6,TypeA. 
The powder-metallurgy materials are commonly used for (d) Gray cast iron. 

heavy-duty clutch or brake applications. They consist chiefly of (e) K Monel. 

copper with up to 15 per cent tin, lead, carbon, and numerous (f) Chromium-plated stainless steel (more than 0.002 in. plat- 

other additives such as silicon-oxide and molybdenum sulphide. _ ing). 
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Test Resutts 


- Not all of the possible combinations of brush and drum materi- 
als listed were tried. Some friction materials showed more prom- 
ise, hence more attention was focused on them. In addition to 
different combinations of materials, each combination could be 

aa: «tested at different pressures and at different speeds. All of the 
data obtained will not be presented here; however, the character 

of the results will be apparent from the typical graphs shown. 

‘Figs. 3 through 7 show the variation of the coefficient of fric- 

bY an tion with time for different conditions. The coefficient of friction 

Tverd. is computed as the ratio of the tangential force to the normal 
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JULY, 
force. Tangential force is readily obtained by dividing the out- 
put torque by the radius of the rotating drum; normal force is ob- 
tained from loading spring deflection and spring rate. As dis- 
cussed in the Appendix, during any given run the relative magni- 
tude of the coefficient of friction is accurate within 2 per cent. 
Between different runs, the relative magnitude is accurate within 
12 percent. The accuracy of determination is adequate for these 
tests in view of the inherent erratic behavior of many of the fric- 
tion materials. 

It is apparent from Figs. 3, 4, and 5, that no constant number 
can be assigned to the value of the coefficient of friction. This is 
especially so when one is concerned with friction during the first 
few minutes of operation. Each combination of materials pre- 
sents its own friction versus time curve for otherwise constant op- 
erating conditions. It must be remembered that during any one 
run, the pressure, speed, and ambient temperature were constant. 
The only uncontrollable variable was the temperature of the fric- 
tion surface, and this increased with time. 

Slip speed affects the friction between materials in a varying 
manner, as shown in Fig. 6. Generally, an increase in speed re- 
sults in increased friction. The character of the surface film 
formed on the drum largely affects the friction between materials, 
and, since this film formation varies with different speeds, no cor- 
relation between friction and speed could be observed. 

The effect of pressure on friction also varies. In Fig. 7 it is 
shown that friction does not remain constant with change in sur- 
face pressure. No correlation was apparent between coefficient 
of friction and pressure for the different materials. Wear of the 
friction material is more dependent upon the mating surface and 
speed than upon the value of the coefficient of friction. It is 
seen in Fig. 8 that a given friction material on different drum ma- 
terials yields widely different amounts of wear. High friction does 
not necessarily indicate high wear rate. There is close to a linear 
relation between slip speed and wear rate for a given combination 
of materials as shown in Fig. 9. 


CONCLUSIONS 


From these data one may conclude that a numerical value for 
the coefficient of friction between two materials has no real signifi- 
cance. For many applications this is a valid conclusion. How- 
ever, since in engineering design it is necessary to perform calcu- 
lations prior to fixing on a definite design, knowledge of the effect 
of the friction forces is necessary. The more accurate designa- 
tion of the effect of sliding friction, during the first few minutes of 
slip, is a friction versus time plot or an empirical equation approxi- 
mating this. 

Some of the observed characteristics of sliding friction between 
two materials are the following: 


Temperature of the friction surface has a marked effect on 
friction. It is possible to increase or decrease the friction, even 
though all other factors remain constant, by increasing or de- 
creasing the drum and brush temperature. 

Where constant friction is desired throughout a run, it may be 
more desirable to choose mating materials which will permit a 
very rapid surface temperature rise rather than attempt to cool 
the surface. In this manner, temperature equilibrium and 
steady-state friction may be reached more rapidly. 

The powder-metallurgy friction materials exhibit higher fric- 
tion normally than carbons, but also much greater wear. 

Good reproducibility is not a characteristic of sliding friction. 
Under identical conditions, on repeat runs, also at times during a 
given run, the friction may change unaccountably by as much as 
10 per cent. 

A combination of friction material and mating surface which 
meets the desirable conditions — in the Introduction is 
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difficult to find, However, from study of curves such as those 
plotted in Figs. 3 through 9, it is possible to choose materials 
which approach the desired characteristics of constant friction 
and low wear rate. For best all-around results, it was found that 
a hard dense chromium-plated drum with a Gempco 473 friction 
was most satisfactory. This has a com- 


send 


2 
WEAR RATE GMS/MIN «107? 


paratively constant value of coefficient of friction during the first 
few minutes of a run; furthermore, the wear rate is compara- 
tively low. It is worth noting that this choice of materials also 
yielded the best operation in the actual centrifugal-clutch applica- 
tion, thus substantiating the results obtained from this series of 
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Appendix 
Accuracy OF MEASUREMENTS—EsTIMATE OF ERRORS 
Normal Force on Brush: 


(a) Spring calibration—maximum error 3 per cent—any error 
here is a constant error. 

(b) Spring setting—maximum error 10 per cent. For any 
given run this is a constant error. Between runs where spring 
setting is adjusted, error may be 10 per cent, 

Radius of Driving Drum. Error less than 1 per cent. 

Calibration of Dynamometer. Maximum error 15 per cent— 
any error here is a constant error. 

Reading Torque Output. Maximum error 2 per cent. 

Calculation of Coefficient of Friction: 


output torque 


Coef. of friction = = (+ 2 per cent) 


normal force X radius 
+ (+10 per cent) = +12 per cent 

For comparative purposes, the accuracy of measurements is 
_ within 12 per cent. 
For the absolute value of coefficient of friction, error is within 
per cent. 

During any one run, the accuracy of measurement is within 2 
per cent. 

It is to be noted that except for the absolute value of the coef- 


ficient of friction, all measurements are within the accuracy de- 


Discussion: 


E. K. Garcomse.? Exact values of the dynamic coefficient of 
friction of materials are extremely difficult, to obtain. The re- 
search work of many who have gone way beyond the scope of the 
material presented in this paper bears out this fact. 

Several factors which influence the values of the coefficient of 
friction have not been mentioned by the author. Among these is 
the effects of humidity. The effects of humidity have been 
mentioned by others. 

It is always easy to make suggestions, but the writer believes 
that it might be worth while for the author to investigate the 
possibility of using a magnetic clutch to produce the constant- 
speed mechanism which he desires. 


H. B. Hunrress.* Since the writer’s company is primarily 
interested in friction, this paper is extremely interesting. We 
have been studying variations in the coefficient of friction with 
although our speeds, temperatures, and 
pressures were higher. 

Just for comparison, automotive conditions may go as high as 
2500 fpm, 600 F, and 100 psi; earth-moving tractors up to 
5000 fpm, 800 F, and 50 psi; railroad conditions 10,000 fpm, high 
temperature, and 100 psi. In logging, oil-well drilling, and air- 
plane braking, temperatures may go very high. 

In work at our laboratory, we have used speeds from 800-5000 
fpm, pressures from 25-200 psi, and temperatures from 200-900 
_F. We ran a l-in. X 2-in. specimen against a cast-iron drum. 
2 Professor, Department of Mechanical Engineering, U. 8. Nava: 


Postgraduate School, Annapolis, Md. Jun. ASME. 
3 Metallurgist, — Brake Shoe Company, Mahwah, N. 
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There are universal trends as follows: Coefficient of friction de- 
creases as speed increases; coefficient of friction decreases as 
pressure increases; and coefficient of friction generally increases 
somewhat with temperature. The wear rate increases in propor- 
tion to the power absorbed, but wear rate is above that ratio at 
higher speeds and wherever the coefficient of friction is unusually 
high. High temperature with no change in power usually in- 
creases the rate of wear. 

We have found that in addition to the three variables men- 
tioned, the surface films on the drum, which may be developed 
during a friction test, have a profound effect on friction and wear. 
Different materials have a different propensity for film forming. 

It is interesting to note that Gempco No. 473 against stainless 
steel has '/; the wear rate and higher friction than the same mate- 
rial against cold-rolled steel. It would be interesting to see if 
these great differences are wiped out as the severity of conditions 
increases. 

The author says that temperature was measured, but tem- 
perature readings were not reported. It is likely that where 
various speeds were used, and friction measured over a period of 
time, increases in friction with increasing speed were due to the 
preponderance of the temperature effect over the speed effect, for 
we have evidence of friction decreasing with increasing speed. 

We are in complete agreement with Mr. Gould when he states 
that there is no coefficient of friction which is characteristic of a 
material, or even a rubbing pair, but for any pair, even after the 
conditions are stated, there will be considerable variation in coef- 
ficient of friction. 


AuTHOoR’s CLOSURE 


As Professor Gatcombe points out, several factors which influ- 
ence the values of the coefficient of friction have not been dis- 
cussed, In fact, in order to limit these factors to a reasonable 
number to permit a sensible test procedure, the experiments were 
conducted in an air-conditioned, constant-temperature, and con- 
stant-humidity room. That humidity affects the friction was 
observed early in the testing, but the magnitude of its effect was 
not studied, since in the final clutch application, the humidity 
would be determined by local heating of the equipment. Profes- 
sor Gatcombe suggests that we investigate the use of a magnetic 
clutch to produce a constant-speed mechanism. It may be of 
interest to note that a successful design of a magnetic-fluid clutch, 
developed by the author some years ago, is described in the AIEE 
Transaction, vol. 69, 1950. 

The general trends ascribed to friction behavior by Mr. Hun- 
tress were also observed in the conduct of these experiments. 
However, it was not possible to show conclusively that these 
trends exist. For example, although runs of Gempco 473 on cast 
iron or monei indicated decreased friction with speed, many other 
material combinations showed increased friction with speed. 
The thoughts expressed by Mr. Huntress that such increase may 
be due to increased temperatures, had been considered. In fact, 
many calculations were made in an attempt to find a suitable cor- 
rection factor for the effects of temperature. However, it was not 
possible to differentiate the specific effects of temperature and of 
speed. The effects of surface-film formation have' not been 
studied thoroughly, but it was observed that different films 
formed at different speeds. The coefficient of friction-was largely 
affected by these surface films. 

The author wishes to acknowledge the concerted efforts and 
contributions of Mr. G. B. Olmsted and Mr. W. H. Tucker in 
making this paper possible. 
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By W. K. STAMETS, 
This paper describes the dynamic loads sustained by 
power chain when running at high speeds. Conditions 
_ for least destructive fatigue loading are set forth, and a 
formula for optimum chain speed is derived. Dynamic 
_ lead tests on silent chain are reported in which the loading 
_ was measured by means of a special strain gage of the au- 
_ thor’s design. The tests prove the loading postulated in 
_ the first part of the paper, and the conclusions indicate a 
new approach to chain-drive layouts for power trans- 
mission. 


INTRODUCTION 


nf ( } HAIN drives are increasingly popular for transmitting power 
2 from one shaft to another where positive driving and high 
efficiency are required. Representatives of the roller 
and silent-chain industry state that in the postwar period there 
a'30 per cent increase in the use of chain over prewar applica- 
tions. They state further that the annual dollar volume of the 
industry is over one hundred million dollars, a figure comparable 
witb the output of the commercial] gear-cutting industry. Obvi- 
ously, the machine designer should regard the chain drive as an 
> important tool, and in view of the foregoing, he should be as 
- familiar with its characteristics as he is with gears, belts, and 
_ other means of power transmission. The purpose of this paper 
is to acquaint those who read it with one phase of these charac- 

_ teristics, namely, the dynamic loading of chain drives. 
_ The present method of selecting a chain drive involves estab- 
lishing the pitch on the basis of rotative speed of the sprockets 
and the power requirement. Having selected the pitch, the width 
of chain is found by determining either an allowable chain load 
or an allowable horsepower per inch of width and comparing 
these with design requirements. These allowable properties are 
based upon both pin wear and fatigue. To some extent, the 
effect of dynamic loading is taken into account by applying shock 
load factors to the design requirement and by subtracting cen- 
trifugal force directly from the allowable chain load. Often this 
second practice leads te a chain speed limit which is unneces- 
sarily low, as will be demonstrated later in the paper. Most 
machine-design textbooks, even the most recent ones such as 
references (1)* and (2), state that usual chain speeds are 1200 to 


Dy namic Loading of Chain Drives 


COLUMBIANA, OHIO 


served as a forerunner to the question of the true effect of cen- 
trifugal foree and incited considerable interest. However, it is 
now agreed that this analysis is incorrect, although it does portray 
the actual results. 

During the past 15 years, publications on chain dynamics have 
been relatively few. Most publications, except reference (3), 
gave little or no attention to the effect of centrifugal force, and 
none attempted a correlation between theory and practice. The 
late Prof. G. M. Bartlett (4) gave a new basis for rating roller- 
chain drives based upon sprocket impact loads and experience 
records. Maximum sprocket and chain speed formulas were 
presented, and these became the basis for data appearing in the 
maximum speed columns of many chain-selection tables. A more 
recent analytical study of sprocket impact was presented in refer- 
ence (5). Here a new method for calculating energy losses was 
developed, so that maximum permissible chain velocity could be 
determined if required. No experimental evidence was sub- 
mitted, nor was any design formula proposed. 

While considerations of sprocket impact energy cited in the 
foregoing references are of interest to chain technology, the 
duthor believes that actual dynamic forces in a chain are of equal 
importance as a criterion for chain life in fatigue loading. In this 
connection, only the most significant loads are analyzed com- 
pletely in the paper, whereas secondary loads or less signifi- 
eant ones are discussed qualitatively. Hence a complete study 
of chain dynamics is not being attempted. However, sufficient 
information is given so that the work may be extended if neces- 
sary. 

It is interesting to note that concurrent with this project, a 
similar project on belt drives, unknown to the author at the time, 
was conducted by Prof. C. A. Norman and his staff at Ohio State 
University. A review of these belt-drive tests is contained in 
reference (6), in which many conclusions similar to those of this 
paper were drawn. However, the review indicates that in the 
belt-drive experiments, no attempt was made actually to measure 
the dynamic loads sustained by the belts themselves. 


ANALYSIS 


Fundamental Loads on Chain Drives. Consider the chain drive 
in Fig. 1. The forces acting on the tight straight length of chain 


consist chiefly of a steady chain pull F, and an inertia chain force 
F.. The bottom loose length of chain is loaded mainly with the 
inertia force F,. Hence a force-time graph for a given link of 
chain should appear similar to that shown in the figure. 

The forces F, and F, can be evaluated in terms of the useful 


1500 fpm. Some limit maximum chain speed to as low a speed 
as 2500 fpm, based partially on the effect of centrifugal force. 

Recent experience with chain drives shows that if chain speed 

is increased for a given horsepower, fatigue life is likewise in- 

- ereased. For this reason, many engineers believe that centrifugal 

force in the chain is passed to the sprockets and hence does not 

_ exist in the maximum loaded portions of the chain drive. An 

analysis based upon this assumption is presented (3), which 
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; 1 Chief Engineer, The Enterprise Company. Formerly, Instructor 
in Machine Design, Cornell University, and Consulting Engineer to 
Morse Chain Co. Mem. E. 

_ * Numbers in parentheses réfer to the Bibliography at the end of 

the paper. 
Contributed by the Machine Design Division and presented at 

_ the Annual Meeting, New York, N. Y., November 26-December 1, 

1950, of Tae Ameaican Soctety or Mecnantcat ENGINEERS. 

; Nore: Statements and opinions advanced in papers are to be 

understood as individual expressions of their authors and not those 
of the Society. Manuscript received at ASME Headquarters, 
May 31, 1960. saad No. 50—A-25. 
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7 : chain horsepower and velocity. Without derivation, the steady 
force is obviously as follows 

221000 hp 
where 


V = chain speed, fpm 
hp = horsepower transmitted 


The inertia force F, may be determined by considering a free body 


of a chain segment as shown in Fig. 2. The centrifugal force act- 


Fic.2 Forces on Rotating CHAIN 
ing on an element is blpergy 
IW 
6.8%, gr 


Notice that in the force equation, the radius r cancels out. It is 
assumed that in the 180-deg change in direction, the radius r is 
constant. The components of the force dF, in the horizontal and 
vertical directions are as follows 


dF, = —dF,cos0; dF, = —dF, sin 


Considering the force dF, and integrating it 


2 2 2 2 
© (cos @) = [ 
g g 
2 2 


Likewise, considering the force dF, and integrating it 


F, = centrifugal force, Ib 
M = chain mass, Ib-sec* per ft 

A = normal acceleration, ft per sec? 
W = chain weight, lb 

g = 32.2 ft per sec? on ek 

V = chain speed, fpm 

v = chain speed, fps ht oe 

r = radius of turn, ft 10 Lo 

q = chain weight, lb per ft 


Hence the centrifugal force which loads the straight part of chain 
is 


‘The centrifugal force which each straight segment of chain sus- 
V = chain speed, fpm ~ 

gq = chain weight, Ib per ft ree : 


Referring again to Fig. 1, the mean force F, ‘and the reversed 
force F, become 


(F, + F.) + F, F, 16,500 hp qV? 
; F (F, + F.)—F. _ F, _ 16,500 hp 


2 2 


These forces are considered as fundamental loads on chain drives. 
_ Other forces, such as forces due to chordal action and sprocket im- 
_ pact are considered as secondary loads, and in this analysis it is 
assumed that the chain sprockets have a sufficiently large number 
_ of teeth so that chordal action and sprocket impact effects are 
negligible. 

Effect of Velocity on Fatigue Stresses in Chain Drives. For any 
given chain, the values of mean stress s,, and reversed stress 3, 
may be calculated using the forces determined in the foregoing 
section. If these stresses are plotted on a Gerber failure diagram 
similar to Fig. 3, fatigue failure may be predicted, provided that 
a suitable allowance is made for stress concentration. 
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The significance of chain speed on fatigue stresses is an impor- 
tant and frequently neglected subject. Assume, for example, 
that at a certain chain speed, fatigue failure will occur, because s, 
and s,, are high enough to penetrate the failure boundary in the 
Gerber failure diagram in Fig. 3. Then, if the chain velocity is 
increased 10 per cent, the steady chain pull F, decreases 10 per 
cent, power transmission being held constant. The inertia force 
F,, under these conditions materially increases as the square of 
velocity or 21 per cent (see relationships given for F, and F,). 

Obviously, the reversed stress s, decreases 10 per cent. 


4 
\ 
YF, = — f (sin@) = cos | =0 


mean stress s,, may either increase or decrease depending upon 
the relative magnitudes of F, and F,. At low values of chain 
velocity, an increase in chain speed will cause s,, to decrease, 
while at high chain velocities, an increase in chain speed will 
cause s,, to increase. It can be shown mathematically that the 
chain speed corresponding to a minimum value of mean stress 
s,, is as follows 


3 
V = 983 y" for minimum s,, 
qd 


In general, it can be deduced that in the ordinary range of 
chain speed, say, 1000 to 2500 fpm, an increase in chain velocity 
will cause the operating point on the Gerber failure diagram to 
move away from fatigue failure. Herein lies the fundamental! 
reason that it is desirable to run transmission chains at high linear 
speeds. It might appear that the upper limit of chain velocity 
would be that speed corresponding to s,, = s,. However, this 
depends largely on the relative magnitudes of s, and s, so that the 
optimum speed to run a chain drive becomes 


kay) 


where k is a stress-concentration factor if required. Operation of 
the drive at this speed corresponds to the least likelihood for 
fatigue failure, provided that sprockets are used having a suffi- 
ciently large number of teeth so that chordal action is ineffective. 
Proof of the foregoing relations is contained in the next section. 

Optimum Speed for a Chain Drive. The optimum speed of a 
chain drive is that chain velocity Vogs, for which there is the least 
likelihood of fatigue failure. Referring to the failure diagram in 
Fig. 4, the proximity to fatigue failure may be represented by the 
distance Z which is the perpendicular let fall to the failure bound- 
ary from the point of operation at a given speed. The co- 
ordinates of the operating point are ks, and s,, which are the re- 
versed and mean stresses, respectively, corresponding to a par- 
ticular chain velocity V, an independent variable. The optimum 
velocity, then, is that velocity for which Z is a maximum, neglect- 
ing of course an extraneous solution of zero. 

An equation for Z in terms of the co-ordinates s, and s,,, and 
other properties of the triangle are found from the Reraey of 
Fig. 4, as follows 


“pelt 
edt cl 


+0 
8, — (8, +) = ks,(s,/s,) 


= 8 


where 


= endurance limit 

= elastic limit 

= reversed stress 

= mean stress 

= siress-concentration factor 
= perpendicular let fall to failure boundary from operating 

point 
t = dependent variable 


Transposing these equations for the common variable ¢ and solv- 
simultaneously, one obtains the 


Vv + 8,? V 82 + 3,° V + 
In this equation for Z, the yield stress s, and the endurance limit 
8s, are constants. Both the mean stress s,, and the reversed stress 
s, are variable with chain speed V. In order to ae z,' the 
derivative dZ /dV must be equated to zero 
dZ ds, 
dV V 82 + 3,2 dv 


[sy — 18, — ke, 8, 


Fie. 4 Faure Diagram 


The derivatives ds,,/dV and ds,/dV may be evaluated using the 

mean and reversed force equations derived previously. They are 

as follows 
ds, 
av 


2qV 
~ 115,900 Ay 


_16,500hp 


__ 16,500 hp 
Ay 


ds, 
dV 
where 


A» = area of chain part over which s, and s,, act for a roller- 
chain drive, sq in. 
or 


1/Ay = area and section-modulus factor (ec/I + 1/A) for 
chain part of a silent-chain drive so as to account 
for eccentric loading, in.~* 


Ao + 8,? 115,900 y: 
— 16,500 


—2qV 16,500 hp 
115,900 ve 


For maximum Z, set dZ/dV = 0 
115,900 ve 
— 248, 
115,900 


16,500 hp (8, + 115,900 _ 


= —16,500 (s, + ks,) 
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nies distance Z can be 
shown by pooch the second derivative which for a maximum 
must be negative 


dV? + 3,2 L115,900 vs 


33,000 hp) 


y3 ( 


5,000 


—ks 


Hence the distance Z is a maximum at V = Vo, because the 
second derivative is negative. The operating point on the failure 
diagram assumes a position farthest removed from fatigue fail- 
ure when the drive is designed to run at a speed corresponding 
to Vogt. 

In the preceding section, mention is made of a chain speed 
corresponding to a minimum value of mean stress s,,. 
speed is of interest and is determined as follows 

ds,, 2qV _ 16,500 hp 


= = 0 
dV 115,900 Ag 


Such a 


2q 


3 
hp 
V = 983 7 

q 
That this value of V corresponds to a minimum mean stress s,, 


can be shown by evaluating the second derivative which for a 
minima must be positive 


1 2q + 33,000 hp 
Ao (115,900 vs 


Significance of Stress Concentration. When a member is sub- 
jected to a combination of static and fatigue loading as a chain 
link having a steady stress s,, and a reversed stress s,, it has been 
shown that satisfactory results are obtained (7, p. 487) by con- 
sidering stress concentration as affecting the variable compon- 
ent of the loading. For this reason, the stress-concentration 
factor k was applied only to the reversed stress s, in the analysis 
for optimum chain speed, Fig. 4. In the final expression for 
optimum speed Vop:, the factor k is retained as a coefficient of s,, 
the elastic limit. The effect of stress concentration becomes 
progressively less at high chain speed because as the chain speed 
increases, the reversed stress s, decreases as that the product ks, 
becomes less. 


5! 3,5 
ae ys 115,900 X 16,500 hp _ hp 
q 


(for minimum s,,) 


MEASUREMENTS AND TEsTS 


Four-Square Testing Machine. A convenient 
four-square chain-testing machine, often referred to as a chain 
speeder in the roller and silent-chain industry. The chain — r 
used in the experimental work for this study is shown in Fig. 5 


This equipment is similar to the well-known four-square gear- 


testing machine developed and used by Prof. Earle Buckingham 


- method for loading a chain to its service load o1 above is on a 
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at the Massachusetts Institute of Technology for determining 

the dynamic and wear strength of gears (8). 

When applied to chain testing, the four-square principle of a 
locked-in torque is supplemented by an applied torque from an 
external source so that sufficiently high chain pulls are obtained. 
Referring to Fig. 5, it is seen that two test chains are loaded by 
an external lever-and-weight arrangement which is attached 
through suitable linkage to the movable bearing housings of the 
low-speed shaft. These test chains are driven from the electric 
motor operating through a chain-reduction system. It is impor- 


Fic. 5 Four-Sqevare Crarn-Testinc Macuine ARRANGED FOR 


Dynamic-Loap Test 


tant to note that the upper chain length on one test chain, to- 
gether with the lower length of the second test chain, is main- 
tained tight, thus permitting the lower and upper lengths of the 
first and second chains, respectively, to remain loose. This con- 
dition is made possible by machining one keyway on the high- 
speed test shaft out of line with the kevway on the opposite end 
of the shaft, the radial displacement being about 3 deg. From 
the foregoing description it becomes obvious that the only power 
necessary to drive the system is that to offset the bearing losses 
and the hysteresis heating in the chains, plus a necessary reserve 
for starting. 

Optical Strain Gage. The design and characteristics of an 
optical strain gage for measuring dynamic loads on silent-chain 
drives are given in this section. The strain gage may be used to 
measure the dynamic loading of chain on the four-square chain- 
testing machine or on actual drive applications in the field by 
attaching a suitable gage link. 

Referring to Fig. 6(a), a fine wire of length 2c is stretched be- 
tween two gage points 1 and 2 on an elastic member, such as a 
silent-chain link, and placed under initial tension by means of a 
long rubber band. (For this work, a No. 000 steel piano wire is 
recommended.) The rubber band is looped over the middle of 
the wire as shown, and both ends are fixed at a third point 3, 
preferably at the neutral axis of the link. With no load on the 
link, the initial deflection yo of the wire may be adjusted by vary- 
ing the wire length as required. From the geometry of the figure, 
‘it is seen that 

c? = yo? + p*/4, tanBy = 2yo/p 


When the link is loaded, it suffers an elastic deformation so that 
the gage points exvend a distance z, to positions 1’, 2’ as shown in 
Fig. 6(b). The deflection yo closes to a sagittal distance y such 

that the change (yo — y) may be computed as follows ; 
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STAMETS—DYNAMIC LOADI 


e the change in sagittal distance (ye — y), 


- eonvenient. The angle sweep is more sensitive with load than 
the deflection change, because in the function tan? = 2y/(p + 
 s) as load increases, x, increases, y decreases; hence tan® de- 
creases rapidly. 
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Optica Strain Gace Arracnep To 2-IN-Pitcn 


Gage tak oh three links past electric switch attached to 
t frame.) 
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(Cam shown in rear. 


A reliable means for recording the gage deflection at any point 
in a chain drive when running at high speed is next required. 
Two methods are possible. One method is to photograph the 

gage as it passes a given station, using a high-speed camera. 
Another method is to attach a piece of film behind the wire on 
the gage link and expose the film with a General Radio micro- 

- flash light source, leaving the wire image as unexposed film. 
The latter method is obviously more practical and less expensive. 
- Both methods, however, require a means of triggering the film 
exposure at the instant the gage link arrives at a given observa- 
tion station. This is easily accomplished by attaching a cam to 
the outside link on the side of the chain opposite the gage link. 
The cam is arranged to contact a normally open electric switch 
ps fixed to the test frame at the station under observation. The 
“switch then completes a circuit to fire either a high-speed camera 


or a microflash unit. The chain itself should not be used as part 


aay - _ of the circuit, because it is found to be a poor conductor of elec- 


tricity. 


CHAIN DRIVES 


An optical strain gage and gage link assembly for use with a 
microflash unit is shown in Fig. 7. This is the actual gage used 
for the dynamic load tests described later. The film carrier con- 
sists of two brass plates near the gage points as shown. To retain 
the film, the plates have thin deep slots milled in them length- 
wise, the thickness being about the same as the film. When run- 
ning, centrifugal force also tends to hold the film from flying out, 
as a stop is provided at the top of each plate. 

The gage link was undercut somewhat so that it would provide 
a greater gage-point deflection because of bending under load 
than would be had with a standard link. The microflash unit 
was set an appropriate distance from the test chain with the axis 
of the bulb in the same plane with the gage points. By trial and 
error, the distance was selected so as not to overexpose the film, 
A plywood test panel was constructed and attached to the ma- 
chine as shown in Fig. 5. Normally, open leaf switches were 
attached to the panel at various points where the load on the 
chain was to be determined. 

With the test equipment arranged as described, the dynamic 
load tests were conducted in two steps: (a) A static test run was 
made in which known weights W were applied to the loading 
beam of the test machine (see Fig. 5), and microflashed photo- 
graphs were taken with the strain-gage link located midway be- 
tween the sprockets on the tight length of chain. For these pic- 
tyres, the microflash unit was under manual control. The pic- 
tures were taken to provide the information necessary for a cali- 
bration curve, total chain load F versus the double angle 26 for 
the optical strain gage used. (b) This step consisted of taking 
similar photographs with the chain running at full speed under a 
constant steady load F, developed by the weight W. Here the 
inieroflash was under cam control se that the photograph of the 
strain-gage wire would be taken at a predetermined position of 
the gage link in the travel of the chain. 

Both of these steps had to be carried out in darkness to prevent 
‘posing the films. For this reason, the tests were conducted at 
ight. 

The type of film used for the tests was Kodak Panchromatic 
precut to fit the gage-link film carrier. The films were developed 
immediately after exposure and 2-in. X 6'/;in. enlargements 
made, from which the double angle 26 was readily measured. 

Data Sheets and Calibration Curves. A sample of the data 
obtained by the dynamic load tests is given in Table 1. 

A sample calibration curve for this test is given in Fig. 8. In 
all, five such tests were run, the others consisting of a larger 
number of exposures at points elsewhere in the drive. Duplicate 
tests were made so as to have a means for appraising experimental 
error. 

Discussion of Test Results, (A) First test: The first dynamic 
load test was conducted at a chain horsepower of 


While the entire power input was supplied from a 15-hp motor, 
the 246 hp on the chain was obtained on the four-square system 
as one chain drove the other, and the motor merely supplied the 
bearing losses as discussed previously. 

The chain used in the test weighed 8'/, lb per ft; hence the 


centrifugal force F, was ‘ 


F, = qV?/115,900 = 8.25(4350)*/115,900 = 1348 Ib 


Actual test results for the total chain load F at point A, the mid- 
point of the top-tight chain length, Fig. 9, showed a value of 
3650 Ib. This agrees with the loading postulated early in the 
paper and Fig. 1, where the maximum oe lead was —ireeeemanll 


which is usually mum for a 2-in-p 
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TABLE 1 DYNAMIC LOAD TEST DATA SHEET 


Date: Dee. 8, 1948 s : 4350 fpm 
Place: Metallographic Laboratory Chain: i piteh silent 
Co., Ithaca, N. Y. 2 i 
Personnel: N. C., Bremer Gprockate: on 36 
Chas. "Lueky, 
W. K. Stamets, Jr. 


Weight position: a = 40in 
Gage: 12-8-48 


Type of 
loading 
static 
static 
static 
static 
dynamic 
dynamic 


Nore link position A is Bart oo between sprocket centers on top, 
tight strand Position B-1 is 2 teeth from vertical on driver sprocket, 


2 a 6 8 0 i2 4 16 

LE ANGLE SWEEP OF GAGE WIRE, 2(6-9), DEG nd 

Fie. 8 Catipration Curve ror 12-8—48 Strain Gace 


(O, A, test data. ©, computed point.) hyper 


to be the sum of the centrifugal force F, ond the steady force F, 


as follows 


Fax = F, + F, = 1348 + 1865 = 3213 Ib 


As the chain passed over the driving sprocket, some of the 
steady load was released to the sprocket teeth thereby reducing 
the total chain load. This fact is revealed by the test results for 
position B-1 indicating a 450-Ib reduction. Presumably, more 
load was passed to the sprocket teeth as the chain progressed 
farther around the sprocket. However, later tests revealed that 
this progression was rather abrupt in that only the first few 
sprocket teeth received the full steady chain load. 

The accuracy of the test was only moderate, but was considered 
sufficient for its intended purpose. Two limitations on the ac- 
curacy were known to exist: (a) The response of the gage; and 
(b) the measurement of angles from the photographic enlarge- 
ments. While the gage used had an initial deflection yo of about 
1/, in. giving an initial double angle 20) of 14.8 deg, its response 
2(@ — 6) to the measured loads was only zero to 6 deg, thereby 
limiting its ability to respond noticeably for small changes in load. 


In regard to the second limitation, a source of error in measure- 


ment of angles was possible because these were considered accu- 
rate to within '/, deg only. This source of error then could ac- 
count for a maximum error of 300 Ib in the dynamic chain-load 


values given in the last column of the data sheet. 


(B) Subsequent tests, conducted in the same manner, revealed 


that the chain loading at a position halfway between sprocket 


centers on the bottom loose strand consisted mainly of the cen- 
trifugal foree F, amounting to 1348 Ib plus the catenary chain 
pull which heretofore had not been considered. This latter force 
is found as follows 


where 


F, = catenary chain pull, Ib 
q = chain weight, Ib per ft 
C = center distance, ft 
S = sag, ft 

(reference 9) 


For the arrangement of the test equipment used, the catenary 
force becomes only 57 Ib; hence no serious error is introduced by 
neglecting it in the analysis. In some chain drives, where it is 
required that the catenary load be higher, the minimum chain 
force would still be the centrifugal force F, at the sprockets. 


ConcLusions 


The dynamic load tests discussed in the section preceding prove 
the existence of centrifugal force on both the tight and loose 
lengths of chain as originally suggested in the paper. The maxi- 
mum load is shown to be the sum of the steady and centrifugal 
forees and the minimum chain load is the centrifugal force alone. 

Intermediate loads in the tests were due to (a) the release of 
steady load on chain to the sprocket teeth, (b) catenary loading, 
(c) chordal action, and (d) torsional vibration. While the last 
‘two causes should require the maximum chain load to be in- 
creased, such increments were not found to exist above the ex- 
pected experimental error of 10 per cent. For one reason, chordal 
action, which is defined as the chordal rise and fall of chain on a 
sprocket, was limited to a chain velocity variation of 0.7 per cent 


from which the mass acceleration can be shown to be relatively 


small. Another reason is that the chain forces associated with 
torsional vibration were likewise small, because the 900-rpm oper- 
ating speed of the test machine was well under the natural fre- 
quency of the system, which is approximated as 5500 cpm. 
Having proved the existence of fundamental chain loading, Fig. 
1, the beneficial effect of high chain speed becomes a certainty. 
For a given horsepower, the higher the chain speed, the closer 
becomes the difference between the maximum and minimum 
chain forees. Hence the force wave is “rectified” and eventually 
may become almost steady at very high chain speeds. Up to a 
certain point, an increase in chain speed reduces the possibility of 
fatigue failure so that an optimum chain speed becomes obvious. 
The optimum chain speed for a given drive is determined by the 
following formula which was derived previously 


3 inpts, + + 


Vope = optimum chain speed, fpm 
hp = horsepower transmitted 
q = chain weight, Ib per ft 
s, = endurance limit, psi 
s, = elastic limit, psi 
k = stress-concentration factor 


ow 


A convenient graphical solution for this equation is given in 
Fig. 9. The concept of an optimum chain speed is supported 
also by recent field experience with high-speed chain drives. 
Otherwise the centrifugal force serves no useful purpose, as it 
neither contributes nor detracts power. It is merely a body force 
completely contained within the chain itself. The result, how- 
ever, is that in a chain drive, the centrifugal force serves to an 
advantage, whereas in belt drives, the opposite is true. In belt 
drives, the centrifugal force tends to reduce the contact pressure, 


ss provided of course that the belt is permitted to stretch, thereby 
d “4 reducing the traction force on the pulley and likewise the trans- 


-missible horsepower. 
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INSTRUCTIONS: Connect Y with hina as shown; secure 

intersection on center line as at A; connect this point 

with q, and read If Se, Sy, and k are unknown, 
material factor W may be approximated as 5.0 (see 
arrow) for steel chain. cand 
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¢ sprocket teeth since sprocket rotative speed is limited. 
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The optimum chain-speed formula just given and the nomo- 
graph in Fig. 9 are not recommended as a “cure-all” for chain 
troubles. They nevertheless serve as a criterion such that when 
all other factors are equal, a chain running at this speed will give 
better service. In addition to giving more favorable funda- 
mental loading, the optimum chain-speed formula automatically 


_ reduces the destructive effect of chordal action, because to attain 


the optimum speed it usually requires a fairly large number of 
It is 
generally known that as the number of teeth on the small sprocket 
is increased (10), the percentage variation in chain velocity de- 


creases markedly to a point where the velocity change is negligible 
for many applications. 
limitations preventing the use of the optimum chain speed; but 
at least it may be considered and approached if possible. 


Obviously, there are space and first-cost 


One 


a cost-compensating feature is that the higher the chain speed, the 


power-transmission chain. 
_ G. M. Bartlett (4), the formula for optimum chain speed may 
also be applied to well-made roller chain. 


_ Offsetting this saving, however, is 


Inc., 


_ Hill Book Company, Inc., 


bald, Mechanical Engineering, vol. 68, 1946, p. 139. 


less need be the width of chain for a given pitch and horsepower. 
the increased length of chain 
necessary, together with larger sprockets and chain cases. The 
optimum chain-speed formula is intended for use with silent 
Notwithstanding the studies of 
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. H. The economics of 
ine pean compel balanced consideration of cost, bulk, and 
weight factors. The true optimum chain speed, thevefore, might 
be defined as the one that permits the closest co-ordination of 
these factors. Chain-manufacturers’ catalog ratings cover 
practical drive requirements and insure satisfactory fatigue life. 
It does not appear to be generally advantageous to design for 
optimum chain centrifugal-force loading, which is what the 
author’s paper seems to encourage. Would it not be more reasona- 
ble to state that the author’s optimum chain-speed formula is 
applicable only where sprocket impact is reduced to an acceptable 
value by using large sprocket-tooth numbers, rather than that 
the formula “automatically reduces the destructive effect of 
chordal action?” 

The author acknowledges that economic factors limit the 


application of his formula, but advocates that it be considered 


and approached if possible. There is evidence that machine 


er designers have been aware of the advantages of higher chain 
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speeds for some years and have utilized them whenever design 
conditions permitted. The beneficial effect of the steady centrifu- 
gal force in reducing the fluctuating stress range, which is the 
primary fatigue consideration, has been observed before. Ma- 
chine-design periodicals of the past 10 years or so contain a 
number of references to 6000 to 8000-fpm chain drives in regular 
operation. Manufacturer’s catalogs also for several years have 
listed considerably higher permissible chain speeds than the text- 
book speeds mentioned by the author. 

Is it not a fact, however, that sprocket impact rather than 
centrifugal force is the fundamental factor limiting wider applica- 
tion of the higher chain speeds encouraged by the author’s re- 
search? Would not spring loading of drive chains to reduce such 
impact permit more effective use of their potentially high power- 
transmitting capacity at high speeds, on relatively small sprock- 
ets? 


P. H. Brack.‘ The author's treatment of centrifugal tension 
in a chain drive should be helpful in clarifying design practice 
and textbook treatment of the subject. In the past, attention 
has been centered on the tight strand of the chain which carries 
both the centrifugal tension and the power-transmitting load, 
while the slack strand which carries the centrifugal tension was 
slighted. In evaluating the strength of the chain link, the author 
follows accepted practice in use of the centrifugal tension as a 
steady load which is related to the yield point of the material of 
the link, and use of the power-transmitting load as variable 
which, with stress concentration, is related to the endurance 
limit. 

The writer feels that the analysis presented in the paper forms 
an excellent background for further work on the rating of chain 
drives, considering wear of the joints and life of the chain. The 
variation of the chain load on a link is of the form shown in Fig. 
10 of this discussion. The rotation of the joint as the link en- 
gages and disengages the sprocket teeth is also indicated so that 
the subsequent lubrication of the joint may be investigated. 
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An aspect of the lubrication characteristics that may enter 
into the analysis is the “squeeze film,” a term which has been 
suggested by A. F. Underwood of General Motors. This film 
may come into action in a chain due to the variable loading and 
may be in line with recent evidence that greater loads can be 
carried under variable loading than are predicted by steady 
action. 

The entire matter of lubrication and wear of the joint, as af- 
fected by dynamic loading on the chain and rotation of the joint, 
in the light of the author’s analysis, may well be considered as a 
new basis for the power rating of chains. 
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duee them. 


Cc. memes Gines e 1940, a large number of chain drives 


ra) co Bre been installed in various applications with operating chain 


speeds in excess of 4500 fpm. A fact which would definitely sub- 
- stantiate the conclusions of this paper with respect to the effect 
of high speed is that in not one instance has a fatigue failure 
_ been noted on any of these drives. 
Without exception, however, each of these is a low-ratio chain 
_ drive where the smallest sprocket contains more than 33 teeth, 
and rotating speed of the smallest sprocket is within the normal 
accepted limits for the pitch of chain used. 
Tests have shown conclusively that the maximum rotative 
_ speed limits, established for each type or pitch of chain cannot be 
exceeded by very much without getting into trouble, either 
- from excessive chain wear, sprocket wear, excessive heating, or 
_ chain-part breakage. In other words, properly to apply high 
- chain velocities, we must use greater numbers of sprocket teeth. 
_ By using more teeth we reduce chordal action. By reducing 
_ chordal action we lessen induced link loads and stress reversals, 
thus permitting a higher working load. 
Recent experiments with electric strain gages on high-speed 
_ chains have proved the link stresses set up by the chordal action 
of the sprocket are not always proportionate to the calculated 
velocity change and, under some conditions, can reach very high 
relative figures The factors affecting the amount of stress change 
are numerous and include the length of the chain span, the inertia 
of the driving or driven masses, the resilience factor or modulus 
of the chain itself, and the nature of the chain-sprocket engage- 
ment. 

The reason that analysis of the stresses is difficult arises from 

the fact that chordal action involves not only speed variation but 
action of the chain strand which 
sets up impact forces of complex nature and of various magni- 
tudes, 

It is the writer’s experience that if all other factors are held 
constant, merely increasing the rotative speed of a constant- 
torque drive will aggravate any fatigue troubles rather than re- 

Furthermore, no relief is noted when speeds increase 
to the point where centrifugal tension reaches substantial values. 

It is probable, therefore, that the effect of increasing the number 

of teeth in itself is of greater importance than the stabilizing ef- 

fect of centrifugal tension. Nevertheless, the fact remains that a 

well-designed drive, using the combination of large numbers of 
_ sprocket teeth and high chain speed, is lighter, quieter, longer- 

lived, and more efficient, and, when ratio and space requirements 
_ permit, this type of drive is most economical. 

We fee) that a word of caution should be made with reference 

to the possible general use of the author’s alignment chart for 

_ determining the “optimum” velocity of a chain. Some reference 
should be made to the limitations for rotative speeds for each pitch 
chain, these speeds varying according to each manufacturer's 
specifications, usually based on tests and experience. Then too 
it should be made clear that the chart indicates optimum load- 
ing conditions and not necessarily the most practical operating 
speed. There are many factors to be considered when chain 
speeds exceed 5000 fpm, and some of these, such as the flywhee! 
stresses in the sprocket rim and sprocket balance, deserve special 
attention because of the safety angle. Others include lubrica- 
tion methods, tooth hardness, cooling provisions, and the design 
of a suitable enclosure. 

It is the writer’s opinion that the trend toward high chain 
speeds is definitely in the right direction but that good judgment 
and, above all, experience is still of utmost importance in avoid- 
ing misapplications and their bad effects. 


* Chief Engineer, Morse ae Company, rene of Borg- 
Warner Corporation, Ithaca, N. 


Company, Inc., Indianapolis, Ind. 


W.V. Covert.* This paper should of interest 
to the power-transmission-chain manufacturing industry, par- 
ticularly from the standpoint of illustrating a method for depict- 
ing fatigue loads. 

In connection with power-transmission drive applications, the 
industry generally thinks in terms of chain loads expressed 
in pounds rather than the stresses set up in the various com- 
ponents of the chain. With this thought in mind, the paper was 
analyzed, using chain loads expressed in pounds rather than the 
stress in the tension members of the chain. More specifically, the 
American Standard No. 80 (1-in-pitch) chain was used to illus- 
trate the various points covered in the following discussion. 

Fig. 11 of this discussion shows the Gerber diagram similar to 
that used by the author, with the exception that the ordinate is 
expressed as the reverse load or chain tension rather than the 
reversed stress. The abscissa is expressed as the mean load on the 
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Fie. 11 Gerper Diacram ror No. 80 Cuain 
(This curve determined from experimental points.) 


chain rather than the mean stress as given in the paper. One 
point used in defining the straight-line curve in Fig. 11 is deter- 
mined by the endurance limit of the chain in question and from a 
large number of actual fatigue tests on assembled chain. This 
point is plotted at a mean load of 1275 Ib and a reversed load of 
1275 lb. This is the loading determined by actual fatigue tests 
where the load varies from 0 lb to a maximum tension of 2550 
Ib. Another point which is known by means of static tensile 
tests is the intersection of the straight-line curve with the abscissa 
and which occurs at 14,700 lb. This point represents the load at 
which tensile failure will occur. A portion of the area below the 
curve is shaded and rep ts an unusable part of the Gerber 
diagram for roller chain. The loads within the shaded area are 
those loads which will cause permanent elongation of the link 
plates of the chain and result in loss of press fit of the bushings 
and pins within their respective link plates. 

The foregoing figure represents a set of data which were deter- 
mined by experimental results and includes all of the intangible 
factors such as stress concentration, assembly, eccentric loading 
of link plates, hoop stresses, etc. This diagram should provide a 
more accurate illustration than one showing unit stresses based on 
calculations, using factors which to date have not been supported 
by direct experiment. 


* Senior Engineer, Product ..pplication and Research, Diamond 
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In order to explore the situation further, calculations were made 
to determine the chain tensions due to centrifugal force for speeds 
ranging from 0 fpm up to 32,000 fpm. By means of the formulas 
for F,, and F, in the paper, it was then possible to plot F, or the 
allowable transmitted chain tension versus the chain velocity in 
feet per minute as shown in Fig. 12. It is to be noted that the 
ordinate is now represented by F, rather than F, as in Fig. 11, 
and, in effect, is equal to 2 times F,. This curve brings out a rather 
interesting feature. At a chain velocity of 6000 fpm for this par- 
ticular size of chain, the allowable transmitted load must be re- 
duced from 2550 lb (for zero velocity conditions) to 2450 lb to 
avoid fatigue of the link plates. A velocity of 6000 fpm was 
chosen for this purpose since it represents a practical maximum 
speed for 1-in-pitch chain if all design factors involved are satis- 
fied. 

This minor reduction required in the transmitted load brings 
up the question as to the relative importance of using the Gerber 
diagram since the actual chain tension in an operating drive is 
not known to a very accurate degree. It is seldom, if ever, 
that the absolute chain tension is known within 5 or 10 per cent. 
Tf this be true, the problem resolves itself into selecting a sprocket 
with as many teeth as possible within the limitations of space and 
economy and considering such other factors as heating, lubrica- 
tion, destruction of other chain components, etc. 

The curves shown in the lower portion of Fig. 12 show the al- 
lowable chain tension versus the chain velocity for various sizes of 
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trating a method which provides for a more complete under- 
standing of the dynamic loading of a chain drive. However, the 
use of experimental data rather than calculated data should 
provide a more accurate picture. 

For drive-application purposes, it is felt that the Gerber dia- 
gram can be excluded. In order to reduce the probability of link- 
plate fatigue to a minimum, the maximum sprocket size should 
be used which is consistent with such important factors as wear 
rate, heating, damage to other chain components, and economics. 


AvuTHor’s CLOSURE 


Possibly some of the discussers have not recognized the main 
object of this paper as being to record an original analysis and 
tests on chain drives operating at high speeds. A new design 
formula resulting from such observations is a sequel to the funda- 
mental study and being a new formula it may be expected to find 
few supporters for some time to come. It is generally agreed 
that there is no single-design formula in any division of engineer- 
ing that takes into account all of the possible variables that may 
be expected to govern the proper final result of a design problem. 

Before undertaking the study the author had seen evidences of 
6000 to 8000 fpm chain drives, but nowhere did he find an ade- 
quate explanation for the loading involved nor could he find any 
manufacturer’s literature or design publications which recom- 
mended such operation through a systematic procedure founded 


(1) CHORDAL ACTION FORCES 


(2) FUNDAMENTAL CHAIN 


CHAIN VELOCITY PRET/WIN. 
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sprockets as cataloged by the roller-chain industry. If the mazi- nhs ipod ta mee 


mum transmitted chain tension is equal to the catalog values, 
then fatigue failure is unlikely, since the catalog ratings are 
based upon those values of chain tension which will provide a 
satisfactory wear rate between the chain pin and chain bushing. 
_ However, there may be some operating conditions where this 
factor of safety against link-plate fatigue may be reduced or 
absent, such as, (a) where the catalog ratings are exceeded as 
in the case of designing for a short drive life, and (6) drives having 
8 pulsating characteristic where peak loadings occur because of 
torsional] stress variations in the driver or driven elements, and 
these load peaks penetrate the failure line although the average 
load is well within the tension rating established on the basis of 
wear. 
In conclusion, the paper does serve a useful purpose by illus- 
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upon an engineering ana ysis 
Admittedly, the analysis given in the paper is quite simple and 
_ elementary, but the author offers this as an explanation of chain 
forces. Hence it is a very necessary step to the understanding 
: _ of chain dynamics, which heretofore neither existed in printed 
form nor was understood even in chain-manufacturing circles 
who themselves disagreed as to what constituted fundamental 

_ Joading of a chain in service. 
_ The commonly used formula for a roller chain’s allowable load 


A qv? 


F, = — 
~~ 115,900 


600 + Vv 
where A = projected bearing area of the pin, sq in. re- 
qv? 
I 
715,000 °° 


tracted directly from the first term. For a No. 120 roller chain 
this leads to an allowable load of zero at about 3400 fpm yet 
_ there is ample evidence (as in reference 10) that many roller- 
_ chain drives for power transmission have been run at this speed 
over large sprockets. Furthermore, the practice of subtracting 
_ centrifugal force leads one to visualize a “belt type” of action 
_ where the centrifugal tension reduces the tractive force, and this 
_ certainly is not the case for a chain. In considering silent-chain 
_ drives for higher-speed operation, the formula is entirely in- 
applicable and no formula of this general form is presented. 
An excellent analysis of chordal action is given by Mr. Bremer 
in his article of reference (10) where a chart depicts the amount 
of chordal rise and fall of a chain with various numbers of sprocket 
- teeth. The effect of chordal action was not covered in the pres- 
_ ent paper, because of its treatment elsewhere and because it was 
considered to be a secondary effect in drives of the type under 
study. As for the placing of springs on chain to limit chordal- 
: action effects as suggested by Mr. Bendall, this has been con- 
_ sidered by various chain manufacturers and is believed imprac- 
tical because no spring of suitable stiffness could be attached and 
also more gain can be realized in reducing chordal action by in- 


quires that the centrifugal force term F, = 
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creasing the number of teeth in the sprockets. Senibirieeen i in 
silent-chain design it is possible to completely eliminate the effect 
of chordal action by designing the joint in such a manner as to 
permit the chain to vary its pitch when riding up on its sprocket, 
thereby maintaining a constant linear velocity. 

The author understands that the electric-strain-gage tests to 
which Mr. Bremer refers showed secondary stresses of high fre- 
quency (presumably equal to the number of teeth times the rpm) 
superimposed on a fundamental wave which no doubt is the 
same as the fundamental loading treated in the paper. The 
loading in this case would appear somewhat as in Fig. 13. While, 
as he says, these secondary strains are sometimes intense, they 
may have less effect on the drive life than is now supposed, It is 
known that endurance tests are independent of frequency only up 
to a certain point—about 5000 cpm which in most high-speed 
drive applications is below the disturbing frequency expected 
from chordal action. After this limiting frequency some ob- 
servers actually have noted an increase in endurance life with 
greatly increased frequency. 

Returning to the optimum-speed formula and chart, chain 
manufacturers are advised that the material index = S oe 
permits them an opportunity to use the chart for their own par- 
ticular product. It might be desirable here simply to locate a 
point (instead of having a scale) for a particular type of chain 
based on their experience. This procedure would then insure 
that optimum speeds would suit their chain and that the varia- 
bles would always be held in proper relation to each other. The 
argument of Mr. Covert regarding theoretical versus actual stress- 
concentration factors may easily be resolved in this manner. 

The remarks of Professor Black are acknowledged. He sug- 
gested an interesting possibility for further work in the field of 
chain lubrication and wear. It is believed that if this analysis 
withstands the test of time, other investigators will be well justi- 
fied in using a similar treatment for analyzing the lubrication 
aspect. 
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By DONALD BRADBURY; ' 


This is a summary of work done at Harvard University 
over the past two years under an ASME Grant, sponsored 
by the Special Research Committee on Lubrication. The 
studies involved obtaining data over a wide pressure and 
temperature range on the viscosity of a selected group of 
lubricants. 


INTRODUCTION 

HE primary object of this investigation was to obtain 

data which would permit correlation of the pressure- 

viscosity coefficient with the results of friction and wear 
tests on actual machines. It was also desired to provide data 
which would permit correlations of the pr ity coefficient 
with other properties such as the temperature-viscosity coeffi- 
cient and possibly the compressibility. The original program, 
involving some 46 specimens, is nearing completion, and a 
complete report will be published by the Committee as soon as 
practicable. 

The present paper contains a brief description of the apparatus 
and methods employed, a few typical data to show the type of 
information which wil! be available, and a few correlations that 
have already appeared as a result of the work. It is hoped that 
discussion will be forthcoming which will be helpful in making 
the final report most useful, and will indicate whether any 
further work is necessary, and in what direction. 


RANGE OF MEASUREMENTS 


The measurements of viscosity and density cover the range 
of pressure from atmospheric to 150,000 psig and of temperature 
from the ice point to 425 F, except in those cases where the oils 


solidified before reaching those conditions, or became so viscous 
as to make the time of fall of the sinker in the falling-weight-type 
viscometer used excessive (over 1000 sec), or so fluid that the 
time of fall was less than 1 sec. Thus viscosities were limited 
to the range of about 4.5 to 540,000 centipoises. In the normal 
apparatus, shear stresses could be varied by a factor of about 
40:1, but a special apparatus was designed to extend this range 
to about 2000:1 in order to indicate possible non-Newtonian 
behavior. This part of the program deserves further investi- 
gation. 

The samples included a number of specimens of oils on which 
gear or other friction tests have been run, or are to be run by 

! Associate Professor of Mechanical Engineering, Rhode Island 
State College, Kingston R. I.; fo.merly Research Fellow, Harvard 
University, Cambridge, Mass. Jun. ASME. 

? Aircraft Gas Turbine Engineering Divisions, General Electric 
Company, Boston, Mass.; formerly Research Fellow, Harvard 
University, Cambridge, Mass. Jun. ASME. 

* Professor of the Practice of Mechanical Engineering, Harvard 
University, Cambridge, Mass. Mem. ASME. 

Contributed by the Research Committee on Lubrication and the 
Machine Shop Division and presented at the Annual Meeting, New 
York, N. Y., November 26-December 1, 1950, of Tue AmeRIcAN 
Soctety or Macnaxicat ENGINEERS. 

Nore: Stat t advanced in papers are to be 
—— as individual expressions of their authors and not those 
of the iety. Manuscript received at ASME Headquarters on 

baa 13, 1950. Paper No. 59—A-72. 


MELVIN MARK,? R. V. KLEINSCHMIDT® 


other laboratories, a group of narrow cut paraffinic and naphthenic 
lubricant-type oils, several oils with additives, and several pure 
compounds, which could be specified and used for check tests 
with data from other laboratories. 


APPARATUS 

The apparatus consisted of (a) equipment for producing, con- 
trolling, and measuring high pressures; (b) temperature-control 
equipment; (c) the viscometer and associated equipment; and 
(d) the density-measuring equipment. 

The pressure equipment was of the type used and described by 
P. W. Bridgman,‘ and much of it was loaned to us from his labora- 
tory. Fig. 1 shows the main parts of this equipment, including 
the hand pump delivering kerosene at pressures up to 30,000 psi, 
and the valve block which directs the k to either the hy- 
draulic press, the intensifier which preloads the press, or the draw- 
back cylinder which returns the piston of the press for another 
stroke. 

Pressure was measured by a conventional manganin-coil gage, 
calibrated at the freezing point of mercury (7640 kg per sq cm 
at 32 F) and read on a Carey Foster bridge. 

The viscometer was mounted in the cross-arm of a T-shaped 
pressure forging connected to an extension of the high-pressure 
cylinder of the press. The press was mounted horizontally in 
bearings so that it could be rotated 180 deg about its axis. 
Stops were adjusted such that at the end of the rotation the cross- 
arm containing the viscometer tube was exactly vertical. The 
extension of the press which carried the T-forging passed through 
the side of the constant-temperature bath through a conventional 
stuffing box. The bath contained a stirrer at each end, two 
control heaters, a precision mercury thermoregulator, and a 
calibrated ASTM type thermometer readable to 0.1 F. 
Water was used in the bath at 100, 77, and 32 F, and oil at 210 
and 425 F. The bath was well-lagged with 6 in. of vermiculite. 
Control heaters of 250 and 2000 w capacity and an auxiliary 
6000-w heater for starting were used. 

Fig. 2 is a cross section of the viscometer tube. A sinker 
falls vertically in a steel tube filled with the test lubricant, the 
time of fall being measured by the break and make of an electric 
circuit through insulated pins in the end plugs closing the viscome- 
ter tube. By using end plugs of various lengths, the length of 
fall can be changed, reducing the time of fall for very viscous oils. 

The viscometer fitted loosely in the pressure chamber so that 
the pressure transmitting fluid kerosene completely surrounded it. 
A collapsible reservoir, filled with the test oil and open to the 
viscometer tube, transmitted pressure froma the surrounding 
kerosene while preventing contamination of the sample. The 
pressure differentia] necessary to collapse the reservoir com- 
pletely was well below 1 atm. 

The sinker had four projections on each end to keep it con- 
centric with the tube, and to insure electrical contact with the 
walls at the end of the fall. The sinker and viscometer tube were 
of the same material to prevent differential compressibility and 
thermal effects. Three different sinkers were employed to 


‘ “The Effect of Pressure on the Viscosity of ers Pure 
Liquids,” by P. W. Bridgman. of the American 
Academy of Arts and Sciences, vol. 61, 1926, PP. 57-99. 
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extend the range of viscosity by changing the weight and clear- 
ance of the sinker in the tube. (A) had a solid body and small 
clearance, (B) had a solid body and large clearance, while (C) 
had a hollow body and small clearance. 


The viscometer parts were thoroughly cleaned with petroleum 
ether and assembled. The assembly was tested for leaks by 
toa cal applying air pressure and submerging in petroleum ether. It 

was then filled by placing in a vacuum chamber and, after 
egy a Ta evacuating, allowing the oil specimen to be forced in by atmos- 
Y, ¢ pheric pressure. This was repeated several times to insure 
umamen 77/7 the removal of all gas. The viscometer was sealed by a screw 
LEADS plug. 

Z-END PLUG / The viscometer was then connected to the insulated leads of 
Z / the terminal plug of the pressure chamber, inserted into the 
pressure chamber, and made tight. The temperature-control 
bath was filled and brought to temperature. The system was 
held at temperature for at least 1 hr before readings were taken. 
Then four to ten readings of time of fall were made to insure that 
conditions were steady, and to average out errors, especially 

at short times of fall. 

Pressures were set at intervals of 10,000 to 20,000 psi both 
increasing and decreasing, to check any change in the oil due to a 
leak of kerosene, or to an irreversible pressure effect. The 
maximum pressure was that at which (a) the time of fall reached 
1000 sec, or (6) solidification of some component of the oil made 
readings irregular, or (c) the entire sample solidified, so that the 
sinker did not start to fall, or (d) a pressure of 150,000 psi was 
reached. Runs were made usually at 77, 100, 32, 210, and 425 F, 
except for a series of pure hydrocarbons from API Project 42 
4), at Pennsylvania State College, which were run at 32, 68, 100, 
YYyy ih 210, and 400 F, for comparison with data taken at that college. 
Llde MMMM Consideration of the precision of setting temperature and 
2 Cnose Section of ViscomeTeR TUBE pressure, and the consistency of the check re saath nae ate that 
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the absolute viscosities are probably accurate to within 2 per 
cent, except at extreme conditions. 

Calibration. Althoughconsiderable theoretical work concerning 
the effect of temperature and pressure on the constants of this type 
of apparatus was carried out, for practical purposes the calibra- 
tion of the apparatus was based on atmospheric pressure runs 
with samples obtained from the Bureau of Standards. These 
gave consistent results over the entire temperature and vis- 
cosity range, within the precision noted. 

Results. The results are most conveniently plotted on a 
logarithmic viscosity scale. Figs. 3, 4, and 5 show viscosity as a 
function of temperature and pressure for three typical oils. 
Points represented by circles were taken with sinker (A), triangles 
with sinker (B), and squares with sinker (C). The points with 
vertical arrows indicate viscosity increasing with time (due to 
separation of solid components), while temperature and pressure 
were constant. Fig. 3 represents a synthetic lubricant, di-(2- 
ethylhexyl) sebacate. Fig. 4 is a paraffinic petroleum oil having, 
an approximate viscosity of 250 sec SUV at 100 F. Fig. 5 repre- 
sents a naphthenic petroleum oil of similar specifications. For 
the most part the curves are concave toward the pressure axis- 
the curvature decreasing as the pressure increases. Naphthenic. 
base oils show a tendency to reverse curvature at high pressurese 
They also show greater rates of change of viscosity with both 
pressure and temperature. Some oils showed a progressive 
increase of viscosity with time at high pressure. 

Determination of Densities. Density measurements were 
made on practically all samples on which viscosity measure- 
ments had been made in order (1) to determine corrections to be 
used in the calculation of viscosity; (2) find an empirical equa- 
tion for volume or density as a function of pressure and tempera- 
ture, and (3) if possible correlate density with absolute viscosity. 


Densiry Apparatus 


The high-pressure equipment used for the density measure- 
ments, with the exception of the actual density-measuring 
apparatus, was that used for viscosity testing. 

< 


of Artsand Seiences, vol. 66, 1931, pp. 185-233. 
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The method for measuring density is that used by Bridgman* 
with modifications to enable it to be used at high temperature 
and to increase the rapidity of testing. 

A cross section of the instrument for determining density, 
henceforth called the compressibility apparatus, is shown in 
Fig. 6. 


‘ ee a Liquids as a Function of Pressure and 
Temperature,” P. W. Proceedings of the, American 
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The test sample is sealed into a bellows which is soldered 
_ to end pieces, containing guides which prevent buckling. 
The guides are clamped in place and the bellows sealed. The 
bellows assembly is clamped to a sleeve by a nut. A piece of 
high-resistance wire is clamped into the 
free end of the bellows and, as the bel- 
lows is compressed, slides over an in- 
sulated knife-edge fixed in a block which 
in turn is clamped to the sleeve. Flexi- 
ble leads from the slide wire and a lead 
from the knife-edge are soldered to termi- 
nals which are connected to the leads ex- 
tending through the terminal] plug. 

The motion of the slide wire over the 
knife-edge is measured by an electrical- 
potentiometer method whereby the volt- 
age drop from thefree end of the slide 
wire to the knife-edge is compared with 
the voltage drop across an external slide 
wire. The circuits are such that the 
readings are independent of contact re- 
sistance and of the voltage of the battery 
used. Resistances in the circuit can be 
adjusted so that a wide range of sensi- 
tivity is possible. | 

The slide wires are calibrated to give 
the relation between the change in length 
and change in volume by means of a 
micrometer screw and a capillary tube 
to measure the change in volume. 
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Density Determination. The bellows assembly is carefully 
weighed empty, filled, and weighed again, so that the amount of 
sample is known. From the weight of sample and its known 
density at atmospheric pressure and an arbitrary reference 
temperature, the volume at these reference conditions is found. 
Knowing the calibration constants and the difference between 


a) 
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the slide-wire readings at the test point and at the reference 
point, the changes in volume are calculated. Several small 
corrections must be made to account for the compressibility 
and thermal expansion of the metal parts of the apparatus, and 
for the change in resistance of the internal slide wire with pressure 
and temperature. In this way the actual volume and density 
at test pressure and temperature are calculated. 

Fig. 7 shows the density as a function of pressure and tempera- 
ture for the oil for which the viscosity is shown in Fig. 5. These 
density curves are typical of all oils. 


EmpreicaL Equations ror Density 


The following nomenclature applies to empirical equations 
for density: 


T = absolute temperature, deg F 

pressure, psig 

specific volume, cc per gram 

= density, gram per cc 

initial volume or volume at atmospheric pressure and 
arbitrary reference temperature (usually 77 F) 

relative volume = ratio of actual volume to initial 
volume 


In the process of calculating the compressibilities of the various 
oils, it was found that if the negative reciprocal of the slope of 
the volume—pressure curves were plotted against pressure, the 
points fell on straight lines. This gave a means of deriving a 
general empirical] equation. 

Since the points can be represented by a straight line, then 


d 


=m+np . 


r 


Letting v, = v,, when p = 0 integration of this equation gives 


Vy = : log. (+ + 
n m/n 


The intercept m and slope n are found to be linear functions of 
the reciprocal of the absolute temperature 7. The slope n is 
then a linear function of the intercept m and the straight lines 
intersect at a point. The equations for m and n are 


. [2] 


[3a] 


where m; and n; are the values of m and x at the initial conditions 

and A(1/T) is the difference between the value of 1/7 at the 

initia] conditions and the particular temperature desired. 
Substituting Equation [2] into the relation, » = vv, 


t= »—— loge + :) 
n m/n 


It has been found by other investigators* and confirmed by 
these tests, that the density at atmospheric pressure is a linear 
function of temperature so that 


. [4] 


= — cAT) 
where c is a constant and AT is the difference between the initial 
*“Viscosities and Densities of Lubricating Fluids From —40 to 


700 F,” C. M. Murphy, J. B. Romans, and W. A. Zisman, Trans. 
ASME, vol. 71, 1949, pp. 561-574. 
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and the given temperature. Replacing v by 1/p, the final equa- 
tion for density is 


1 1 1 1 Pp 


_ This, together with the equations for m and n, enables the density 
to be calculated once the constants a, 6, c, m;, n;, and p; are 

known. 

; The isothermal compressibility at zero pressure, 8, can be found 

by differentiating Equation [4] and dividing by the volume at 

zero pressure. 
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EquaTIONs FoR VISCOSITIES 


cAT) 
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The following nomenclature applies to empirical equations for 
viscosities: 


pressure, psig 

absolute temperature, deg F 

absolute viscosity, centipoises 

absolute viscosity at atmospheric pressure, centipoises 

constant for a given oil (“pole viscosity”), centipoises 

constant for a given oil (“‘pole pressure’), psi 

pressure at which slope of log viscosity versus pressure 
curve at constant temperature is a minimum 

pressure coefficient of viscosity 

temperature coefficient of viscosity 

temperature coefficient of viscosity referred to re- 
ciprocal of absolute temperature 


p= 


VER ES 


Analysis of the viscosity data shows that if the logarithm of 
the absolute viscosity is plotted against pressure at constant 
temperature, the tangents drawn to each curve at zero pressure 
meet at a point. This is shown in Fig. 8 for a typical oil. 

This point of intersection may be called the “pole” with co- 
ordinates (—P) and (log up). The initial slopes are then given 
by the equations 
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Thus the pressure coefficient of viscosity at atmospheric pressure 
is a linear function of the log viscosity. Rewriting Equation 
[7] as 


loge He = loge up + PCy... [8] 


it is seen that if log yw, is plotted as a function of the pressure 
coefficient C,,, the slope of a straight line through these points 
is the pole pressure P, and the intercept on the loge mp axis, that 
is where C,, = 0, is the logarithm of the pole viscosity, loge up. 

To determine these constants without resorting to a statistical! 
curve fitting procedure, the following graphical method was 
used: 

The slope of the secant line passing through each successive 
pair of log viscosities plotted against pressure was calculated 
and plotted against the average pressure corresponding to these 
points. A smooth curve through these points gives the pressure 
coefficient at atmospheric pressure as the zero-pressure intercept. 
This was plotted against the corresponding log viscosity at 
(.tmospheric pressure and a straight line drawn through the points. 
The slope P, and intercept (loge up) were then scaled off the plot. 

The next step toward obtaining a general empirical equation 
was to find a relation between viscosity and temperature. An 
equation of the form 


1 
loge (loge uw, — loge up) = A+ B—. (9) 


T 


where A and B are constants fits the observed points for most 
oils. From this, by differentiation 
i _ 
u, d(1/T) 
or in logarithmic form 
loge Cr,’ 


The constants A and B can be found by differentiating 


Te = B(loge — loge pp). . {10} 


= lg B+A+B/T.. 


numerically the logarithms of the observed viscosities at atmos- 


~ LOG VISCOSITY 


LOG Me 


PRESSURE 


Fie. 8 Inrersection or TANGENTS TO Loc-Viscosity Curves 


\p-0 


_ pherie pressure with respect to 1/7 and plotting the derivatives, 


_ which are equal to C;,’, on semilogarithmic paper against 1/7. 


_ ‘From the slope and vertical intercept the constants A and B 
ean be found by calculation. 
a Equation [9] can also be written in the form 


= 


i: as Referring to Equation [7] for the pressure coefficient and 
eae {10} for the reciprocal temperature coefficient, it is 
seen that (loge 4, — loge Mp) occurs in each. 

_ expression from the equations a relation between the coefficients 


Eliminating this 


Ou 1 Ou! 

Op'p=o0 

_ It is obvious from Equations [8] and [9] that P and B must have 
+ the dimensions of pressure and temperature. Thus the equation 
can be written as 


fe) 


T) ~ O(p/P) 


p=0 
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complete equation for viscosity is 


The variables B/T and p/P can be taken as a dimensionless 
temperature and pressure, respectively, and at atmospheric 
pressure have equal effects on the viscosity. 


GENERAL EquaTION FoR VISCOSITY 


The general equation for viscosity was derived for the complex 
behavior of the curves as exemplified by the oil shown in Fig. 5. 
The procedure adopted was to fit an equation to the pressure- 
derivative curves and then integrate to get the final equation. 
These derivative curves appeared to be symmetrical about a 
pressure P; equal to the pressure of minimum slope. P, is a 
linear function of temperature. It was found that a curve of 
the form shown in Fig. 9 gave an excellent fit. 

The corresponding equation is 


O(log. #) _ Ofloge 
Op Op ip=0 ig 


e79/P + /P 
1—Gi1— 
l+e 


~~? ntegrating and determining the integration constant from the 
condition that loge u = loge u, when p = 0, and substituting 


Equation [12] showing the variation with temperature, the 
loge = Ce {1 + P pee 


By a simple transformation Equations {15} and [16] can be 
written in the forms 


cosh 


1— 


cosh > 


O(loge w) _ CeB/? 


sinh — sinh 


P; 
cosh P 


Smpiiriep Equations 


For these oils which have log-viscosity curves with continuously 
decreasing slope ending in freezing points, the foregoing equations 
may be simplified by letting P; + ©, and, therefore, e~*’/” + O, 
at all temperatures. Equations [16] and [15] become 


+ = -G [z —(1 — us 


uM, 


B/T 
= — Gn — 
Pp 


Discussion oF REesuuts 


The authors are indebted to Mr. Mayo D. Hersey who has 
surveyed the entire literature on high-pressure viscosity in a 
report to the Society.’ 

™ Coordinated Data on Viscosity of Lubricants Under High 
Pressure’’ by M. D. Hersey; in 6 progress reports—particularly 

Report 6, “Empirical Equations.” Research Committee 


7 


Fic. 9 Curve anp Equation From Watca a Generar Equation 
ror Viscostry a8 A Function or Pressure ke Dertvep 


A study of the empirical equations presented to date and 
described in that report indicated that all had inherent limita- 
tions which would prevent extension to cover the data at the ex- 
tended pressure and temperature range now available. Even 
the equations presented in this paper are limited in range, 
although not enough information is yet available to make a 
complete study of the limitations. The indications are that the 
equations are good for petroleum oils within the range tested, 
but may not be very accurate for the lower pressures at tempera- 
tures much above 425 F. Tests on a synthetic lubricant and some 
pure hydrocarbons show that for these fluids the range of ap- 
plicability is somewhat narrower than for petroleum oils. 

Of particular interest is the product BP which does not vary 
too greatly from oil to oil. This constant is the ratio between 
the temperature coefficient with respect to the reciprocal of the 
absolute temperature and the pressure coefficient. If this had . 
proved to be a universal constant, the viscosity at low pressures 


could be predicted with good accuracy from a knowledge only 
of the variation of viscosity with temperature at atmospheric 
pressure. As it is, good estimates can be made from the data 
available, though it is premature to state any best value of the 
constant BP to use until all oils have been analyzed and the 
possible correlations investigated. 
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Discussion 

A. Bono1.* The development of high-pressure and high- 
temperature equipment to a point permitting the execution of 
measurements on nearly a routine basis requires not only enthu- 
siasm and perseverance but also unusual mechanical skill and 


* Shell Development Company, Emeryville, Calif. 
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pee liquids to a fair degree of approximation. 
_ should permit greatly simplified presentation of the compressi- 


any “pole” 


the so-called internal pressure, is equal. 
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resourcefulness. The combination of this technical accomplish- 
- ment with the patient evaluation of the data presented in this 


a paper has enabled Professor Kleinschmidt’s team to put at the 
_ disposal of the engineering profession a piece of work which will 
rank as a milestone in the field of fundamentals of lubrication. 


__ Regarding the evaluation of the data the following comment is 
offered. 

__ Equation [i] indicates that the bulk modulus of liquids in- 

~ creases linearly with the pressure. The writer has examined the 

relation B-! «p and found that it holds for many but not for all 

Where it holds it 


bility data. The exponential Relation [2] between pressure 


and volume of liquids, which is similar to that proposed by 
_ Bridgman® and probably of similar limitations, bears close rela- 


_ tionship to the exponential character of the repulsion term in the 

London interaction energy equation for molecules in the liquid 
_ state. In view of the nonspecific nature of the repulsion forces 
between essentially hydrogen-covered molecules one should ex- 


pect that the numerical values of the constants in Equation [2] 


do not vary over wide limits for the various oils studied. It 
_ would be interesting to learn how far m and n differ from average 


:; _ values for the series of oils tested, also in view of the “general” 


formula for the p-v relations of oils given by Dow and Fink.” 
2 The approach to the formal viscosity-pressure relations given 

_ is interesting, but great caution should be exercised in the use of 
systems derived from finite slopes. They depend 
rather heavily on the technique chosen for their determination, 

and the resulting number should be viewed as comparative only. 
_ The situation may be improved somewhat by the use of kinematic 


viscosity which tends to flatten the curves, but, maybe, no poles 


are then obtained. The general relationship between tempera- 
ture and pressure coefficient of viscosity, Equation [13] of the 
paper is nearly identical with an equation recently presented 
_ by the writer." The approximate universality of the product 


_ BP observed by the authors for their oils should—according to 


theory—hold for those simple liquids for which (0#/dV),, 
For the high-molecular- 
weight liquids of this investigation there is the additional require- 
ment, that the ratio (0 In In v/31/T~*), be equal 
for the liquids tested. A short calculation of the available data 
_ shows that the first condition is reasonably well fulfilled for many 
of the oils tested, and, in view of their similarity in basic chemical 
composition this is to be expected. 

From published data"? one observes that the second condition is 
quite well fulfilled, most mineral oils exhibiting nearly the same 
_ value for this ratio at a given temperature. A theoretical reason 
cannot be given for this peculiarity. It may be wholly fortuitous. 

Discussion of the implication of the authors’ data for the theory 
of the liquid state would be beyond the scope of this comment 
and will be presented elsewhere. 


M. D. Hersey.'"* The authors and the Society are to be con- 


* “Physics of High Pressure,"’ by P. W. Bridgman, The Macmillan 
Company, New York, N. Y., 1931, p. 135. 

1° “Computations of Some Physical Properties of Lubricating 
Oils at High Pressure,’’ by R. B. Dow and C. 
Applied Physics, vol. 11, 1940, p. 353. 

11 “Viscosity and Molecular Structure,” by A. Bondi, presented 
at the Symposi on F tals of Lubrication, March, 1950, 

. bela by the New York Academy of Sciences, New York, N. Y. 
, 2 “Notes on the Rabe Process Theory of Flow,” by A. Bondi, 
4 ieaken of Chemical Physics, vol. 14, 1946, p. 591. 
13 U. 8. Naval Engineering Experiment Station, Annapolis, Md. 


RY - Fellow ASME. Statements made in this discussion are the private 


opinions of the writer and should not be construed as official, or as 
reflecting the views of the Navy Department or the Naval service at 


darge. 


E. Fink, Journal of 


gratulated on the successful completion of the high-pressure vis- 
cosity project summarized in the present paper. Of outstanding 
interest are the high temperatures reached, which are unusual 
in high-pressure investigations, and the iri i 
proposed. 

The equations for viscosity in terms of pressure and tempera- 
ture, for example, Equation [19] of the paper, indicate that the 
pressure and temperature expressions on the right side are com- 
pletely separated, which is a great convenience. Putting p = 0 
in this equation and defining ws as the atmospheric viscosity at 
some chosen standard temperature, we have the equation of the 
isobar for atmospheric pressure. This may be written 


Mo 


if the symbol y; is introduced for the viscosity at any tempera- 
ture at atmospheric pressure. 

To express the isothermal relative viscosity u/s, which is fre- 
quently of practical importance, we subtract Equation [21] of 
this discussion from the authors’ Equation [19], replacing 7 by 
a constant value 7, in both equations, thus finding 


(22) 


log, K [(1—G)p + 


Here K denotes Ce®/T*, while G and P are also empirical con- 
stants. 

The isotherm derived from the authors’ Equation [19] contains 
three empirical constants on the right-hand side, whereas O. M. 
Long and the writer have found that the generalized Karlson 
equation, containing two constants only 


p\" 

gives an excellent fit to the experimental! isotherms not showing 
points of inflection. However, in Equation [23] herewith, both of 
the constants n and k may depend on the temperature; while in 
Equation [22], all temperature effects are combined in a single 
constant K. 

The “Coordinated Data” study mentioned by the authors in 
their footnote 7, now being revised for publication, provides the 
historical background for the Harvard investigation. Table 1, 
herewith, reproduced from our forthcoming report on this study, 
shows the extent of the published data. Table 13 from that 
report (Table 2 of this discussion) typifying a long series of simi- 
lar tables, indicates the process of co-ordination that was applied 
uniformly to all data, with the aid of graphical isotherms for the 
relative viscosity logarithms against pressure. 

In Table 1 the “Ref. No.” refers to the bibliography accom- 
panying the report. To convert the pressure range in metric 
atmospheres (kilograms per square centimeter) into pounds per 
square inch multiply by 14.2. In Table 2, Z, denotes the viscos- 
ity at atmospheric pressure; (mp/dF) denotes the viscosity- 
temperature slope in millipoises (tenths of a centipoise) per degree 
F; Dis the percentage drop in the relative viscosity logarithm 
below a straight line tangent at origin, taken arbitrarily at 1000 
atm pressure; it measures the curvature of the graph, while }, is 
the pressure coefficient of viscosity, evaluated at atmospheric 


pressure. 

The “Coordinated Data” report contains a graphical correla- 
tion of the b, values with the log slope values (mp/dF) similar 
to that published by Kiesskalt in 1929. His correlation is 
confirmed as a first approximation over a moderate range. The 
true pressure coefficients come slightly higher. The variations 
fount are not curprising, the much 
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* More fully reported in later references. 
neludes fractionated oils and oils with viscosity index improver. A, B, G, J, and R identify the — a a 
American, British, German, Japanese, and Russian investigations, using subseripts when more than one 


TABLE2 HIGH-PRESSURE DATA, A» 
(Fatty Oils, continued) 
Oil no. ——3 (Sperm)——— ———4 (Lard) ——-——. —5 (Oleic acid)- 
Isotherm 9 1 12 
Temp, deg C 40 
hae deg F 7 104 
ep. 3 7 7 26 
Recative Viscostry Locarrrums 
0.32 . 0.345 0 305 
0.60 0.64 0.60 
8 8 1.07 
s 


ir x = 
Nore: §, solidifi for 1, 700 atm at 77 F, 1300 
at 167 lord oil, 1800 atm at 7 3000 at fad 6800" at 167 F F 4 + oleic 1300 ad 


and 4500 at 167 F. | A» identifies A second Lccaant investigat 
man; on oils by Kleinschmidt it). ‘ane — 


_ number of observations now available, even before those of the ox] 
thus leading to greater load capacity. This advantage is par- 0.0018 
ticularly important when the bearing is heavily loaded but is 
offset somewhat by increased friction. However, additional 
_ friction generally can be tolerated if accompanied by additional 
load capacity. This problem was investigated some years ago 
_ in Dr. Kingsbury’s laboratory as part of a study of roll-neck 
bearings and the following illustrative example is taken from this 
work.'5 
Fig. 10 of this discussion gives a typical curve of friction- 
_ coefficient variation with unit loading for a 120-deg fitted bearing 
_ 4 in. diam and 4 in. wide, running at 23.8 rpm, lubricated by 
heavy cylinder oil. In this case, test results show that the fric- 
tion coefficient reaches a minimum at about 3900 psi of projected 
area and then begins to increase with added load. According to 
_ calculations based on uniform film viscosity, the curve should 
continue to drop with increasing load. Since the upswing of the 
~ test curve was not due to metallic contact, it was suspected that 
high pressure from increasing load was causing viscosity increase cucttates —~| 
in the oil film. FOR MINIMUM FRICTION 
A mathematical approach to the problem was attempted for 
_ the case of plane surfaces with no side leakage. From Fig. 11 
the relative effects under comparable operating conditions appear 
- to be the same as in the test. Curve \ was computed for an 
- assumed viscosity increase with pressure, while curve A, is based 
; ts on “uniform viscosity. For the conditions under which the tests 
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14 Service Manager, Kingsbury Machine Works, Inc., Philadel- de om Pa - LOAD PER UNIT AREA 


16 “Influence of Pressure on Film Viscosity in Heavily Loaded ow ” LB./SQ. IN. OF PROJECTED BEARING AREA 


— ” by 8. J. Needs, Trans. ASME, vol. 60, 1938, PP. 347- 358. 
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and calculations were made, both friction and mean film vis- 
cosity are increased approximately 150 per cent, and the load 
capacity is increased about 60 per cent, when the unit load is 
about 3000 psi. Other tests are reported and the question dis- 
cussed in some detail in the reference cited. 


B. L. Newxrek.” The Special Research Committee on Lubri- 
cation has been interested in the viscosity of lubricants under 
high pressure for some time. Several years ago we asked Mr. 
Hersey to collect and co-ordinate all the published data in the 
period from 1916 to date. This proved to be a big job. The 
report which is referred to briefly as the ‘Coordinated Data,” 
is voluminous and it is already out of print. Mr. Hersey is now 
preparing a more concise summary which is nearing completion. 
This work has involved much more than mere compilation be- 
cause of the diversity of languages in which the articles were pub- 
lished, the different units employed, and the different means of 
presenting the data. 

Early in this study of published data it became evident that 
further experimental work was desirable on a much more com- 
prehensive and unified basis, and especially with more care in the 
selection and identification of the samples tested. The commit- 
tee appealed to industry for the support of such a program and 
arranged to have the work done at Harvard under the super- 
vision of Professor Kleinschmidt, himself one of the pioneers in 
this field. For selection of the samples and direction of the work 
an advisory board was organized of very able men who have 
specified the samples, participated in their preparation, and made 
the tests of physical properties necessary for their identification. 
For future reference small samples have been sealed in glass 
and stored at Pennsylvania State College. The broad range of 
temperature (32 to 425 F) and pressure (atmospheric to 
150,000 psig) are worthy of note, as also the considerable number 
of fluids tested (42). It is hoped that these results, plotted and 
with some discussions and correlations, will be published within 
a few months. 

To supplement this study and promote its early application, 


Itant Schenectady, N. Y. 


higher rate of viscosity increase with pressure. 


it is planned to set up a program of machine-element tests. This 
program should be laid out on a broad basis and with an appre- 
ciation of the fact that possible applications of this new knowl- 
edge cannot be listed completely in advance. We plan to en- 
list a new advisory board of men having special knowledge and 
experience in the application of Jubrication. Co-operation of 
various existing laboratories will be requested. It is hoped that 
this can be done without another appeal for funds. 


A. F. Unperwoop.” Our interest in the effect of pressure on 
the viscosity of lubricating oils has been from the viewpoint of 
the user. While it may be very desirable to know the pressure- 
viscosity relations determined in the work carried out by the 
authors, their usefulness to us is dependent upon their correlation 
with lubricant performance in machine components. This 
means that it would be of particular interest to know something 
about these effects at high rates of shear, since in bearings and 
gears where the pressure-viscosity effect is said to be an impor- 
tant factor, high shear rates are almost always present. 

From data obtained in falling-ball viscosimeters, one would ex- 
pect a large gain in load-carrying capacity when using an oil such 
as that described in Fig. 5 of the paper, as compared with one such 
as is described in Fig. 4. The naphthenic oil of Fig. 5 bas the 
At 50,000 psi, 
_ which pressure can be rather readily obtained in a bearing or gear, 


_ naphthenic oil at 210 F has a viscosity about 200 times greater 
_ than at atmospheric pressure. 


Under the same conditions, the 
paraffin oil has a viscosity about 70 times greater. It would, 
therefore, seem that the naphthenic oil should show an apprecia- 
ble increase in load-carrying capacity due to its higher viscosity 
under load, yet we are not aware of such a result. 

Some years ago Needs" found an improvement in the load- 
carrying capacity of partial bearings when using various fluids 
exhibiting large pressure-viscosity relationships. He found also 
that a higher rate of viscosity increase with pressure gave higher 
friction, which was interpreted as being due to this factor. How- 
ever, his tests were made at fairly low shear rates so that no ap- 
preciable heat would be generated. 

On the other hand, Everett” found that oils having a high rate 
of pressure-viscosity increase gave higher operating temperatures 
than oils having a low rate of pressure-viscosity increase. This 
may offer an explanation of why we do not benefit materially from 
the use of naphthenic oils in gears or bearings. It could well be 
that the increased viscosity automatically generates more heat 
which in turn reduces the viscosity. The net result is approxi- 
mately the same thickness of oil film and load-carrying capacity 
regardless of the pressure effect. 

To determine if it is possible to use falling-ball viscosimeter 
data as a measure of the load-carrying capacity of a lubricant, it 
might be well to select two or three of the oils found to have the 
greatest pressure-viscosity differences and to run them in asuitable 
bearing or gear-testing machine under actual operating conditions. 
If a correlation between the data and machine performance can be 
found, it will allow us to use the data for more than the lubrication 
of falling-ball viscosimeters. 


Avutuors’ CLosuRE 


The fact that Dr. Bondi has shown some theoretical justifica- 
tion for some of the empirical equations is received with considera- 
ble gratification. Since so many empirical relations had been 


17 Head, Mechanical Engineering Department No. 5, Research 
Laboratories Division, General Motors Corporation, Detroit, Mich. 
Mem. ASME. 

18 “Influence of Pressure on Film Viscosity in Heavily Loaded 
Bearings,” by 8S. J. Needs, Trans. ASME, vol. 60, 1938, pp. 347-358. 

1* “High-Pressure Viscosity as an Explanation of Apparent Oili- 

1, 1937, pp. 531-537. 
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_ of values depending on the type of the oil, 


presented in the literature, it seemed to be an impossible task to 
see which of the existing relations gave the best fit to the new data 
being found by this project. Therefore, as soon as sufficient 
data had been accumulated, a fresh start was made from a purely 
empirica] standpoint to see what new equations, if any, could be 
developed to fit these data. Dr. Bondi had discussed his theoreti- 
cal results with one of the authors when this analysis was nearly 
completed and gave considerable encouragement toward justify- 
ing results obtained from a direct curve-fitting process. 

The numerical values for the constants in the empirical equa- 
tions can be found elsewhere,*® as calculated for nineteen oils. A 
summary indicating the range of values for the constants in the 
density equations is as follows, with the mean value first, then 
the maximum and minimum: C (deg F~') = 4.04 X 10~*, 4.32 x 
10~*, 3.64 X 10~*; mi(psi) = 23.9 X 10‘, 29.0  10*, 18.8 X 
a(deg F) = 920, 1042, 817; n = 11.5, 12.8, 10,5; b(deg. F) =219, 
318, 143, These are tentative values obtained by simple graphi- 
cal methods. The observed densities were compared with Dow 
and Finks’ curves. The agreement was good only over very 
limited pressure ranges up to 20,000 psi at 32 F and up to 40,000 
psi at 210 F. The range of agreement is limited since Dow and 
Finks’ equations are parabolic and must give a density decreasing 
with pressure at the higher pressures, which is obviously impos- 
sible. The logarithmic curves were found to give very good 
accuracy over the entire pressure range at al) temperatures. 

This equation for density has the disadvantage of being com- 
plex in form and containing a multiplicity of constants. There 
is a good probability that further investigation will simplify the 
equation or correlate some of the constants. 

The difficulty of determining a “pole” was recognized in ob- 
taining the constants for the viscosity equations. Other graphi- 
cal methods were used which tended to minimize this difficulty. 
The “pole” concept has little utility except to show the form of 
the equations. 

A review of the numerical values of the constants was too 
lengthy for this paper since they fell into widely differing groups 
For example, par- 
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affinic oils gave a value of P = 45,000 psi and naphthenic oils gave 
P = 30,000 to P = 33,000 psi. A pure hydrocarbon gave P = 
55,000 psi. A study of the chemical properties of these oils un- 
doubtedly will show a correlation with these constants. The 
average of the constant BP for 19 samples is 5.12 X 10 (deg F X 
psi) with a range from 112.9 per cent to 80.3 per cent of this 
value. There is no constant difference between the constants for 
paraffinic and naphthenic oils. The average of the values for 
the hydrocarbon oils only is 5.30  10* (F) (psi). 

Thanks are extended to Mr. Hersey for his simplifications of 
the equations. The reason for using the equations presented was 
to enable representation of curves that have a reversed curvature 
by a simple extension of the equation for curves without the in- 
flection points. 

Two other types of equations were investigated; (a) a hyper- 
bolic form, and (6) a logarithmic form. Both can represent the 
viscosity very well as a function of pressure and stil] include the 
inflection point. However, both failed to show the derivative, 
or pressure coefficient, as well as did the exponential form pre- 
sented in this paper. 

In answer to Mr. Underwood’s comments on the rate of shear, 
no discernible effect could be found over the limited range of 
shear stress available in the falling-weight viscometer. This type 
of viscometer is inherently not suitable for varying shesr stress, 
since to get a different value of stress a new sinker must be used, 
requiring a reassembly of the whole apparatus. The change of 
viscosity due to change of shear stress, if present, is thus ob- 
scured by the variations between sinkers, and the difficulties of 
reassembling exactly in the same way and setting exactly the 
same conditions of pressure and temperature. An improved type 
of viscometer was tried but could not be developed to the point of 
getting reliable readings in the time available. 

A point of further investigation to lead to possible correlation 
with load-carrying capacity is what may be termed an “adia- 
batic viscosity coefficient.’ This would be the change in viscos- 
ity under conditions of sudden compression, such as between 
gear teeth, where there is little time for heat to be transmitted to 
the surroundings. The naphthenic oi] would have a larger de- 
crease in viscosity due to the temperature rise resulting from 
compression, which would oppose the viscosity increase due to 
pressure and might give a resultant viscosity change more com- 
parable to that of the paraffinic oils. 
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of Oil-Film Bearings With 


By A. E. 


ROACH, 

This paper describes an experimental study of the 
embedability of bearing materials, i.e., the ability of bear- 
ing materials to operate on lubricants containing abrasive 
particles. It is found that the rate of temperature rise 
suffered by the bearing when abrasive-containing oil is 
introduced into it offers a convenient criterion for rating 
the embedability performance of various bearing mate- 
rials. Data are presented on the effect of varying babbitt- 
overlay thickness and copper-lead composition of gridded 
surfaces and of oil grooves. Relative embedability rat- 
ings for seventeen different bearings are correlated with 
wear rates. 


I ' MBEDABILITY,? which may be defined as the ability of 
a bearing material to tolerate abrasives, is a property of 
considerable practical importance in the application and 

operation of bearings, but it does not appear to have been exten- 

sively investigated. 

The scarcity of published information on the subject results in 
part from the fact that in the older classes of machinery the 
bearing loads were so light that thick babbitt was the bearing 
material of choice, and the excellent embedability of this ma- 
terial precluded serious difficulties from abrasive particles. As 
bearing loads increased, however, it was found that babbitt was 
unsuitable for some applications due to its low fatigue strength, 
particularly at bearing operating temperatures. To obtain 
bearings of greater fatigue strength, designers turned to harder 
materials, such as bronzes and copper-leads, as alternatives for 
babbitt. 

Because of their greater hardness, the new materials compared 
unfavorably with babbitt as regards embedability. Difficulties 
from abrasive particles were largely avoided, however, as a result 
of the use of babbitt facings or overlays which were employed to 
improve the score resistance of the bearing surface. While pro- 
duction limitations necessitated making the first overlays rela- 
tively thick, a circumstance which favored embedability, it was 
clearly recognized (2) from the outset that for best fatigue 
strength the overlay should be as thin as possible, consistent 
with wearing qualities. Consequently, the trend has been to re- 
duce overlay thickness as much as precision manufacturing 


1 Research Engineer, Research Laboratojies Division, ('eneral 
Motors Corporation. 

2 The term “‘embedability’’ was first used in 1936, by H. C. Mougey 
(1)* who defined it as follows: 

“Embedability is the property of a bearing that permits the em- 
bedding of small! particles of dirt in the bearing, thus decreasing the 
abrasive action of these small particles. Examination of a used 
babbitt bearing will usually show many small particles of iron, or 
other hard material; but these have been embedded to such an ex- 
tent that they no longer tend to cause abrasion.” 

* Numbers in parentheses refer to the Bibliography at the end of the 


paper. 

Contributed by the Research Committee on Lubrication and Ma- 
chine Design and Petroleum Divisions and presented at the Annual 
Meeting, New York, N. Y., November 26-December 1, 1950, of Tue 
American Society oF MecHanicat ENGINEERS. 

Nore: Statements and opinions advanced in papers are to be 
understood as individual expressions of their authors and not those 
of the Society. Manuscript received at ASME Headquarters on 
August 16,1950. Paper No. 50-—A-36 
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would permit. At present, overlay thicknesses of 0.001 in. or 
less are not unusual. While such thin overlays are satisfactory 
from the viewpoint of fatigue strength, they are of an order of 
magnitude such that, with present filtration practice, embeda- 
bility begins to assume practical importance as a property of the 
bearing material. 

Recent interest in higher compression ratios as a means of im- 
proving the fuel economy of internal-combustion engines indi- 
cates that the trend to higher bearing loads will continue. While 
the increase in load places an additional premium on fatigue 
strength, the reduction in oil-film thickness accompanying this 
increase in load makes the req nt for embedability more 
exacting. To determine the most suitable compromise between 
the conflicting requirements of fatigue strength and embeda- 
bility in a given bearing application, the need has arisen for 
quantitative information to supplement qualitative experience. 
rIt is the aim of the present paper to contribute toward the satisfy- 
ing of this need by describing an experimental method of com- 
paring the embedability performance of bearing materials, and 
by summarizing the principal results of exploratory studies which 
have been undertaken using the method. 


Crireria ror EmBepasitiry PERFORMANCE 


In a journal bearing, the various forces (applied load, oil-film 
pressure, and viscous friction) acting on the journal cause it to 
assume an equilibrium position such as is represented in Fig. 1. 


HOLE 


Cross Section or Journat Bearine 
ParticLe 


Fic. 1 Empeppep 


In accordance with the principles of hydrodynamic theory, the 
lubricant source is located where the pressure is low and the clear- 
ance is large; this places it roughly opposite the minimum film 
thickness hmis. A hard abrasive particle entering the bearing 
through the oil-supply hole will be carried by the oil into the 
wedge-shaped, or converging, clearance extending from hmax to 
hein. If the particle is smaller than the clearance at hmia, it will 
pass through the bearing without any effect other than whatever 
slight influence it may exert on the viscosity of the lubricant in 
its immediate vicinity. If, on the other hand, the particle size is 
greater than the clearance at hmia, the particle will have a marked 
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effect on the performance of the bearing. It is this effect with 
which we are presently concerned. 

Let us consider what happens when the particle comes into 
contact with the converging bearing and journal surfaces. Be- 
cause contact exists between the particle and journal on the one 
hand and the particle and bearing on the other, solid friction 
_ forces tend, by rolling or dragging, to carry the particle farther 
into the converging clearance space. This can be accom- 
plished only by displacing bearing material in the track of the 
particle, resulting in damage to the bearing surface. At the same 
time, the rubbing of the rotating journal on the slower-moving 
particle abrades a circumferential track on the journal, resulting 
in damage to the journal surface. Both of these processes— 
plowing of the bearing and cutting of the journal—continue until 
the particle has become sufficiently embedded and the journal 
sufficiently worn so that solid contact between journal and particle 
no longer occurs. The extent of the journal damage will depend 
upon the hardness of the journal and, more importantly, upon 
the softness of the bearing, since it is the latter that determines 
the effectiveness of the embedding process. In any event, 
abrasion of the journal will always occur; embedding alone 
will not completely remove the particle from contact with the 
journal. 

The foregoing description supposes that the particle is con- 
siderably harder than either the bearing or the journal. If the 
particle is composed of a frangible material, such as sand, alun- 
dum, or hard carbonaceous matter, it may be crushed in the con- 
verging clearance space. Such crushing will modify the resulting 
damage but will not eliminate it entirely. 

No one has ever actually observed such a sequence of events 
as we have described. The description is, of course, purely imagi- 
nary. We are presently able only to observe the effects of these 
events. In the case of severe abrasive action, the observable 
effect is the scoring or seizure of the bearing. In the case of 
milder abrasive action, we can examine the bearing and observe 
abrasive are in itsisurface, we can 


the like. Similarly, we can see 
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that the journal is abraded, and we can measure the degree and 
extent of this abrasion by various means. 

We also can observe the effect of these events on the opera- 
tion of the bearing. The primary effect is, of course, the increase 
in friction due to rubbing, cutting, and plowing at the point 
where the particle is in solid contact with the journal and bearing. 
This increase in friction will, in turn, produce secondary effects 
such as reduction in journal speed and increase in bearing tem- 
perature. It is these secondary effects which most conveniently 
lend themselves to quantitative study and which are most readily 
reproduced in laboratory tests, 


APPARATUS AND PROCEDURE 


The apparatus used in the tests consists of an Underwood cen- 
trifugal bearing test machine, Fig. 2, which has been modified 
to permit the introduction of abrasive-containing oil to one of the 
test bearings. Since the basic machine has been described else- 
where (3, 4), only its principal features will be recalled here. 

Fig. 3 is a schematic sketch of the machine as modified for em- 
bedability testing. The long flexible shaft A is supported at its 
ends by sleeve bearings B, B, while a pair of test bearings C and 
T are located on the center of the shaft and are supported by 
means of connecting rods DC and DT. 

The test bearings are loaded by means of eccentric weights 
E, E keyed to the shaft, the additional weights F, F being pro- 
vided for static balancing of the shaft and for preventing edge- 
loading of the end bearings. The load varies sinusoidally in such 
a manner as to simulate engine load conditions and is a function 
of the journal speed and the mass of the eccentric weights. The 
total load on the test bearings at 4000 rpm is 4800 Ib, or 3000 psi. 

The two test bearings are of the split insert type, having a nomi- 
nal diameter of 2°/i. in. and a length of "/, in. Bearing clear- 
ance is fixed at 0.0015 + 0.0002 in. Both bearings run on a com- 
mon journal which is a replaceable sleeve of SAE 1045 steel, 
heat-treated to a hardness of 26-29 Rockwell C and ground to a 
surface finish of 10 + 2 microinches rms. 

Two sources of oil are provided: (a) clean oil from the sump, 


containing oi] from a separate mixing tank. 
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- The tank is fitted with an electric stirrer, heaters, and tem- 
.< perature regulator. Air pressure is used to force the abrasive- 
containing oil from the mixing tank to the test bearing. The 

capacity of the tank is approximately 2 gal. 
: Oil is supplied to one of the test bearings 7 through an oil- 

: inlet hole drilled 60 deg above the parting line in the side of the 
connecting rod DT. The other bearing C receives oi] through 


the shaft A. Only the test bearing T receives abrasive-contain- 


PG - ing oil from the tank; the other bearing C is always run on clean 
oil and is used as a control for inspection, journal wear, and other 
comparisons. 
In carrying out the test, the test bearings are first run-in with 
— clean oil (SAE 30 viscosity) at a pressure of 30 psig and are 
brought up to a speed of 4000 rpm. The oil-inlet temperature is 
not specified but is varied to control] bearing temperature. When 
the bearing temperature has stabilized at 350 F = 5 F, abra- 
_ sive-containing oil, which has been separately heated to a tem- 
perature of 255 F + 5 F, is then introduced into the test 
ma bearing T at a supply pressure of 50 psig. Thermocouples are 
used to measure (a) test-bearing temperature, (b) companion- 
bearing temperature, (c) clean-oil inlet temperature, and (d) 
_ abrasive-containing-oil temperature. These temperatures are 
recorded continuously by means of recording potentiometers. 


Errect or ABRASIVE CONCENTRATION 


Fig. 4 shows that the relationship between the rate of bearing 
_ temperature rise following the introduction of abrasive-contain- 
_ ing oil and the concentration of abrasive in the oil is sensibly 
linear for babbitt (Pb 92.5, Sn 4, Sb 3.5) in the range of concen- 
- trations tested, the plotted points being the averages of at least 
two runs each. In this case, the abrasive charges were taken 
_ from a sample of crystalline alumina having a nominal! diameter of 
28 microns. Fig. 5 shows the corresponding data for rate of 
journal wear. 
An important consequence of this linear relationship, which 
has been found to hold true for other materials tested in this 
manner, is that it indicates the possibility of carrying out com- 
parative embedability tests on bearing materials by using a fixed 
concentration of abrasive and by extrapolating the results thus 
obtained to other concentrations in the range for which the rela- 
tionship has been found to hold. 

It will be noted that Fig. 4 has been divided into two parts 
designated range 1 and range 2. An interesting characteristic of 
these tests is that babbitt bearings tested with abrasive con- 

centrations in range 1 generally exhibit a restabilization of tem- 
_ perature following the period of uniform temperature rise, de- 
te spite the continued introduction of abrasive-containing oil, the 
temperature-time curve having the general form shown in Fig. 6. 
When babbitt bearings are tested with abrasive concentrations 
in range 2, there is no restabilization of the bearing temperature. 
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Instead, following the period of uniform temperature rise, there 
is a sudden increase in temperature and the bearing immediately 
fails. The temperature-time curve typical of range 2 is shown 
in Fig. 7. All bearings following this temperature pattern have 
been found to have the oil-inlet hole plugged with babbitt which 
has been congealed by the cooler incoming oil. 

No determinations have been made of the transition between 
ranges 1 and 2 except for crystalline alumina (nominal diameter 
28 microns) in which case the critical concentration was found to 
be between 1'/, and 2 grams per gal for babbitt. 


Errect or ABRASIVE-PARTICLE Size 


On the basis of hydrodynamic theory, it is to be expected that 
abrasive particles smaller than the minimum thickness of the oil 
film would have no effect on the bearing performance in so far as 
friction coefficient and journal wear are concerned. That this is 
correct has been substantiated experimentally by McKee (5). 
A slight deviation between the ZN/p-versus-f curves for light 
motor oil with and wibows 1 per cent of ae earth as 
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abrasive was ascribed by McKee to the influence of the abrasive 
particles on the viscosity of the lubricant, an effect which has 
been investigated by Hatschek (6). 

For particles greater than the minimum oil-film thickness, it 
has been found in the present tests that the rate of bearing tem- 
perature rise following introduction of abrasive-containing oil in- 
creases almost directly as the nominal size of the abrasive par- 
ticles. This is shown in Fig. 8. The upper curve of this figure 
refers to Durex 100A which is essentially a thin babbitt (0.002 to 
0.003 in. thick) bonded to a layer of sintered porous copper-nickel 
through which the babbitt has been suffused. The lower curve 
refers to thick babbitt (approx. 0.032 in. thick) having the same 
composition (Pb 92.5, Sn 4, Sb 3.5) as the babbitt facing on Durex 
100A. Both types of bearings have been run with the same 
abrasive-containing oils, the abrasive being 
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(size range from 6 to 140 microns) in a concentration of 1 gram 
per gal of SAE 30 oil. 

It will be noted that both curves in Fig. 8 exhibit similar devia- 
tions from the straight-line relationship in the range of particle 
sizes from 23 to 44 microns; because of the difficulty of grading 
particles of this smallness accurately, it is not believed that this 
deviation is significant. 

Fig. 9 shows the corresponding data for rates of journal wear. 
In both Figs. 8 and 9 the plotted points are the averages of at 
least two runs each. 


TRANSACTIONS OF THE ASME 
il 
oe 
| 
\ 


Errect or Over.ay THICKNESS 
Fig. 10 shows the results of embedability tests which were car- 


thicknesses of lead-tin alloy (93 Pb, 7Sn). The abrasive used in 


F) rai, ‘the tests was crystalline alumina (nominal diameter 28 microns). 
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Bare copper has negligible tolerance for abrasives, its rate of 


yo temperature rise following introduction of this abrasive-contain- 


ing oil being in the order of 3300 F per min. The addition of a 
_ relatively thin overlay of lead-tin greatly reduces the rate of 


: oe temperature rise. As shown in Fig. 10, the rate of tem- 


perature rise is progressively reduced, though at a decreasing 


ss paxste, with increase in overlay thickness. 
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Under the condition of these tests, the curve becomes asymp- 


totic at a value of about 19 F per min for overlays of about 


_ 0.0013 in. and greater, indicating that there is no appreciable 
benefit to be gained from thicker overlays when running on 
this particular abrasive-containing oil. It will be noted that this 
overlay thickness is of the same order of magnitude as the nomi- 

nal diameter of the abrasive used in the tests. With larger par- 
ticle sizes, the curve will, of course, become asymptotic only 


a t= _ with greater overlay thickness and at a higher rate of bearing 


_ temperature rise. 
Fig. 11 shows the data on the rate of journal wear correspond- 
ing to Fig. 10. No wear data are available for bare copper, inas- 
much as all the bare-copper bearings run in the tests seized so 
severely that a chisel was needed to separate them from the 
journal 


When the overlay thickness is substantially smaller than the 
nominal diameter of the abrasive particles in the oil, the char- 


important influence on the embedability performance of the 
overlaid bearing. This may be shown by Table 1 which is a com- 
parison of the results for overlaid copper and overlaid aluminum- 
cadmium-silicon alloy, The two sets of materials were run under 
substantially the same conditions, the only difference being that 
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an abrasive of 28 microns nominal diam was used with the cop- 
per, while an abrasive of 32 microns nominal diam was used with 
the aluminum alloy. 

f 

TABLE 1 TEMPERATURE-RISE COMPARISON FOR OVERLAID 


COPPER AND OVERLAID ALUMINUM-CADMIUM-SILICON AL- 
LOY BEARINGS 


Rate of temperature rise, 
min 
Aluminum 
280 
85 


It will be noted that halving the overlay thickness of overlaid 
copper in the given range causes an increase of 110 per cent in 
the rate of bearing temperature rise, while halving the overlay 
thickness of overlaid aluminum causes an increase of only 25 per 
cent in the rate of bearing temperature rise. The difference be- 
tween the two materials will, of course, become more pronounced 
as overlay thickness is further reduced, approaching the embeda- 
bility performance of the base metal as a limit. 


Errect or GRIDDING 


When bearing-load conditions are so severe as to exceed the 
fatigue strength of copper-lead, it may become necessary to use 
harder materials such as copper or silver which possess excep- 
tionally good fatigue strength but exceptionally poor embeda- 
bility. By gridding these materials their embedability perform- 
ance may be improved substantially without affecting ad- 
versely their fatigue strength. Thus bare copper which has been 
found to give a rate of bearing temperature rise of approxi- 
mately 3300 F per min when subjected to oil containing 1 gram 
of crystalline alumina (nominal diameter 32 microns) per gal 
will, when gridded with 48-pitch knur! and filled with babbitt, 
give a rate of bearing temperature rise of only 65 F per min 
when subjected to the same abrasive-containing oil. 

Fig. 12 shows the construction of a typical gridded bearing. 
The copper or silver layer 1, which is bonded to a steel back 2, is 
provided with diamond-shaped indentations 3, formed by a 
knurling tool and filled with soft bearing metal. The resulting 
soetae is then bored to provide a smooth bearing meereds con- 
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_ may be determined by the depth of the final boring-out. 


_ event, the arrangement of the grids should be such that all paths 


sisting of a large number of diamond-shaped areas of babbitt 
_ possessing good embedability and frictional properties, 


sur- 
rounded by an interconnected grid or network of copper or silver 
possessing good fatigue strength and load-carrying capacity. 

A large number of experiments have demonstrated that the 


2 proper size and spacing of the grids is extremely important in 
_ obtaining the desired combination of bearing properties. Fine grids 


have better fatigue strength than coarse grids, while coarse 
grids have better embedability than fine grids. The range of 


- spacings may vary in practice from that produced by a 10-pitch 
 knurl to that produced by a 62'/,-pitch knurl, while the depth 


of the grid and the ratio of babbitt area to copper or silver area 
In any 


Fie. 12 Construction or Grippep BEARING 


in the direction of the journal wipe across lead pockets and so 
prevent abrasive particles from making long scratches over the 
bearing. 

The effectiveness of gridding in protecting the copper or silver 


- surface from abrasive action appears to depend on the hardness 


of the metal used. In an electrographic study of gridded bear- 
ings carried out by Neumeyer (7), it was found that iron particles 
embedded in the surface of gridded bearings, made from copper 


having a hardness of 44 Vickers-Brinell, showed a definite pref- 
erence for the babbitt pockets, wherever such pockets were 
large enough to accommodate the particles. A similar prefer- 


ence of the iron particles for the babbitt pockets was found in the 


: case of gridded silver bearings having a hardness of 43 Vickers- 
 Brinell. 
_ Vickers-Brinell, however, it was found that the embedded iron 


When the silver was annealed to a hardness of 32 


particles no longer were concentrated in the babbitt pockets but 
were distributed in random fashion over the entire bearing sur- 
face. 

While gridding is an effective means of improving the em- 


a bedability of hard materials (particularly harder than 40 Vickers- 


Brinell), its use appears, in general, to be justified only in situa- 


tions where the utmost premium is placed on fatigue resistance. 
_ Even in such situctions it is frequently possible to obtain com- 
parable results with overlays 
copper bearings with an overlay of 0.0005 in. of lead-tin alloy 
had exactly the same embedability performance when tested with 
oil containing 1 gram of crystalline alumina (nominal diameter 28 
- microns) per gal as the 48-pitch gridded copper bearing just re- 


For example, it was found that 


ferred to. With somewhat larger abrasive particles, the gridded 
bearing might show slightly better embedability performance 
than the overlaid bearing, the maximum particle size being 
limited by the depth of the babbitt pockets in the one case and 


J by the overlay thickness in the other. 


Errect or Or Grooves 


Since the effect of an oil groove in a bearing is usually to re- 
duce the minimum thickness of the oil film, it is to be expected 


i that grooves would de the of the to ab- 
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rasives. This has not been found to be the case. Indeed, cir- 
cumferential oil grooves have been found substantially to im- 
prove embedability performance. 

Fig. 13 shows two Durex 100A bearings which have been run 
on the same abrasive-containing oil. The ungrooved bearing, 
with a projected area of 1.59 sq in., has run 4 min on abrasive- 
containing oil, during which time there passed through it ap- 
proximately '/; gal of SAE 30 oil containing 1 gram of crystalline 
alumina (nominal diameter 32 microns) per gal. The grovved 
bearing, with a projected area of 1.16 sq in., has run 12 min on 
abrasive-containing oil, during which time there passed through it 
approximately 1'/; gal of the same abrasive-containing oil, and 
then 15 min more, during which time it ran on the abraded 
journal with clean oil. Thus the grooved bearing has been sub- 
jected to over 3 times as much abuse as the ungrooved bearing. 
In the case of the ungrooved bearing, the run was terminated 
at the end of 4 min by a limit switch which shut down the machine 
when the bearing temperature reached 450 F. In the case of the 
grooved bearing, the maximum temperature reached by the 
bearing was 400 F. This performance is typical of the effect of 
circumferential oil grooves and has been duplicated in a number 
of check runs. 

Fig. 14 shows two copper-lead (65 Cu, 35 Pb) bearings which 
have been subjected to substantially the same treatment. The 
ungrooved bearing ran approximately 3 min on SAE 30 oil contain- 


Fic. 13° Errecr or 1. Groove oN ABRASION OF 


Durex 100. \ 


ing '/4 gram of crystalline alumina (nominal diameter 23 microns) 
before it was shut down by the limit switch. The grooved bear- 
ing ran approximately 12 min on the same abrasive-containing 
oil, after which it ran an additional 15 min on the abraded journab 
with clean oil. 

The beneficial effect of the circumferential oil groove appears to 
result simply from the fact that the groove provides an unob- 
structed channel by means of which the abrasive-laden oil can 
flow around the journal to the unloaded side of the bearing where 
the oil-film thickness isa maximum. The oil which escapes from 
the bearing through this thick-film portion of the clearance car- 
ries with it part of the abrasive charge. At the same time, the 
greater quantity of oi! flowing through the bearing provides an 
extra measure of cooling. The bearing thus enjoys the benefit 
of a substantial increase in cooling while it is subjected to the 
— effect of only a portion of the abrasive passing through 
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Errect or CincUMFPERENTIAL GROOVE ON ABRASION OF 
Coprer-Leap 


Errect or Correr-Leap ComPosiTION 
_ Because of its somewhat higher fatigue strength, copper-lead 
has replaced babbitt as the bearing material of choice in many 
applications. Copper-lead is a mechanical mixture consisting of 


OF OIL-FILM BEARINGS WITH ABRASIVE-CONTAINING LUBRICANT 


TABLE 3 RESULTS OF EMBEDABILITY TESTS ON VARIOUS 
MATERIALS 


Material 
Thick babbitt (0.032 in. thick) 
Durex 100A........... 


).0013 in. Pb-Sn alloy 
.0008 in. Pb-Sn alloy 


5 Cu, 24.5 Pb, 0. <4 Sn). 
0.001 in. alloy. 
» LCd). 


Aluminum i 
Aluminum in. Pb-8n alloy.. 


cyclic behavior becomes increasingly pronounced as lead content 
is increased. The rate of bearing temperature rise reported in 
Table 2 is the median rate of rise. 


Empepasiuity PerrorMance or Various Bearing MATERIALS 


Table 3 summarizes the principal results of embedability tests 
on a number of different bearing materials, all of which have 
been tested under identical conditions of load, speed, etc. 

The table compares embedability performance on two different 
bases as follows: 

1 Column A gives the embedability, based on the tempera- 
ture rise suffered by the bearing, following the introduction of 
abrasive-containing oil to it, and is expressed in terms of the 


rh small particles of lead (25 to 40 per cent) dispersed in a matrix of ratio of rate of temperature rise of Durex 100A, which material 
Copper; the material may be prepared either by casting or by was used as a control in all runs, to that of the given material, 
oY sintering. The peculiar feature of copper-lead is its ability of both materials having been run on the same abrasive-containing 
BS reconditioning itself in service by releasing minute quantities of oil. 
=: free lead at local hot spots caused by mild abrasive action, edge- 2 Column B gives the embedability, based on the rate of 
wear suffered by the journal, following introduction of the abra- 


Be a, loading, and the like. The lead which is thus released is wiped 


_ over the bearing surface and provides what in effect is an ex- 
: tremely thin overlay of lead. The effectiveness of this recondi- 
tioning process is a function of the amount of free lead available 
“ at the bearing surface. At the same time, the fatigue strength 
of the material varies inversely as the lead content. Thus we 


have the familiar situation of a material whose composition we 


ean change to improve embedability but at the expense of fatigue 
strength. 


TABLE 2 RESULTS OF EMBEDABILITY TESTS 
Rate of bea 


ring temp rise, 
-———rate of journal 
In. per min 
0015 


Table 2 summarizes the princijal results of embedability tests 
_ which were made on copper-lead bearings of four different com- 
positions, crystalline alumina (nominal diameter 28 microns) 
being the abrasive in a concentration of 1 gram per gal of SAE 30 
gil. The table shows that the embedability of copper-lead falis off 
_ markedly as the percentage of lead is decreased. It should be 
noted that materials 1 and 3 are sintered copper-leads, while 
materials 2 and 4 are cast copper-leads. Since the cast material 
_ js somewhat denser and has greater fatigue strength than the 
sintered material, the two types of material are not strictly 

- comparable; this applies especially to the journal-wear data. 
_ The lead-release process referred to causes the journal speed to 
surge rapidly up and down when abrasive-containing oil is 
introduced into the bearing. These variations in journal speed 
may be reflected by rapid fluctuations in bearing temperature 
_ which take the form of erratic variations superposed on the rela- 


— uniform mean increase in bearing 


sive-containing oil, and is expressed in terms of the ratio of the 
rate of journal wear against Durex 100A to that against the given 
material, both materials having been run on the same abrasive- 
containing oil. 

These criteria are somewhat more convenient for rating the 
embedability performance of bearing materials than either the 
rate of bearing temperature rise or the rate of journal wear per se, 
inasmuch as they permit a comparison of materials without 
specific reference to abrasive conditions. The justification for 
these criteria is the linear character of the relations discussed in 
connection with Figs. 4, 5, 8, and 9. The criteria also have the 
psychological virtue of assigning the larger number ratings to the 
more embedable materials. 

Perhaps the most interesting fact brought out by Table 3 is the 
effect. of babbitt overlays on embedability performarve. This 
may be seen by comparing the performance of identical materials 
both with and without overlay (for example, Nos. 3 and 7, 13 and 
14, 15 and 16). 

A second point of interest in Table 3 is the close correlation 
between the rate of bearing temperature rise following introduc- 
tion of the abrasive-containing oil and the corresponding rate of 
journal wear. Fig. 15, which is a plot of the rate of journal wear 
in inch per minute (measured on the diameter) as abscissa versus 
the rate of bearing temperature rise in degrees F per minute as 
ordinate, shows that the relationship between these two parame- 
ters is substantially linear for all materials thus far tested. 
The points on this plot are taken not only from runs with dif- 
ferent materials tested with the same size and concentration of 
abrasive, but also from runs in which abrasive size and concen- 
tration were varied over a considerable range. 

It would be interesting to compare the results of these tests with 
the of practical experience. There are tow at- 
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tempts in the literature to rate materials according to their em- 
___ bedability performance. The most complete tabulation known 
to the author is that published by Underwood (8, 9). While his 

Re ratings are entirely qualitative, they provide an important check 


experience with a variety of bearing materials in many different 

_ kinds of application. A comparison of Underwood’s experience 
ratings and the author’s experimental ratings is presented in 
‘Table 4. The only disagreement between the two listings con- 
cerns aluminum; this may be owing to the fact that the alumi- 
num alloy used in the tests was somewhat softer than those in 
use at the time Underwood’s papers were published. No ex- 
perimental data are as yet available for comparing the ratings of 
cadmium and bronze. 


TABLE 4 COMPARISON OF EMBEDABILITY DATA 


mental— 
Material Underwood (8, 9) B 

Babbitt... 1 100 100 
cop r 32 50 

Jadmium alloys ess 
Copper-lead. 
Copper-lead-tin 4 23 
Aluminum alloys............... ie 37 
Bronse me 


CONCLUSIONS 


__ bility of a bearing invariably results in a reduction in its fatigue 
strength. Our problem then becomes to strike a balance between 
these conflicting requirements so as to obtain the best combina- 
tion of bearing properties in a given application. 
Wherever bearings are subjected to dynamic loading, as in 
_ internal-combustion engines, fatigue strength must necessarily be 
given preference over embedability, for fatigue strength is syn- 
onymous with load-carrying capacity. Embedability, on the 
other hand, is not an indispensable property; if we could prevent 
abrasive particles from reaching the bearing, we would not be 
concerned about embedability at all. 
= Although there are some experimental data to the contrary, 

eg., Rosenfeld (10), a preponderance of the evidence supports 
the conclusion that abrasive particles smaller than the minimum 
oil-film thickness have no very serious effect on bearing per- 
formance. This then may be taken as the desired limit of filtra- 
tion. 

Despite promising developments in the field of filtration, com- 
mercial full-flow filters of the automotive type still fall short of 


this desired limit. The minimum size of particle which can be 

en stopped by the best automotive cartridge-type filter is approxi- 
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mately 25 microns (approximately 0.001 in.). This size of par- 
ticle is considerably larger than the minimum thickness of the 
oil film in many engine bearings. 

Lacking the means of insuring that abrasive particles will not 
reach the bearings, the problem of the bearing designer must then 
be to design into the bearings sufficient embedability to per- 
mit them to tolerate the largest particles which will reach them 
by way of the filters. Probably the most effective means of im- 
proving the embedability of a bearing is to provide a layer of 
babbitt on the bearing surface. Although improved manufac- 
turing processes during the past 20 years have allowed thinner 
overlays to become commercially usable, resulting in the long- 
recognized better fatigue strength, the overlay must be made no 
thinner than the limits imposed by the embedability require- 
ments. The dirt tolerance of such materials as copper and 
copper-lead is markedly improved by even extremely thin over- 
lays. In any event, the experiments indicate that there is little 
benefit to be gained in embedability by making the overlay 
much thicker than the maximum size of the abrasive particles 
which may reach the bearing. Maximum particle size may then 
be taken as the criterion for maximum overlay thickness. 

Where filtration studies indicate that the bearing may be 
subjected to abrasive particles larger than the allowable overlay 
thickness, consideration should be given to the possibility of in- 
creasing the oil-film thickness by increasing the bearing width, 
the desideratum being to produce an oil film somewhat thicker 
than the maximum size of particle passed by the filter. There 
are, however, practical limitations to what can be accomplished 
in this direction, not the least of which is the fact that the wider 
we make the bearing the more we magnify edge-loading effects. 
To avoid serious difficulties in this direction, we must give care- 
ful attention to shaft stiffness, bearing alignment, shaft straight- 
ness, and deflections due to dynamic loading. 

The use of large oil-flow rates, preferably in combination with 
oil-cooling, is particularly desirable wherever embedability is a 
problem. We have noted that among the effects of abrasive 
action in bearings are reduction in journal speed and increase in 
bearing temperature. Both these effects cause the operating 
point of the bearing to move downward on the ZN/p-curve. 
The resulting reduction in minimum oil-film thickness then makes 
the bearing still more vulnerable to abrasive action. It is there- 
fore important to keep the operating point as high as possible on 
the ZN /p-curve so as to maintain thick-film conditions. This 
is accomplished most effectively in practice by maintaining the 
oil-flow rate as large as possible. 


ACKNOWLEDGMENT 


The author takes pleasure in acknowledging his indebtedness 
to Messrs. A. F. Underwood and J. B. Bidwell for valuable guid- 
ance and advice, and to Mr. W. M. Benedict for untiring assist- 
ance in carrying out the experiments. 


BIBLIOGRAPHY 


1 “The Newer Bearing Materials and Their Lubrication,” by 
H. C. Mougey, Journal of Industrial and Engineering Chemistry (News 
edition), vol. 14, 1936, pp. 425-428. 

2 “The Use of Precision Bearings on Engine Crankshafts,” by 
L. W. Chadwick, SAE Journal, vol. 13, 1923, pp. 424-435. 

3 “Automotive Bearing Materials and Their Lubrication,” by 
A. F. Underwood, SAE Journal, vol. 43, 1938, pp. 385-392. 

4 “Automotive Bearings—Effect of Design and Composition on 
Lubrication,” by A. F. Underwood, Symposium on Lubrication, Chi- 
cago Regional Meeting, American Society for Testing Materials, 
March 3, 1937. 

5 “Effect of Abrasive in Lubricant,” by S. A. McKee, SAE 
Journal, vol. 20, 1927, pp. 3-6. 

6 “The Viscosity of Liquids,” by E. Hatschek, G. Bell & Sons, 
Ltd., London, England, 1928. 


7 “Embedability Characteristics of Grid Type Bearings,” by M. 


| | 
2 
| 
' 


ROACH— 
J. Neumeyer, Report No. ME5-38, Research Laboratories Division, 


General Motors Corporation, Detroit, Mich., April 15, 1942. 

8 “The Selection of Bearing Materials,’ by A. F. Underwood, 
Symposium on Sleeve Bearing Materials, American Society for 
Metals, Cleveland, Ohio, 1947. 


9 “Silver Bearings,” by E. B. Etchells and A. F. Underwood, 
SAE Journal, vol. 51, 1945, pp. 497-503. 

10 “The Effect of Abrasive Particle Size on Bearing Wear," by 
L. Rosenfeld, Institution of Automobile Engineers, Automobile Re- 
search Committee Report No. 1945/R/6, 1945. 


Discussion 


C. O. Dontey.‘ We first became interested in testing this 
type of bearing lubricant in connection with heavy-duty aircraft- 
engine bearings. Our test work has been carried out with a test 
procedure somewhat different from that used by the author, but 
with the same object, namely, to rate bearing materials as to 
their comparative embedability performance, and to obtain em- 
bedability data useful in bearing design. 

Our work was done in a centrifugally loaded bearing test ma- 

4 Chief Bearing Engineer, Allison Division, General Motors Cor- 
poration, Indianapolis, Ind. 


chine,* as shown in Fig. 16, herewith. This machine consists of 
a cast-iron housing containing the test bearing and journal, with 
the test journal being driven by a variable-speed drive. Fig. 17 
is a section through the housing showing the three-piece splined 
shaft with its test bearing and main bearings and journals. 

The lubrication system of this machine is shown in Fig. 18. 
Two separate oil systems are used for the test-bearing and main- 
bearing lubrication, so that damage to the main bearings may be 
avoided when introducing foreign material into the test-bearing 
oil system. 

Our embedability test is carried out by the assembly of a test 
bearing and journal into the machine, followed by a short break-in 
period, and the periodic injection of 0.05 gram charges of graded 
silica sand into the oil supply to the test bearing. The sand charges 
are encased in a paraffin capsule of a suitable melting point so that 
the capsule melts rapidly upon reaching the 180 F temperature 
of the test-bearing oil supply. All sand particles reach the bear- 
ing at substantially the same time, with their effect on the bearing 
being measured readily by an increase in power required to drive 
the bearing, an increase in bearing temperature, and in some 

*“Development of a Heavy Duty Bearing Test Machine,” by 


E. J. Clark, Automotive Industries, vol. 102, February 15, 1950, pp. 
34-37. 
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eases by an increase in oil flow. 


TABLE 5 


The effect of the foreign ma- 
terial on various bearings is determined by comparing the number 
of siliea-sand charges which can be absorbed by the bearing before 
the bearing fails by seizure or abrasive wear. 

Table 5 of this discussion shows the result of Allison embeda- 
bility testing on several heavy-duty bearing materials. In Table 
5 the higher figure indicates a higher embedability for the particu- 
lar bearing metal and overlay combination. The data correlate 
well with our experience on the application of these materials in 
service. 

RELATIVE EMBEDABILITY OF VARIOUS BEARING 
METALS 
-Relative embedability rating-—-—~ 
0.001 6.00 


1 
Material overlay Gridded lead- tin lead-indium 
Copper 

Copper-lead 

Copper-lead-tin 

Aluminum alloy 


Silver 20 
5 

> 


The higher embedability of the lead-indium alloy over Jead-tin 
on several of the materials has not been explained. We have felt 
that embedability should be proportional to the unrecovered 
hardness of the overlay material, but we do not have sufficient 
data on uurecovered hardnesses to verify this theory. 

The data in Table 5 should be used with caution for high-speed 
service. The ability of these materials to hgndle the heating and 
friction from high-speed operation does not at all correlate with 
their embedability. For instance, the bearing metals with over- 
lays show less embedability than the same materials gridded, 
under our particular set of test conditions. However, on a load- 
capacity test under clean conditions, the overlaid bearing metals 
will carry a substantially higher load before failure than the 
gridded bearings. 

Generally, the data in Table 5 correlate closely with the infor- 
mation presented by the author. The major discrepancy is in 
the embedability of copper-lead without an overlay coating. 
The author’s data place copper-lead below any of the uncoated 
materials, while our results show that it is nearly equal to the 
coated materials. One explanation for this difference may be in 
the physical significance of the test data. The author’s rate of 
temperature rise (as well as rate of journal wear) might be con- 
sidered as a “rate-of-failure” criterion, while the Allison data may 
be more nearly proportional to the total amount of foreign ma- 
terial which can be digested by a bearing-and-journal combina- 
tion. Assuming that these descriptions of the two tests are cor- 
rect, it readily may be seen that a discrepancy could arise if the 
rate of failure of two materials was different, while the total 
amount of foreign material which they could absorb was equal. 

The data in Table 5 verify the author’s comment on the rela- 
tive embedability of gridded materials versus the same metal 
with a lead-base overlay. By some interpolation from Table 3 
of the paper, the GMR data show the 48-pitch gridded copper 
bearing about half as good as the copper bearing with an overlay 
0.001 in. thick. Our testing shows the gridded bearing to be 50 
per cent better than the overlay bearing. These results may be 
explained by the fact that the GMR data were obtained with 
particle sizes 126 per cent of the overlay thickness, while the 
Allison data used particle sizes 650 per cent of the overlay thick- 
ness, 

As the author points out, the larger abrasive particles are more 
readily embedded in the gridded bearing, because of the greater 
_ depth of the babbitt pockets as compared to the overlay thick- 


We hope that the General Motors Research Laboratories will 
continue their embedability research, and attempt to answer 
some of the questions stil] unanswered in this field. 

We feel that additional work should be done to identify the 
foreign materials commonly found in engines and other ma- 
chinery, and an evaluation made of the relative importance of the 
observed contaminants. A possible correlation between unre- 
covered hardness and embedability would also be of interest and 
would simplify consideration of new bearing materials. 


F.C. Linn.* We have all had experience with various bearing 
materials which have shown variation in journal wear under com- 
parable service. The author has given us data which confirm 
experience and allow us to evaluate relative merits of the various 
bearing materials, assuming foreign material is present in the 
lubricant. 

A few years ago tests were run with aluminum bearings and 
journals of AISI 4140 material. In all respecis, except embeda- 
bility, the aluminum was as satisfactory as tin-base babbitt for 
turbines. A few of the aluminum bearings were installed in 
turbine-generator sets and after a relatively short period of time 
inspection showed that the journals were scored. The shafts 
were restoned, and tin-base babbitt bearings installed, after which 
the journals continued to run satisfactorily without scoring. 

Had the embedability characteristic of aluminum been as good 
as babbitt, we would have recommended its substitution for 
tin-base babbitt during the last war, but because of the excessive 
scoring of shafts from foreign material in the lubricant when using 
aluminum linings, we have recommended against the use of alumi- 
num as a bearing material on turbine equipment. 


AvutHor’s CLOSURE 


Thanks are due to Mr. Donley for his very valuable discussion. 
It is gratifying to note that, despite differences in test equipment 
and procedure, Mr. Donley’s results and the author’s results sub- 
stantiate each other in the main. Such differences as may be 
noted will perhaps serve as a warning to designers that, while test 
data are a useful guide in the intelligent selection of bearing ma- 
terials, the ultimate test is the performance of the product in ac- 
tual service. 

With regard to the discrepancy between the various test data 
for bare copper-lead, it has been the author’s experience that this 
material is very sensitive to journal hardness and finish, particu- 
larly as the lead content is reduced. All the test data presented 
in the paper were obtained with SAE 1045 journals of 26-29 
Rockwell C hardness and 10 + 2 microinch rms surface finish, 
this being representative of automotive practice. Other tests 
have shown that changes in journal material or treatment and 
finish cause relatively large changes in the embedability perform- 
ance of copper-lead. The other commonly used bearing materi- 
als have not been found to be so greatly affected. This important 
aspect of the subject deserves additional study. 

It would be interesting to know the composition of the alumi- 
num material tested by Mr. Linn, While a large number of alu- 
minum alloys have unfavorable score characteristics even under 
‘laboratory-clean” conditions, the alu dmium-silicon 
material used in the author’s tests is very satisfactory in this re- 
gard. Our experience further indicates that this particular ma- 
terial is superior to copper-lead as regards embedability. 

The author is indebted to both Mr. Donley and Mr. Linn for 
their comments. 
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The Effect of Oil Viscosity on the Power- _ 


Transmitting Capacity of Spur Gears © 


By V. N. BORSOFF,' J. B. ACCINELLI,! ano A. G. 


In tests made on spur gears with mineral oils of various 
viscosities, it was observed that a relationship exists be- 
tween the maximum horsepower which the gears can 
transmit without scoring, and the product of gear speed 
and lubricant viscosity. An analysis of the factors enter- 
ing into this relation indicates that these are the same 
that occur in Lewis’ equation used in gear design, except 
that the latter does not contain the lubricant viscosity. 
If this viscosity is introduced into the Lewis equation, the 
latter represents the experimental points for horsepower 
transmitted at the onset of scoring very well over a wide 
range of speeds and lubricant viscosity. This modified 
Lewis equation appears to apply to spur gears, in general, 
and indicates that the influence of lubricant viscosity on 

_ the power-transmitting capacity of gears is much too 
great to be neglected in the design of gears. 


INTRODUCTION 


- (C\INCE the purpose of gears is to transmit power, develop- 
S ments in gearing go hand in hand with developments in 
power production. Before the steam engine, the sources 


of power were wind, water, animals, and human beings. The 


power developed was small, speed was slow, and the gears were 
_erude, made of wood and operated without lubricants. With 
the introduction of the steam engine, speed and power increased 
Gears were made of iron, and the use of lubricants be- 
came mandatory. The main developmental effort was directed 
- toward improvements in the geometry of gearing to secure proper 
strength and smoothness of operation, and little attention was 
- paid to lubrication problems. This period ended with the de- 
_ velopment of a number of gear forms and the basic equations for 
strength introduced by Wilfred Lewis in 1892. 
In the first three decades of the twentieth century, a rapid 
development of internal-combustion engines, electrica] machin- 
ery, and steam turbines took place. Speed and power were in- 
_ ereased to new and higher levels, and improvements in gearing 
followed. These improvements were again mainly concerned 
with gear design, metallurgy, and methods of manufacturing 
The Lewis equation remained the basis for gear design, and gears 
operated within the load limits prescribed by Lewis gave little 
trouble in service. Gear lubrication, except for a few special 
eases, was not a préblem. That gears constructed on this basis 
were heavy and bulky was taken as normal and inevitable. A 
certain amount of wear of the mating surfaces was also con- 
sidered unavoidable. 
Only with the introduction of hypoid gears and their general 
adoption for the rear-axle transmission of automotive vehicles 
in the early 1930's, did the importance of proper lubrication be- 


1 Shell Development Company. 

? Shell Development Company. Mem. ASME. 

Contributed by the Research Committee on Lubrication and 
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come a subject of special attention, since this type of gear clearly 
demonstrated differences in the ability of lubricants to carry 
heavy loads. A number of “extreme-pressure” additives were 
discovered and with their aid our present hypoid-gear lubricants 
were developed. 

World War II provided another lesson. Enormous overloads 
were often imposed on mechanized equipment. As a rule, the 
engines could take it, but the gears in reduction units or trans- 
mission boxes suffered scoring and_ abrasion, indicating that to- 
day the weakest link in the power train is the working tooth sur- 
Tace. 

The trend at present is in the direction of smaller gear sizes. 
Gear manufacturers are further improving the metallurgy, ac- 
curacy, and finish of gears to this end. But it is now realized that 
lubricants play just as important a part in gear operation. As 
J. O. Almen (1)* put it in 1942, “lubricants have a dimensional 
value i in gear design.” 

' ‘The work here reported is intended as a contribution to the 
understanding of this factor. 


Gear-LuBricaTION FarLure 

Gear failures may be subdivided into five main classes: 
tooth breakage, (b) pitting, (c) abrasion, (d) scoring, and (e) 
chemical corrosion. It is true that the literature recognizes many 
more types of failures. The American Gear Manufacturers 
Association, for example, lists twelve (2). However, these more 
detailed subdivisions are primarily of interest to gear manufac- 
turers and metallurgists and will not be used here. 

Tooth ae is partly a mechanical, partly a fatigue 

ding on magnitude of load, number of cycles, 
pie of aeenil and tooth form; it is little affected by lubri- 
cation. Similarly, pitting is primarily a surface fatigue phenome- 
non. Corrosion may be caused by the lubricant, but, disre- 
garding E.P. additives for the moment, it is not specifically a gear- 
lubrication problem. However, abrasion and scoring of the teeth 
represent a failure of lubrication. The lubricating-oil film, whose 
presence between two rubbing surfaces constitutes good lubrica- 
tion, must have broken down (at least purtially) to make these 
failures possible. 

The descriptions of tooth-surface abrasion and scoring in the 
literature (2) are rather vague, and it is desirable, therefore, to 
explain how these terms are used here. 

An example of both scoring and abrasion is given in Fig. 1. 
The surface shown enlarged to 45 diam is the addendum of a 
tooth of a used spur gear and looks as if plowed. These plow 
marks and the phenomenon that caused them are called “abra- 
sion.” The removal of metal is a mechanical! process, probably 
similar to that of cutting in a lathe or mill and, while harmful in 
the long run, does not cause rapid and sudden gear failure. 

In the same illustration part of these plow marks appear much 
brighter and smoother, as if the very top layers of the metal were 
melted and then smeared over the neighboring area. This 
phenomenon, which involves melting, is called “scoring” and can 
rapidly lead to failure of the gear. 

From a series of tests made with gears of different hardness, it 


* Numbers in parentheses refer to the Bibliography at the end of 
the paper. 
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appeared that the harder the surface the sharper the differentia- 
tion between abrasion and incipient scoring. For example, the 
gear shown in Fig. 1 was heat-treated to 30 Rockwell C (RC) 
surface hardness and has score and abrasion marks intermixed. 
The surfaces shown in Figs. 2 and 3 belong to gears heat-treated 
to 62 Re and show how a small change in conditions resulted in a 
clear-cut transition from pure abrasion to pure scoring. Gears of 
62 RC hardness were used in the work here reported. 

To describe scoring quantitatively, two systems of units are 
needed; one which will measure the ability of lubricants to pre- 


Fic. 3 or 62 RC Harpness, Pure Scortnc; X20 


vent it, and the other which will measure its intensity once it has 

started. Since gear lubricants are expected to protect from any 

occurrence of scoring, this study has concerned itself only with 

the factors that determine the onset of scoring. These factors 

include operating variables such as load, speed, and power, and 

ny one of these therefore can be chosen as a measure of the 
bility of a lubricant to prevent scoring. 
X45 DescripTion oF Gear-TestinG EquipMENT 

To obtain data for this study, a spur-gear machine, based on 
the well-known closed power circuit or foursquare principle, was 
used. Fig. 4 shows this machine, and a diagrammatic sketch is 
given in Fig. 5. It essentially consists of two geometrically simi- 
lar pairs of gears connected by two parallel shafts. These gear 
pairs are placed in separate gearboxes, which also contain the 
supporting ball bearings. Oil-tight seals are provided between 
gear and bearing compartments. One of the shafts consists of two 
sections connected by a coupling. Loading is accomplished by 
locking one side of the coupling and applying torque to the other. 
The coupling is then bolted together. Application of torque also 
places the other shaft under torsion. This shaft is made of high- 
grade steel, is sufficiently long, and has a small cross section to 
obtain the widest possible angle of torsion. The machine is 
driven through an extension of the shaft, carrying the loading 
coupling, which is connected through two universal joints and a 
magnetostriction device to an electric motor. The universal 
joints are inserted to absorb misalignments, and the magneto- 
striction device permits measurement of the power input. Since 
the foursquare arrangement of the gears provides a closed power 
cycle, the motor only supplies the power to overcome friction 
losses. 

The gearboxes are provided with a lubricant circulating sys- 
tem which includes means for controlling the rate of oil flow and 
the incoming oil temperature. Bath lubrication can also be em- 
ployed. 

Involute spur gears were chosen as test gears for this investi- 
gation because of the relative simplicity of their mathematics. 
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sion marks. 


treated to various hardnesses. 
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The gears were made from SAE 3312 steel, with a core hard- 


ness of 30 to 40 RC. They were casehardened to 62 RC, with 
the depth of the case between 0.025 to 0.040 in. The finish fol- 


_ Jowed aircraft practice. The constants of the test gears were as 


_ follows: Diametral pitch 6, center distance 3 in., pressure angle 
20 deg, and face width 0.25 in. Two combinations were used. 
In one a 17-tooth pinion was meshed with a 19-tooth gear. In 
the other, both the pinion and the gear have 18 teeth. In the 
17-19 tooth system, cach tooth of the pinion meshes successively 
_ with every tooth of the gear. Such a combination averages the 
irregularities in tooth geometry and results in a uniform appear- 
ance of the working surfaces of all teeth, including score or abra- 
In the 18-18 tooth combination, each tooth of the 
pinion meshes with a particular tooth of the gear. Surface appear- 
ance of the tooth in this case is not uniform. In our routine tests, 
the 17-19 tooth combination was employed. 
_ In a number of preliminary investigations, we also used 10 
diametral-pitch gears made from 8620 high-carbon steel, heat- 
These gears were not polished. 


Test ProcepuRE 


- The following test procedure was used: New ar reground 
- gears were used in each test. They were thoroughly cleaned, 


weighed, and installed on the shafts. The test lubricant was 
heated to the specified temperature and its flow rate adjusted to 


10 ce per sec. The gears were then “run-in” for 30 min at the 


test speed but without load, and a microscopic examination of the 
working surfaces followed. If any sign of incorrect alignment 
was noted, the alignment was corrected. The test was then 


,Started by increasing the beam load by 5-lb increments, running 


5 min at each load. The working tooth surfaces were inspected 
microscopically at the end of each 5-min run. The test was con- 
tinued until a load was reached at which scoring began. 

The gear load was limited to a maximum of 85-lb beam load by 
the strength of the torsion shaft and the coupling design. The 
speed was limited to 7100 rpm by the onset of vibration. 

The relation between beam load, torque, tooth load, and power 
transmitted for this test installation at different speeds is given 
in Table 1. Reproducibility of the results was within +5 Ib 
beam load. 
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Using the foregoing procedure, the effects of various operating 
variables on scoring and abrasion were investigated, and, in the 
process of this work, a relation between the power-transmitting 
capacity of the gears, as limited by scoring, and the product of 
speed and Jubrieant viscosity was noted. This relation is shown 
in Fig. 6. In this figure viscosity Z represents the viscosity in 
centistokes of the lubricant when it enters the meshing gear 
teeth, and speed N is the number of revolutions per minute of the 
pinion. 

Perhaps it should be explained why “horsepower transmitted 
at scoring” or, in other words, “‘power-transmitting capacity” is 
introduced as a measure of the ability of lubricants to prevent 
scoring, instead of the conventional “load-carrying capacity.” 
The term load-carrying capacity originated with the bench test 
machines, such as Timken, Almen, SAE, and others. With such 
machines the ability of lubricants to withstand pressure is meas- 
sured by running the machine at a specified speed and gradually 
increasing the load. The load at which scoring occurs is taken 
as a measure of the ability of the lubricant to prevent scoring, 
hence the expression load-carrying capacity. Thus load-carry- 
ing capacity is measured at one fixed speed, although it is 
known that it varies greatly with speed. In practical applica- 
tions, gears often operate over a wide range of speeds. By ex- 
pressing the ability of a lubricant to prevent scoring in terms of 
the power transmitted, the effeet of speed automatically enters 
into the measuring unit. 
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presented in Table 2. Four straight mineral oils, ranging in 
viscosity from 32 to 520 centistokes at 100 F, were used in 
these experiments. The range of speed covered was from 750 rpm 
to 7100 rpm. Included in Table 2 are also some data obtained 
with lubricants containing E.P. agents. The points obtained with 
the latter oils are also shown in Fig. 6. They do not fall on 
the curve of uncompounded oils, showing that the additives are 
effective in preventing scoring. 

The curve in Fig. 6 appears to be a hyperbola with the asymp- 
tote approaching 81 hp as thc maximum transmittable power. 
Only a few pvints were obtained in the high ranges of ZN, and 
more would be needed to decide whether the curve is really a 
hyperbola or perhaps rather a parabola which continues on up 
indefinitely. However, this makes little difference within the 
range here discussed, and we have for the following assumed that 
the curve in Fig. 6 is a hyperbola. 

It is noteworthy that no signs of metal-to-metal contact were 
observed in the microscopic inspections following test periods 
run at loads lower than that at which scoring occurs. Further- 
more, gears broken-in by prolonged running under nonscoring 
It appears 
therefore that with these highly finished and accurate gears in 
the absence of any shock loads, hydrodynamic lubrication was 
maintained up to the onset of scoring. 

The Hp-ZN curve thus divides gear lubrication into two re- 
= that below the curve in which full film or hydrodynamic 


Jubrication exists and straight mineral oils perform satisfactorily, 
and the other, above the curve, in which adsorbed film or bound- 
ary lubrication prevails and the use of additives is necessary to 
prevent scoring. From a practical standpoint, the curve shows 
the maximum load permissible with a mineral oil of given viscos- 
ity for a specified set of operating conditions, or it permits deter- 
mination of the minimum viscosity of the oil for a specified load 
in this apparatus. 

The shape of the curve and the information it offers strongly 
suggest that the relation between the allowable power and the 
product of speed and viscosity is not an accidental one or applica- 
ble only to the gears used in these tests, but rather that it may 
apply to gears in general. Unfortunately, we had no substan- 
tially different gears available for test, and thus could not, check 
the relation in this manner. We also could not find in the litera- 
ture data on gear tests made by others in sufficient detail to per- 
mit direct application of the Hp-ZN relation to them, although 
in some cases where we could supplement the literature data by 
reasonable assumptions with respect to the missing information, 
the relation appeared to hold very well. 

However, it is possible to explain the Hp-ZN relation in terms * 
of the general theory of lubrication. This theory suggests that 
the following operating variables affect scoring: (a) Thickness 
of the film separating the meshing teeth; (b) magnitude of slid- 
ing velocities; (c) scoring susceptibility of the gear material. 

The thickness of the oil film separating the meshing teeth, 
according to the hydrodynamic theory, depends upon pressure, 
speed, viscosity of the lubricant, and gear geometry. Equations 
for it have been developed by a number of investigators; Gat- 
combe (3), Blok (4), McEwen (5). Since these equations are 
based upon the hydrodynamic theory, they ean be applied in the 
hydrodynamic region only. Even there they furnish no informa- 
tion on the minimum permissible thickness. 

On the other hand, gears can transmit some power without any 
lubricant. Under such dry conditions the load or power at 
which scoring starts will be very small, but the intensity of 
scoring will be affected by the operating variables. This inten- 
sity of scoring will increase with load L and speed V. It will also 
depend on the geometry of the gears G, the surface finish f, and 
the hardness of the surfaces. Since all measurements of surface 
finish and hardness are empirical, it is impossible to introduce 
dimensional terms for these factors. However, tensile stress S 
can be used as an indirect measure of hardness, since the relation 
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TABLE 2 EFFECT OF SPEED AND VISCOSITY ON SCORING 
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- between tensile stress and hardness is well recognized (6). The 
functional relation for intensity of scoring of dry gears thus be- 
comes 


Intensity of scoring = F(L, V, G,f)........ [1] 


If now « lubricant is introduced to prevent scoring and abra- 
_ sion, interest shifts from the intensity of scoring or abrasion to 
_ the ability of the lubricant to prevent these phenomena. 
There exist two distinctly different regions of lubrication; one 
in which the lubricant is present as an adsorbed or thin film, and 
the other in which it forms a viscous or thick film. In thin-film 
lubrication the onset of scoring, as well as the intensity of scor- 
ing, are direct functions of load, speed, geometry, hardness, and 
surface finish, and in addition, of the mysterious oiliness factor O. 
If the effect of hardness is again expressed by the tensile stress S, 
the functional relation becomes 


Onset and intensity of scoring = (L, V, 1/S,G, f, 0). {2} 


In the full-film region, the conditions are different. An increase 
in speed should postpone the onset of scoring, because increasing 
the speed increases the pressure within the supporting wedge- 
_ shape film. Also, the pressure within the film will be directly 


proportional to viscosity. Therefore the ability of the lubri- 
cant to prevent scoring or the onset of scoring should be in- 
versely proportional to viscosity Z, and speed V. The functional 
relation for full film lubrication then becomes 


Onset of scoring = yp (L, 1/V, 1/Z, 1/8, G) 


Since no terms exist in which to express oiliness and surface 
finish, these factors had to be omitted, i.e., they are taken as con- 
stants. Therefore the relation will hold only for lubricants of 
the same oiliness, in this case mineral oils, and for gears with 
similar surface finish. 

To show that the effect of oiliness is of considerable impor- 
tance, Fig. 7 gives experimental results obtained with several 
silicone fluids and glycerine, together with the curve for mineral 
oils. Since the test conditions were exactly the same, the higher 
power-transmitting capacity of the mineral oils must be attributed 
to their superior oiliness characteristics. 

Difficulties in establishing the exact film thickness and relat- 
ing it to scoring complicated the development of the desired 
equation from the functional notations given. Even the de- 
velopment of an empirical equation would require more data 
than we could reasonably obtain. Fortunately, samntee a 


Lubricant Ab Bean b 5 
E Load,| Hp 10° ft. * 
SC 556 30 27 65 | 18.5 +22 600 ¥ 
" " 2000 | 1480 31 28 15 11.4 +62 1660 
nin 3000 | 222 27 2s 10 11.4 2130 
t ° " . be 4300 | 319 31 28 20 | 32.7 1.33 3570 x “a 
5200 | 385 25 2 5 9.9 1.30 3390 
: tiuntady 7100 | 5260 26 23 5 | 13.5 1.84 4840 
30 Mineral 011 750| 556] 42 | 105 5 70 | 19.9 .78 2110 — 
, 2000 | 1480] 49 75 67 30 | 22.8 1.50 3970 
tala 3000 | 2220] 50 70 63 25 | 28.5 2.10 5590 
4300 | 3190] 45 90 81 10340 
} " 7100 | 5260} 41 1l2 101 21250 a? 
4 60 Mineral 750] 556] 44 280 251 5580 : 
" 2000 | 1480} 45 260 233 13790 
" " 3000 | 2220] 58 130 116 10300 
4300 | 3190] 43 220 197 25140 ? 
" " " eG 5200 | 3850] 47 235 210 32340 ae 
" 7100 | 5260] 45 260 233 49020 
70 Mineral 750| 556] 42 | 400 358 7960 
2000 | 1480] 47 290 260 15390 
" " 3000 | 2220] 46 310 278 24,690 
° 4300 | 3190] 52 225 201 25650 , 
on 5200 | 3850] 37 550 493 75920 
" " 7100 | 5260] 46 310 278 58490 
" " " 7100 | 5260] 29 970 867 182220 
2000 | 1480] 52 | 100, 
3000 | 2220] 66 53 
4300 | 3190] 48 120 60 3.1 5.16 
2000 | 1480] 43 160 80 |60,8 3.20 
3000 | 2220] 57 78 30 2.34 
2000 | 1480] 51 22 80 160.8 044 
3000 | 2220] 39 34 50 |57.0 1.02 
3000 | 2220] 34 39 10 211.4 1.17 
3000 | 2220] 44 93 15 17.1 2.79 
3000 | 2220] 40 500 15 15.00 
3090 | 2220] 70 | 320 | 5.7 9.60 | 
3000 | 2220] 35 350 10 } 22.4 11.40 
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similarity between the curve representing our experimental re- 
sults and the curve representing the Lewis equation helps in this 
development. 

For the last 50 years the Lewis equation has been almost ex- 
clusively used in designing gears for a given load, or for establish- 
ing the allowable load for a given set of gears and operating con- 
ditions. This equation was introduced by Wilfred Lewis in 

_ 1892, and is expressed as follows 
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where 


W = tooth load, Ib 

S, = 

P cireular pitch, in. 
width of face, in. 
y = tooth form factor 


b= 


Later Barth introduced the speed in the form 


S = safe static stress, psi = 
V = pitch-line velocity, fpm 

K = const 


where 


and the Lewis equation becomes 


K 
(= 


where K/(K + V) is usually designated as Barth’s factor. 
Since the power transmitted by gears is 


the Lewis equation can also be written 


SpbyV 


H 
P = 33,000 


P 33,000 38,000 

The constant K in Barth’s factor, originally 600, was later 
modified. For American Manufacturer’s 
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Association recommends a value 1200 for speeds between 1000 
and 4000 fpm. A number of designers of automotive transmis- 
sions (7) use the value 2000. 

Using Equation [9], the allowable power for the gears used in 
our tests was calculated and plotted as a function of speed in Fig. 
8. The effect of different values for K in Barth’s factor is shown 
on this chart. Each curve is a hyperbola, and quite similar to 
the curve obtained from our experimental data and plotted in 
Fig. 6 

The controlling variables in this form of the Lewis equation are 
the same as those contained in the functional notation [3] as would 
be expected. Circular pitch p, with the face width b, and tooth 
form factor y, cover well the geometry G, of gearing. Stress S 
is directly related to the hardness, and V is the pitch-line veloc- 
ity. The only missing factor is the viscosity of the lubricant Z. 
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Usine Tae Lewis Equation 
(See Equation [8] in text.) 


For each experimental point in Fig. 6 the power at which 


ay scoring began is known, as well as speed, viscosity of the lubri- 


cant, geometrical constants of the gears, and tensile stress of the 
gear material. Using these data we tried to fit the Lewis equa- 
tion to the Hp-ZN relation by introducing viscosity, and found 
this possible by adding the factor 1/, Z to Equation [9] in the 
followi ing manner 


Hp (at scoring) 


which can also be written 


( ZK ) 
33,000 \2K + ZVJ 


Z here represents the absolute viscosity in |b/min ft 
Using this modified Barth’s factor which takes into account 
lubricant viscosity as well as speed, the Lewis equation is 


ZK 

The curve in Fig. 9 shows the allowable power for our gears 
calculated by Equation [10]. The actual experimental points 
in this figure indicate the good correlation obtained. 

It is of interest that the new equations become identical to the 
old ones, which did not contain the viscosity Z, if Z = 2 lb/min 
ft. This absolute viscosity is equal to 50 centipoise, or assuming 
an average density of 0.9 for mineral oils, corresponds to 55 
centistokes, approximately 255 seconds Saybolt Universal. This 
is a popular viscosity for general spur-gear lubrication, and 


Hp (at scoring) = 


. [12] 


siauied the viscosity of the oil which Lewis and Barth used in 


1951 
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developing their formulas. It is realized that they were inter- 
ested in toeth breakage rather than scoring; thus these facts 
May at first glance appear incidental. However, Lewis and Barth 
et "determined not tooth breakage, but the force which causes tooth 
: breakage, and, with the improvements in the gears and changes 
‘in operating conditions made since their time, it is plausible that 
today the oil film, through which this same force is transmitted 
_ to the tooth, gives way before the tooth does. irate at 3 
REMARKS ON THE Score or Tuts Stu Neeley 
In many respects the foregoing discussion is subject to limita- 
tions. We have already pointed out that the gears were highly 
accurate and polished, accurately aligned, and run under steady 
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load conditions. Where these conditions are not met, the horse- 
“power at scoring will probably be lower than that calculated from 
Equation [10]. 

The closest approximation to these conditions is found in air- 
_craft-engine reduction gears, and in the Appendix an example is 
given of the application of Equation [10] to such a gear transmis- 

_ sion. The oil viscosity so calculated confirms commercial prac- 


UR tice. However, the K-value chosen on the basis of AGMA recom- 


~ mended practice is itself arbitrary and probably includes an 

nt empirical safety margin. This would have to be determined be- 

a any conclusion can be drawn regarding the lowest permis- 
sible viscosity. 

_ The gear ratio in all our tests was close to 1. In case of larger 

Ration, the power-transmitting capacity, calculated by Equation 

_ [10], would be greater for the pinion than for the larger gear. Al- 

though it appears likely that the conditions of the large gear 

_ would determine the score limit, we have no data on the subject 

at present. 

Lubricant flow rate was not included in the equation, be- 
cause, unless carried to extremes, it had only a negligible effect on 
the results. 

_ Already mentioned was the unassessed effect of lubricant oili- 
_ ness which limits the conclusions to lubricants of the same order 
of oiliness In addition, there is a strong effect of temperature 
unrelated to lubricant viscosity and probably due to changing 
_ chemical activity of the sulphur and other impurities always pres- 
ent in mineral lubricating oils. To keep this chemical activity 
at a substantially constant level, the lubricating-oil tempera- 
ture i in the tests here reported has been kept within the range of 
& C, and all oils contained less than 0.2 per cent sulphur. 
_ Enough tests were made with higher sulphur concentrations 
Ma a this low temperature, and with low sulphur concentrations at 
_ higher temperatures, to show that in both cases the E.P. action 
of the sulphur can noticeably raise the power-transmitting ca- 
pacity. (This paper is concerned only with the effect of viscos- 


ity on the power-transmitting capacity of gears, and not with 
the well-known powerful effect of E.P. additives.) 

The reproducibility of the test data was generally very good. 
However, before the strong effect of temperature (both on oil 
viscosity and on the E.P. action of any sulphur present) was 
fully realized, considerable scatter of points occurred in the 
region of ZN-values below 200,000, Fig. 6, where a reproducibil- 
ity much better than 5 lb beam load would be desired to avoid 
the need for running large numbers of duplicate tests. 


CoNncCLUSION 


In ita new form, the Lewis equation makes it possible to judge 
the effect of viscosity on the load that can be transmitted by 
mineral oils without scoring. The compact design of modern 

i makes it often desirable to employ the same oil for 
lubrication of gear transmissions and of other machine com- 
ponents, and the requirements of the latter sometimes impose 
viscosities outside the range of normal gear oils. By calculation 
of the modified Lewis equation, the change in permissible load 
immediately becomes evident. Fig. 10 shows the effect of vis- 
cosity for the gears of our test apparatus at one speed, 3000 rpm. 
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Obviously, the effect is much too large to be neglected whenever 
the viscosity change is significant, as, for example, in the change 
from a conventional gear oil to an engine lubricant. 
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EXAMPLE OF THE APPLICATION oF Equation [10} 

Problem. To find the minimum viscosity of a lubricant for 
reduction gears of an aircraft engine delivering 1450 hp at 2700 
rpm. The reduction unit consists of a sun gear, six planet gears, 
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TRANSACTIONS 


Pressure angle, deg-min. 
Circular pitch, p, in 
Addendum, in... 

Dedendum, in.. 

Width, b, in.. 
Tensile stress, pei. 

Form factor, y. 

Operating temperature, deg F. 
Pitch-line velocity V, fpm. 
Power per planet, hp 


22-30 


Substituting these values in the equation 


____Spby 


33,000 
ZV 


Hp = 


33, 000 
K 
and taking K = 1200, as recommended by AGM a we find Z = 
1.44 lb/min ft, or 40 cs. Thus an oil of 40 cs or higher viscosity 
at 185 F is required. This means an oil of SAE 60 (aircraft grade 


Josern Caccioua.* The differentiation between abrasion and 
scoring in casehardened gears is considered particularly pertinent 


since it corroborates ideas concerning this type orga as ex- 


The scoring horsepowe r versus Z V-relationship curve seems ap- 


7 Soar plicable over wide ranges of viscosities and velocities. The fol- 


& to drive automobiles, we are always anxious about the occurrence 


predic t. 


variable. 


low ing suggestions for variation in the equation derivation and its 
use, however, are offered: 

Since compressive strength is one of the factors in scoring, it 
might be more justifiable to derive an equation from the Hertz 
stress formula rather than the Lewis formula. This is considered 


- feasible because the principal variable in each case is tangential 


tooth load. 
The variables used in the experimental work were horsepower, 


viscosity, and velocity; perhaps the variables introduced by the 
vs ie Lewis formula should not be evaluated at this stage. 


For exam- 
ple, stress and K are assigned arbitrary values subject to opinion 
differences making scoring onset and other situations oe to 
It is noted that the relative sliding velocity or V 

_ General Motors Research PVT-factor was not treated as a 
Undoubtedly, the authors had it in mind and will 
give it consideration in further development of their work. It 
is probable that an arbitrary constant must be included to make 


_ the formula more generally applicable, and the valuation probably 


will be necessary for each type of design if these uncertainties are 
to be resolved. 

The Hertz stress values (Table 1 of the paper) appear mislead- 
ing at first glance, because, evidently through typographical 
error, periods have been used instead of commas. 

It would be interesting to learn whether the authors have at- 
tempted to correlate oil viscosity and gear hardness with the 
General Motors Research PV T-factor. 


A. H. Canvesg.’ In spiral bevel gears and hypoid gears used 
of scoring in starting up at low-gear torque. For that reason, in 
testing equipment of the writer’s company, we provide a wind-up 
mechanism that makes it possible to apply load while the gears 
are running. 

It seems questionable to refer to the Lewis equation which is 
based upon bending stress in order to obtain an expression in 
which to include oil viscosity. The correlation of the test results 


4 U. S. Naval Boiler and Turbine Laboratory, Naval Base, Phila- 


delphia, Pa. 


* Gleason Works, Rochester. N.Y. Mem. ASME. 


OF THE ASME JULY, 1951 
with the curve representing the authors’ equation is striking; 
but it certainly will be more reasonable to construct an equation 
that involves surface compressive stress, namely, the Hertz stress 
that is tabulated in the paper and that has already been men- 


tioned in this diseussion. 


L. J. Cotuins.* The subject of this paper is one that is of 
great importance and one for which there are as many theories as 
there are gear manufacturers. 

It seems to the writer that the authors should have more 
clearly defined the gears by presenting such data as involute ac- 
curacy, tooth-spacing accuracy, surface finish, and composite 
errors. This must not be misconstrued as a criticism but rather 
as a suggestion which would increase the value of the paper. 


GraNnGeR Davenport.’ The writer has been puzzled as to why 
the authors chose the Lewis formula or a modification thereof, 
rather than a durability formula, for tying in the results of their 
experiments. 

Apparently the authors are well aware of the AGMA stand- 
ards, wherein the gear designer checks a proposed design for sur- 
face durability as well as strength. AGMA Standard Rating 
210.01, December, 1946, “Surface Durability of Spur Gears’’ is 
intended to predict the safe load on spur gearing to avoid scoring 
and excessive abrasion, in which the authors are particularly in- 
terested. 

AGMA Standard Rating 220.01, December, 1946, “Strength 
of Spur Gear Teeth” is a separate method of calculation based on 
a modified Lewis formula, used to determine whether a proposed 
design will transmit a given horsepower without risk of breakage. 

These two standards are complementary to each other, and, 
after checking a proposed design for both durability and strength, 
the minimum value of horsepower is the governing factor for that 
particular design. This method is widely accepted by AGMA 
members and industry at large. 

Under the circumstances, it is not clear why the authors chose a 
strength formula rather than a durability formula in which to in- 
troduce their modifications involving gear speed and lubricant 
viscosity. 


FE. K. Gatcompe.* The paper presents data which we have 
sorely needed for years. The HP-ZN curve in Fig. 6 contains 
information which we need in correlating our theoretical work. 
It will be of interest to compute the thickness (ho) of the film cor- 
responding to the “onset of scoring” as predicted by previously 
published theoretical work. 

The writer will soon present some experimental work on the 
nonsteady-state load-carrying capacity of films, and this paper 
will be helpful in making certain correlations, 

From this new work, the writer would be tempted to disagree 
with the statement, “tooth breakage is little affected by lubrica- 
tion.” The lubricant partially nullifies shock loads. This new 
work will assist us in further developing design formulas for gears. 

It is good to see that we now have gear-power transmitting re- 
lationships in which the lubricant plays its rightful part. 


E. A. Ryver.’ Data on the lubrication of high-speed gearing 
are very much needed, and the authors have reported some inter- 
esting experiments conducted over a good range of speeds and 
P « Engineer, General Electric Company, Schenectady, N. ¥. Mem. 
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The concept of a horsepower ceiling will be useful if it 
proves to be valid. Some of the other features of the analysis 
- seem open to question. 
The curve of horsepower versus ZN is the same as the curve of 
:) r load versus Z which is familiar to everyone who has done this kind 
of gear testing. It does not give a satisfactory correlation and 
this will be very clear if the lower part of the authors’ Fig. 6 is 
_ plotted to a larger scale. 
, Dragging Wilfred Lewis into the argument does not seem to be 
very useful and, in fact, it might be a good deal better to invoke 
- Heinrich Rudolph Hertz and his square-root rule. It seems 
likely that the surface contact pressure between two teeth varies 
more nearly as the square root of the load than as the first power. 
In so far as the writer has noticed, all recent experimenters on 
gear lubrication agree that viscosity is good. They also agree 
that speed is bad, i.e., with a light oi] there is a speed at which 
the gears will have no load-carrying capacity whatever. The 
authors multiply the good by the bad (Z X N) whereas the writer 
proposes that we should divide Z by N. Fig. 11 herewith shows 
the author’s data for the four mineral oils plotted between the 
Hertz stress (square root of the load) and the quotient of viscosity 
and speed. The straight line is drawn through the data that fit 
without regard to the wild points. 


Fig. 12 of this discussion is a cross-plot of the same data between 

_ Hertz stress and rpm. The curves are drawn from the straight 
line in Fig. 11 and it is seen that they fit most of the data points 
very closely. The points that are obviously wild should be 


eliminated by rerunning; for instance, SAE-10 at 4300 rpm and 


SAE-30 at 4300 and 7100. The 750-rpm points may be valid if 
__ there is something special happening at the low speed that is dif- 
- ferent from the action in the high-speed runs. 

Referring to Fig. 11, a better correlation is obtained by taking 
the viscosities of the four oils all at one temperature. The small 
range of inlet temperatures used in the experiments is only con- 
fusing. There is not much relation between the inlet oil tempera- 

ture and the actual temperature of the working oil film of the gear 
faces. 

One of the authors brought out that any contamination such as 
a small addition of sulphur to the oil improves its load-carrying 

- eapacity. The same would probably be true of oxidation, and the 
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fact that the scatter in Fig. 11 is all above the line might possibly 
be explained in this way. 

The load levels reported are only '/; or '/, of loads that are be- 
ing commonly used. One feature that needs explaining is the 
sudden nature of the failure. In our own gear-lubrication work, 
we find that a small amount of abrasion or scuffing occurs at a low 
load; with the next increment of load a little more scuffing is no- 
ticed, and so forth, but if the gears are run at one of these inter- 
mediate load values without adding any more load, they will run 
indefinitely or until a fatigue failure in the form of pitting is no- 
ticed. It would also be helpful to other experimenters if the au- 
thors would include in their tables the inspections of the oils used. 

There is nothing in the paper to show that hydrodynamic lubri- 
cation was effective. In fact, Fig. 7 shows the contrary. This 
being the case, viscosity as such is not keeping the gears apart and 
it does not appear that the authors have demonstrated any effect 
of oil viscosity on the power-transmitting capacity of spur gears. 
However, high contact loads are involved, and it might be that 
a consideration of pressure viscosity would explain the effects. 
This is not mentioned in the authors’ paper nor is it considered in 
these comments. 


Avutuors’ CLosuRE 


We note that the discussers substantially agree with the data 
presented, and therefore with the important effect which lubri- 
cant viscosity exerts on the power-transmitting capacity of spur 
gears. To permit the use of the concept of lubricant viscosity 
as a dimensional factor in gear design in the absence of a theory 
whose vigorous application is capable of explaining the observed 
effect of viscosity, we have invoked the engineer’s privilege of 

ing the experimental results in terms of an empirical equa- 
tion involving the known significant variables. Messrs. Cacciola, 
Candee, Davenport and Ryder question our choice of the Lewis 
equation for the purpose. We would therefore like to add that 
we have considered the General Motors PVT factor and the 
AGMA Standard Ratings, neither of which showed any correla- 
tion with our results, and the Hertz formula, which does show a 
correlation, but does not, in our opinion, lead to as useful an 
expression as our Equation {11}. 

However, the limitations of our experimental! data, as de- 
scribed in our “Remark on the Scope of This Study”’ certainly 
make it desirable to look upon the proposed relations as no more 
than a preliminary approach. Mr. Cacciola’s suggested use of 
the relative sliding velocity instead of pitch-line velocity is a case 
in point. All our gears had the same ratio of these two factors, 
and thus our data provide no basis for a choice between them. 
Also, as Mr. Ryder points out, the variation in bulk-oil tempera- 
ture in our data was much too small to show its effect on the 
horsepower-transmitting capacity. In this case we have since 
obtained data over a wider temperature range, up to 200 F, and 
found them in full agreement with the Hp-ZN relationship. 

We quite agree with Professor Gatcombe regarding the effect 
of lubricant viscosity on tooth breakage due to shock loads which 
we did not investigate in our work. We agree with Mr. Ryder’s 
remark regarding our choice of the onset of scoring as a criterion 
which certainly occurs at a load much lower than that of failure 
of the gears as a whole. It is, nevertheless, a highly significant 
load from the viewpoint of lubrication. We also recognize that 
the correlation in the low ZN range of Fig. 6 does not look very 
good, but in this region the effect of a minor lack of reproduci- 
bility in the apparatus or techniques is large and readily explains 
the scatter shown. 

In his comments on other points of the paper, Mr. Ryder ap- 
pears to confirm the facts which were presented, but to object to 
them also on the basis that they do not fully agree with theoretical 
concepts such as “load-carrying capacity’ and “hydrodynamic 
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lubrication.”” We are keenly aware of this difficulty and attribute 
it to the fact that gear lubrication involves a greater complex of 
mechanisms than the relatively simple devices to which these con- 
"eo = apply directly. There is an obvious need here for further 
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interpretative, but factual, research, 

It is evident that the subject is very much alive. The authors 
have enjoyed this opportunity for an exchange of ideas and wish 
to thank all those who have taken part. 
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ee Behavior of Adhesive Bonds: 


By H. P. MEISSNER! ano G. H. BALDAUF* 
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workers (1),? have proposed that 


Practically all adhesive systems show an increase in 


_ strength with decreasing thickness of the adhesive layer. 
At least five different explanations for this “‘thickness- 
strength” 


rule have been proposed, based upon the fol- 
_ lowing concepts: (@) Molecular orientation of the ad- 
_ hesive. (6) Differences in physical structure. (c) The- 
ory of flaws. (d) Reduction of plastic flow during test. 
_ (e) Distribution of internal stresses. An investigation of 


=f these alternatives was made by testing butt joints between 


_ metal cylinders using eutectic solder, wax, and polystyrene 
as adhesi Evid indicating the correct explanation 
of the thickness-strength rule was obtained from a study 
of the effect on bond strength of bond geometry, from the 
location of bond failure, and from the relations between 
bond strength and bulk strength. 


EXPLANATIONS FOR THICKNESS-STRENGTH RULE 


(a) Molecular Orientation of Adhesive. McBain and co- 
“chains of oriented molecules” 
extend through the adhesive layer, the amount of such orienta- 
tion decreasing with increasing distance from the adhesive-adher- 
end‘ interface. The molecular segments of the adhesive at the 


” interface are oriented by the attraction of the atoms and mole- 


cules in the adherend surface. Fields of force, due to the orderly 
arrangement of this molecular layer of adhesive, cause a similar 
orientation, but of reduced magnitude, in the adjacent molecu- 
lar layers. This process continues throughout the adhesive, the 
central layer being the least oriented. The degree of orientation 
at the center plane is smaller, the thicker the bond, until finally 
no significant orientation exists in the center of bonds of more 
than a minimum thickness. If orientation correlates with 
strength, then this explains the thickness-strength rule, providing 

_ the bond break occurs within the adhesive layer. It is clear that 
the lowest bond strengths, which are found in the thickest joints, 
would approach the tensile strength of the adhesive in bulk. 
Maximum bond strengths, shown by very thin bonds, appar- 
ently would not be limited by the brittle strength (to be discussed) 
of the bulk adhesive. Bond strength should be independent of 
diameter, but for slight edge effects. A final implication of 
these considerations would be that the break must occur at the 
center plane of the adhesive, which represents the weakest link. 

The foregoing assumes that failure occurs within the adhesive 
layer. If, instead, the bond fails at the adhesive-adherend inter- 
face then the orientation theory implies that strength is inde- 
pendent of bond thickness, since interface conditions are presum- 
ably of bond thickness. 
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The experimental evidence which has been presented by the 
proponents of this theory fails to demonstrate orientation in ad- 
hesive layers over the distances, 1 mm or more, for which the 
thickness-strength relation has been observed. Moreover, x-ray 
investigations have not shown any properties of the adhesive, 
when examined in a bond, which are different from those observed 
in bulk samples (2, 3). 

(b) Differences in Physical Structure. Konstantinowa (4) 
has suggested that the thickness-strength rule is somehow due to 
different conditions of crystallization as bond thickness and 
crystal size of the adhesive approach the same order of magnitude. 
This explanation is immediately of limited scope in that most 
adhesives are amorphous materials. For a crystalline adhesive, 
the explanation appears to imply that thickness-strength behavior 
depends only upon separation of the interfaces, and not upon 
bond diameter. For thick bonds, both the crystal structure of 
the adhesive and its strength in a bond would equal that observed 
for the adhesive in bulk, with bond strength presumably increas- 
ing above tensile strength, and possibly above bulk brittle 
strength as bond thickness decreases. No reason is apparent for 
expecting a definite location of a weak plane in the adhesive at 
which failure would always occur. 

The foregoing assumes that failure occurs in the adhesive layer. 
If the adherend-adhesive interface proves to be the weakest link, 
then there appears no reason for expecting a thickness-strength 
relation on the basis of this theory. 

(c) Theory of Flaws. A great deal of evidence has been pre- 
sented to show that the increase of average strength of fibers with 
decreasing specimen length is due to the decrease in probability 
of the occurrence of a flaw of a given severity at which fracture 
is initiated (5, 6, 7). Bikerman (8) has suggested the same ex- 
planation for the thickness-strength rule. His experimental 
findings showed observed effects which were larger than those 
predicted by the theory. 

The theory of flaws assumes that a material fails when the ap- 
plied stress exceeds the strength of the weakest link, there being 
present a distribution of weak links of different strength caused 
by flaws of different severity. The less material in the specimen 
under test, the lower the probability of occurrence of flaws of a 
given severity and, consequently, the higher the average strength 
of the material. Applying this concept to adhesive bonds, it 
appears that bond strength should be a function of the volume or 
the external surface of the adhesive layer, depending on whether 
any flaw or only flaws on the surface initiate bond failure. Flaws 
are assumed to be distributed randomly in the adhesive, and 
therefore bond failure should be initiated at a random point 
in the adhesive or on the surface. Since specimens used to 
measure bulk strength generally have a larger volume or greater 
surface area than an adhesive layer, bond strength should exceed 
tensile strength, approaching this value as bond thickness be- 
comes large. The brittle strength again does not appear to 
limit maximum bond strength. 

Again, no thickness-strength relation is indicated in the case of 
failure at the interface, since the probability of flaws at this 
plane appears independent of bond thickness. 

(d) Reduction of Plastic Flow During Test. It is well known 
that materials have two strengths, namely, a “ductile strength” 
and a “brittle strength,” as discussed, for example, by Orowan (9). 
The ductile strength is measured in tests permitting plastic flow 
to occur, and is as “tensile 
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defined as the force at break divided by the original cross-sec- 
tional area of a specimen of standard design. Failure in such a 
test takes place not in tension but in shear as sections of the 
- material slip past each other in plastic flow. The brittle 
strength, on the other hand, is the strength measured in the 


_ absence of plastic flow when failure takes place in tension through 


the weakest planes of the material under test. Unfortunately, 
the measurement of brittle strength is not on a sound experi- 
mental basis, especially for soft materials. However, it can be 
stated that the brittle strength of a material is always higher 
than the tensile strength and the difference may be considerable 
for soft materials. 

Stager (10) has proposed that confinement of an adhesive be- 
tween adherend surfaces reduces plastic flow in the adhesive. 
As a result, the thinner the bond, the less the amount of plastic 
flow which can occur, and therefore the stronger the joint. 
_ Asin tensile tests, fracture should occur at the point of maximum 
plastic flow. Since restriction is a minimum at the center plane 
of the bond, maximum plastic flow, and, consequently, fracture 
should occur here. The minimum strength of thick bonds is 
presumably the tensile strength of the adhesive in bulk, while 
the maximum strength of thin bonds is the brittle strength. 

According to the equations of Bikerman (11) and Green (12), 
the reduction of plastic flow in adhesive bonds is a function of the 
ratio of bond thickness to bond diameter. Therefore it follows 
that bond strength should be a function of this ratio. 

The foregoing discussion applies to the case in which bond 
failure occurs within the adhesive layer. | If failure occurs at 
the interface where no plastic flow occurs, then strength would be 
independent of thickness. 

(e) Distribution of Internal Stresses. A number of previous 
authors have suggested that the thickness-strength rule results 
from stresses in the adhesive bond, giving, however, little detail 
regarding the mechanism involved. The following explanation is 
suggested here: 

The adhesive layer in a bond usually tends to contract rela- 
tive to the adherend owing to shrinkage while hardening. A 
further tendency of the adhesive to contract develops under load 
owing to differences in the mechanical properties (e.g., in the 
moduli) between adhesive and adherend. The adhesive, how- 
ever, is restrained from contracting since it maintains the di- 
mensions of the adherend at the interface. Under these condi- 
tions stresses tending to separate adhesive and adherend in ex- 
cess of the externally applied stress are set up in parts of the 
adhesive layer. The thinner the adhesive layer, the less mate- 
rial need be prevented from contracting, and, consequently, 
the lower these stresses. 

The bond is assumed to fail when the maximum internal stress 
is equal to the strength of adhesion or the brittle strength of the 
adhesive, whichever is lower, both being independent of bond 
thickness. The value of the external stress at which these inter- 
nal stresses reach the failing stress will be higher the thinner the 
bond, since a thin adhesive layer will add less to the internal 
stresses than a thick layer. Hence the thickness-strength rule. 

Unfortunately, no successful mathematical analysis of the 
stresses arising from differences in the thermal and mechanical 
properties of the adhesive and adherend in butt joints has been 
made which would show the effect of bond dimensions on bond 
strength. Considering, however, the parameters that would 
enter into such a mathematical relationship, it appears that only 
two of them would have the dimension of length, namely, bond 
thickness and bond diameter. Hence internal stresses and, con- 
sequently, bond strength, must be a function of the ratio of bond 
thickness to bond diameter in such a mathematical relationship 
in order to result in a dimensionally correct equation. 

Another way of arriving at this same conclusion is to consider a 
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section through the diameter of a butt joint. Bonds with the 
same ratio of thickness to diameter are in such a section rectangles 
of similar geometric shape. Frocht (13) states that for such 
models at equal external stresses, the internal stresses will be 
equal. 

Considering the “necked” profile the adhesive layer will take 
on as it tends to contract while restrained by the adherend, it is 
apparent that a summation of all the forces necessary to strain 
sections of the adhesive parallel to the interface will act at the 
interfaces. The rate of change of stress with bond thickness also 
tends to be a maximum at the interfaces, as qualitative inspection 
of the profile of an adhesive bond appears to show. Hence inter- 
nal stresses will be a maximum at the interfaces and, depending on 
the relative magnitude of the strength of adhesion and the co- 
hesive strength of the adhesive, failure will take place at the 
interface or in the adhesive near the interface. 

Assuming the foregoing explanation of the thickness-strength 
rule, maximum bond strength will result when the bond is very 
thin and stress contributions due to the tendency of the adhesive 
to contract are negligible, i.e., when interna] stresses are equal to 
the externally applied stress. The maximum bond strength 
attainable under these conditions is the brittle strength of the 
adhesive, all thicker bonds being weaker. 

Strength Behavior of Adhesive Bonds. It appears that only ex- 
planation (e) can account for the thickness-strength rule when 
failure occurs at the adhesive-adherend interface. The other 
four explanations would require bond strength to be independent 
of thickness in this case. 

When failure occurs in the adhesive layer: Table 1 presents a 
summary of the behavior expected for each explanation regarding 
location of break, bond geometry, and relative magnitude of bond 
strength and bulk strength. Inspection shows that a selection of 
the proper explanation can be made based upon the evidence 
uncovered in tests in which these variables have been explored 
properly. Unfortunately, earlier workers in the field have not 
considered the effect of bond diameter on bond strength, only 
that of bond thickness having been studied. The location of the 
fracture has in most cases been observed to take place at the 
interface or in the adhesive near the interface, while some authors 
have reported failure in the adhesive without further qualifica- 
tions. Bond strengths have been found to vary from below the 
tensile strength to several times the tensile strength of the adhe- | 
sive for many adhesive-adherend systems. 

Thus the information available appears inadequate to decide 
upon which mechanism controls. Of course, the possibility of 
simultaneous action of more than one of the suggested mecha- 
nisms must be kept in mind. Therefore the following tests were 
undertaken to explore further the question of which explana- 
tion accounts for the thickness-strength rule. 


EXPERIMENTAL PRocEDURE 


The experimental procedure used will be described only briefly 
here, since complete details may he found in the original report of 
this work (14). 

To limit the number of variables involved and thus facilitate 
the analysis of the data, bonds were made between nonporous 
cylinders with heat-sensitive adhesives, i.e., adhesives that are 
applied at elevated temperatures in a molten or softened condi- 
tion and which solidify on cooling. The following adhesive- 
adherend systems were studied: 

Brass bonded with eutectic tin-lead solder using a zinc chloride- 
ammonium chloride flux. 

Steel bonded with paraffin wax (m. p. 52-53 deg C). 

Steel bonded with polystyrene (about 110,000 molecular 
weight). 

In the case of steel cylinders, the faces were oxidized to avoid 
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TABLE 1 STRENGTH BEHAVIOR OF ADHESIVE BONDS SUGGESTED 


EXPLANATIONS FOR THICKNESS-STRENGTH R 
Butt Joints Between Cylinders 


Bond st Location of failure 
function of 


Molecular orientation of adhesive Bond thickness Center plane of adhesive 


Differences in physical strueture Bond thickness Random in adhesive 


Bond volume 
or 

bond surface 

Bond thickness 

Bond diameter 


Theory of flaws Random in adhesive 


z 


trength 
sreater than 


Reduction of plastic flow Center plane of adhesive 


Distribution of internal stresses Bond thickness 


Bond diameter 


At or near interface Bond bs 
strength 


contamination of the interfaces. Thus adhesion actually took 
place between the oxide and the adhesive. 

In order to assure bonds having adhesive layers of uniform 
thickness, special V-blocks, as shown in Fig. 1, were constructed. 
In machining the adherend cylinders, care was taken to obtain 
faces normal to the cylinder axis. Thus placement of the cylin- 
ders into the V-blocks automatically would cause the cylinder 


so that the entire mass solidified at the same time, precluding 
plastic flow. Upon solidification the cup and excess adhesive 
were carefully removed. In the case of polystyrene adhesive, 
the material was simply placed between the heated cylinders and, 
as soon as it had come to temperature, pressure was applied to the 
ends of the cylinder to distribute the adhesive evenly throughout 
the bond. The bonds were then annealed by holding them near 
the second-order transition temperature, followed by rapid 
cooling, a process analogous to that used in the annealing of glass. 
ter Rates After the bond had cooled, the excess adhesive was trimmed with 
a warm knife. 
wh Sorts Thickness of the adhesive layers was measured with a micro- 
Micon, Te iar scope at several points around the periphery. In this way an 
check of the uniformity of the adhesive layer was ob- 
The bonds were tested in tension using a number of 
diffe rent testing machines available. Care was taken to carry 
‘ SS out all tests for any one adhesive-adherend system at the same 
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stress rate. 


DIMENSIONS IN INCHES 
ALL DIMENSIONS APPROXIMA 
MATERIAL - CAST IRON 


Fic. Sketcu or V-BLock 


faces to be parallel. In all cases, after such proper aligument 
had been secured, the clamps were loosened slightly so that the 
cylinders could move toward each other as the system contracted 
during cooling. 

The bonding and cooling procedures differed slightly depending 
on whether the adhesive was applied in a molten condition, as in 
the case of solder and paraffin wax, or in a softened condition, 
as in the case of polystyrene. Care had to be taken to avoid un- 
even plastic flow during the cooling of the bonds, since this would 
have introduced stresses of the type encountered in unannealed 
glass. In the case of solder and paraffin-wax adhesives, a copper 
cup was attached to one of the cylinders, and the adhesive was 
melted in this cup. The bond was then assembled in the V- 
block with the cylinder axes vertical. Racial temperature 
gradients in the adhesive layer were minimized by slow cooling, 


REsvLts 
Effect of Bond Geometry on Bond Strength. In order to investi- 


: gate the effect of bond geometry on bond strength, thickness- 
- strength curves were determined experimentally using different- 


_ diameter adherend cylinders, and the effect of bond diameter on 


these curves was observed. The experimental data are shown in 
sss Figs. 2, 3, and 4. Attempts were then made to redraw the lines 


from these plots as bond strength versus the various geometric 
factors shown in Table 1. Only one of these attempted cor- 
relations proved successful, as shown in Figs. 5, 6, and 7, namely, 


The strength versus ratio of bond thickness to bond diameter. 


This finding is consistent only with explanation (d) or (e), as in- 


_ spection of Table 1 makes evident. 


Location of Bond Failure. Failure of the soldered joints took 
place through the alloy layer formed between the solder and 
brass, as evidenced from photomicrographs of the breaks. The 
wax-steei bonds also broke near the interface, leaving a thin 
film of wax adhering to the adherend. 

Most polystyrene-steel bonds appeared to fail primarily in the 
adhesive. However, close examination of the breaks revealed 
annuli of varying size around the periphery of the bond where 
failure took place at the interface. Bond strengths were calcu- 
lated on the basis of the center section, where failure took place 
in the adhesive. Typical results are shown in Fig. 8. It ap- 
pears that bond strength based on plastic-break area is independ- 
ent of bond thickness. On the basis of these results, it was con- 
cluded that fracture of these bonds was initiated at the interface 
around the periphery and proceeded toward the center to form 
the annulus observed, until the stress on the center section be- 
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came equal to the strength of the polystyrene, at which point a 
break in the adhesive took place. These findings are consistent 
with explanation (¢) rather than (d). 

Relative Magnitude of Bond Strength and Bulk Strength. The 
tensile strengths of the adhesives in bulk were determined at 
stress rates equal to those used in testing the adhesive bonds, 
with results shown in Table 2. These tensile strengths evidently 
stand in no direct relation to the minimum or maximum strengths 
of the adhesive bonds tested. In each case, bulk tensile strength is 
lower than the maximum bond strength found for the thinnest 
bond, also reported in Table 2. On the other hand, the bulk 
strength is roughly equal to the minimum bond strength found 
for thick solder bonds (see Fig. 2), but much greater than mini- 
mum bond strengths with wax and polystyrene (see Figs. 3 and 
4). Indeed, thick polystyrene bonds showed zero strength, as is 
evident from inspection of Fig. 4. These findings are consistent 
only with explanation (e). 

TABLE 2 COMPARISON OF MAXIMUM BOND 8T: 
TENSILE STRENGTHS OF ADHESIVES FOR 8Y8T: 
Maximum bond 

strength 


NGTHS AND 
8 STUDIED 


of adhesive Stress ra’ 
in bulk, psi 
7800 20000 
650 225 320 
No tests at equal stress rates available 


System 
Solder-brass . 
Paraffin wax-steel 
Polystyrene-steel............ 


The brittle strength of the wax and polystyrene was not deter- 
mined since as mentioned previously, no adequate test proced 
exists for soft materials. An attempt at determining the brittle 
strength of solder was made. Using notched specimens and a 
high load rate, maximum stress at break of 16,000 psi was 
observed. This value is only halfway between the maximum ob- 
served bond strength of 27,000 psi for the solder-brass system, 
and the tensile strength of the solder, i.e., 7800 psi. However, the 
true brittle strength, undoubtedly, was not measured, since a 
“perfect” notch cannot be constructed. Stress consmnteations at 
the notch presumably resulted in early failure. 


% 
Mechanism of Thickness-Strength Rule. In view of the ob- 


served strength behavior of adhesive bonds, it is concluded that 
the increase of bond strength with decreasing thickness of the 
adhesive layer for butt jo.nts, mode between nonporous cylinders, 
using temperature-sensitive adhesives, is due primarily to the dis- 
tribution of internal stresses in the adhesive layer, since the ex- 
perimental evidence presented cannot be reconciled with any 
of the other suggested explanations. Although this conclusion 
has been based on the results obtained with three diverse sys- 
tems within the stated limitation, it probably also applies in the 
case of porous adherends and to other types of “‘solid’’ adhesives, 
since similar stress distributions are to be expected in these sys- 


CONCLUSIONS 


tems. This, however, should be verified 


Shape of Thickness-Strength Curve. The plots of the thickness- 
strength data on a semilogarithmic scale indicate the possibility 
of two differently shaped thickness-strength curves: A straight 
line for wax-steel bonds, Fig. 6, and for polystyrene-steel bonds, 
Fig. 7; and S-shaped curve for solder-brass bonds, Fig. 5. It is 
suggested, however, that the straight lines represent the center 
almost-straight portion of an S-shaped curve, any slight curva- 
ture not being detectable due to the scatter of the data. Re- 
drawing the correlations using arithmetic scales, Fig. 9, shows the 
similarity between the curves for the different systems as the 
distortion caused by the logarithmic thickness scale is removed. 
It is not believed that the upper asymptote of the solder-brass 
system is due to any special phenomenon for a metal-metal sys- 
tem such as alloying, since a similar asymptote was observed by 
Konstantinowa (4) for a paraffin wax-quartz system. 
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This S-shaped thickness-strength curve can be explained in 
terms of the internal stress distribution as follows: 

For small values of the thickness-diameter ratio, the amount of 
adhesive in the bond is so small that its tendency to contract 


_ produces negligible stresses near the interface. Under these 


conditions the internal stress causing failure is substantially 
equal to the externally applied stress. 

The asymptote occurring at high values of the thickness- 
diameter ratio appears to be the point where stresses caused by 
the tendency of the adhesive to contract have reached a maxi- 
mv ». It is suggested that in these bonds the center portion of 
the adhesive is so far removed from the interface that it is not 
restrained from contracting, and hence any addition to the 
thickness of the adhesive layer will not affect the stress distribu- 
tion at the interface. 

The differences between the curves of bond strength versus 
thickness-diameter ratio observed between the systems studied 
can be explained in terms of the physical properties of the ad- 
hesives and adherends involved. 
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For the polystyrene-steel system there are large differences in 
thermal coefficients of expansion and mechanical properties be- 
tween adhesive and adherend, resulting in large thermal and 
testing stresses. Hence a large effect of thickness-diameter ratio 
on strength is to be expected. For thick bonds, the stresses in- 
troduced due to differences in contraction during cooling of the 
bond are sufficient to cause spontaneous failure. 

The physical properties of eutectic solder and brass are fairly 
elosely matched and hence a fairly flat thickness-diameter- 
strength curve is to be expected. Under these conditions internal 

tresses should become equal to external stresses, i.e., the upper 

asymptote should be attained, for a relatively high thickness- 
= ratio, as was observed. 

__ No appreciable thermal stresses are to be expected for the wax- 
steel system, since the adhesive is relatively soft at room tem- 
_ perature, and internal stresses introduced during cooling prob- 
ably relieved themselves by plastic flow. Time of test was too 

short, however, to permit the same for stresses introduced during 
testing. Consequently, the intermediate effect of thickness- 
_ diameter ratio on bond strength was to be expected. 
These considerations must be taken as speculative, but they 
‘point the way toward a further quantitative approach to the 

- mechanism of adhesive bonding, namely, an explanation of 

st SS the exact shape of the thickness-strength curves in terms of the 
physical properties of the adhesive-adherend system. 

Practical Implications of Results. In view of the evidence 
presented here, the following conclusions have been drawn: 
_ (a) Bond strength is a function of the ratio of bond thickness 
bond diameter and not of bond thickness; alone, as has been 
assumed to date. 
_ (b) Since bond strength has been shown to be reduced by the 
tendency of the adhesive to contract relative to the adherend 
_ during bonding as well as when a load is supported by the bond, 
in choosing new adhesives and bonding procedures, physical 
properties of adhesive and adherend should be matched closely, 
and the solidification process of the adhesive should involve a 
minimum of contraction. 
(c) Since the thickness-strength rule appears to be due to the 
interna) stress distribution set up during bonding and testing, 
_ the strength of butt joints, as determined in tensile tests, repre- 
_ sents the external stress at which the maximum internal stress 
has reached the strength of adhesion or the brittle strength of the 
adhesive, whichever is the lower. 
(d) Qualitative considerations have indicated that the asymp- 
tote for low values of thickness-diameter ratio represents a range 
where the internal stress causing failure of the bond is equal to 
the externally applied stress, i.e., contributions due to the 
tendency of the adhesive to contract are negligible. Under these 
- eonditions the stress required to break a bond of these dimen- 
gions in a tensile test would be equal to the strength of adhesion 
or the brittle strength of the adhesive, depending on the location 
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Discussion 


D. M. Austapr.* The fracture of a large number of butt joints 
consisting of steel flats (1 in. square), joined together with a 
number of materials of varying moduli has verified the experi- 
mental findings of the authors. When steel disks are bonded 
together with rubber, polyviny! butyral, butyrol-phenolic and 
pure phenolic, the resulting joints fracture in a manner that can- 
not be explained by any theory except that of internal stress 
distribution. The butt joints fail either at the adhesive inter- 
face (low energy of adhesion at metal-polymer interface) or 
within the adhesive layer at a position somewhere between the 
mid-plane and the metal surface; fractures at the center of the 
adhesive layer are rarely found. If joints of constant diameter 
and variable thickness (0.005 to 0.030 in.) are produced, utilizing 
butyral plastic as the bonding material, we have found that, 
contrary to expectations, the thinner joints appear more likely 
to break within the material, and the thicker joints break along 
the interface. Very thick joints beyond the range cited also 
break within the material. 

Initial failure at the interface with subsequent failure in the 
material is often detected when one is working with rubber- 
bonded specimens; the annuli found by the authors on the steel 
surfaces bonded with polystyrene, therefore, also are found when 
steel is joined with a soft material like rubber. An attempt has 
been made to explain these observed phenomena that are quite 
similar to those presented in the paper under discussion. 

The authors have explained their experimental results by 
assuming that the thermal stresses produced upon cooling are 
greater in the case of thick specimens (constant diameter) than 
they are in the case of the thin units. This thermal-stress pro- 
duction should be explained more completely. If thermal-stress 
magnitudes are chiefly responsible for the failure of butt joints, 
it is difficult to visualize why polystyrene bonds should fail 
primarily in the adhesive, since the thermal stresses would be a 
maximum at the interface, and the energy of adhesion between 
polystyrene and steel is quite low. That thermal stresses con- 
tribute to the observed experimental strength values there can 
be no doubt. However, since the variation in thermal-stress 
magnitude with bond thickness is not clearly apparent, it seems 
advisable to attempt an explanation of joint behavior in terms of 
stress distribution rather than in terms of stress magnitude alone. 
The fracture properties can be explained, in part at least, by 
assuming a joint consisting of materials of different moduli but 
essentially free of residual stress. 
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“neck,” and interface shear stresses are established; 
shear stresses are a maximum at the edge of the glue line and de- 


MEISSNER, BALDAUF--STRENGTH BEHAVIOR OF ADHESIVE BONDS 


When the butt joint is loaded, the adhesive layer tends to 
these 


Tension stresses would 
These stresses would probably 


_ eay to zero at the center of the specimen. 
exist within the adhesive layer. 


_ be higher at the mid-plane area of maximum constriction than 


at the surface of the metal. The tension stresses would also be 
- greater along the curved surface of the adhesive than along the 
axis of the joint. Since the exposed surface of the adhesive 
_ would tend to bend inward from its initia] position vertical to the 
metal surface, we might also expect bending stresses to exist, 
with a point of maximum curvature on the exposed adhesive 
surface; such a position of maximum curvature probably would 
occur near the metal surface; no bending stresses would exist 
along the axis of the sample. The addition of the pure shear, 
pure tension, and bending stresses would suggest the existence of 
maximum stress concentrations on the exposed surface of the 
adhesive at a position between the interface and the mid-plane. 

A clarification of the nature of the stresses existing within a 
butt joint might be possible if one investigated the angle of de- 
parture between the vertical (at glue-line edge) and the curved 
adhesive surface of a joint for various loads up to rupture condi- 

tions (see Fig. 10, herewith). A knowledge of this angle would 
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enable an evaluation of the relative importance of bending, shear, 
and tensile stresses in the sample under test. If the angle is large, 
tensile stresses near the metal surface and perpendicular to the 
metal surface will be relatively unimportant when compared 
with another sample of similar dimensions showing a small angle 
_ of departure and supporting the same load. Bending and shear 
_ stresses, however, would be relatively more important than they 
are in the sample exhibiting the smaller angle. We should ex- 


a pect that for a given adhesive material under a given load, the 


angle in question should increase as the joint thickness increases, 
the joint diameter remaining constant. Under similar condi- 
tions of moduli, intensity of loading, and joint thickness, we 
might also expect the angle to increase as the joint diameter is 
decreased. At very large ratios of joint thickness to joint 
diameter, the angle between the adhesive surface and the verti- 
cal should be a constant for a material of given modulus. In 
deed, for a given adhesive material, joints of constant thick- 
 ness-diameter ratio should exhibit equal angles and hence simi- 
lar stress — 


High shear and bending stresses near the metal surface would 
favor interface failure; the combination of shear and bending 
would produce a peeling action to which adhesion is particularly 
susceptible. A small angular departure from the vertical sug- 
gests the relative importance of perpendicular tensile forces and 
failure in the adhesive is favored. 

This analysis explains why the cited butyral films failed as 
described, the very thin units with the small angular departures 
failing in the adhesive layer, and the thicker units with larger 
departure angles failing at the interface. Very thick units, 
however, almost always fail in the material, because of the high 
degree of necking that produces abnormally large tensile loads 
parallel to the direction of pull; for very thick units the angle of 
departure is relatively unimportant and the breaking load is not 
greatly affected by a further increase in thickness. This “angle- 
of-departure” theory with its suggestions regarding stress distri- 
bution of various types could, of course, be applied to thermal- 
stress production as well as to stresses produced by mechanical 
deformation. The existing angle of departure is the important 
factor as one varies the joint thickness; the distribution of the 
thermal stresses rather than the magnitude of the stress would 
require consideration. 

The foregoing simple theory may assist in the explanation of 
the results that the authors have obtained; the experimental 
results described in the paper under discussion are, of course, 
in general agreement with those obtained by the writer. The 
authors should be congratulated for stating that the behavior of 
butt joints is largely a matter of mechanical-stress analysis; 
such an admission presents a challenge to all who have any 
interest in this complex problem. 

A complete stress analysis of a butt joint would be a most 
ambitious job but even a partial solution is far more useful than 
the oversimplified qualitative theories so often described by the 
numerous authors mentioned in the first part of the paper under 


Avutuors’ CLosURE 


Mr. Alstadt’s experimental findings and comments are of real 
interest and deserve publication in detail. It is notable that 
adhesives as diverse as rubber, polyvinyl] butyral, butyral-phe- 
nolic, and pure phenolic behave similarly to polystyrene, wax, and 
solder. 

The proposed use of the “angle of departure”’ as an indication 
of the tendency of the adhesive to contract relative to the ad- 
herend, and hence as a measure of the internal stress, appears 
sound. The determination and interpretation of this angle repre- 
sents a real experimental and theoretical challenge. Indeed, this 
proposal underlines the desirability of a thorough mathematical 
analysis of butt-joint strength behavior. Unfortunately, such an 
analysis is not yet available, and so an evaluation usually cannot 
be made of the relative importance of inherent stresses resulting 
from adhesive shrinkage relative to the adherend due to solvent 
evaporation, polymerization, cooling, etc., versus those stresses 
developing under load due to differences in the mechanical proper- 
ties (the moduli, Poisson's ratio, etc.) in explaining the behavior 
of any given bond. Either type of stress, or both together, would 
account for thickness-strength behavior, and it seems probable 
that both are present in most bonds under load. 

In the case of polystyrene bonds, it still seems clear that ther- 
mal stresses play an important role. Mr. Alstadt has suggested 
that this contention needs clarification, especially since the poly- 
styrene bonds tested broke partly in the adhesive. The first 
factor to be noted here is that thermal stresses reach a maximum 
value at the interfaces; these stresses vary in these interface 
planes from a maximum value at or near the circumference to 
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zero at the center. The thicker the bond, the higher the average 
thermal shear stresses become at these interfaces, since a larger 
bulk of adhesive is tending to contract relative to the adherend. 
On the other hand, it remains true at all thicknesses that these 
stresses vary from a maximum value at the circumference to zero 
at the center. This is consistent with the finding that interface 
failure occurred around the periphery of these bonds, while 
“plastic break,” i.e., break in the plastic, occurred in the central 
region. In other words, the polystyrene bond to the cylinder was 
- quite strong, but nevertheless failed first in the peripheral area 
where it was subjected to high shear. In the center region, this 


2% shear had diminished sufficiently so that the plastic instead of the 


interface became the weakest link, and it appears to be this 
plastic-break area which was responsible for the strength of the 

bond as measured in these tensile tests. 
As expected, the area of plastic break diminished with increas- 
ing bond thickness (this is of course consistent with Fig. 8, which 
_ shows the bond strength based upon plastie-break area to be 
- roughly constant over a wide thickness range). Finally, for 
bonds thicker than 0.05 in., spontaneous failure of polystyrene 
usually occurred upon cooling, with a substantially complete 
interface failure, even though these bonds were allowed to con- 
tract freely parallel to their axis. This latter finding seems clearly 

to indicate the importance of thermal stresses. 

In answer to Mr. Alstadt’s questions: 
1 The surfaces of the steel cylinders were oxidized for two 
First, during fein especially with polystyrene, the 
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faces always became partially oxidized when the cylinders were 
heated. This oxidation was difficult to control from bond to 
bond and if cylinders were reused. Secondly, freshly ground- 
steel surfaces became easily contaminated before bonding, e.g., if 
touched. Thus cylinders would have had to be reground after 
each use. By oxidizing the surfaces it was found that the need 
for this could be eliminated. Cylinders could be re-used after 
thorough cleansing with solvents and reproducible results ob- 
tained. However, cylinders had to be reground and reoxidized 
quite frequently as the surfaces were marred by scratching and 
the like. This oxidation involved heating the cylinders in air to 
250 to 300 C on a hot plate immediately after grinding, whereupon 
a smooth, hard, adherent blue oxide film developed. No further 
oxidation appeared to take place during the bonding. 

2 We do not believe that the solder-brass bonds exceeded the 
“brittle strength” of the solder. Our attempts to measure the 
brittle strength were only attempts. Even at our highest test 
rate with a deeply notched specimen inspection after break 
showed that plastic flow had taken place. Thus the stress at 
break of 16,000 Ib for eutectic solder was undoubtedly less than 
the brittle strength. 

3 A semilogarithmic plot was chosen for the original graphs 
because of the range of bond thicknesses investigated. It was 
desired to show all the data on one plot and still show clearly 
what occurred for thin bonds. There were no theoretical con- 
siderations that led to a suspicion that some systems would result 
in straight-line correlations when plotted in s this manner. 
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In this investigation, creep-time relations in tension, 
compression, bending, and torsion were obtained for 
lucite and plexiglas. For each type of stress the influence 
of the stress and time on the creep deformations and 
creep rates were determined. Various interpretations of 
the test data were made. It was found that there was a 
linear relation between the minimum constant creep rates 
and the stress when represented on a log-log plot. The 
creep deformations in tension and compression were ex- 
pressed in terms of the stress and the time by an equation 
which considered the initial creep strain. A theory was 
developed for predicting the creep deflection and creep 
rate in bending, using the creep constants in tension and 
compression. Good agreement was found between the 
experimental and theoretical results. 


INTRODUCTION 


NFORMATION on creep properties of plastics is scarce, 
| particularly for stresses other than simple tension. It was 

for this reason that an investigation was conducted on the 
creep-time relations of lucite and plexiglas for various types 
of stress. Most creep tests on engineering materials are made 
in tension, but there are many applications in which the stresses 
are not those produced by simple tension. To the authors’ 
_ knowledge, the first compression creep tests on plastics were 
conducted in this investigation. With the tension and com- 
pression creep-time relations shown, a theory was developed for 
predicting the creep deflections and creep-deflection rates in 


_ bending. These theoretical values for deflections in bending were 
_ then compared with experimental values. 


: The materials tested were lucite, manufactured by E. I. 

du Pont de Nemours & Company, Inc., and plexiglas, manufac- 
tured by Rohm and Haas Company. Reported values of the 
_ mechanica) properties in tension, compression, and flexure are 
_ given in Table 1. 


Creep-Test ResuLts 


When some materials are subjected to loads, deformations 
are produced which increase with time. These deformations are 
called creep deformations and are in addition to the elastic de- 
In the design of many industrial products made 
from plastics, it is necessary to know the creep deformations that 
might be expected for a given sélected design stress. In some 
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TABLE 1 MECHANICAL raorear we OF LUCITE AND PLEXI- 


Nominal 
Modulus of ultimate fracture 
Type of elasticity £, strength, strength, 
Material stress 10° psi 10° psi 10* psi 
‘ompression to 
Flexure 


10 to 15* 
Plexiglas: Tension 
Compression 
Flexure 


Nominal 


Duetility, 
per cent 
1 to 56 


5.5 to 7.74 1 to 158 


** Plastics Handbook for Product Engineers,” 


by Sasso, McGraw-Hill 
Book, Company. 


c 9k of Plastics,” by Simond and Ellis, D. Van Nostrand Book 
Chart," Modern 


4 From technical data surlind by Roh 
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cases, the design stress selected wil] depend upon a permissible 
creep deformation. Most available creep information is for 

pie tension, whereas there are many applications in which 
other types of stress, such as compression, bending, or torsion, 
occur. The present investigation includes a study of creep-time 
relations for various types of simple stresses. 

Test Procedure. All the creep tests were made in a creep 
laboratory in which the temperature was maintained at 77 = 2 
deg F, and the relative humidity was kept at 50 + 2 percent. A 
humidifier and a dehumidifier with automatic controls were used 
to maintain constant humidity. A constant temperature was 
obtained by the use of heating coils with automatic controls. 
The specially built testing machines used for obtaining the ten- 
sion, bending, and torsion creep-time relations are shown in Figs. 
1, 2, and 3. Compression creep tests were made in the tension 
creep machine shown in Fig. 1, using compression fixtures as 
shown in Fig. 4. The details of the construction and operation 
of the creep units shown in Figs. 1, 2, and 3, are given in reference 
(1).* 

The dimensions of the specimens used for the tension, compres- 
sion, pure bending, and pure torsion creep tests are shown in Fig. 
5. The creep strains in tension were measured to 0.00005 in. for 
a 5-in. gage length, using micrometer microscopes (2). Thecreep 
deformations for compression were determined by SR-4 electric 
strain gages. The creep deflections for pure bending were 
measured for a 2-in. gage length by means of dia] gages reading to 
0.0001 in. The angles of twist for the creep torsion tests were 
mec sured over a 4-in. gaye length by means of twistmeters equip- 
pedywith verniers reading to 0.1 deg. H 

‘est Results. Desormation-timne plots are shown in Figs. 6, 7, 
8, and 9, for tension, compression, bending, and torsion, respeo- 
tively. The creep curves are given for both lucite and plexiglas 
in Figs. 6 to 9, inclusive. Values of the deformations are shown 
for periods of 1000 hr and include both the elastic and creep de- 
formations in keeping with common practice. The creep-time 
relations in Figs. 6 to 9 are given for a range of stress values. 
The stresses shown in Figs. 8 and 9 are values for the outer fibers 


« Numbers in parentheses refer to the Bibliography at the end of the 
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determined by the elastic theory. These stresses are greater 
than the actual creep stresses that occur (3). 


ANALYSIS AND INTERPRETATION OF CREEP 


The creep-time relations obtained in this investigatinn for 
various types of stress show that after the initial creep, the creep 
rate remains essentially constant and may be considered con- 
stant for practical purposes. To eliminate doubt in selecting the 
constant creep-rate values, the average creep-rate values between 
700 hr and 1000 hr will be selected. Tables 2, 3, 4, and 5 give 
these creep rates for both materials and for tension, compression, 
bending, and torsion. The stress values listed in Tables 4 and 
5 are not the actual maximum values, but the maximum values 
computed by the elastic theory. Tables 2, 3, 4, and 5 also give 
the creep deformations at 1000 hr. As might be expected, 
Tables 2 to 5, inclusive, show that the creep rates and spas i 
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formations increase in magnitude with increase in stress for all 
four types of simple stress. The variations between the creep 
rates and stresses are shown in Figs. 10 to 13 for both lucite and 
plexiglas. 

Interpretation of Tension Creep-Time Relations. Various 
methods of interpreting tension creep - time relations have been 
proposed (3, 4,5). The objective in the present interpretation is 
to obtain an empirical] relation which represents a good approxi- 
mation of the test data and at the same time is not so compli- 
cated that it cannot be used for predicting creep in bending, tor- 
sion, and other types of stress. In the past, complicated expres- 
sions have been proposed to represent creep in tension. Because 
of these complications, these expressions could not be used in 
interpreting creep for other types of stress. 

In this investigation, a log-log relation between the creep rate 
and stress was found to be a good approximation for defining 
creep rates in terms of stress. Fig. 14 shows the variation be- 
tween the logarithm of the creep rate and logarithn. of the stress 
for lucite and plexiglas. An examination of the test data in Fig. 
14 shows that the test data can be represented by a straight 
line, that is, the creep rate in terms of the stress can be expressed 
by the equation 


where B, and n, are experimental constants. In obtaining the 
location of the straight line in Fig. 14, the method of least squares 
was used to obtain the most representative way line. Values 
i B, ans n, obtained from Fig. 14 are —_ in Table 6. 
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TENSION CREEP DATA FOR PLEXIGLAS 


Total strain 

Stress, Creep rate, at 1000 br, 
psi in./in./br in./in. 

4525 
4025 66.0 x 107 29.3 x 10-* 
3775 48.5 25.1 
3500 28. 
3250 24.5 
3000 19.0 
2750 14.5 
2500 13.0 
2000 7.0 


Stress, Creep rate, 

psi in./in./hr 

4000 38.5 x 107 
3500 29.0 
3250 27.5 
fg 2750 17.0 
7 2500 13.5 
492 2000 10.0 
we 247 400 1618 8.0 


ie TABLE 3(6) COMPRESSION CREEP DATA FOR PLEXIGLAS 

a, Area, Load, Stress, Creep rate, at 1000 hr, strain, : 
‘ite sq in. Ib psi in./in./hr in. /in in. /i 
0.245 979 4000 16.0 x 1077 15.7 x 1078 

0.243 900 3700 13.0 14. 

fee 0.248 769 3100 8.2 10.2 

uF i 0.251 703 2800 7.2 9.9 
: 0.251 626 2500 5.1 8.5 


TABLE 4(a) BENDING CREEP DATA FOR LUCITE 


Dimensions, Deflection Total deflection 
———in Moment Me, Stress So, creep rate, at 1000 br, 
in-lb psi in. in.* 
0.483 1.503 1005 5500 
0.483 1.506 914 5000 
4 4200 
é 0.510 1. 
0.483 1 548 3000 
* Creep rates and creep deflections given for a 2-in. gage length. ! 
as =” ¢ Specimens 1 and 2 failed by buckling laterally. 


TABLE 4(6) BENDING CREEP DATA FOR PLEXIGLAS 


— Deflection Total] deflection 
Specimen = Moment Mo, Stress So, creep rate, at 1000 hr, 
no in-l pai in. /in.* in.* 
1 1.501 7 3810 11.4 xk 107 99 x 
a 1.502 735 3525 8.0 81 
Phe: 1.500 44 


* Creep rates and creep deflections given for a 2-in. gage length. 
> Dial gage out of order. 


TABLE 5(a) TORSION CREEP DATA FOR LUCITE TABLE 5(6) TORSION CREEP DATA FOR PLEXIGLAS = 
Twisti Shear Cree: angle . j Twisti Shear Creep angle 

Specimen Diameter, moment Me, stress Ss, Creep rate, at 1000 br, Specimen Diameter, moment Mi, stress Se, Creep rate, , 
a in. in- psi deg/in./hr deg/in. no. in. in-Ib psi deg/in./hr 
105 x 1074 
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TABLE TENSION CREEP DATA FOR LUCITE 
Specimen Area, Load, Stress, Creep rate, at 1000 hr, strain, 
no. 8q in. Ib psi in./in./br in./in. in. /in. 
1 0.257 947 3700 80.0 x 10-7 35.9 x 27.9 x 10-* 
2 0.256 883 3450 53.0 29.3 : 
3 0.257 803 3210 35.0 
6 0.246 609 2470 21.0 12.7 10.6 
7 0.253 503 2000 8.0 9.5 8.7 
7 0.272 748 9.1 
at 1000 hr, strain, 
16.4 13.5 
10:8 91 
9.6 8.3 
8.5 7.5 
5.8 5.0 
. 
is, 
3520 0.700 04 5600 35 
3 3000 22 10:9 3 0.744 261 5100 ‘18 39 
3 2.708 2510 10 6.3 4 0.745 229 4400 13 7.2 
of 5 0.764 173 1980 s 4.4 5 0.746 196 3780 8 5.2 
0.764 131 15004 24 6 0.745 131 25302 3.0 
\ : 
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TENSION SPECIMEN 


BENDING SPECIMEN 


DIMENSIONS oF 
SPECIMENS FOR CREEP TESTS 


COMPRESSION’ 


SPECIMEN FIG. 5 


Fic.5 Dueensions or Specimens 


of For long periods of time the creep strains can be approximately 

_ defined by Equation [1], that is, by Equation [1], C = B.S," = 
e,/t or e, = BAS,™, where e, is the creep strain shown in Fig. 15. 
By using Equation [1] to predict the creep strain, the initial 
creep intercept OD = e& is neglected. For long periods of time 


Ps this strain ¢ is smal] compared to ¢,, but for short periods of 


: 3 time this is not the case, and the creep strain is equal to 


e = + BAS," 
_ By using Equation [2] to represent the creep strain, the actual 
 ereep-time curve OAB is replaced by the assumed straight lines 
OD and DB. For the higher stress values, a constant creep rate 
is not maintained for long periods of time and the creep rate in- 
creases until fracture occurs. This behavior is represented by 
the dotted line BC in Fig. 15. The creep-time behavior repre- 
sented by the curve BC, however, is not of importance in for- 
mulating creep-stress relations for design purposes since the stress 
- values at which curves BC occur are much beyond the working- 
stress range. 
In order to define completely the total creep strain e in Equation 
[2] in terms of the stress and time, it is necessary to express ¢o 
- asa function of the stress S,. For the materials tested and within 
the range of the stresses used, it was found that the relation 
between intercept strains ¢) and the stress S, could be defined ap- 
proximately by 
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where D, and m, are experimental constants, that is, the relation 
between log ¢ and log S, is approximately linear as shown in Fig. 
16. The materia] constants D, and m, were found based upon 
the most representative straight line in Fig. 16, as obtained by 
the method of least squares. Values of D, and m, are given in 
Table 6 for both lucite and plexiglas. By Equations [2] and 
[3] the total creep strain at a time ¢ for a tensile stress S, becomes 
e = DS," + BLS," 
where D,, m,, B,, and n, are the creep constants in tension creep, 
given in Table 6. 

Interpretation of Compression Creep-Time Relations. Com- 
pression creep tests were made since it has been generally assumed 
in the past that the creep-time relations for tension and compres- 
sion are identical. It was found that the compression creep 
rate and total creep strain could be represented with sufficient 
accuracy by equations similar to the tension creep Equations 
{1] and [4]. The creep rate-stress relations in compression plot- 
ted on a log-log scale are shown in Fig. 17 for both lucite and 
plexiglas. The log-log relations between the compression creep 
intercept ¢: and the stress are shown in Fig. 18. Values of D,, m., 
B,, and n,, as calculated from the data shown in Figs. 17 and 18, 
are given in Table 6. These values of the creep constants were 


VALUES OF CREEP CONSTANTS IN TENSION AND 
COMPRESSION FOR LUCITE 


DS™ + BS" 
Compression 
2. x 
B: J 1 x 10-8 
3.44 


6(a) 


TABLE 6(6) VALUES OF CREEP CONSTANTS IN TENSION AND 
COMPRESSION FOR PLEXIGLAS 

Tension Compression 

D= 1.01 K 107 De = 6.39 K 107 

m= 2.03 = 1.20 

B, = 4.17 x = 4.99 xk 10-8 

08 2.36 


m= n= 


found using the best straight lines as obtained by the method of 
least squares. 

Interpretation of Bending Creep-Time Relations. In an investi- 
gation on polystyrene (2), the constant minimum creep rates in 
pure bending were obtained theoretically based upon creep con- 
stants in tension. In developing this theory, the assumption 
was made that the creep constants in tension and compression 
were equal. For the polystyrene tested, it appears that the 
foregoing assumption was reasonably good, since the creep rates 
in bending predicted by the theory were in fair agreement with 
the test results. 

The foregoing test results (Table 6) for lucite and plexiglas 
show that the assumption made for polystyrene does not apply 
for these materials. A theory is given in the Appendix for pre- 
dicting the creep deflection rates in bending based on different 
creep constants in tension and compression. The theory de- 
veloped also predicts the creep deflection in terms of the moment. 
In addition, the expression obtained for the creep deflection in- 
cludes the initial creep intercept. 

For a bar of length L subjected to a pure bending couple M at 
the ends, the center deflection y in terms of the radius of curva- 
ture f is y = (L*)/(8f). In the case of creep, the deflection is 
made up of two parts, the initial deflection y and the creep de- 
flection y,, that is 
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7 case 


CREEP RATE-STRESS RATE STHESS 


RELATION FOR BENDING 


DEFLECTION CREEP RATE 
> 


RELATION FOR BENDING i 
Lucite 
(2) | 20) 


ELASTIC STRESS ELASTIC STRESS (pe « 10%) 


. 12(@) Creep Rare - Stress Revation ror Benvine, Lucire Fig, 12(6) Creer Rate-Sraess RevaTion ror Benpino, 


Fi 


CREEP RATE- STRESS CREEP RATE STRESS 

ee RELATION FOR TORSION RELATION FOR TORSION 
LUCITE 

re 


cater rate 


$ 
XN 


ELASTEC STRESS (psi 11 ELASTIC STRESS (psi 


Creer Rate-Strress ror Torsion, Lucire Fie. 13(6) Creep Ratre-Stress Revation ror Torsion, 


> 


ran 


CREEP RATE in SCALED 


LOG-LO6 CREEP RATE STRESS LOG-LOG CREEP RATE- STRESS 
RELATION FOR TENSION RELATION FOR TENSION 


WGITE 


SCALE) S, pei SCALE) 


Fie. 14(a) Loo Creep Srress Revation ror Tension, Fie. 14(6) Loo Creer Rate- Loe Sraess Reration ror Tension, 
IGLAS 


— 
be 
z 
| 
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Fic. 15 Assumep Creep-Time 
RELATION FOR TENSION AND 
CoMPRESSION 


SCALE) 


— 


INTERCEPT sTRain in/ins 1075 (LOG 


LOG-LOG INTERCEPT STRAIN— 
STRESS RELATION FOR TENSION 


INTERCEPT STRAIN 


43. 


LOG-LOG INTERCEPT STRAIN- 
STRESS RELATION FOR TENSION 


Lucite 


FIG 


FIG 16 


| PLEXIGLAS 
2 


10") Loe scae 2109.06 scae) 


Loc-Loc in TENSION FOR INTERCEPT Strain F'1@. 16(6) Loc-Loc Re.ations Tension ror InTeRcert STRAIN 
(eo) - Stress, Lucire - Stress, 


SscaLe) 


6 


CREEP RATE in/in/ne 


LOG-LOG CREEP RATE 
STRESS RELATION 
FOR COMPRESSION 


106-LOG CREEP RATE- STRESS 
RELATION FOR COMPRESSION 


CREEP RATE in 


PLEXIGLAS 
Fig. 


Wes 


FIG te) 


s 
S scace) (LOG SCALE) 


Fie. 17(@) Loc Creep Rate- Loe Stress For Compres- Fia. 17(b) Loc Creep Rare - Loe Stress ReLaTion ror Compres- 
sion, Lucite SION, PLEXIGLAS 


“7 
% 
> 
Fra. 16 
] 
i 
fi 
| 


INTERCEPT STRAIN (LOG SCALE) 


LOG-LOG INTERCEPT STRAIN- 
STRESS RELATION FOR COMPRESSION 


LUCITE 


FIG 


Fie. 18(a) Loe-Log Retations 1n Compression FOR INTERCEPT 


- Stress, Lucite 


where fo is the initia] radius of curvature and f, is the creep radius 
of curvature. The appendix shows that the value of the curva- 

ture fo is defined by solving the following Equations [6] and [7], 
simultaneously for h, and fo 


2+ 
1 (@—h) ™ ( 
+{— . (6) 
foD, (2 


and 


me + 1\/ ) (foD.)™* 
hey (foD,)™ 


In Equations [6] and [7], A, is the distance from the neutral axis 

to the outer tension fiber, m,, D,, m,, D, are the creep constants 
in tension and compression, and b and d are the width and depth 
of the specimen cross section. 

The Appendix also shows that the value of the curvature f, 
is determined by solving the following equations simultaneously 
for h,’ and 

1 1 1 1 
= 


ne ( 1 y" ( h,’ 
SBA (2 aa ) b 
+ 
n+ 1/\n, 


In Equations [8] and [9], n,, B,, n, B, are the creep constants in 
tension and compression, and t is the time. 
In other words, the predicted deflection y is defined by Equa- 


tion [5], where the value of the radius of curvature fri is cbteined 


LOG-LOG INTERCEPT STRAIN— 
STRESS RELATION FOR COMPRESSION 


PLEA 


pst (Los SCALE) 


Loe-Loe Retations Compression ror INTERCEPT 
(¢) - Stress, PLexicias 


Fie. 18(b) 
from Equations [6] and [7], and radius of curvature f, is ob- 
tained from Equations [8] and [9!. 

The predicted creep rate in bending, C,, 
the Appendix to be 


A comparison of the theoretical creep deflections based upon 
Equation [5] with the actual creep deflections at 1000 hr is 
shown in Table 7, and Fig. 19 for both lucite and plexiglas. 
Fig. 19 and Table 7 show that the theory for predicting creep 
deflections is in good agreement with the experimental results. 

A comparison of the theoretical constant minimum creep rates, 
as obtained by Equation [10], with the experimental values is 
given in Table 8 and Fig. 20 for both lucite and plexiglas. Both 
Fig. 20 and Table 8 show that the theory gives a good approxi- 
mation for predicting the creep-deflection rates in bending. 


= (y,/t), is shown in 


Discussion or Test Resvuits 


It was not possible to correlate the torsion-creep-test results 
with the tension-creep data because the materials tested were not 
the same, that is, the rods used for the torsion tests were ex- 
truded rods while the material used for the tension, compression, 
and bending tests were cast sheets. Furthermore, it was found 
that the extruded-rod material used for the torsion tests was 
affected by shelf-aging, that is, specimens tested in torsion 3 min 
after the first series of torsion creep tests were conducted were 
found to give creep strains which differed as much as 70 per cent 
from the original strains. This difference could not be explained 
by temperature or humidity effects, since both series of tests were 
conditioned for at least 14 days prior to testing. The discrep- 
ancy between the two sets of results in torsion may be explained 
by the fact that the cores of the extruded rods are not completely 
polymerized. 

For the tension, bending, and compression specimens, most of 
the material used was annealed and stress-relieved while in the 
form of cast sheets. However, machined specimens when ex- 
amined in a the presence of 
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Tica. | 


COMPARISON OF 
THEORETICAL @ ac TUAL 
CREEP DEFLECTIONS 


OEFLECTION inn (2° GAUGE LENGTH) 


ELASTIC STRESS (pe: « 0°) 


Fic. 19(a) Comparison oF THEORETICAL AND Acruat Creep De- 
FLECTIONS IN BenpinG, Lucite 


(Deflection versus elastic stress.) 


TABLE 7(a) COMPARISON OF THEORETICAL AND ACTUAL 
BENDING CREEP DEFLECTIONS AT 1000 HR FOR LUCITE 


Elastic Creep deflections 
r.? in. 


Experimental Theoretical 
201 


Difference, 
per cent 


p deflections at 1000 hr are given for a ote. gage length. 
cowes 1 and 2 failed by buckling laterally 


TABLE 7(b) COMPARISON OF THEORETICAL AND ACTUAL 
BENDING CREEP DELFECTIONS AT 1000 HR FOR PLEXIGLAS 


Creep deflections 


———at 1000 hr,® in. 
Theoretical 


Bencing 
Specimen moment 
no. i Experimental 
99 x 10-4 
81 
69 
60 
53 
44 


s en deflections at 1000 hr given for a 2-in. gage length. 
> Dial gage out of order. 
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FIG. 2010 


DEFLECTION CREEP RATE GAUGE LENGTH) 


+ 
ELASTIC STRESS (psi 210°) 


Fig. 20(a) Comparison or AND AcTUAL Duriection 
Creep Rares Benpina, Lvcrre 


(Creep rates versus elastie stress.) 


3 
ELASTIC STRESS (pss 10") 


Comparison oF THEORETICAL AND Actuat Creep De- 
FLECTIONS IN BenpING, PLEXIGLAS 
(Deflection versus elastic stress.) 


Fie. 19(6) 


THEORETICAL AND ACTUAL 


BLE 8(a) COMPARISON OF 
RATES FOR BENDING FOR 


MINIMUM DEFLECTION C 


Bending 
Speci- moment 
men no. Mp, in-ib 
36 
4 


Elastic 
Difference, 
per cent 


——Creep rate,* in. /hr—— 
Experimental Theoretical 


iven for a 2-in. gage | 


* Creep rates are 
2 failed by buckling Se... 
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TABL OF THEORETICAL AND ACTUAL 
MINIMUM DEFLECTION CREEP 
PLEXIGL 


_ FOR BENDING FOR 


Bending 
moment 
in-lb 


Elastic 
Speci- 


——Creep rate,® in./hr——~ Difference 
men no. Mo, Th 


1 x 107 9.9 107 
7.8 


1.4 
8.0 
6.0 
4.8 
3.4 
2.0 
1.4 


* Creep rates are given for a 2-in. gage | h. 
Dial gage out of exter. 
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DEFLECTION CREEP RATES 
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Fic. 20(6) Comparison or THEORETICAL AND AcTUAL DEFLEctTIoN 
Creep Rates in Benvine, 
(Creep rates versus elastic stress.) 
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_ These stresses may have been due to the fact that complete 
. ealing and removal of residual stresses were not initially per- 
formed or that residual stresses were introduced by the machin- 
ing of the specimens. In current creep tests conducted by the 
F. — all specimens are being annealed by heating for 3 hr at 90 C 
and cooling at a rate not greater than 5 C per hr. 
ra Andrade (6) and others have recently pointed out the fact that 
_ Mnany creep tests reported have been constant-load tests rather 
‘Co constant-stress tests, and that constant-load tension creep 
3 tests often represent a situation in which the stress increases with 
3 - time due to the reduction in specimen cross-sectional area. In 
_ the tension creep tests reported in this investigation, the varia- 
< tion in the stress due to reduction in cross-sectional area in no 
case exceeded 1.5 per cent. It appears, therefore, that the re- 
sults herein reported are essentially both constant-stress and 
 constant-load test results. Another possible influence in chang- 
ing the stress during a creep test is the presence of what appears 
_ to be intercrystalline cracks. This phenomenon is known as 
“crazing” and is not completely understood (7). If crazing 
definitely produces cracks, then it appears that the stresses 


4 f oa would not remain constant but would increase as the crazing 


progresses. 
ConcLusions 


Based on the results of creep tests on lucite and plexiglas, two 
main conclusions can be made: 


1 Compression creep-time relations for plastics cannot be 
assumed to be the same as for tension. 

2 Creep deflections and creep rates in bending can be pre- 
dicted theoretically, based upon creep constants in tension and 
compression. The theory developed is sufficiently simple to 
make it applicable in engineering design. The value of the 
theory lies in its relative simplicity. 
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Appendix 


Creep DerLections Creep Rates BENDING FOR MarTeE- 
Wits Dirrerent Creep Properties tn TENSION AND 
COMPRESSION 


Theoretical values of creep rates and stresses in bending based 
on creep constants in tension have been obtained using the log-log 
creep rate-stress relation in tension and assuming that the com- 
pression creep-time relations are the same as that for the tension 
for equal stresses (3). The analysis presented in the following 
does not make the foregoing assumption regarding the com- 
pression creep-time relations. The theory developed can be 
used for predicting not only the creep rates in bending, but also 
the creep deflections, since a provision is made in the theory for 
including the initial creep deflection. 

To determine theoretical values of the creep deflections and 
creep rates in bending, consider a straight specimen of rectangu- 
lar cross section subjected to pure bending moments M, Fig. 
21(a). The creep deflection at a time ¢ will be assumed to be com- 
posed of an initial creep deflection yo and a time-dependent de- 
flection y, so that the resultant deflection at a time ¢t is Fig. 
21(c) 


Assuming a plane cross section DF to remain plane after bending, 
g. 21(a), the neutral axis BE deforms as an arc of a circle in the 
of pure bending. Then, from geometry for small values of 

X 2f = L/2 X L/2, ory = L*/8f, that is 


{12} 


Placing values of y» and y, from Equation {12} in Equation [11 | 


yi 1 
(3 +7) 
If the curvatures fo and f, in Equation [5] were known, the de- 
flection y would be defined by Equation [5]. 

Determination of Curvature fo. It will be assumed that the 
initial strains ¢,, and ¢,, on the upper and lower fibers of Fig. 21(a), 
are related to the stress in the same way as for simple tension 
and compression, that is, by Equation [3] 


Co = Cee 


For a plane cross section to remain plane, then triangles BEO 
and]DD’E are similar and 


[14] 
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‘TRANS. ACTIONS OF THE 


simile arly, since EF'F and BEO are similar 


By [13], {14], and [15] 
1 


Ss, = = S. = 


For equilibrium, the applied moment must equal the resisting 


moment, or 


8,2 bd 


$.2bdz = M 


Substituting the values of S, and S, from Equations [16] and 
{17 |, and noting that h, = d —h, 
1 1 
(d —h,) 


Ch) 


2+— 


he 
S.bdz = S, (18) 
0 0 
Placing values of S, and S, from Equations [16] in {18}, inte- 
grating, and noting that h, = d — h, 


1 


m + 1 


(foD,)"* 


The values of A, and radius of curvature fy can be obtained in 
terms of M by solving Equations [6] and- [7] -simultaneously. 
This can be done since the creep constants D,, m,, D,, my, are 
known from the tension and compression creep tests and the 


_ dimensions 6 and d of the specimen are given. 


Determination of Curvature f,. To determine the time-dependent 
curvature 1/f,, it will be assumed that the strains e, and ¢, on the 
outer fibers are related to the stresses by the equations 


= BtS,", = BAS," [19] 


4 Equations [19] are similar to Equation [1] for simple tension. 


For a plane cross section to remain plane 


. Equations [20] and [21! are obtained in the same way as Equa- 


tions [14] and [15], by noting that triangles DED’ and EF’F are 
similar to BEO. From Equations [19], [20], and [21] 


1 1 
Buf. 


For equilibrium, the external moment M equals the resisting 


moment, or 
he’ he’ 
S, 2 bdz + S.zbdz2 = M 
0 0 


Substituting values of S, and S, from Equations [22] and [23], 
integrating, and noting that h,’ = (d —h,’) 
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The position of the neutral axis is defined by the condition of 
equilibrium that the resultant total stress for the cross section is 


Placing values of S, and S, from Equation [15] in [24], integrating 
and noting thath,’ = d — h,’ 


1 


By solving Equations [8] and [9] simultaneously, the values of 
h,’ and curvature 1/f, can be determined in terms of the moment 
M and time t since the creep constant B,, n,, B,, and n, for ten- 
sion and compression are shown. 
The “creep rate in bending” = C,, 


noting that 
1 
= y,/t = 
~~ wt =(2\F) 


that is, since f, is obtained in terms of M and ¢ by solving Equa- 
tions [8] and [9], the value of the creep rate C,, in bending is 
completely defined by Equation {10}. 


= y,/tcan be determined by 


{10} 


Discussion _ 


James Batter.’ The writer would point out that there are 
many formulations of lucite and plexiglas methacrylate plastics. 

The authors have not designated specifically the formulations 
used, and their data could not be applied numerically to other 
formulations. 

The basis of the paper would be extremely helpful to engineers 
if they could be sure that the data could be applied to their * 
specific problem. It would be helpful if the authors could show 
how a few simple test results on the specific material to be used 
could be transformed so that the entire creep life could be prog- 
nosticated by some simple comparison to the authors’ curves and 
formulas. 


W. N. Frvvtey.* It is indeed gratifying to see creep data on 
the same material for tension, compression, bending, and torsion 
so that present and future theories may be tested. It is to be 
regretted, however, that the authors’ torsion-creep tests were per- 
formed on different samples (extruded rod) from the remainder of 
the tests; and that static stress-strain tests at known strain-time 
conditions were not reported by the authors. The latter would 
have provided needed data with which to test further the possi- 
bilities, now being studiea,”* of relating creep behavior to static- 
test data at a known strain rate. 


5 Vice-President and Research Director, Plax Corporation, Hart- 
ford,Conn. Mem. ASME. 

* Research Associate Professor, Theoretical and Applied Me- 
chanics, University of Illinois, Urbana, Ill. 

™“The Mechanical Equation of State With Special Reference to 
Creep of Plastics,” by W. N. Findley, Journal of the Society of 
Plastics Engineers, vol. 6, December, 1950, pp. 13-16. 

* “Phenomenology of Creep,” by A. Graham, National Gas Tur- 
bine Establishment, England, Report No. 468, May, 1950. 
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The writer is puzzled by the authors’ statement: “For the 
higher stress values a constant creep rate is not maintained for 
long periods of time, and the creep rate increases until fracture 


oe occurs.”’ The authors’ data as given in the paper do not show 


ties such a trend nor was such a trend observed in the writer’s data on 


creep of cellulose acetate® and several plastic laminates.'® 
The temptation to oversimplify a problem in order to make 
mathematical manipulations easy is readily understood, but it is 


+ hag re believed that the representation of curves such as shown in Figs. 6 
~ WM ws to 9 of the paper, by straight lines, and the use of a power function 


coe of stress fall so short of the mark as to place agreement between 


_ test results and theory (so founded) in the realms of chance. For 
example, a logical consequence of the authors’ Equation [4] is 
that the initial tangent modulus of elasticity (obtained by dif- 
-ferentiating Equation [3] is infinite except when m = 1. Also, 
_ the constants of Equation [4], listed in Table 6 of the paper, indi- 


cate that the tangent modulus in tension is approximately 100 
times the modulus in compression (at stresses other than zero) 
_ whereas the data of Table 1 indicate the moduli in tension and 
compression to be of the same order of magnitude. 


It may be suggested that the use of the hyperbolic sine stress 
function*"' would eliminate the foregoing modulus difficulty. 
This also has some theoretical foundation in the activation- 


energy theory. 


An examination of Figs. 14 to 18 of the paper indicates that the 
range of stress values reported is so small that a large number of 
_ different forms of expressions could fit the data. In fact, the 


slight curvature in most of these figures is in the direction re- 


ate. 


quired by the hyperbolic sine function. 


The power function of time has been found to represent the 
 ereep behavior of many metals"? and plastics" better than the 
linear time function. 

The large difference observed by the authors between creep in 
tension and compression is very interesting. Compression creep 

testing is experimentally more difficult than tension creep testing 
_ so that there is always the possibility that differences in technique 


may have caused some of the observed difference in behavior. 
example, 


SR-4 gages probably impose an appreciable elastic 

restraint on the specimen whose effect would be difficult to evalu- 

Creep in the gage and its adhesive would tend to yield 

_ lower strain readings than actually occurred. Also, end restraint 
in the short compression specimens would produce complex 
stresses which might limit the creep. 


* Mechanical Tests of Cellulose Acetate—Part II on Creep,”’ by 


_ W.N, Findley, Proceedings of the American Society for Testing 


Materials, vol. 42, 1942, p. 914. 
'® “Mechanical Properties of Five Laminated Plastics,” by W. N. 
Findley and W. J. Worley, NACA Technical Note 1560, August, 1948. 
“The Effect of Temperature on the Creep of Two Laminated 


es “Phastica as Interpreted by the Hyperbolic-Sine Law and Activation 


_ Energy Theory,” by W. N Findley, C. H. Adams, and W. J. Worley, 
Proceedings of the ASTM, vol. 48, 1948, p. 1217. 

12“4 Method of Analyzing Creep Data,” by R. G. Sturm, C. Du- 
mont, and F, M. Howell, Journal of Applied Mechanics, Trans. 
ASME, vol. 58, 1936, pp. A-62-A-66. 

18 “Creep Characteristics of Plastics," by W. N. Findley, ASTM 

Symposium on Plastics, 1944, p. 118. 
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It would be of interest if the authors would explain the marked 
difference in shape between most of the creep curves in Fig. 6(a) 
and the curves at 3450 psi and 2970 psi. Could the difference 
have been caused by anisotropy, that is, were all specimens in 
this series obtained from parallel positions in the same sheet or 
were these two tests obtained on specimens cut at right angles 
from the other specimens? 


Avtuors’ CLOSURE 


The authors thank Messrs. Bailey and Findley for their com- 
ments on this paper. 

In answer to Mr. Bailey's question, the lucite tested was sup- 
plied by the du Pont Company and was of the heat-resistant type 
consisting essentially of pure polymer and designated as HC202. 
The Plexiglas tested is manufactured by Rohm & Haas and is 
general-purpose grade 1A, which consists of polymer with plasti- 
cizer added. Regarding the prediction of creep-time relations, 
it is shown with paper how creep-time relations in bending can 
be predicted when certain creep constants for tension and com- 
pression have been obtained from tension and compression creep 
tests. 

Mr. Findley regrets that static stress-strain tests for various 
strain-time conditions were not obtained. It would naturally be 
desirable to perform all the various types of mechanical tests on 
each material that is studied. The authors do not know of a 
single instance where this has been done. The reasons for not 
doing this are obvious. Since when has it been the practice to 

oduct strain-rate tests with creep-time investigations? In a 
study made by the authors’ associates, Professors J. A. Sauer and 
C. C. Hsiao, data have been obtained on influence of strain rates 
on the static stress-strain relations. 

Creep-time curves showing a rapid increase in creep rate to 
fracture were not shown in the paper since these curves applied 
for the higher stress values and are not of interest to the problem 
of defining allowable creep-time relations. 

Differentiation of Equation [3] does not give the tangent 
modulus, since Equation [3] gives the “intercept strain’? which 
represents both an elastic and initial creep strain. Theoretical 
foundations can be claimed not only for the hyperbolic sine creep- 
time relation, but also for the power law which represents the 
quasiviscoelastic theory. It should be emphasized that both the 
hyperbolic sine and power laws are simply methods of curve 
fitting. The power law is preferable to the hyperbolic sine law 
because it leads to simpler analytical formulations in the develop- 
ment of a mechanics of creep. For example, the determination 
of creep-time relations for bending are much simpler with a power- 
law creep-time relation than with the hyperbolic sine law. 

The difference between creep strain values for tension and com- 
pression at the same stresses cannot be attributed to the use of 
different methods of measurement. This is shown in recent tests 
made in our laboratory using SR-4 gages for both the tension and 
compression creep-time tests. 

The authors cannot explain the large initial creep of the speci- 
men stressed at 2970 psi. However, in these types of tests, it is 
not surprising to find one or two tests which give results that disa- 
gree ‘vith the general trend of the test data. 
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To a large degree the papers prepared and presented under the 
ASME sponsorship are evidence by which its profession. standing 
and leadership are judged. It follows, therefore, that to qualify 
for ASME sponsorship, 2 paper must not only present suitable 
subject matter, but it must be well written and conform to recog- 
nized standards of good Engiish and literary style. 
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